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Abstract 

Theoretical, numerical and experimental investigations have been successfully 

carried out to characterise the thermal performance of an air-to-water multi-pass 

heat exchanger equipped with thermosyphon technology. Air and water are the 

heat source and the heat sink on the evaporator and condenser, respectively. 

Evaporator and condenser are connected by six thermosyphons, through which 

thermal energy is transferred. 

The investigation was performed for two multi-pass configurations at various inlet 

conditions: a range of air inlet temperatures (100, 150, 200 and 250°C) and mass 

flow rates (0.05, 0.08, 0.11 and 0.14 kg/s). The water inlet conditions were kept 

constant (a temperature of 15°C and a mass flow rate of 0.08 kg/s) 

The theoretical model was built by applying the thermal resistance analogy with 

the aid of convection, boiling and condensation correlations found in the literature. 

It was found that the thermal resistances in the first pass act in parallel mode 

along the ones in the second pass. Similarly, in the case of three passes. Also, 

the external convective thermal resistance were found to be the major contributor 

to the overall thermal resistance in the entire heat exchanger.  

 ANSYS Fluent was the numerical tool used to investigate the shell-side 

convective heat transfer for two multi-pass configurations. The CFD model has 

been experimentally validated. The two-phase change processes inside the 

thermosyphons were not modelled during the simulation. Instead, the 

thermosyphons were treated as solid rods with a constant thermal conductivity, 

which was calculated. The overall rate of heat transfer was obtained by both CFD 

and a theoretical model, and the results lay within 15% of the experimental data. 

The numerical predictions demonstrated that the 𝐾 − 𝜀   Realizable turbulence 

model with scalable wall function is a reliable tool for predicting heat transfer and 

fluid flow in such types of heat exchangers. 

This investigation will add a great knowledge to the academia in terms of both 

experimentation and modelling in the area of multi-pass thermosyphons-based 

heat exchangers. Also, it provides the industries with a cost effect design tool for 

future modelling of similar heat exchanger systems. 
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Chapter 1. INTRODUCTION 

1.1. Research motivation 

Why heat exchangers 

It is generally accepted that throughout history, especially after the industrial 

revolution, humans have had a negative impact on the environment. A clear 

increase in the earth’s average temperature has been observed for some years 

and the world’s leading climate scientists believe that this rise in temperature is 

directly related to mankind’s activities [1], such as the burning of fossil fuels, 

deforestation and livestock farming. Those activities produce gases which act in 

a similar way to the glass in a greenhouse, permitting short-wavelength solar 

radiation to be incident on the earth’s surface but absorbing long-wavelength 

infra-red radiation from the earth, thereby increasing global temperatures. Gases 

produced by human activities include, in particular, carbon dioxide, methane, 

nitrous oxide and fluorinated gases. Carbon dioxide is the major greenhouse gas 

(GHG) which contributes 64% of man-made global warming and its concentration 

in the atmosphere is currently 40% higher than when industrialisation began [2]. 

Other GHGs contribute less to global warming: 17% for methane and 6% for 

nitrous oxide, although they are more efficient at absorbing infra-red radiation 

than carbon dioxide. 

Average global temperatures have been observed to have risen by about 0.85°C 

in the past 150 years (50% of the rise in the past 20 years) and they are subject 

to still further increases. If they exceed 2°C there is a risk of dangerous changes 

in human and natural systems [2] and actions have been taken by the United 

Nations Framework Convention on Climate Change (UNFCCC). The objective 

was to level off GHG emissions in this decade and to reduce them by 50% 

compared to 1990 levels by 2050. In order to achieve a reduction in GHGs, the 

European Union (EU) has imposed some policies including the increased use of 

renewable energy sources and a continual improvement in the energy efficiency 

of a wide range of systems [3]. EU leaders have also set several targets to be 

met by 2020. These targets were proposed in 2007 and agreed in 2009, including 
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a 20% reduction in GHG emissions, 20% of energy to come from renewables and 

a 20% improvement in energy efficiency [4]. 

Companies involved in building services and process industries have therefore 

been forced to design more sustainable and energy efficient systems [5–7] to 

meet the EU targets. Exhaust gases generated from such activities release both 

GHGs and waste heat to the atmosphere and they are a significant contributor to 

global warming. Waste heat could be recovered and/or recycled through heat 

exchanger (HX) systems to be reused within the industrial processes, which 

would save energy and decrease the power consumption coming from fossil 

fuels, hence reducing GHG emissions. 

 

Figure 1.1 – Waste heat energy for different temperature range. 

Heat exchangers (HX), as the name indicates, are systems that absorb heat from 

unwanted sources and transfer it to a place where it will be beneficially applied. 

According to  Figure 1.1, Haddad et al. [8] claimed that 66% of the waste heat is 

generated from systems that operate at medium temperature range (100-300°C) 

where the heat exchanger studied in this project lies within. Consequently, it is 

important to improve the thermal performance of such systems. Heat exchangers 

come in different shapes and sizes depending on the type of application. 
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Conventional HX consists of a shell and a tube side where two fluids at different 

temperatures exist and exchange heat. A new technology has recently received 

the attention of many researchers where it integrates the use of heat pipes 

instead of conventional tubes within the heat exchanger [6]. 

Why multi-pass? 

The ‘Through Flow Unit’ (TFU) shown in Figure 1.2, is a name that was given by 

Jouhara [9] to a Disk-and-Doughnut heat pipe-based heat exchanger (DD-HX) 

system. The design is a break-through in terms of integrating the thermosyphon 

technology within the Disk-and-Doughnut heat exchanger. This increases the 

heat transfer coefficient of the system and adds more flexibility to the system 

during installation (Figure 1.2 and 1.3). Therefore, understanding the fluid flow 

and heat transfer inside it, is important for future designs of similar multi-pass 

thermosyphon-based heat exchanger systems. 

 

Figure 1.2 – The through flow unit designed by Jouhara [9,10]. 
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Figure 1.3 – Through flow unit in series with the duct [10]. 

Looking at Figure 1.4, a comparison is shown between two thermosyphon-based-

heat exchangers, a cross-flow and a multi-pass configuration. For the same 

exhaust inlet mass flow rate and area, the multi-pass offers the following 

advantages: 

- A higher Reynolds number than the cross-flow configuration, which results 

in a higher Nusselt number, hence a higher convective heat transfer 

coefficient 

-  In the case of the cross-flow configuration, the first row of heat pipes is 

exposed to the high temperature exhaust inlet; this creates a very high 

temperature zone, shown in Figure 1.4. The hot spot could lead to a failure 

of the entire HX system. However, employing a multi-pass configuration 

would result in normalising the working temperature in all the pipes (Figure 

1.4) 

- Normalising of the thermosyphon working temperature will allow a much 

higher exhaust temperature to enter the HX system 

Although the mutli-pass offer many advantages over the cross flow 

configuration, the pressure drop must be always taken into account as it is a 

major limitation of this system. 

TFU Duct 
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Figure 1.4 – Comparison between a cross-flow and a multi-pass configuration. 

1.2. Aims 

- To carry out a detailed analysis of the fluid flow and heat transfer behaviour 

of an air-to-water mutli-pass heat exchanger system integrated with 

thermosyphon technology 

-  To create a fully validated numerical model to investigate the effect of 

different multi-pass configurations and inlet conditions on the thermal 

performance of the system 

1.3. Objectives 

In order to achieve the aims, the below tasks were to follow:  

- Identifying all the different heat transfer modes that exist on the shell side 

and inside the thermosyphons in both evaporator and condenser 

- Carrying an experimental tests of a single thermosyphon to understand its 

thermal behaviour for various heating inputs and working fluids 

- Investigating various pool boiling correlations to choose the best suitable 

one to be used within the theoretical model   

- Theoretical prediction of the thermal performance for the entire system 

based on heat transfer correlations adopted from the literature 

Hot 

spot 
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- Calculating the thermal conductivity for each inlet condition to replace both 

evaporation and condensation regimes inside the thermosyphons 

- Developing a numerical model using ANSYS Fluent to study the effect of 

multiple shell passes configurations for various inlet conditions 

- Building a test rig to validate the numerical model at all inlet conditions 

- Conducting an uncertainty analysis to gain confidence of the experimental 

data 

1.4. Thesis structure 

The thesis is divided into 5 chapters. It starts with an introduction to explain the 

scope of the project (chapters 1 and 2). Subsequently, chapter 3 discusses all 

the methodologies that have been attempted in the project including theoretical, 

numerical and experimental investigations. Finally, chapter 5 discusses all the 

results, providing conclusions and recommendations for future work.  

Chapter 1: The first chapter highlights the reason behind the importance of 

characterising such types of multi-pass heat exchanger systems equipped with 

thermosyphon technology. A brief description detailing the need of such projects 

based on their positive environmental impact, starting from the global warming 

issue that has imposed strict legislations on companies to produce more efficient 

systems. Consequently, outlining the aims and objectives of this project. 

Chapter 2:  This chapter presents the state of the art of multi-pass systems that 

have been previously investigated. More specifically, a literature review is 

presented on numerical (using ANSYS Fluent package) and theoretical modelling 

of shell and tube heat exchangers where the heat exchanger portrayed in this 

project lies under the same classification, with the novelty that the thermosyphon 

technology is integrated instead of conventional tubes. 

Chapter 3: All the methodologies followed in this project were combined in this 

chapter and explained in details. Such methodologies include theoretical (thermal 

resistance analogy) numerical (using ANSYS Fluent) and experimental (single 

thermosyphon and multi-pass). 

Chapter 4: All the results are summarised in this chapter: theoretical, numerical 

and experimental. Initially, the chapter begins by analysing the results that were 
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generated from the single thermosyphon tests to gain a good understanding of 

this technology as it is integrated within the multi-pass system. Afterwards, a 

validation test and discussions of the results are presented.  

Chapter 5: After the discussion of all the results, this chapter provides a summary 

and draws conclusions for all the work that has been conducted in this project. 

Finally, a list of recommendations is proposed for future related work. 
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Chapter 2. LITERATURE REVIEW 

Heat exchangers are devices that have the duty to transfer heat between two or 

more fluids. In most heat exchangers, the two fluids are separated by a heat 

transfer surface where the two fluids do not mix. Those heat exchangers are 

referred to as direct heat transfer type, or simply recuperators, where the heat 

transfer takes place by conduction through the separating wall. Heat exchangers 

are widely used in various industrial sectors, including petro-chemicals, 

refrigeration, air conditioning, waste heat recovery and so on.  

 

 
Figure 2.1 – Brief classifications of heat exchangers. 

 

The simplest type of heat exchangers used in industries is the double pipe 

(DPHX). Due to their cheap design and maintenance, the use of such types is 

ideal for small industries. When higher efficiency and smaller size systems 

became more important, modern industries replaced the double pipe heat 

exchangers with more efficient systems such as shell-and-tube and plate heat 

exchangers. There are various types of heat exchangers (Figure 2.1), however, 

choosing the most appropriate one for an industrial process is a difficult task. In 

fact, selecting the wrong type of heat exchanger for a specific application could 
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lead to several issues, including under-optimal performance, operability and 

equipment failure [11].   

Figure 2.1 shows a classification by construction of various types of heat 

exchangers, where the common types of heat exchangers are either tubular and 

plate. Heat exchangers can be classified in various type based on principle of 

operation, structure and phases of fluid involved: 

Transfer process:  

According to the transfer process, heat exchangers can be divided into direct and 

indirect-contact type. In an indirect type, the two fluids between which the thermal 

energy is transferred are separated by a conductive material. This type is also 

known as surface heat exchanger, and can be further classified into direct-

transfer type, fluidized-bed and storage type heat exchangers. Within the direct-

transfer type, the fluid nature can be either single or multi-phase flow. On the 

other hand, the direct-contact type consists of two immiscible fluids, gas-liquid or 

liquid-vapour exchangers that are brought into direct contact, where no 

separating surface exists between them. Common applications include 

evaporative cooling and rectification. Due to the absence of the heat transfer 

surface, the direct-contact type offers several advantages over the indirect-

contact type. (1) A higher heat transfer rate is achieved due to the direct contact 

between the fluids, (2) the fouling problem is generally inexistent and (3) the 

construction of the system is relatively cheap. 

Number of fluids 

 In most heat exchangers, the transfer of heat occurs between two fluids, such in 

heating, cooling, heat recovery and heat rejection. In few heat exchangers, mainly 

in cryogenic applications and some chemical processes (purification, liquefaction 

etc.), three fluids are used.  In some chemical processes, a total of 12 fluid 

streams have been used. 

Surface compactness 

Compactness is defined by the ratio of the heat transfer surface area to the 

volume of the heat exchanger. Compared to shell-and-tube heat exchanger, 
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compact heat exchangers offer many advantages such as, reduction in weight, 

cost, space and energy requirements.  

2.1. Plate heat exchangers (PHXs) 

 Plate heat exchangers are considered as compact in structure, as well as 

cheaper compared to shell-and-tube HXs. It consists of metal rectangular plates 

arranged in a parallel configuration, and held together by gaskets which are 

located at the corners of each plate. As shown in Figure 2.2, both cold and hot 

fluids are directed and sealed through the gaskets in between. The heat transfer 

takes places across the plates.  

 

Figure 2.2 – Schematic of a plate heat exchanger. 

 In general, heat transfer enhancement can be achieved by adding extended 

surfaces (i.e fins) or modifying the surface geometry, which is the case for the 

PHX. The plates are modified by introducing corrugations to interrupt the plate 

surface to induce turbulence and hence increasing the rate of heat transfer. 

Introducing interrupted surfaces (i.e corrugations) will not only cause higher heat 

transfer, but helps the heat exchanger to produce a self-cleaning nature. This 
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would eventually reduce the fouling effect. Chevron design is the most common 

surface pattern used for plate surface (Figure 2.3). 

 

Figure 2.3 – Chevron design pattern (PHX). 

Plate heat exchangers designs are continuously developing in order enhance the 

overall performance by improving the reliability and maintainability of the system. 

Different category designs include frame-and-plate (FPHX), brazed-plate (BPHX) 

and shell-plate [12]. Due to the high pressure, FPHXs were only suitable for low 

pressure applications (below 1.6 MPa). Such applications involve gas-to-gas heat 

transfer. The material used for the gaskets (limits the maximum pressure and 

operating temperature to 2.5 MPa and 150°C, respectively [13]. With the 

introduction of BPHX, the plates were able to withstand higher pressure. This has 

increased their applications as evaporators, condensers, HVAC and refrigeration 

systems [12]. 

Except for the shell-and-tube heat exchanger type, which will be described in the 

next section, less popular heat exchangers exist. This includes plate-fin and 

spiral-plate heat exchangers.     
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2.2. Shell-and-tube heat exchangers (STHXs) 

2.2.1. Experimental and theoretical approaches 

Shell-and-tube is a type of heat exchanger (HX) that is widely used in various 

industrial areas including petroleum refining, processing, chemical engineering 

and power plants. It consists of two fluids flowing at different temperatures, one 

fluid flowing in tubes and the other flowing in a shell side around the tubes, with 

the only heat transfer being at the tube surface. Two heat transfer mechanisms 

exist inside the system, including two convection mechanisms inside and outside 

the tubes, and conduction through the tube wall thickness. However, thermal 

radiation may be of significance for high-temperature applications [14]. The flow 

of the two fluids can be classified into three patterns: parallel, counter flow or 

cross flow. 

In a parallel flow shell-and-tube heat exchanger, the two fluids in the tube and 

shell side enter the HX from the same side with a large temperature difference 

(Figure 2.4). The temperature difference reduces gradually with the heat transfer 

in the direction towards the fluid exit. 

The counter flow STHX is another type of HX where each fluid enters the HX from 

opposite sides. This flow pattern is the most efficient type in the heat transfer 

industries due to the maximised temperature difference between the two fluids 

throughout the length of the tubes; therefore, a higher heat transfer rate is 

achieved per unit area [15].  

A third type of flow pattern is the cross flow STHX, where the two fluids enter the 

HX in perpendicular directions. This type of HX is usually found in applications 

where one fluid changes its state (two-phase flow). 
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Figure 2.4 – Parallel (a), Counter flow (b) and Cross flow pattern (c) [16]. 

A variety of HXs are used in industries including shell-and-tube, fin-plate and fin-

and-tube HXs. According to Master et al [17], more than 30-40% of HXs available 

in heat transfer processes are shell-and-tube HXs. The reason is due to their 

ease of maintenance, robust construction geometry and availability of possible 

improvements and upgrades [18].  

The design and size of a heat exchanger involve many complex processes [19] 

which contribute to the final design. Important factors include the amount of heat 

transfer, pressure drop, manufacturing, operating and maintenance costs. 

Depending on the application, the overall cost could be important while in other 

cases the size and weight are the most significant factors. 

When designing the shell side of a STHX, there are two common methods that 

have been widely used by designers, namely Bell-Delaware [20] and the Kern 

method [21,22].  

The Bell-Delaware method provides a very detailed analysis of the shell side of 

a heat exchanger. It also provides an accurate estimation of the shell side heat 

transfer coefficient and pressure drop for common shell side heat exchangers. 
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This method applies correction factors to the calculated heat transfer coefficient 

to account for the following elements [23]: 

- Leakages that exist between the baffles and the tubes, also between the 

baffles and the shell 

- By-passes between the tube bundle and the shell 

- Effect of adverse temperature gradient on the heat transfer for low Re (less 

than 100), the validity is however considered doubtful 

To obtain general performance parameters (rating), the Bell-Delaware method 

can predict the possible weaknesses in the design; however, it cannot identify 

where the weaknesses are.   

The Kern method is only suitable for preliminary shell-side sizing. The method is 

based on experimental work for commercial heat exchangers. It offers the 

following advantages: 

- Provides reasonably satisfactory prediction of the HTC for standard 

designs 

- Simple to apply 

- Accurate enough for preliminary designs 

As this method does not take into account the leakages and bypasses streams 

that exist within the heat exchanger, it draws advantages with providing less 

satisfactory prediction of the pressure drop [22]. 

In recent years, researchers have been developing the design of the STHX to 

improve its overall performance by enhancing the heat transfer while maintaining 

a reasonable pressure drop. One way to enhance the heat transfer in the shell 

side of the STHX is by inserting baffles, which have many advantages in the 

performance improvement.  

The main reason for installing baffles in the STHX is to change the flow direction 

by creating effective multiple fluid passes and circulation around the tubes, hence 

providing an effective use of the heat transfer area. Introducing baffles have led 

to a significant improvement in the thermal performance of STHXs, by increasing 

the turbulence or local mixing that is due to flow separation occurring at the baffle 
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edge in case of segmental baffles; however, it increases the so-called “dead 

zones”. Another advantage of the baffles is to support the tube bundles in a way 

as to prevent vibration, which can be caused by the high pressure drop. The 

pressure drop due to baffles is much larger than that due to the tube bundle. The 

presence of the tube bundle has a positive overall effect as it smoothens out the 

velocity distribution as well as reducing the recirculation regions.  

Baffle cut and spacing are very sensitive to the flow direction and heat transfer 

characteristics, providing researchers the opportunity to look for ways to optimise 

the performance of STHXs by investigating various baffle geometries and 

spacing. The optimisation will compromise between the reduction in the pressure 

drop and the increase in the heat transfer. Such geometries include segmental, 

continuous and non-continuous helical and Disk-and-Doughnut baffle type. 

Figure 2.5 shows a segmental baffle type where the effects of the baffle cut and 

spacing on the main stream are illustrated schematically. Figure 2.5 (a) and (b) 

represents the schematic of the flow stream when increasing the baffle cut. It can 

be clearly seen that an increase in the baffle cut would reduce the sudden change 

in the velocity gradient (reduced pressure drop), however an increase in the 

circulation zones occur where the heat transfer corresponding to that cannot be 

used effectively. Looking at Figure 2.4 (c) and (d) where having a small baffle 

spacing (c) would allow the flow stream passing the cut window to be reflected 

by the next baffle. This results in a sudden change in the velocity gradient (higher 

pressure induced) and again unwanted recirculation zones to be formed. Hence, 

the ideal configuration (e) will have a compromise between a smooth flow stream 

and the least recirculation zones behind baffles. 
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Figure 2.5 – Segmental baffle type: (a) small baffle cut, (b) large baffle cut, (c) small baffle spacing, 
(d) large baffle spacing, (e) ideal baffle cut and baffle spacing [24]. 

The segmental baffle type (Figure 2.6) is the most commonly used configuration 

and its importance comes from forcing the fluid on the shell side to flow in a 

multiple (zigzag manner) passage across the tube bundle. This keeps the fluid 

longer in contact with the tubes and therefore enhances the thermal performance 

of the HX, but it induces a large pressure drop caused by the contraction and 

expansion of the fluid due to the change of the area. The change of area causes 

a sudden change in the velocity gradient, creating a large pressure drop across 

the heat exchanger. Therefore, larger power consumption will be needed to push 

the fluid inside the shell side. This large pressure drop also induces vibration, 

which can cause a high risk of tube bundle failure.  
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Figure 2.6 – Segmental baffle in a STHX [25]. 

A possible alternative baffle configuration that has been used over the years is 

the helical shaped baffle. It has a major advantage over the conventional 

segmental baffle in that it eliminates the dead zones by maintaining a helical flow 

throughout the HX. The helical flow reduces the sudden change in the flow 

direction, as well as maintaining a uniform area between the baffle cut and shell 

surface in the case of segmental baffles [26]. This advantage results in a 

reduction in the pressure drop, as well as lowering the risk of tube vibration. 

The dead zones or stagnation regions presented in the STHXs that were 

mentioned earlier are located behind the baffles (Figure 2.5), in the corners 

between baffles and shell wall where the velocity of the fluid is very small, which 

gives a high potential of the particles inside the fluid to deposit on the outer tube 

wall surface. This phenomenon is termed as fouling which is mainly caused by 

the uneven velocity profile created by the presence of baffles in addition to back-

flows and eddies generation [17]. The change in the baffle geometry, i.e. helical 

or Disk-and-Doughnut, has shown a reduction of the fouling effect and an 

increase in the overall performance [27]. 



LITERATURE REVIEW 

18 
 

 

Figure 2.7 – Disk-and-Doughnut schematic [25]. 

Based on the literature, the concept of multiple pass in the case of STHX has 

been successful in enhancing the shell side heat transfer.   

The main focus of researchers now is to optimise the shape of the baffles to 

overcome the downside of conventional segmental baffle to enhance the heat 

transfer coefficient, lower tube vibration and reduce fouling. To tackle the 

mentioned drawbacks, the use of different shaped baffles such as deflector baffle, 

disk-and-doughnut configuration and optimising the spacing between baffles was 

investigated.  

As mentioned before, a full understanding of the flow phenomenon should be 

carried out in order to identify the causes of the problems located within the shell-

side design of a heat exchanger. The majority of STHX studies only focused on 

certain features of the design. Certain parts of the STHX include baffle cut, 

spacing, shell-side heat transfer, tube arrangements and pressure drop. 

Pekdemir et al. [28] and Halle et al. [29] worked on the pressure drop of the STHX, 

while Gay et al. [30] investigated the shell-side heat transfer. Amongst others, the 

effect of the tube arrangement on the heat transfer were investigated by Li and 

Kottke [31,32] and Karno and Ajib [33]. The effect of baffle spacing on the heat 

transfer and pressure drop was investigated by Eryener [34] and Sparrow and 

Reifschneider [35]. All the various analytical, experimental and numerical studies 
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have concluded that the most important geometrical parameters on the heat 

transfer and pressure drop are the baffle cut and spacing.  

Zhang et al. [18] conducted an experimental investigation to study the effect of 

segmental and helical baffles on the pressure drop and heat transfer coefficient 

of the STHX. With the same shell side flow rate, it was found that the heat transfer 

coefficient of STHX with segmental baffles is higher than that of the helical. 

However, the pressure drop with helical baffles was lower than that with 

segmental. Zhang et al. [18] also compared the performance of the STHX with 

helical baffles at different helix angles (20°, 30°, 40° and 50°). The results showed 

that the STHX with 40° helix angle outperformed the other tested heat 

exchangers. 

Peng et al. [36] designed and tested the use of continuous helical and segmental 

baffles in STHXs, with both having the same tube bundle. The flow pattern in the 

shell side of the continuous helical baffles was forced to follow a rotational and a 

helical passage. The rotational helical flow has resulted in a significant increase 

in the heat transfer coefficient per unit pressure drop. Peng et al. [36] suggested 

that properly designed continuous helical baffles could reduce fouling in the shell 

side, as well as tube vibration. A performance comparison between continuous 

helical baffles and segmental baffles was experimentally carried out and it was 

found that continuous helical baffles resulted in nearly 10% improvement of the 

heat transfer coefficient for the same shell side pressure drop. 

2.2.2. Numerical approach (Computational Fluid Dynamics) 

Conducting experimental tests is a well-known method to analyse the fluid flow 

and thermal behaviour in any heat exchanger system. However, setting up an 

experiment is a time-consuming and relatively expensive task. Also, experimental 

tests do not have the ability to visualise the fluid flow and thermal behaviour inside 

the heat exchanger system, therefore researchers have developed a tool using 

Computational Fluid Dynamics (CFD) that numerically analyses the fluid flow, 

heat transfer and chemical reactions by solving mathematical equations inside 

the heat exchanger.  
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CFD simulation has become a powerful and accurate tool to predict the heat 

transfer mechanisms and velocity distribution in heat exchanger systems [37]. In 

addition to experimental and theoretical investigations, many researchers have 

also conducted numerical investigations using CFD packages to analyse the 

thermal performance and fluid flow behaviour of such systems including STHX 

[38–40] type, which is the main interest in this project. 

Due to the complex fluid mechanics and heat transfer mechanisms presented on 

the shell-side of STHXs, CFD has become an alternative for researchers to study 

the shell-side design weaknesses, understanding the flow phenomenon and heat 

transfer behaviour numerically for multi-pass HXs, in addition to flow visualisation, 

flow pattern and temperature field which experimental testing cannot achieve 

[41]. Furthermore, CFD is an important tool to reduce the number of testing 

prototypes as it provides a useful preliminary design step in terms of good insight 

of the various flow and thermal transport phenomena that occur within the heat 

exchanger system [42].  Successful CFD modelling for a detailed industrial heat 

exchanger is, however, limited. A large computer power and memory is required 

to perform this analysis, in addition to the long computation time. In this case, 

simplification of the actual system is a mandatory task. Speaking of an industrial 

shell-and-tube heat exchanger containing 500 tubes and 10 baffles, the number 

of elements needed to run the simulation is at least 150 million [39]. One of the 

common approaches used in simplifications in CFD modelling are the electrical 

resistance analogy approach and the porous medium model, both were used by 

many researchers including Prithiviraj at al. [38,39] and Stevanovic [43]. The 

results have shown good agreement for the shell-side heat transfer coefficient 

and pressure drop for both approaches.  However, a full CFD model of the entire 

system is needed for the purpose of visualising the shell-side flow and 

temperature distribution. The detailed modelling of the system can be used to 

predict important parameters, including the heat transfer coefficient and pressure 

drop, which will be compared to theoretical correlations. The visualisation of the 

flow is also important in order to identify weaknesses within the design. The 

weaknesses include relaminarisation and recirculation zones which can greatly 

affect the thermal performance of the heat exchanger.     
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Yonghua et al. [41] conducted an experimental and numerical investigation using 

Fluent to analyse the heat transfer and flow distribution on the shell-side of a 

STHX with flower baffles (FB-STHX). Younghua et al. [41] found that the heat 

transfer rate was effectively enhanced on the shell side of the FB-STHX 

compared to the heat exchanger without baffles. They also compared the shell 

side velocity distribution between FB and SG-STHX (segmental baffles STHX); it 

was found that the flow patterns differ between the two cases and the overall 

thermal hydraulic performance for the FB-STHX is better than that of the SG-

STHX. This research has proved that Fluent is a powerful tool to predict the 

thermal performance of the single phase flow in multi-pass HXs with low 

computational cost. 

Eshita et al. [44] numerically investigated the complex flow and temperature 

pattern for different flow rates inside the shell side of a short STHX using Fluent. 

The following points were observed during this numerical investigation: 

- 𝐾 − 𝜀 turbulence model produced the best results in terms of velocity 

profile and heat transfer with an accuracy within 20% envelope compared 

to experimental results  

- Fluent also predicted a pressure drop within 10% agreement of the one 

estimated by the Bell-Delaware method in baffled HXs [45] 

- The convergence was improved as the inlet velocity profile was fully 

developed 

- The STHX exit length was also investigated and it was found that the 

convergence improved as the outlet velocity became fully developed with 

increasing length 

This investigation has proved again that Fluent is an efficient tool for predicting 

fluid flows in HXs, in addition to giving guidelines for optimum design. 

Nemati Taher et al. [46] conducted a numerical investigation using Fluent to 

analyse the effect of non-continuous helical baffles on the performance of a 

STHX. Nemati Taher et al. [46] conducted this numerical simulation at 40° helix 

angle and 5 different baffle spaces. The 40° helix angle had already proven to be 

the optimum helix angle performance in helical baffles [18]. Results have shown 

that the more extended baffle space produced higher heat transfer and a lower 
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pressure gradient. For the same mass flow rate, increasing the baffle space 

showed a decrease in heat transfer per unit area. 

In general, there is no specific turbulence model which is favourable or applicable 

for all types of engineering problems. Instead, a good understanding of the 

system under investigation is essential and makes it easier to choose the most 

appropriate turbulence model. Depending on various considerations, the problem 

should be well studied, preferably theoretically if possible, to understand the fluid 

flow and thermal behaviour involved within the application to be modelled. Other 

considerations include the available computational cost and time, in addition to 

the level of accuracy required to generate results. This is important as some 

turbulence models take longer in terms of computational time, however they may 

produce better results quality. In conclusion, a suitable choice of the turbulence 

model is necessary and achieved through studying both capabilities and 

limitations of the numerous options.  

The most common RANS equations (time averaged) classical turbulence models 

are as follows: 

1- One equation model: Spallart-Almaras 

2- Two equation model: 𝐾 − 𝜀 models (Standard, RNG and realizable), 𝐾 −

𝜔 model and Algebraic stress model (ASM) 

3- Seven equation model: Reynolds stress model 

An increase in the number of equations indicates an increase in the number of 

partial differential equations (PDEs) that are being solved.  

RANS turbulence models can be classified between low and high Re models. 

The low Re models are recommended in cases where the target is to predict the 

boundary layer velocity or thermal profile, moreover, if a boundary layer 

separation is expected, precisely due to the change in the pressure gradient. 

Those models are also recommended for problems where the pressure-drop and 

drags are important. In such cases, the Shear Stress Transport (SST) 𝜔-based 

model is highly recommended. 

For high speed cases, the Spallart-Almaras model is recommended for 

aerodynamics external flows. In cases where wall-bounded effects are not 
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important, or separation is expected to take place due to presence of sharp edges 

within the geometry, 𝐾 − 𝜀 models are generally adopted.  

The two-equation 𝐾 − 𝜀 turbulence models are very popular for a wide range of 

industrial turbulent flows and heat transfer simulations due to being robust, 

economical in terms of computational effort and cost, and finally, realistically 

accurate. Due to the insensitivity to boundary layer separation over smooth 

surfaces and adverse pressure gradients, those models suffer from an inherent 

draw-back as the models delay the prediction of such separations compared to 

reality. This prediction delay, eventually, results in an optimistic design. In any 

case, the boundary layer study and separation is not a point of interest in the heat 

exchanger under investigation. 

There are two important ways in which the Realizable 𝐾 − 𝜀 model differs from 

the standard  𝐾 − 𝜀 : 

- An alternative formulation for the turbulent viscosity is contained within the 

realizable  𝐾 − 𝜀 model 

- A modified transport equation for the dissipation rate 𝜀 

The 𝐾 transport equation was kept the same for both Standard and Realizable 

models. To address the deficiency of the standard model, a new formulation of 

the dissipation rate 𝜀 equation was adopted based on a transport equation for the 

mean-square vorticity fluctuation. The turbulent viscosity 𝜇𝑡 has also been 

modified based on a new formulation of 𝐶𝜇 shown in equation (2.4). 

The use of the Realizable 𝐾 − 𝜀 turbulent model has many advantages over the 

standard 𝐾 − 𝜀  [47,48]: 

- Better performance 

- The effect of compressibility and buoyancy can be included 

- Suitable for complex flows including large strain rates such that 

recirculation, rotation, separation and strong pressure gradient can be 

modelled. 

However, the Realizable 𝐾 − 𝜀 model still suffers from the inherent limitations of 

an isotropic eddy-viscosity model [47,48]. 
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The Realizable 𝐾 − 𝜀  model transport equations are as follows [47,48]: 

𝐾-transport equation: 

 
𝜌

𝐷𝐾

𝐷𝑡
=

𝜕

𝜕𝑥𝑗
[(𝜇 +

𝜇𝑡

𝜎𝐾
)

𝜕𝐾

𝜕𝑥𝑗
] + 𝜇𝑡𝑆2 − 𝜌𝜀  (2.1) 

 

where   𝑆 = √2𝑆𝑖𝑗𝑆𝑖𝑗 

𝜀-transport equation: 

 
𝜌

𝐷𝜀

𝐷𝑡
=

𝜕

𝜕𝑥𝑗
[(𝜇 +

𝜇𝑡

𝜎𝜀
)

𝜕𝜀

𝜕𝑥𝑗
] + 𝐶1𝑆𝜌𝜀 − 𝐶2

𝜌𝜀2

𝐾 + √𝜈𝜀
  (2.2) 

 

where 

 
𝐶1 = max [0.43,

𝜂

𝜂 + 5
] ,   𝜂 =

𝑆𝐾

𝜀
,   𝐶2 = 1  (2.3) 

 

Turbulent Viscosity: 

 
𝜇𝑡 = 𝜌𝐶𝜇

𝐾2

𝜀
,   𝐶𝜇 =

1

𝐴0 + 𝐴𝑠
𝑈∗𝐾

𝜀

  (2.4) 

where 

 
𝐴0 = 4.04,   𝐴𝑠 = √6𝑐𝑜𝑠𝜙,   𝜙 =

1

3
cos−1(√6 𝑊) (2.5) 

 

and 

 
𝑈∗ ≡ √𝑆𝑖𝑗𝑆𝑖𝑗 + 𝛺𝑖𝑗𝛺𝑖𝑗   ,       𝑊 =

𝑆𝑖𝑗𝑆𝑗𝑘𝑆𝑘𝑖

�̃�
 ,     �̃� = √𝑆𝑖𝑗𝑆𝑖𝑗        (2.6) 
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𝜎𝑘 and 𝜎𝜀 are known as the turbulent Prandtl numbers for 𝑘 and 𝜀, respectively. 

More specifically, these are empirical constants determined from benchmark 

experiments of simple flows using air and water. This model has been validated 

for a wide range of turbulent flows and was found to be substantially better than 

the standard 𝐾 − 𝜀 model [49]. 

2.2.3. Disk-and-doughnut baffle shell-and-tube heat exchanger (DD-

HX) and DD-HX equipped with thermosyphons 

The idea of DD-HX (Figure 2.7) has come from looking for a better way to 

optimise the fluid flow distribution and thermal performance of shell-and-tube heat 

exchangers. As the name indicates, the Disk-and-Doughnut configuration 

consists of two baffle types: a Disk and a Doughnut (see Figure 2.7 and Figure 

2.8). This design forces the flow to alternate between longitudinal and transverse 

directions (cross-flow) to the tube bundle. The disk baffle has an annular area 

between the periphery of the disk and the inner shell wall; the doughnut has a 

circular opening at the centre of the baffle where the flow travels through. The 

two baffles are kept at the same distance throughout the heat exchanger. The 

fluid flows in a radial direction towards the periphery of the disk, then back radially 

towards the centre of the next doughnut (see Figure 2.8). The high performance 

of the DD-HX is due to the radial flow between the bundle centre and periphery. 

This radial flow reduces the stagnation regions that were caused by the use of 

segmental baffles. Short [50] has reported that DD-HXs have approximately a 

15% higher heat transfer coefficient than SG-STHXs for the same pressure drop. 

Disk and Doughnut heat exchangers were used in the 1940’s in the USA; 

however, they are rarely used now due to manufacturing problems and the lack 

of design methods of calculation [51]. It is occasionally used as oil coolers at 

thermal power stations in some European countries. 

The idea of the design was born to overcome the shortcomings of the segmental 

baffles, such as the high pressure drop due to the sudden contraction and 

expansion of the fluid, low heat transfer efficiency due to the stagnation regions, 

short operation time due to vibration caused by the shell-side flow across the tube 
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bundles and high pumping power needed to offset the higher pressure drop for 

the same heat load [52].  

 

Figure 2.8 – Schematic of the through flow unit (Disk-and-Doughnut baffle) TSHX. 

As mentioned before, the DD-HX configuration was born while searching for a 

better flow distribution and thermal performance [53]. The effect of the clearance 

between baffles has been well studied by researchers for the SG-STHX. 

Unfortunately, there is hardly any published literature available on the DD-HX 

configuration. Very few methods are available for its thermal design [54]. 

Amongst them are Donohue [55], Slipcevic [56,57] and Goyal et al. [58]. DD-HX 

did not achieve similar popularity as the SG-STHX, mainly due to manufacturing 

problems and lack of comparable data on heat transfer and pressure loss [59]. 

Founti et al. [53] characterised the flow pattern of a pipe-less DD-HX isothermally 

and demonstrated that the flow past the baffles was dominated by pressure 

gradients associated with strong streamline curvature. In addition, reducing the 

baffle spacing increased the streamline curvature, which resulted in a higher 

overall pressure drop. The strong streamline curvatures make the flow field 
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independent of fluid velocity and turbulence intensity at the inlet. The other major 

quantitative details of the flow are that they are fully dependent of the relative 

position of its neighbouring baffles and not on the initial conditions [53].  

Li et al. [59] showed that the average Nusselt number for the same Reynolds 

number (defined below) in the DD-HX is higher than that of a single SG-STHX, 

as well as the pressure drop. This induces a higher ratio of heat transfer to 

pressure drop for the DD-HX [59]. 

- Reynolds number is a dimensionless number which is defined by the ratio 

of the inertial forces to viscous forces in a fluid flow  

- Nusselt number is also a dimensionless number which is defined by the 

ratio of the convective to conductive heat transfer across a surface 

Most of the DD-HX research and development work conducted over the past 

years were focused on two main theories, developed by Slipcevic [56] and 

Donohue [55]. Both Slipcevic and Donohue developed methods of determining 

the overall heat transfer coefficient (HTC). Due to the complexity of the flow inside 

the DD-HX, the proposed method to calculate the overall heat transfer coefficient 

consisted in dividing the DD-HX into three zones and calculating the heat transfer 

coefficient in each of the zones separately. The three zones are illustrated in 

Figure 2.9 and are labelled 1 to 3: the first zone is located in the ring opening, the 

second zone is between the disk and the shell inner wall, and the third zone is 

located in the crossflow between two consecutive disk and doughnut baffle. 

Slipcevic DD-HX Model 

To achieve an effective model of a DD-HX, Splicevic [56] suggested the following 

design guidelines: 

1- The spacing between the baffle disk and doughnut must be within 20 

to 45% of the inner shell diameter, where less than 15% is not 

recommended 

2- Higher heat transfer occurs in the cross flow region (normal to the 

tubes), therefore it is advisable to increase the flow velocity for higher 

heat transfer in the flow parallel to the tubes; this is done by placing the 
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baffles in a way to increase the velocity of the longitudinal flow more 

than that of the cross flow. 

3- It is also advisable to make the area inside the ring 𝑆𝑘𝑜 the same as the 

annular area 𝑆𝑘𝑎 (between disk and shell): 

 𝑆𝑘𝑜 =
𝜋

4
𝐷𝑜

2 (2.7) 

 

 𝑆𝑘𝑎 =
𝜋

4
(𝐷𝑠

2 − 𝐷𝑎
2) (2.8) 

where 𝐷𝑠 is the inside shell diameter, 𝐷𝑜 is the opening ring diameter and 𝐷𝑎 is 

the disk diameter (see Figure 2.9) 

 

Figure 2.9 – Schematic of the different zones within the DD-HX and their dimensions. 

In order to satisfy the 3rd design guideline, 𝑆𝑘𝑜 must be equal to 𝑆𝑘𝑎, therefore: 

 𝐷𝑠
2 = 𝐷𝑜

2 + 𝐷𝑎
2

 (2.9) 

As mentioned before, there are two types of flow that exist inside the DD-HX; 

longitudinal and cross flow. The heat transfer coefficients will be calculated 

separately through the following steps: 

Step 1: Finding the flow area in the longitudinal flow zones of the heat exchanger 

(noting that the flow area is the area excluding the pipes or tubes within the HX) 

 Zone 1 (ring opening): 

 𝑆𝑜 =
𝜋

4
(𝐷𝑜

2 − 𝑁𝑝2𝑑2) (2.10) 

where 𝑑 is the pipe diameter, 𝑆𝑜 is the flow area and 𝑁𝑝2 the number of pipes or 

tubes in the ring opening. 
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 Zone 2 (annulus between disk and shell wall): 

 𝑆𝑎 =
𝜋

4
(𝐷𝑠

2 − 𝐷𝑎
2 − 𝑁𝑝1𝑑2) (2.11) 

where 𝑆𝑎 is the flow area and 𝑁𝑝1 the number of tubes in the annulus region 

between disk and shell wall. 

Step 2: Calculating the effective flow area of the cross flow region 𝑆𝑐 

 Zone 3 (Cross-flow normal to the pipes): 

 𝑆𝑐 = 𝐿𝑠  × ∑ 𝑥 (2.12) 

where 𝐿𝑠 (Figure 2.9) is the distance between two consecutive baffles and ∑ 𝑥 is 

the sum of the clear distances between the neighbouring tubes to the mean 

diameter 𝐷𝑚 (Figure 2.9 & Figure 2.10). This can be calculated from the 

engineering drawing or by using computational methods: 

 
𝐷𝑚 =

1

2
(𝐷𝑜 + 𝐷𝑎)  (2.13) 

 

 

Figure 2.10 – Mean diameter to find the cross flow area [60]. 

Step 3: Calculating the hydraulic diameter for the longitudinal flow based on the 

flow area inside the ring opening (𝑆𝑜) and the annulus (𝑆𝑎): 

 
𝐷ℎ =

4𝑆

𝑃𝑤𝑒𝑡𝑡𝑒𝑑
  (2.14) 

Equation (2.14) represents the general formula for the hydraulic diameter where 

𝑆 is the flow area and 𝑃𝑤𝑒𝑡𝑡𝑒𝑑 is the wetted perimeter. 
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The hydraulic diameter is essential to calculate the Reynolds number (𝑅𝑒), which 

later will be used to find the heat transfer within the heat exchanger: 

 
𝐷ℎ𝑜 =

4𝑆𝑜

𝜋(𝑁𝑝2𝑑 + 𝐷0)
  (2.15) 

 

 
𝐷ℎ𝑎 =

4𝑆𝑎

𝜋(𝑁𝑝1𝑑 + 𝐷𝑎 + 𝐷𝑠)
  (2.16) 

 

Step 4: The heat transfer coefficients ℎ𝑎 and ℎ𝑜 are calculated for the longitudinal 

flow based on Hausen’s equation [61]: 

 
𝑁𝑢𝑎 = 0.024𝑅𝑒𝑎

0.8𝑃𝑟0.33 (
𝜇𝑓

𝜇𝑠
)

0.14

  (2.17) 

 

 
𝑁𝑢𝑜 = 0.024𝑅𝑒𝑜

0.8𝑃𝑟0.33 (
𝜇𝑓

𝜇𝑠
)

0.14

  (2.18) 

 

where 𝑁𝑢 is the Nusselt number, 𝜇𝑓 and 𝜇𝑠 are the viscosity at fluid mean 

temperature and tube surface temperature, respectively: 

 
𝑁𝑢𝑎 =

ℎ𝑎𝐷ℎ𝑎

𝑘
 (2.19) 

 

 
𝑁𝑢𝑜 =

ℎ𝑜𝐷ℎ𝑜

𝑘
 (2.20) 

 

 
𝑅𝑒𝑎 =

𝑈𝑎𝐷ℎ𝑎

𝜇𝑓
 (2.21) 

 

 𝑅𝑒𝑜 =
𝑈𝑜𝐷ℎ𝑜

𝜇𝑓
 (2.22) 
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𝑈𝑎 and 𝑈𝑜 represent the velocity of the fluid in the annular and opening ring 

region, respectively. 

Step 5: Calculate the heat transfer coefficient ℎ𝑐 for the cross flow region 

The heat transfer coefficient for the cross flow across the tube bundles for 

turbulent flow is calculated from McAdams [62]: 

 
𝑁𝑢𝑐 = 𝐸 × 𝑅𝑒𝑐

0.6 × 𝑃𝑟0.33 × (
𝑇𝑓

𝑇𝑠
)

0.14

  (2.23) 

 

𝐸 is a constant whose value depends on the tube arrangement. It has a value of 

0.33 for the staggered tube arrangement and 0.26 for the in-line tube 

arrangement. 

The 𝑅𝑒𝑐 for the cross flow region is based on 𝑈𝑐, which is the velocity of the fluid 

in the cross flow region 𝑆𝑐: 

 𝑅𝑒𝑐 =
𝑈𝑐𝑑

𝜇𝑓
 (2.24) 

Once the individual heat transfer coefficients of the three different zones are 

calculated, the weighted mean average HTC could be calculated. Slipcevic [56] 

recommends calculating the HTC for the individual tube row based on the 

corresponding flow cross section area. Alternatively, the crosssectional areas of 

the longitudinal and cross flow are calculated as follows: 

 𝐴𝑎 = 𝜋𝑑𝐿𝑁𝑝1 (2.25) 

 

 𝐴𝑜 = 𝜋𝑑𝐿𝑁𝑝2 (2.26) 

 

 𝐴𝑐 = 𝜋𝑑𝐿𝑁𝑝3 (2.27) 

where 𝐿 is the tube length and: 

 𝑁𝑝3 = 𝑁𝑡 − (𝑁𝑝1 + 𝑁𝑝2) (2.28) 
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 𝐴𝑡 = 𝐴𝑎 + 𝐴𝑜 + 𝐴𝑐  (2.29) 

 

 𝐴𝑡 = 𝜋 × 𝑑 × 𝑁𝑡 × 𝐿 (2.30) 

 

Step 7: Calculating the overall heat transfer coefficient ℎ𝑡 

The overall heat transfer coefficient is calculated based on the total heat transfer 

area 𝐴𝑡: 

 ℎ𝑡 =
ℎ𝑎𝐴𝑎 + ℎ𝑜𝐴𝑜 + ℎ𝑐𝐴𝑐

𝐴𝑡
  (2.31) 

The Disk and Doughnut HX system that will be investigated later in this project 

was designed by Econotherm (UK) Ltd., and can be seen in Figure 2.11. 

 

Figure 2.11 – Disk and Doughnut prototype designed by Econotherm (UK) Ltd. [9] 

There are three key differences between Slipcevic’s DD-HX geometry and the 

one investigated in this project. In Slipcevic’s model, there are tubes located in 

the centre of the geometry through the ring hole and on the sides of the disk 

baffle, as can be seen in the schematic shown in Figure 2.12. In the HPHX under 

investigation, those are non-existent, and the reason for this difference is the use 
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of thermosyphons as they must have contact with both a hot and a cold flow, and 

the contact with the cold flow is made in a ring-shaped space on the top of the 

heat exchanger (see Figure 2.12). A small spacing between the tubes and the 

disk baffle to allocate the tubes is also mentioned by Slipcevic, something that 

does not happen in the new geometry, where the thermosyphons are rigidly fixed 

to the heat exchanger. 

 

Figure 2.12 – Comparison between the model employed by Slipcevic (left) and the one studied in 

this project (right). 

2.3. Heat pipe based heat exchanger (HPHX) 

2.3.1. Heat pipe operation 

Heat pipes are thermal devices that possess a low overall thermal resistance, 

hence transferring a large amount of heat with just a small temperature difference 

between the evaporator and condenser [63,64]. The heat is transferred through 

two-phase heat transfer mechanisms (evaporation-condensation) that occur 

inside the device [65]. The heat pipe technology has been widely used in heat 

exchangers, electronic cooling components such as in laptops and turbine rotor 

blades, it also recently found its application in thermal energy storage systems 

[66,67]. Heat pipes are called superconductors as they can transport heat of 

several orders of magnitude higher than that in a similar size solid rod in pure 

conduction. A heat pipe is an evacuated metallic tube that contains a small 

amount of liquid known as the working fluid. The device wall or shell is made out 

of either copper, stainless steel, aluminium, nickel or titanium and the working 

fluid can be water, ethanol, toluene, acetone, helium, hydrogen or sodium. The 

choice of the metal and the working fluid mainly depends on the compatibility 

between them and the desired operating temperature of the application. For a 
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durable design, it is very important to match the fluid with a compatible material 

on one hand and keeping the saturation pressure between 0.1 and 20 bar [68] to 

avoid the possibility of over-pressurisation and rupture when putting the 

thermosyphon in a vacuum condition [69]. 

A heat pipe consists of three sections: evaporator, adiabatic and condenser 

(Figure 2.13). 

 

Figure 2.13 – Schematic diagram of a thermosyphon. 

The evaporator is the lower end section where the working fluid is located. Heat 

is added (𝑄𝑖𝑛) to the evaporator section of the tube through a heat source where 

the heat is transferred by conduction through the heat pipe wall. Heat is then 
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transferred by convection from the inside tube wall to the working fluid where the 

fluid absorbs the latent heat. When the temperature of the fluid exceeds its 

saturation temperature at a given pressure, the working fluid evaporates and 

vapour travels through the adiabatic section to the condenser. In the adiabatic 

section, no heat is added or removed (𝑄 = 0); therefore, a unique feature of the 

heat pipe is that the evaporator and condenser sections can be separated by a 

large distance [7] through modifying the length of the adiabatic section. When the 

vapour reaches the other end of the tube, i.e. condenser, the vapour gets in 

contact with the inner condenser tube wall which is at a lower temperature. The 

vapour gives off its latent heat (𝑄𝑜𝑢𝑡) that was absorbed at the evaporator, then 

condenses forming a liquid film and returns back to the evaporator by either 

gravity in case of a wickless heat pipe or through capillary forces that exist inside 

the wicks in the case of wicked heat pipes [70]. The liquid then refills the 

evaporator section, hence completing the cycle. Depending on the application, 

the size of the heat pipe can range from a cross-sectional dimension of about 10 

µm to a large scale length of the order of 100 m.  

The heat exchanger is this project is equipped with a wickless heat pipe type. A 

wickless heat pipe, also known as two-phase closed thermosyphon (TPCT) or 

gravity assisted heat pipe, relies on gravity to return the liquid condensate from 

the condenser to the evaporator, while wicked heat pipes rely on the internal 

wicks to drive back the liquid condensate. A wickless heat pipe operates only 

when the condenser is located above the evaporator section, therefore the heat 

flows only in an upward direction making heat pipes behave like thermal diodes. 

The light weight, low resistance, simplicity and passive operation of the 

thermosyphon makes it suitable for a wide range of applications and operating 

conditions. 
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Figure 2.14 – Heat pipe operational envelope limits [71]. 

Furthermore, thermosyphons have various operational limitations which should 

be taken care of in the design stage to avoid failure of the pipe. Such limitations 

are listed below and are shown in Figure 2.14: 

4- Viscous Limit (or Vapour Pressure limit): This limit is frequent upon 

start-up; the viscous force of the fluid prevents the vapour flow from 

moving from the evaporator to the condenser. It is caused by having a 

small temperature difference between both ends, creating a low vapour 

pressure difference. In the worst case scenario, the vapour will not 

move to the condenser to complete the thermodynamic cycle.  

5- Sonic Limit: Occurs when the vapour velocity reaches a sonic speed at 

the evaporator and any increase in pressure difference will not cause 

acceleration of the flow, effectively deactivating the thermosyphon.   

6- Entrainment Limit: Friction between the working fluid in liquid state and 

vapour travelling in the opposite direction can block the thermosyphon, 

causing entrainment of the liquid by the vapour. Entrainment will cause 

a starvation of the fluid flowing from the condenser and eventual “dry 

out” of the evaporator [71]. 

7- Boiling Limit: Related to the rate at which the working fluid is 

evaporated. This limit occurs too fast and it will not give time for the 

cold fluid to condense, causing a dry out on the pipe.  
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8- Circulation limit: Also called capillary limit, related to wicked heat pipes 

where there is not enough pressure in the wick to push the liquid back 

to the evaporator, which causes dry out of the evaporator [72].  

2.3.2. Heat exchangers equipped with TPCT 

Due to the simplicity of heat pipes in terms of manufacturing and their passive 

operation, the TPCT has been recently integrated in heat exchangers creating a 

combined  heat-pipe-based heat exchanger (HPHX) system which can be used 

in different branches of industry including power, metallurgy, oil refining and 

waste heat recovery technology [73,74]. Such applications include heating, 

ventilation and air conditioning (HVAC), waste heat recovery from exhaust gases, 

steam condensers, high temperature nuclear reactor technology, CPU cooling 

systems in laptops and many more. 

 

 

Figure 2.15 – Illustration of a typical HPHX [5]. 

Figure 2.15 is an example of a typical HPHX system. The heat exchanger in 

Figure 2.15 is a cross-flow heat-pipe-based HX where a number of heat pipes 

are mounted vertically and could be in a staggered or an inline configuration. As 

it can be seen from the figure, the hot fluid is flowing over the evaporator section 

and the cold fluid over the condenser section of the TPCTs, and therefore heat 

will only be transferred through the evaporation-condensation mechanism inside 

the heat pipe as the two streams are separated. In this case, the fluid flowing 

across the pipes can be for example air, water, oil, etc. The use of fins around 
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the pipes is a way to increase the heat transfer area of the heat pipe and, 

therefore, increasing the overall thermal performance of the heat exchanger 

system. However, the use of fins to increase the surface area is limited as the fin 

efficiency decreases with length [7]. 

The use of thermosyphons in HXs has many advantages over conventional HXs. 

Based on the literature, the following advantages were drawn:  

- No additional power is required as long as there is a hot stream to be 

absorbed by the evaporator [75] 

- System is easily built and taken apart for cleaning or in case a pipe has 

failed [76] 

- Pipes are free to expand and contract without applying stress on the 

housing [73] 

- Isothermal operation of the pipes prevents cold and hot spots in the 

system, which can lead to system failure [77] 

- High reliability as the failure of one heat pipe has a minimal effect on the 

thermal performance of the HX, due to the high number of heat pipes 

within the system [7,65] 

- High heat recovery, effectiveness and compactness [78] 

- The heat transfer area on the hot and cold streams can be modified by 

modifying the evaporator or condenser length to achieve a desired heat 

extraction 

- Potential of increasing the number of heat pipes perpendicular to the flow 

direction [6] 

-  No cross-contamination between the hot and cold streams, as the 

streams are separated by a plate [79] 

Due to new pollution and emission reduction policies, for efficient air conditioning 

, waste heat recovery, energy storage and many other heat transfer applications 

at various scales, including cost and material reduction, HPHX systems have 

been so far the best design solution to meet the requirements of  all heat transfer 

systems [73]. 

Under a medium operating condition of temperatures below 300°C, Lukitobudi et 

al. [79] carried out an experimental investigation of an air-to-air thermosyphon-
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based heat exchanger (TSHX). The counter flow TSHX was constructed to 

contain 24 thermosyphons, distributed in 6 rows arranged in a staggered 

configuration. Considering the fluid high merit number, suitability with medium 

temperature, being environmental friendly and widely available, water was 

chosen as the working fluid. The thermosyphons were charged with water, filling 

60% of the evaporator’s volume. Three different thermosyphon types were 

manufactured and equipped within the heat exchanger: bare copper, finned 

copper and finned steel tubes. The finned copper thermosyphon-based heat 

exchanger achieved the best performance; however there is a chance of 

exceeding the safe working pressure for the current operating condition (300°C). 

Therefore the steel finned was preferred as it was rigid and recovered sufficient 

thermal energy. The bare copper thermosyphons could be an alternative in case 

of searching for low manufacturing and maintenance cost, although providing a 

low heat transfer. The application of such TSHXs is to recover the waste thermal 

energy from the flue gas of the oven to heat up the proofing oven in bakeries.    

Jouhara et al. [80] experimentally investigated the effect of changing the 

evaporator air inlet temperature and inclination angle on the thermal performance 

of a HPHX that is used in energy efficient air handling units. The investigated 

HPHX was cross-flow air-to-air, which consists of 9 finned thermosyphons in an 

inline configuration filled with water as the working fluid. The experimental 

investigation showed that significant energy savings can be achieved when using 

thermosyphons within the heat exchanger to transfer energy from two air streams 

at different air inlet temperatures. 

Danielewicz et al. [6] has experimentally investigated the effect of changing the 

evaporator and condenser mass flow rate on the thermal performance of an air-

to-air heat-pipe-based HX in a cross-flow pattern. The HX consisted of 100 finned 

thermosyphons placed vertically, arranged in 10 rows, with each row containing 

10 carbon steel heat pipes of length 2200 mm and an outer diameter of 27mm. 

The working fluid used for this investigation was methanol. The experimental 

results were then used to validate a developed numerical tool through the ε-NTU 

(Effectiveness Number of Transfer Units) method. This method is used to predict 

the overall heat transfer coefficient (HTC), effectiveness, pressure drop and heat 

extraction duty for a given crossflow gas-to-gas HPHX. The investigation reported 



LITERATURE REVIEW 

40 
 

an increase of the heat recovery rate the more the flow progressed through the 

HX. It was also observed that the effectiveness increased as the ratio of both 

mass flow rates increased. The developed prediction model can be used for the 

future design of a typical cross-flow air-to-air heat pipe based HX system. 

Noie et al. [69] carried out an experimental and theoretical investigation of an air-

to-air cross flow HPHX that has application in operating theatres in hospitals. 

Based on the experimental results obtained, Noie et al. [69] proposed the 

following points that would play an important role in improving the efficiency and 

effectiveness of any HPHX system: 

- Installing fins around the heat pipes 

- Increasing the number of heat pipe rows 

- Minimising heat loss 

- Most appropriate method of charging the heat pipes to prevent 

accumulation of non-condensable gases 

- Perfect sealing of the heat pipe to prevent loss of vacuum 

2.4. Research gap 

In this project, ANSYS Fluent was used as a tool to model a multi-pass type heat 

exchanger used in waste heat recovery applications. The multi-pass was installed 

on the shell-side on both the evaporator and condenser section with a staggered 

and an in-line tube arrangement, respectively. The heat exchanger followed the 

concept of a shell-and-tube heat exchanger of a smaller scale Disk-and-

Doughnut baffle type STHX. A schematic is shown in Figure 2.16, where the heat 

exchanger under investigation can be observed if one symmetrical part is taken 

out. However, wickless heat pipes were used instead of the tubes. Therefore, the 

thermal energy was transported within the heat pipe through evaporation-

condensation phenomena. The integration of the thermosyphon device in a multi-

pass heat exchanger system is a recent technology. Therefore the theoretical, 

numerical and experimental investigations of such systems covered in this thesis 

is a step forward in expanding the knowledge of such systems in the heat transfer 

field and highlighting the advantages of such technologies.  
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Figure 2.16 – The original concept of the investigated TSHX. 

The heat exchanger was theoretically and numerically modelled using the 

electrical resistance approach and ANSYS Fluent, respectively. The fluid and 

thermal behaviour within the shell-side was theoretically modelled to completely 

understand the various heat transfer phenomena before validating the model by 

carrying out experimental testing. Two-different multi-pass configurations were 

chosen to carry out the validation. The more passes, the bigger the size of the 

device and the higher the pressure drop, which was a limitation of the design. In 

summary, the project used a validated CFD tool to model the shell-side 

convective heat transfer on the evaporator and condenser sides of a multi-pass 

heat-pipe-based heat exchanger. The successful validated CFD model is a step 

forward in the simulation of heat exchangers equipped with thermosyphons to 

model the shell-side behaviour. This can also be taken as an initial step to model 

the fouling phenomenon as it is a major industrial problem encountered in various 

types of heat exchangers. 
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Chapter 3. METHODOLOGY 

The current chapter presents all the methodologies that were followed throughout 

the project. This chapter include theoretical, numerical and experimental 

methodologies of the multi-pass TSHX. The theoretical methodology illustrates 

the modelling procedure that was conducted at each stage of the heat exchanger, 

this includes justifications of the heat transfer correlations used. Consequently, 

the numerical methodology presents a detailed step by step outlining the various 

stages that were followed while using ANSYS Fluent as a numerical tool. The 

steps include sketching the model, grid analysis, boundary conditions and results. 

Finally a methodology of the experimental work was explained, stating all the 

various equipment used for the test rig. In addition, detailing the running 

procedure at different inlet conditions.     

3.1. Theoretical modelling 

3.1.1. Introduction 

The thermosyphon based heat exchanger (TSHX) was designed in a 3D CAD 

software package (SolidWorks) where the design idea is adopted from the 

configuration of an existing Disk-and-Doughnut baffle arrangement TSHX 

designed by Econotherm (UK) Ltd. [9], a company that specialises in the design 

and manufacture of heat exchangers that use the heat pipe technology for waste 

heat recovery applications. As mentioned in the previous chapter, the integration 

of heat pipes within heat exchangers increases the overall performance of the 

system by transporting a large amount of heat through a small cross-sectional 

area. The new design is a smaller version of the existing design which is currently 

on the market. The design of the system relies on providing an easy access to 

modify the test rig by increasing the number of fluid passes on the evaporator 

section. However, the size of the heat exchanger has restricted the maximum 

number of fluid passes and thermosyphons; for manufacturing and operational 

cost limitations, a maximum of three passes could be installed on the designed 

heat exchanger with six thermosyphons arranged vertically in two rows of three 

thermosyphons each. The six thermosyphons are arranged in a staggered 

arrangement on the evaporator side and an in-line arrangement on the condenser 

side. 
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Figure 3.1 shows the heat exchanger unit under investigation. The TSHX was 2 

m in height and each air pass covered 600 mm of the total length of the 

thermosyphons. A maximum of three air passes could be installed on the shell-

side of the heat exchanger, giving a total length of 1.8 m for the evaporator and 

200 mm for the condenser section. The same amount of working fluid (water) was 

injected into each thermosyphon during the charging process, filling each 

thermosyphon to a height of 600 mm corresponding to 250ml of water. Three 

different configurations of the test unit were investigated as follows: 

- Case 1: One air-pass (cross-flow) 

- Case 2: Two air-passes (multi-pass) 

- Case 3: Three air-passes (multi-pass) 

 

 

Figure 3.1 – SolidWorks drawing of the three tested models. 
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Figure 3.2 – TSHX important dimensions (in mm). 

 

Figure 3.3 – Condenser top view dimensions (in mm). 
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The total height of the TSHX is 2 m as shown in Figure 3.2. Each pass covers 

600 mm of the 6 TPs, giving each case a different evaporator length, 600, 1200 

and 1800mm for cases 1, 2 and 3, respectively. The condenser length was kept 

fixed at a height of 200 mm, where the cooling medium (water) flows in a U-

shaped passage (Figure 3.4) for all the three cases. The six thermosyphons have 

the same length as the heat exchanger, with an outer diameter of 28 mm and a 

wall thickness of 2.5 mm. Various researchers conducted experimental work on 

thermosyphons, this included different shell and working fluid combinations. 

Namely, carbon steel and methanol, steel and water, carbon steel and Dowtherm 

[6,75,81,82,76], which showed good compatibility. Though, carbon steel and 

water compatibility was not covered in the literature. The shell side wall was taken 

as adiabatic as the entire TSHX was well-insulated during the experiments. The 

modelling was carried out at different mass flow rates and inlet temperatures on 

the exhaust side. The inlet conditions were chosen based on the available 

equipment such as heater and fan, to build the test rig in order to carry out the 

experimental validation which will be covered later in the thesis. On the 

condenser side, the inlet conditions were kept the same including both inlet mass 

flow rate and temperature. The inlet conditions on both evaporator and condenser 

are represented in Table 3.1. 

 

Table 3.1 – Inlet conditions on both evaporator and condenser. 

 Evaporator (air) Condenser (water) 

Temperature (°C) 100:50:250 15 

Mass flow rate (kg/s) 0.05:0.03:0.14 0.08 

 

3.1.2. Thermal resistance analogy 

In general, the thermal network consists of coupled thermal elements, each of 

which is characterised by a thermal resistance and a thermal capacitance. In 

systems involving a constant thermal conductivity and a negligible internal heat 

generation, steady state conditions can be considered. In this case, each thermal 

element can be reduced to a thermal resistance [83]. The thermal resistance 

network approach is an analogy that exists between the flow of electrical current 



METHODOLOGY 

46 
 

and the thermal resistance which can be represented by the ratio of the driving 

potential (temperature difference) to the transfer rate between two points 

separated by a distance 𝐿𝑒 . Equation (3.1) shows the thermal resistance which is 

derived from Fourier’s law for one dimensional thermal conduction through a 

homogeneous material.   

 
𝑞 = 𝑘𝐴

|𝑇1 − 𝑇2|

𝐿𝑒
=

|∆𝑇|

𝐿𝑒/𝑘𝐴
 ∴  𝑅 =

𝐿𝑒

𝑘𝐴
=

|∆𝑇|

𝑞
 (3.1) 

where 𝐿𝑒 is the effective length, 𝑞 represents the heat transfer rate, 𝑘 is the 

thermal conductivity, 𝐴 is the cross-sectional area of the material, 𝑅 is the thermal 

resistance and ∆𝑇 is the temperature difference.  

This method divides the TSHX system into different components where the 

various heat transfer modes can be applied, namely conduction, convection, 

condensation and boiling heat transfer. Depending on what mode of heat transfer 

is taking place in various components of the heat exchanger, the value of 𝑞 in 

equation (3.1) is calculated accordingly based on heat transfer correlations 

chosen from the literature. The TSHX under investigation consists of several 

thermal resistances compared to a conventional heat exchanger. This is due to 

the integration of thermosyphons within the heat exchanger design, which 

creates extra resistances due to the phase change mechanisms inside the 

thermosyphons. However, adding more thermal resistances does not necessarily 

induce a higher overall resistance, though, it is the way that those thermal 

resistances are arranged within the thermal network that matter. In the case of 

parallel resistances, the overall resistance will be lower. The integration of 

thermosyphons within the heat exchanger under investigation have created extra 

thermal resistances acting in parallel mode relative to the separation plate 

between the two fluid streams, hence reducing the overall thermal resistance 

which is an essential reason to introduce the heat pipe technology in heat 

exchangers.  The thermal network modelling approach was applied in order to 

evaluate the performance of the whole TSHX and has previously provided 

satisfactory results to many researchers [84,85].  
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Figure 3.4 – Flow pattern in the condenser. 
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Figure 3.5 – Resistance network, Case 3. 
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Convective heat transfer coefficient (Air-Wall) 

The major contributors for the overall thermal resistance within the TSHX are the 

convective resistances. Axial conduction and vapour pressure resistances were 

ignored during the analysis because of their negligible value. The thermal 

resistance of the entire TSHX system is schematically outlined in Figure 3.5 and 

Figure 3.7 for the three multi-pass configurations, where 𝑟𝑖𝑛 and 𝑟𝑜𝑢𝑡 represent 

the inner and outer radius of the thermosyphon, respectively. As hot air enters 

the heat exchanger, heat will be transferred by convection to the pipe’s outer 

surface in the first air pass. The same happens with the second and third air 

passes. In each air pass and as shown in Figure 3.4 and Figure 3.6, the air 

crosses two rows of three thermosyphons each, in a staggered arrangement 

(Figure 3.6). The convective contact area 𝐴𝑒 at the evaporator is the same for 

each air pass due to the same height of each pass (0.6m).  

In order to calculate the average heat transfer coefficient (HTC) for the entire tube 

bank on the evaporator side, the following correlation was proposed by 

Zukauskas [86] for external flow around tube banks of less than 20, which is used 

to calculate the Nusselt number: 

 
𝑁𝑢 = 𝐶1 × 𝐶2 × (𝑅𝑒𝐷,𝑚𝑎𝑥)

𝑚
× 𝑃𝑟0.36 × (

𝑃𝑟

𝑃𝑟𝑤
)

1/4

 (3.2) 

In equation (3.2), 𝑅𝑒𝐷,𝑚𝑎𝑥  is the maximum Reynolds number which occurs at the 

minimum area (𝐴𝑚𝑖𝑛) where the velocity is maximum (𝑈𝑚𝑎𝑥). 𝐶1 and 𝑚 are values 

dependent of the distance between the tube bank and, therefore, dependent on 

the maximum Reynolds number (Table 3.2). The subscript 𝑤 represents a 

property at the wall. 

The minimum area is located in the vicinity of the tube bank. Both 𝑅𝑒𝐷,𝑚𝑎𝑥 and 

𝑈𝑚𝑎𝑥 were calculated through equation (3.3): 

 
𝑅𝑒𝐷,𝑚𝑎𝑥 =

𝜌𝑎𝑖𝑟𝑈𝑚𝑎𝑥𝐷ℎ

𝜇𝑎𝑖𝑟
    𝑎𝑛𝑑    𝑈𝑚𝑎𝑥 =

�̇�𝑎𝑖𝑟

𝜌𝑎𝑖𝑟𝐴𝑚𝑖𝑛
 (3.3) 

where �̇�𝑎𝑖𝑟 is the mass flow rate of the air at each pass inlet, 𝐷ℎ is the hydraulic 

diameter of the air inlet, 𝜇𝑎𝑖𝑟 is the air dynamic viscosity and 𝜌𝑎𝑖𝑟 is the air density. 
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All the properties including Prandtl number, dynamic viscosity and density are 

evaluated at the film temperature. 

Table 3.2 – Constants for Equation (3.2)  for various Remax [86]. 

Configuration 𝑹𝒆𝒎𝒂𝒙 𝑪𝟏 𝒎 

Staggered 10— 102 0.90 0.40 

Staggered 102— 103 
Approximated as a single (isolated) 

cylinder 

Staggered (𝑺𝑻/

𝑺𝑳 < 𝟐) 
103— 2 × 105 0.35 × (

𝑆𝑇

𝑆𝐿
)

1/5

 0.60 

Staggered (𝑺𝑻/

𝑺𝑳 > 𝟐) 
103— 2 × 105 0.40 0.60 

Staggered 2 × 105— 2 × 106 0.022 0.84 

 

𝐶2 is a correction factor to be used for tube banks (𝑁𝐿) of 20 or less. The TSHX 

under investigation consists of 6 thermosyphons in a staggered arrangement; 

therefore, a corresponding correction factor value of 0.95 was selected as shown 

in Table 3.3. 

Table 3.3 – Corresponding correction factor C2 for different number of tubes (staggered)  [86]. 

𝑵𝑳 1 2 3 4 5 6 7 8 9 

𝑪𝟐 0.68 0.75 0.83 0.89 0.92 0.95 0.97 0.98 0.99 
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Figure 3.6 – Flow across the tube bank on the evaporator section (staggered). 

The resistance to convection heat transfer between the shell side fluid (air or 

water) and the pipe outer surface is listed in Table 3.6: equations (3.8) and (3.13).  

Convective heat transfer coefficient (Water-Wall) 

On the condenser shell side, forced convection heat transfer occurs between the 

pipe outer surface and the heat sink where heat is recovered by water. Figure 3.4 

shows the flow pattern of the water entering the condenser covering each 

thermosyphon one by one in an in-line configuration following a U-shaped 

passage. Therefore, the Zukauskas convection correlation for external flow was 

selected to calculate the Nusselt number for a single cylinder in a cross flow as it 

is applicable to this case.  

 

𝑁𝑢𝐷 = 𝐶 × 𝑅𝑒𝑚 × 𝑃𝑟𝑛 × (
𝑃𝑟

𝑃𝑟𝑤
)

1
4

𝑤ℎ𝑒𝑟𝑒, 0.7 ≤ 𝑃𝑟 ≤ 500 

 

(3.4) 

All the properties in equation (3.4) are evaluated at 𝑇∞ except for 𝑃𝑟𝑤 which 

should be evaluated at the wall temperature (𝑇𝑤). The exponent 𝑛 is a constant 

whose value depends on the Prandtl number (𝑛=0.37 for 𝑃𝑟 ≤ 10). The values of 

constants 𝐶 and 𝑚 in equation (3.4) depend on the turbulence of the fluid between 



METHODOLOGY 

51 
 

the tubes, whose values can be found in Table 3.4. Following the calculation of 

the shell side convective heat transfer coefficients, the resistance on the shell 

side evaporator and condenser was then calculated using equations (3.8) and 

(3.13), respectively. 

Table 3.4 – Values for constants C and m at various Reynolds numbers. 

𝑹𝒆 𝑪 𝒎 

𝟏— 𝟒𝟎 0.75 0.4 

𝟒𝟎— 𝟏𝟎𝟎𝟎 0.51 0.5 

𝟏𝟎−𝟑— 𝟐 × 𝟏𝟎𝟓 0.26 0.6 

𝟐 × 𝟏𝟎𝟓— 𝟏𝟎𝟔 0.076 0.7 

 

 

Conduction through the thermosyphon wall 

As hot air enters the heat exchanger in a cross flow configuration across the 

thermosyphons, the heat is transferred radially by conduction through each 

thermosyphon’s wall thickness where the resistance is calculated using equation 

(3.9). Axial conduction along the length of the thermosyphon was not taken into 

account due to its negligible value. 

Pool boiling heat transfer 

In case 1, where one air pass is applied across the six thermosyphons, a filling 

ratio of 100% is considered as the evaporator is completely full with water (Figure 

3.7). Therefore, the only mode of heat transfer that exists inside the evaporator 

is nucleate pool boiling. However, there are several boiling heat transfer 

correlations which were found in the literature and used by many researchers 

[70,78]. Such correlations include Rohsenow [84], Cooper [87] and Imura [88] 

which have shown reasonable accuracy.  

To achieve an accurate modelling of the TSHX, a careful selection of each mode 

of heat transfer correlation was necessary, more specifically the correlations used 

for pool boiling and film condensation. Therefore, an experimental evaluation of 

a single thermosyphon was carried out at different evaporator and condenser 
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inlet conditions. The heat transfer coefficient of different pool boiling correlations 

at different evaporator heat input and condenser water inlet flow rates were 

modelled theoretically and compared to experimental boiling heat transfer 

coefficients. One pool boiling correlation was chosen to carry out the modelling 

of the TSHX based on the best agreement achieved with the experimental boiling 

HTC for a range of heat fluxes tested. Table 3.5 lists the most common boiling 

heat transfer correlations used in thermosyphons for validation. 

Table 3.5 – Nucleate pool boiling heat transfer correlations. 

Rohsenow 

[84] 

ℎ𝑛𝑏 =
𝑞2/3

𝐶𝑠𝑓 × ℎ𝑓𝑔

𝑐𝑝,𝑓
× (

𝐿𝐵

ℎ𝑓𝑔 × 𝜇𝑓
)

0.33

× 𝑝𝑟1.7

 

       Where,  𝐿𝐵 = [
𝜎

𝑔(𝜌𝑓−𝜌𝑔)
]

1/2

is the bubble length scale 

(3.5) 

Cooper 

[87] 

ℎ𝑛𝑏 = 55 × 𝑝𝑟0.12−0.4343×ln (𝑅𝑝) × (− log10 𝑃𝑟) × 𝑀−0.5 × 𝑞0.67 
(3.6) 

Imura et 

al. [70] 
ℎ𝑛𝑏 = 0.32 (

𝜌𝑓
0.65 × 𝑘𝑓

0.3 × 𝑐𝑝,𝑓
0.7 × 𝑔0.2

𝜌𝑔
0.25 × ℎ𝑓𝑔

0.4 × 𝜇𝑙
0.1

) × (
𝑃𝑠𝑎𝑡

𝑃𝑎𝑡𝑚
)

0.3

× 𝑞0.4 (3.7) 

 

The subscripts 𝑙 and 𝑔 correspond respectively to the liquid and gas/vapour 

phases. 

In the Rohsenow correlation, equation (3.5), the coefficient 𝐶𝑠𝑓 and exponent 𝑛 

both rely on the surface-liquid combination. Vachon et al. [89] suggested using 

𝐶𝑠𝑓 = 0.0147 and 𝑛 = 1 for a combination of water and polished copper. As 

mentioned before, the thermosyphons are made of carbon steel and filled with 

water, no value of 𝐶𝑠𝑓 was investigated by previous researchers for such surface-

liquid combination whatsoever. Carrying out the experimental investigation of a 

single thermosyphon was beneficial to decide which pool boiling correlation 

performs accurately with such material and working fluid combination. In addition, 

a new value for 𝐶𝑠𝑓 was proposed which could be used in modelling 

thermosyphons with the same surface-liquid combination.  

Referring to Cooper, equation (3.6): 
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  𝑀 = 18.02 𝑔/𝑚𝑜𝑙, represents the molar mass of water 

𝑅𝑝 was suggested by Cooper [90] to be set to 1 𝜇𝑚 for undefined surfaces 

𝑃𝑟 =
𝑃𝑎𝑡𝑚

𝑃𝑐𝑟
  is the pressure ratio where  𝑃𝑐𝑟 = 220.93 𝑏𝑎𝑟 

Nucleate film boiling 

In cases 2 and 3 (Figure 3.5 and Figure 3.7), the evaporator length was increased 

by 0.6 m in each case, keeping the same amount of working fluid in each 

thermosyphon. The filling ratios in cases 2 and 3 are therefore 1/2 and 1/3, 

respectively. An extra mode of convective heat transfer is considered within the 

thermosyphons in the 2nd and 3rd air passes which is in parallel with the pool 

boiling mode. This mode of heat transfer takes place through the liquid 

condensate film returning to the evaporator pool, and is referred to as nucleate 

film boiling (see equation (3.11)).  
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Table 3.6 – Thermal resistance correlations. 

R
e
s

is
ta

n
c

e
 

Heat 

transfer 

mode 

Analytical/empirical 

 R
e
fe

re
n

c
e
s
 

𝑅
ℎ

,𝐴
𝑖𝑟

−
𝑊

𝑎
𝑙𝑙  

Air-Wall 

convection 

1

ℎ𝑐𝑜𝑛𝑣𝑒𝑐𝑡𝑖𝑜𝑛𝐴𝑒

 (3.8) [91] 

𝑅
𝑘

,𝑊
𝑎

𝑙𝑙  

Conduction 

across 

thermosyphon 

wall 

ln (
𝑟𝑜𝑢𝑡

𝑟𝑖𝑛
)

2𝜋𝑘𝐿
 

(3.9) [92] 

𝑅
ℎ

,𝑁
𝑃

𝐵
 

Nucleate pool 

boiling 

(Rohsenow) 

�̇�

𝐴
= 𝜇 ℎ𝑓𝑔 √

𝑔(𝜌𝐿 − 𝜌𝑣)

𝜎
 (

𝑐𝑝∆𝑇𝑏

ℎ𝑓𝑔𝐶𝑠𝑓

)

1
3

𝑃𝑟−
𝑛
3 (3.10) [93] 

𝑅
ℎ

,𝑁
𝐹

𝐵
 

Nucleate film 

boiling 

�̇�

𝐴
= (1.155 × 10−3)𝑁𝑢𝜇𝑓

0.33𝑃𝑟0.35𝐾𝑝
0.7 (

𝑞𝑒𝑙𝑚

𝜌𝑉ℎ𝑓𝑔𝑣𝑙

)

0.7
∆𝑇𝑏𝑘

𝑙𝑙

 (3.11) [94] 

𝑅
ℎ

,𝑁
𝐹

𝐶
 

Film 

condensation 
ℎ𝑚 = 0.943 × (

𝑘𝑙
3𝜌𝐿(𝜌𝐿 − 𝜌𝑉)𝑔ℎ𝑓𝑔

𝜇𝑙𝜃𝑙
)

1/4

 (3.12) [95] 
𝑅

ℎ
,𝑊

𝑎
𝑡𝑒

𝑟
−

𝑊
𝑎

𝑙𝑙  

Water-Wall 

convection 

1

ℎ𝑐𝑜𝑛𝑣𝑒𝑐𝑡𝑖𝑜𝑛𝐴𝑐

 (3.13) [91] 

 

Filmwise condensation 

The vapour inside the thermosyphon travels vertically towards the condenser 

section where, upon coming into contact with the inner pipe cold surface, it 

condenses back to liquid, releasing its latent heat, which will be absorbed by 

water surrounding the six thermosyphons. This mode of heat transfer is essential 

for a thermosyphon to complete its thermodynamic cycle.  
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During the condensation process, vapour condenses on a cold surface in two 

different ways depending on whether it wets the surface or not. If the liquid 

condensate wets the surface, the liquid forms a continuous liquid film and this is 

referred to as filmwise condensation. If the liquid condensate does not wet the 

surface, this eventually forms droplets of water and this is referred to as dropwise 

condensation. Despite the higher heat transfer coefficient obtained from dropwise 

condensation, long term dropwise condensation is difficult to maintain. The 

reason is that the material requires a special type of surface finish to promote this 

mode of condensation heat transfer. Today, all surface conditions are designed 

to operate in filmwise condensation [96]. For this investigation, filmwise 

condensation was considered, where the area averaged version of Nusselt’s 

theory was applied as it is very commonly used within the laminar regime for 

filmwise condensation on a vertical flat plate [97,95], equation (3.12). 

Thermal resistance and conductivity, 𝑘 

The thermal resistance in equation (3.14) is defined as the ratio of the 

temperature difference across a component 𝑖 to the corresponding rate of heat 

transfer. The application of the approach would identify which component within 

the HX system restricts the majority of the heat transfer and the design could be 

revised.  

 𝑅𝑖 =
∆𝑇𝑖

𝑄𝑖
 (3.14) 
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Figure 3.7 – Resistance network, Case 1 (left) and Case 2 (right). 

In the first case and referring to Figure 3.7, the internal resistance of one 

thermosyphon is calculated by the following equation: 

 𝑅𝑇𝑆 = (𝑅𝑘,𝑊𝑎𝑙𝑙 + 𝑅ℎ,𝑁𝑃𝐵)
𝑝𝑎𝑠𝑠1

+ (𝑅ℎ,𝑁𝐹𝐶 + 𝑅𝑘,𝑊𝑎𝑙𝑙)𝐶𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟
 (3.15) 

 

For the second and third cases, the internal resistance of one thermosyphon is 

presented in equations (3.16) and (3.17), respectively: 

𝑅𝑇𝑆 = ((
1

𝑅𝑘,𝑊𝑎𝑙𝑙 + 𝑅ℎ,𝑁𝑃𝐵

)
𝑝𝑎𝑠𝑠1

+ (
1

𝑅𝑘,𝑊𝑎𝑙𝑙 + 𝑅ℎ,𝑁𝐹𝐵

)
𝑝𝑎𝑠𝑠2

)

−1

+ (𝑅ℎ,𝑁𝐹𝐶 + 𝑅𝑘,𝑊𝑎𝑙𝑙)
𝐶𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟

 

(3.16) 

 

𝑅𝑇𝑆 = ((
1

𝑅𝑘,𝑊𝑎𝑙𝑙 + 𝑅ℎ,𝑁𝑃𝐵

)
𝑝𝑎𝑠𝑠1

+ (
1

𝑅𝑘,𝑊𝑎𝑙𝑙 + 𝑅ℎ,𝑁𝐹𝐵

)
𝑝𝑎𝑠𝑠2

+ (
1

𝑅𝑘,𝑊𝑎𝑙𝑙 + 𝑅ℎ,𝑁𝐹𝐵

)
𝑝𝑎𝑠𝑠3

)

−1

+ (𝑅ℎ,𝑁𝐹𝐶 + 𝑅𝑘,𝑊𝑎𝑙𝑙)
𝐶𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟

 

(3.17) 
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Assuming all the six thermosyphons have equal internal resistances, the above 

equations can be simplified as follows: 

 
1

𝑅6𝑇𝑃𝑠
= ∑

1

𝑅𝑖

6

𝑖=1

 (3.18) 

Adding more thermosyphons to the heat exchanger system will add extra 

resistances in a parallel configuration as can be seen from equation (3.19). 

Therefore, the internal and total resistance of the whole system will be reduced 

and more heat will be recovered, 

 𝑅6𝑇𝑆 =
𝑅𝑇𝑆

6
 (3.19) 

 

The total thermal resistance 𝑅𝑇𝑜𝑡𝑎𝑙 of the system is needed to calculate the overall 

heat transfer by adding the external convective heat transfer, giving a total 

thermal resistance for case 1 as follows: 

 𝑅𝑇𝑜𝑡𝑎𝑙 = 𝑅6𝑇𝑆 + 𝑅ℎ,𝐴𝑖𝑟,𝑊𝑎𝑙𝑙 + 𝑅ℎ,𝑊𝑎𝑡𝑒𝑟,𝑊𝑎𝑙𝑙  (3.20) 

For the second and the third cases, the resistance of the convective heat transfer 

in the second and third pass from the air to the pipe outer wall will also be added. 

The internal thermal resistance of a single thermosyphon (𝑅𝑇𝑆) is an essential 

parameter for the purpose of calculating the effective thermal conductivity of a 

thermosyphon. In the following chapter, the thermal conductivity will be calculated 

from equation (3.21) and used in ANSYS Fluent where it replaces the phase 

change heat transfer mechanisms inside the thermosyphon by pure conduction 

heat transfer, 

 𝑅𝑇𝑆 =
𝐿

𝑘𝐴𝑇𝑆
  ∴   𝑘 =

𝐿

𝑅𝑇𝑆𝐴𝑇𝑆
 (3.21) 

Equation (3.21) describes the parameters that relate the thermal conductivity 𝑘 

to the thermal resistance 𝑅𝑇𝑆, where 𝐿 is the length of the thermosyphon and 𝐴𝑇𝑆 

is its cross-sectional area. 
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3.2. CFD modelling 

The recent improvements in numerical techniques, more specifically related to 

the computational speed, has made Computational Fluid Dynamics (CFD) a 

quick and efficient tool to assess the fluid flow distribution, pressure drop and 

thermal analysis in various types of heat exchangers. This tool can be used to 

design heat exchangers from scratch or to suggest design modifications in the 

optimisation phase.  

In this study, a solution methodology using ANSYS Fluent (version 16.2) as a 

commercial CFD package was chosen to carry out the numerical analysis. 

ANSYS Fluent focused mainly on analysing the thermal behaviour of the shell-

side fluid, therefore computational heat transfer (CHT) or numerical heat transfer 

(NHT) is a more appropriate name for this analysis. 

Following the theoretical modelling described in the previous chapter, ANSYS 

Fluent was used as a CFD solver to simulate the designed heat exchanger to 

obtain a good prediction of the shell-side thermo-fluid behaviour of the air and 

water within the evaporator and condenser sections, respectively. The prediction 

was based on obtaining a localised solution of variables including temperature, 

velocity and pressure, moreover an adequate visualisation of variable fields in the 

domain which cannot be achieved through experiments. In order to carry out a 

detailed CFD model, a number of simplifications of the real heat exchanger have 

to be made. Those simplifications can save a large amount of computing power, 

memory and time, while still keeping the most relevant aspects of the physics of 

the problem. 
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Figure 3.8 – Schematic of ANSYS Fluent solution process. 

To simulate an industrial heat exchanger, Prithiviraj et al. [39] reported the need 

of at least 150 million elements within a model containing 500 tubes and 10 

baffles. Fadhl et al. [98] carried out a transient simulation of a two-dimensional 

CFD model of a small thermosyphon charged with water, 500mm in length. For 

an accurate simulation, they reported the use of a very small time step of 0.0005 

seconds as to catch the fine interface between liquid and vapour. Moreover, the 



METHODOLOGY 

60 
 

steady state condition was reached after 60 seconds. Speaking of an industrial 

size heat exchanger integrated with several heat pipes, the model would require 

an enormous amount of time to perform the simulation, which is not possible by 

using an ordinary computer. 

In the current project and to overcome the mentioned drawbacks by increasing 

the speed of the simulation modelling, many simplifications of the real DD-HX 

were considered. A smaller scale unit with a small number of thermosyphons was 

designed. Also, the two-phase heat transfer mechanisms within the 

thermosyphons were replaced by pure conduction where the thermal conductivity 

parameter was calculated from the resistance approach discussed in the 

previous chapter.   

The heat exchanger model was constructed in ANSYS Workbench 16.2. Figure 

3.8 shows a schematic diagram describing the process followed by ANSYS 

Fluent starting from building the model to generate and post-process the results 

which will be explained in the following sections. 

3.2.1. DesignModeler and mesh generation 

In order to predict the thermal behaviour of the shell-side fluids, the three cases 

were drawn in ANSYS DesignModeler (Figure 3.9). The first case was 

numerically modelled in the literature by Ramos et al [84], and represented a 

cross-flow configuration of the modelled TSHX system. The exact same 

dimensions used to build the theoretical model were applied for the numerical 

model, and were also be applied for experimental testing to achieve a fair 

validation.  

As it can be seen from the figure, a maximum of three passes around the 6 

thermosyphons were installed. There are two important limitations that restricted 

the number of passes on the evaporator shell-side. The first limitation comes from 

controlling the computational cost of the model as adding more passes increases 

the number of grid cells needed within the domain, hence increasing the 

computing cost. Another limitation arises from building the actual test rig during 

the experimental stage, as more passes require more materials and bigger 

equipment to overcome the higher pressure drop across the inlet and outlet of 

the evaporator shell-side, hence a higher running cost. As mentioned before, the 
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6 thermosyphons are represented as 6 solid rods during the numerical modelling, 

which can be seen as a dark colour mounted in a vertical position in Figure 3.9. 

It is also worth mentioning that both numerical and experimental tests were 

carried out in parallel. 

 

 

 

Figure 3.9 – Cases 1, 2 and 3 drawn in DesignModeler. 

  

Grid generation has a significant impact on the accuracy of the model and various 

considerations are taken into account when generating high quality CFD meshes. 

Following the construction of the three cases in DesignModeler, the models are 

then discretised in ANSYS meshing.  

In DesignModeler, each time a body is created it is placed in a new part. In Case 

3, for example, a total of 14 bodies were created giving a total of 14 new parts. 

Bodies include two elbows, 1st pass, 2nd pass, 3rd pass, six rods, condenser, 

condenser inlet and condenser outlet. All the 14 parts must be converted into a 

single part using the “Form New Part” command which is available in the ANSYS 

DesignModeler application and known as “multibody parts”. This step is 

important; otherwise each body will be meshed separately causing no connection 

between the bodies, hence causing inaccurate results or even errors. This can 

be shown in Figure 3.10 where the two bodies are connected with common mesh 

nodes at various locations around the interface. Appendix B shows another close-

up photo of the mesh connecting the rods and the surrounding fluid. This step 
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was also necessary as without it, two bodies of the same fluid will not be merged. 

In other words, air won’t flow from the first pass through the elbow as the two 

bodies will be separated by a virtual wall. 

 
Figure 3.10 – Close-up photo of the mesh connection between the elbow and pass 3. 

A grid analysis study was initially conducted in order to choose an optimised 

mesh to run the three different cases at various air inlet conditions. The analysis 

compared the results with experimental data to ensure an adequate number of 

elements while minimising computational cost and time. Simulations were run at 

different test conditions and mesh densities. Several mesh densities were tested, 

however, only three different densities were chosen for the analysis: coarse, 

medium and fine. The comparison between experimental and numerical results 

mainly focused on the evaporator and condenser outlet temperatures, i.e. air and 

water outlet temperatures. For comparison, one mesh density was chosen and 

applied to the three test cases and this was based on a grid analysis for the most 

complicated case, i.e. case 3. 
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Table 3.7 – Mesh parameters for case 3. 

 Coarse Medium Fine 

Relevance 0 50 100 

Nodes 650,472 1,600,751 2,328,476 

Elements 2,147,026 4,942,635 8,009,957 

Maximum skewness 0.88 0.89 0.84 

Average skewness 0.228 0.220 0.211 

Iteration per second 2-5 s 6-10 s 11-15 s 

 

As mentioned above, mesh refinement was conducted on the most complicated 

case (case 3) by changing the relevance value in the global mesh sizing control. 

Relevance is a useful parameter to achieve an automatic global refinement or 

coarsening of the mesh. The default value of the relevance is 0 and the value can 

be changed between -100 to +100, where the values of -100 and +100 

correspond respectively to a very coarse mesh and a very fine mesh. Three 

different mesh densities were chosen based on increasing the relevance value 

from 0 (coarse) to 100 (fine), where a relevance of 50 was considered as a 

medium size mesh. Table 3.7 shows the different parameters which were taken 

into account when analysing the mesh size and quality. It can be clearly noted 

that an increase of the relevance value increases the number of elements, 

simulation time and improves the quality of the mesh by reducing the skewness 

of the cells, where, an increase in the skewness can cause convergence issues 

during the simulation. The skewness was taken as a parameter to measure the 

quality of the mesh. Based on ANSYS meshing user guide [99], the skewness is 

a measure of how close a cell is from an ideal cell, where a skewness of zero and 

1 correspond to an equilateral and degenerate cell quality respectively (Table 

3.8).  
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Table 3.8 – List of skewness values with corresponding cell quality [99]. 

Value of Skewness Cell Quality 

1 Degenerate 

0.9 — <1 Bad 

0.75 — 0.9 Poor 

0.5 — 0.75 Fair 

0.25 — 0.5 Good 

>0 — 0.25 Excellent  

0 Equilateral  

 

According to ANSYS meshing user guide for 3D problems [99], the quality of most 

cells should be good or better, therefore a value of skewness less or equal to 0.5. 

Only a small percentage of cell quality should be fair and very few cells in the 

poor range. From looking at Figure 3.11, the skewness is plotted for the entire 

model, more specifically for case 3. Exactly what ANSYS meshing user guide 

suggested is applied to the current model, the majority of the cells clearly lie 

below 0.5, hence in the good cell quality range, followed by just a small 

percentage in the fair range and a very few cells have a poor quality. A photo of 

an automatic generated mesh with high skewness for case 3 is available in 

Appendix B. The photo shows a clear bad quality mesh as the skewness is very 

close to 1. 
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Figure 3.11 – Skewness graph for case 3, medium mesh size. 

The mesh generated was dominated by tetrahedral shaped elements located 

everywhere in the control volume except in the elbows and solid rods, which were 

dominated by hexahedral elements (Figure 3.12 and Figure 3.13).  
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Figure 3.12 – Medium mesh of the whole system (case 3). 

 

 

 

Figure 3.13 – Top view of the condenser: Coarse mesh (left) and fine mesh (right). 

 

In order to simulate the convective heat transfer between the fluids (air and water) 

and the solid rods accurately, an inflation layer consisting of three layers of 

elements was placed around the six solid rods (Figure 3.13). The presence of an 

inflation layer would increase the skewness of the mesh as it may cause a stair-
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step in the mesh. However, it leads to more accurate results as the critical regions 

in the domain are the solid-fluid interfaces; therefore a thin layer is needed to 

develop a smooth thermal boundary layer. 

3.2.2. Grid analysis 

Figure 3.14 to Figure 3.17 show the percentage error between CFD and 

experimental results for case 3, being the most complicated case. The analysis 

was conducted on two different air inlet conditions (150 and 250°C). The figures 

clearly show that the medium mesh and the fine mesh produce almost identical 

results, which demonstrates that increasing the number of elements beyond the 

medium mesh will just increase computational time and cost with no significant 

improvement in the accuracy of the results. Hence, the fine mesh was excluded 

from the analysis. The figures also illustrate that the coarse mesh has performed 

better, in terms of producing results closer to the experimental results, than the 

medium mesh. The coarse mesh, however, caused issues regarding 

convergence as the residuals showed a significant fluctuation for all the transport 

equations including continuity, energy and momentum. Based on the previous 

analysis, the medium mesh was chosen for all three cases for the rest of the 

simulations. Another characteristic can be deduced from the above results 

related to the signs of the errors. The positive values for air outlet temperatures 

indicate that the CFD over-predicts the air outlet temperatures. The heat 

exchanger wall was set to be 100% adiabatic during the simulations, which 

neglects any heat loss across the boundary, resulting in slightly elevated air outlet 

temperatures. 
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Figure 3.14 – Percentage error at 150°C for the 
air outlet temperatures (case 3). 

 

Figure 3.15 – Percentage error at 150°C for the 
water outlet temperatures (case 3). 

 

 

Figure 3.16 – Percentage error at 250°C for the 
air outlet temperatures (case 3). 

 

Figure 3.17 – Percentage error at 250°C for the 
water outlet temperatures (case 3). 

 

3.2.3.  Boundary conditions 

ANSYS Fluent offers a wide range of boundary conditions to be applied on inlets, 

outlets and walls of a particular physical model. In order to select the most 

appropriate boundary condition, a good understanding of the solution domain is 

essential and makes the choice of selection easier. Many variables should be 

taken into account when studying the solution domain; such variables include the 

behaviour of pressure, velocity, density and temperature.  
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Figure 3.18 – Inlet and outlet boundary conditions locations (case 3). 

The heat exchanger under investigation consists of two fluids: air (evaporator) 

and water (condenser). The density of both fluids was considered to be 

temperature-dependent as shown in Appendix A. The temperature change effect 

on density was small for air and even smaller for water due to the insignificant 

change in temperature between each inlet and outlet. The behaviour of the two 

fluids was then considered as incompressible. 

Table 3.9 shows the different boundary types and test conditions that were 

chosen for the simulation while Figure 3.18 shows the location zones. The mass 

flow rate was defined at both evaporator and condenser inlets, while the pressure 

was defined at both outlets. 

Referring to ANSYS Fluent user guide 16.2 [48], both mass flow inlet and velocity 

inlet boundary conditions are equally compatible with incompressible flow, 

although it was easier to deal with the mass flow rate. The velocity, however, can 

be calculated from equation (3.3) and applied as a boundary condition. 
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Table 3.9 – Boundary conditions. 

 
BC Type 

Mass Flow Inlet 

(kg/s) 

Inlet Temperature 

(°C) 

Air Inlet Mass flow inlet 
0.05 to 0.14 at 

increments of 0.03 

100 to 250 at 

increments of 50 

Air Outlet Pressure outlet — — 

Water Inlet Mass flow inlet 0.08 ≈15 

Water Outlet Pressure outlet — — 

 

On the other hand, a pressure outlet boundary condition type was applied on both 

air and water flow outlets. ANSYS Fluent user guide clearly describes every 

boundary condition and its limitations. For an unsteady flow with changing 

density, even if the flow is incompressible, it is advisable to use a pressure outlet 

[48] which is the case in the current model. The outflow boundary condition type 

was not considered at the outlet as it is mostly applicable for stable and fully 

developed flow, which is not the case in the model.  

Table 3.10 – Default settings for pressure outlet conditions. 

Gauge Pressure (Pa) 0 

Backflow Total temperature (K) 300 

Backflow Turbulent Intensity 5% 

Backflow Turbulent Viscosity Ratio (kg/m.s) 10 

 

The pressure outlet boundary condition relies on a few parameters shown in 

Table 3.10. The default values were considered due to insufficient information on 

the flow behaviour at the outlet boundary. The outlet backflow re-entering the 

computational domain is unknown, therefore, a direction vector normal to the 

outlet boundary was specified for the backflow direction specification method to 

avoid recirculation at the outlet, hence convergence difficulties will be minimised. 

On the evaporator (air) side, four different mass flow rates were considered: 0.05, 

0.08, 0.11 and 0.14 kg/s. For each mass flow rate, four different inlet 

temperatures were examined: 100, 150, 200 and 250°C, giving a total of 16 



METHODOLOGY 

71 
 

different combinations of mass flow rate and inlet temperature. On the condenser 

(water) side, only one mass flow rate and one inlet temperature were chosen, 

0.08 kg/s and 15°C respectively. In Fluent, the heat exchanger walls were set as 

adiabatic (�̇� = 0) and a no-slip condition was imposed on all walls. In the case of 

external flows, it is recommended that turbulence intensity and viscosity ratio 

should be specified at the inlet [100]. No information was available for the inlet 

turbulence intensity of either air or water flows, and therefore the default value of 

5% was chosen for both inlets.  

As mentioned before, the properties of both fluids (air and water) were treated as 

temperature-dependent. A simple user-defined function (UDF) was written in the 

C programming language (see Appendix A) and linked to Fluent to customise the 

properties of air and water. The UDF is used to update the density, dynamic 

viscosity and specific heat on each cell at every iteration based on the 

temperature change. This is important as it gives a more realistic visualisation of 

the velocity distribution as properties affect the convection heat transfer around 

the pipes. There are three arguments to 𝐷𝐸𝐹𝐼𝑁𝐸_𝑃𝑅𝑂𝑃𝐸𝑅𝑇𝑌: 𝑛𝑎𝑚𝑒, 𝑐 and 𝑡. The 

𝑛𝑎𝑚𝑒 is supplied, in this case, density, specific heat and dynamic viscosity. The 

other two arguments, 𝑐 and 𝑡 are variables known as cell and thread, respectively.  

The variables are passed by the solver (ANSYS Fluent) to the written UDF where 

only the 𝑟𝑒𝑎𝑙 properties are computed for a single cell then returned to the solver. 

3.2.4. Turbulence modelling 

Based on the combination chosen for air inlet mass flow rates and temperatures, 

and on the equations provided for external flow around a tube bank in a staggered 

arrangement (section 3.1.2), the Reynolds number was found to be in the range 

of 104, hence the flow is turbulent. 

According to the literature, the Reynolds-averaged Navier-Stokes (RANS) 

equations approach was chosen for this investigation to close the system of mean 

flow equations. Overall, RANS models are very well-known to be the most 

economic approach to solve complex industrial flow problems. The numerical 

modelling for this project focuses more on the shell-side convection heat transfer. 

For this reason, Large Eddy Simulation (LES) was not considered as it is more 

suitable for projects where the flow distribution and visualisation is more 
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important, thus requiring a denser mesh to catch the small eddies within the flow, 

which is computationally more expensive. The investigation of particulate fouling 

would be ideal for using such an approach if a high power computer is available. 

The three-dimensional Realizable 𝐾 − 𝜀 turbulence model was adopted by many 

researchers [84,101,102] to model the shell side heat transfer in various types of 

heat exchangers, and has provided satisfactory results. The Realizable 𝐾 − 𝜀 

was employed in this project for all the multi-pass configurations as it is suitable 

for cases where a model involves moderate swirl, vortices and flow separation 

without providing an accurate resolution of the boundary layer separation [103]. 

In addition, a pressure-based solver was chosen as it is more efficient in steady-

state simulations [84]. The residuals of all the transport equations were set to 10-

6 to give enough time for the simulation to reach a steady-state condition. In the 

solution methods, the SIMPLE algorithm scheme was chosen with satisfactory 

results (shown in section 4.2). 

3.2.5. Near-wall treatment and convergence 

The presence of walls within the domain significantly enhances turbulence. 

Moreover, the non-slip condition applied on the walls affects the mean velocity of 

the field, causing in return, higher turbulence. In the current project, air and water 

flow across the tube bundle of six cylindrical rods, through which heat transfer is 

taking place near the tubes’ wall region. To account for the wall effects in the 

region close to the wall, two approaches are available in Fluent for this modelling 

which are both considered as a near-wall treatment: wall function approach and 

near-wall model approach. 

The region near the wall can be subdivided into three layers: viscous sublayer, 

buffer and fully turbulent layer. The viscous sublayer region, also known as the 

laminar region, is the first layer closest to the wall. Since a no-slip condition is 

imposed on the wall, the turbulent stresses vanish which makes the viscous 

stresses dominant in that region. This region greatly affects both momentum and 

heat transfer. 

In the outer region, the flow is fully turbulent and unaffected by the viscosity near 

the wall. Lastly, the region between the viscous sublayer and outer layer is known 
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as the buffer layer where both fluid viscosity and turbulence are evenly 

contributing (Figure 3.19). 

A dimensionless distance known as 𝑦+, normal to the wall, is used as a parameter 

to indicate the distance at which a certain layer is located from the wall, and 

defined as, 

 
𝑦+ =

𝜌𝑓𝑢𝜏𝑦

𝜇𝑓
       where,  𝑢𝜏 = √

𝜏𝑤𝑎𝑙𝑙

𝜌𝑓
 (3.22) 

 

where 𝑦 is the first cell height away from the wall which is 0.6 mm as the first layer 

thickness for the inflation layer was set to that value.  𝑢𝜏 is the friction velocity 

and 𝜏𝑤𝑎𝑙𝑙 is the wall shear stress which is affected by the velocity of the fluid near 

the wall. The subscript 𝑓 refers to the fluid, which is air and water on the 

evaporator and condenser shell side, respectively. The calculation of 𝑦+ is 

however not required as it is available in ANSYS Fluent.   

 

Figure 3.19 – Near-wall region [47]. 
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Depending on the type of problem and the accuracy needed, the near wall region 

can be resolved using either a near-wall model approach or a wall function. Both 

approaches are available with the 𝐾 − 𝜀 turbulence model.  

The near-wall model approach, such as “Enhanced wall treatment”, operates by 

modifying the turbulence model which allows resolving the complete near-wall 

region, including the viscosity-affected region all the way down to the wall. This 

approach requires a very fine mesh near the wall to achieve a good resolution of 

the boundary layer. 

The wall function approach avoids modifying the chosen turbulence model and 

does not resolve the viscosity-affected region near the wall (viscous and buffer 

layer), instead, wall functions are used to link the viscosity-affected region 

between the wall with the fully turbulent region. Both approaches are 

schematically shown in Figure 3.20. 

 

Figure 3.20 – Near-wall treatment [47]. 

In the current project, the near-wall model approach is not necessary as a 

detailed study of the boundary layer development near the tube bundle is 

desirable but not essential, in addition to limiting computational power and time. 

Moreover, the focus of the project is to use ANSYS Fluent as a tool to develop a 

validated model to be used in future heat exchanger systems. Hence, the wall 

function approach was implemented. 

In general, and based on the literature, all the research that has been dedicated 

to numerical modelling of multi-pass heat exchangers (i.e. STHXs) in ANSYS 
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Fluent, have used the standard wall function to model the near-wall region, 

although the choice of such near-wall treatment was not well justified and other 

wall functions don’t seem to have been used. Referring to ANSYS Fluent user 

and theory guide [48,47], the scalable wall function is in general more 

recommended than the standard wall function. Although the shortcoming of all 

wall functions due to the deterioration of the numerical results if the near wall 

region is under refined, the scalable wall function was exceptional.  

The value of 𝑦+ relies on the overall Reynolds number. In general, a 𝑦+ value of 

less than 15 near the wall usually results in causing errors in wall shear stress 

and wall heat transfer. Except for the scalable wall function, such errors cause a 

deterioration of the wall function used, hence decreasing the accuracy of the 

results. Hence, a  𝑦+ value of about 15 has been taken as a lower limit. For a 

coarser mesh of 𝑦+ greater than 11, both standard and scalable wall functions 

have identical effect [47]. 

 

Figure 3.21 – y-plus value on the first cell near the 6 solid rods (case 2, 150°C, 0.14 kg/s). 

  

As it can be seen from Figure 3.21, the value of y-plus was plotted in ANSYS 

Fluent around each pipe for case 2 using standard wall function. The y-plus value 

is calculated at the closest node to the pipe wall, more specifically, at a distance 

of 0.6 mm which is the value specified for the first layer thickness in the inflation 

layer. The figure shows that all the y-plus values fall below 15. Hence, the use of 

the scalable wall function.  
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There are several things to take into consideration when checking the reliability 

of a model. Obviously, what mainly needs to be taken into account is how close 

the numerical and experimental are. Besides that, other parameters should be 

looked at to gain an understanding of the fluid flow and thermal behaviour inside 

the model. Such parameters include the total heat transfer rate, which can be 

used as an indication of the energy balance of the system 

 

  

Figure 3.22 – Total heat transfer for: Standard wall function (left) and Scalable wall function (right), 
(case 2, 150°C, 0.014kg/s). 

A comparison was made between the total heat transfer rates between the two 

wall functions: standard and scalable. This is shown in Figure 3.22 and computed 

by the following formula: 

 𝑄𝑡𝑜𝑡𝑎𝑙 = 𝑄𝑐𝑜𝑛𝑣𝑒𝑐𝑡𝑖𝑜𝑛 + 𝑄𝑐𝑜𝑛𝑑𝑢𝑐𝑡𝑖𝑜𝑛 + 𝑄𝑟𝑎𝑑𝑖𝑎𝑡𝑖𝑜𝑛       (3.23) 

 

where radiation heat transfer was not taken into consideration. Depending on the 

specified boundary condition, the convection heat transfer is then calculated, 
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where 25°C is taken as the reference temperature. The conduction heat transfer 

through the cylindrical rods will be explained in more detail in section 4.2.4. In 

general, the conduction heat transfer is calculated by the product of the thermal 

conductivity of the material along with the dot product of both temperature 

gradient and the projected area through which the heat is flowing. 

Ideally, and based on the energy balance equation, the net heat result of the total 

heat transfer of any system should be zero. The total heat transfer rate of the 

system using the standard wall function is shown in Figure 3.22 as 1324.88 W, 

whereas the value is 193 W when using the scalable wall function. This indicates 

lower heat losses achieved when using the scalable rather than the standard wall 

function. A possible reason could be due to the inaccurate prediction of the near 

wall region under the standard wall function, because of the low value of  𝑦+.  

Convergence 

There is no universal method for judging the convergence of results. Different 

inlet conditions and cases converged at different times and residual levels than 

was expected. Convergence mainly depends on the size of the case and the 

initial guess of the flow field. Based on ANSYS Fluent user guide [48], it is noted 

that the convergence should be judged on both value and behaviour. A 

continuous decrease or maintaining a low residual is desirable for several 

iterations before assuming that a solution is converged. In general, the default 

convergence criterion in ANSYS Fluent is sufficient in most cases, however it is 

advisable to let the criterion be as low as 10-6 for the energy equation and 10-3 for 

the other variables.   

In all the modelled cases, it was observed that the more passes on the 

evaporator, the longer time the model took to converge. As mentioned before, all 

the criteria in the residuals were set to 10-6 to give all the cases sufficient time to 

reach a steady state condition. In some cases and inlet conditions, the criterion 

was inappropriately chosen which gave the opportunity to look for other sources 

to judge the convergence. To ensure that all the cases achieved a converged 

solution, a few parameters were analysed in more detail. The temperatures on 

both evaporator and condenser outlets were plotted at the end of each iteration 

and displayed to observe their behaviour. As both outlet temperatures reached a 
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constant value, this implied that both conductive and convective heat transfer 

inside the model have reached a steady state condition. This was a good 

indication that the system achieved a converged solution. Another parameter that 

was kept under observation is the scaled residuals, i.e. continuity, velocity, 

energy, etc. Some inlet conditions converged before reaching the defined scaled 

residual of 10-6, but as long as the residuals are decaying to a small value then 

levelling out, a solution was considered to be converged. 

For all cases, the maximum number of iteration was set to 5000 to provide 

sufficient time for convergence. The scaled residuals were observed to ensure a 

smooth decrease is maintained throughout the simulation, as in steady flows, 

fluctuating residuals should be avoided. 

3.3. Experimental methodology 

Following the theoretical and CFD modelling of the designed multi-pass heat 

exchanger, essential experimental validation was carried out in order to achieve 

a validated CFD model. The test rig was manufactured at Econotherm (UK) Ltd. 

(Bridgend, Wales), a company specialised in manufacturing waste heat recovery 

systems integrated with heat pipe technology. Ramos et al. [84] carried out the 

experimental work of the cross-flow configuration (case 1) of the thermosyphon 

heat exchanger (TSHX). The test rig was then updated into two and three pass 

configurations for the investigation. 

3.3.1. Single thermosyphon 

3.3.1.1. Test rig 

To ensure the correct correlations are used for the theoretical modelling of the 

system, it was important to characterise the thermal performance of an individual 

thermosyphon. This was done by operating the thermosyphon under different 

inlet conditions and parameters that have an effect on thermal performance. 

The tested thermosyphon was the same as the ones that were installed in the 

multi-pass heat exchanger. The thermosyphon consisted of a 2m long carbon 

steel tube with an outer diameter of 28mm and a wall thickness of 2.5mm. The 

rest of the parameters are listed in Table 3.11.  
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Table 3.11 – Design summary of the thermosyphon. 

Parameters  

Wall material Carbon-steel 

Outer diameter (mm) 28 

Wall thickness (mm) 2.5 

Total length (m) 2 

Evaporator length (m) 1 

Adiabatic length (mm) 800 

Condenser Length (mm) 200 

Filling ratio=  
𝑉𝑓𝑙𝑢𝑖𝑑

𝑉𝑒𝑣𝑎𝑝𝑜𝑟𝑎𝑡𝑜𝑟
  (%) 50 

 

  

Figure 3.23 – Single thermosyphon, uninsulated (Left) and insulated (Right). 

 

Figure 3.24 shows a schematic diagram of the experimental apparatus used in 

this investigation. The test rig consisted of a thermosyphon, heater, measuring 
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instruments and cooling water circuit. Three rope heaters of 500 W each were 

wrapped around the thermosyphon covering the total evaporator section of 1m in 

length, leaving the adiabatic section with a length of 800 mm.  A Rockwool 

insulation type was placed around the thermosyphon outer wall where it was 

wrapped with a thermal insulation foil as shown in Figure 3.23. The insulation 

increased the thermal resistance to convection heat transfer, hence reducing the 

heat loss to surroundings.  

 

Figure 3.24 – Schematic diagram of the tested thermosyphon. 

 

3.3.1.2. Filling ratio (FR) 

The thermal performance of a thermosyphon is significantly affected by various 

parameters including the geometry, thermal and hydrodynamic properties of the 

working fluid, vapour temperature and pressure, inclination angle and mostly 

filling ratio [104]. The filling ratio of a thermosyphon represents the ratio of the 

volume of working fluid added to the volume of the evaporator section. 

In order to design a thermosyphon, it is important to choose a suitable filling ratio 

that maximises the amount of heat transfer, while avoiding limitations including 

the dryout of the liquid film. This introduces the term ‘optimum filling ratio’. This 

term is described as the minimum amount of working fluid (or filling ratio) needed 
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to achieve a complete continuous circulation of the vapour and liquid film within 

the thermosyphon for a specific heat input. Normally, an increase of the 

evaporator temperature causes the dryout phenomenom. This problem can be 

tackled by increasing the filling ratio at the evaporator. Compared to an optimum 

filling condition, the addition of more working fluid follows an increase in the 

thermal resistance as observed by Jouhara et al. [70]. 

Since the heat transfer coefficient (HTC) of the liquid film is significantly higher 

than that of the liquid pool, having a filling ratio above the optimum would 

decrease the liquid film length as the liquid pool height increases, hence 

decreasing the performance of the thermosyphon. 

In general, more than 25% filling ratio is necessary in order to obtain a high heat 

transfer rate [105]. Naresh et al. [67] experimentally investigated the thermal 

performance of an internally finned thermosyphon. The thermosyphon was 

charged with water or acetone for three different filling ratios, 20, 50 and 80%. 

The test was carried out for power inputs between 50 and 275 W. Results showed 

that the 50% filling ratio was found to be the optimum. Paramatthanuwat et al. 

[106] also confirmed that a filling ratio of around 50% is considered as optimum 

and enhances the heat transfer rate. 

During the charging process, and to compensate the amount of fluid that will be 

evaporated, an extra 10% of the volume was always added to obtain the correct 

filling ratio. A total amount of 230ml was injected inside each thermosyphon. This 

amount filled half of the evaporator section, giving a filling ratio of 50%. This filling 

ratio allowed the investigation of both nucleate pool and film boiling heat transfer 

mechanisms, as under a 100% filling ratio, a thermosyphon operates in a pool 

boiling condition, hence eliminating the nucleate film boiling heat transfer regime.  

Based on the literature, a filling ratio of 50% was applied for all tests in order to 

avoid some limitations such as dry-out and Geyser boiling phenomena in the 

experiments, as these phenomena occur at a small or large filling ratio, 

respectively.  
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3.3.1.3. Working fluid selection 

The selection of the working fluid was mainly based on the fluid availability, cost, 

heat input and compatibility with the pipe material. Four different fluids were 

tested, namely water, acetone, ethanol and toluene. For each test, the same 

amount of fluid was injected in the thermosyphon for a fair comparison with other 

working fluids. 

Naresh et al. [67] experimentally investigated the thermal performance of a 

thermosyphon filled with two different working fluids, water or acetone. At lower 

heat input (175 W), acetone was found to perform better than water, this was due 

to the lower saturation temperature of the acetone. However, water performed 

better at higher power input where acetone undergoes dryout. 

In the thermosyphon and in the absence of the wicking limit, the temperature drop 

may be significant. To control the issue, a good selection of the working fluid is 

important to minimise this temperature drop. A figure of merit is a scale introduced 

for thermosyphons to indicate the performance of the working fluid based on the 

number calculated from the following equation: 

 
𝐹𝑂𝑀 = (

ℎ𝑓𝑔 × 𝑘𝑙 × 𝜌𝑙

𝜇𝑙
)

0.25

=
𝑃𝑜𝑠𝑖𝑡𝑖𝑣𝑒 𝑒𝑓𝑓𝑒𝑐𝑡

𝑁𝑒𝑔𝑎𝑡𝑖𝑣𝑒 𝑒𝑓𝑓𝑒𝑐𝑡
 (3.24) 

The numerator represents all the properties of a specific fluid that have a positive 

effect on thermal performance, where the denominator represents an opposite 

effect  

where 𝑘𝑙 is the thermal conductivity, 𝜇𝑙 is the dynamic viscosity and ℎ𝑓𝑔 is the 

latent heat of vaporisation of the fluid. 

For optimum performance of the thermosyphon, the value of the figure of merit 

(FOM) should be maximised. It is good to note that the value of the FOM is 

relatively insensitive to the temperature, i.e for water, this number stays above 

4000 for a temperature range of 0.01°C to 350°C [107]. 
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Table 3.12 – Maximum TPCT figure of merit values for selected fluids [107]. 

Fluid Temperature (°C) FOMmax  (𝒌𝒈/𝑲𝟎.𝟕𝟓𝒔𝟐.𝟓) 

Water 180 7542 

Ammonia -40 4790 

Methanol 145 1948 

Acetone 0 1460 

Toluene 50 1055 

Table 3.12 illustrates the maximum FOM value at various temperatures for 

different working fluids. This table gives an idea of the range of FOM number for 

the tested working fluids.  

Table 3.13 – FOM for the tested fluids at 25°C. 

Tested fluid FOM (𝒌𝒈/𝑲𝟎.𝟕𝟓𝒔𝟐.𝟓) 

Water 4960.75 

Acetone 1557.54 

Ethanol 1242.22 

Toluene 1133.65 

 

Table 3.13 contains the calculated FOM for the four tested working fluids. The 

FOM was calculated based on a reference temperature of 25°C. It can be clearly 

seen that water outperforms all other working fluids based on its figure of merit. 

This will also be confirmed from the results shown in the following chapter. 

3.3.1.4. Condenser 

The tested thermosyphon was sealed at the bottom and a vacuum valve installed 

at the top of the condenser section (see Figure 3.25). The valve is there to fill the 

tube with the working fluid as well as eliminating any non-condensable gases 

each time a different test is carried out. A complete extraction of non-condensable 

gases was achieved by purging. The accumulation of non-condensable gases at 

the top of the thermosyphon decreases the effective length of the condenser 

which, in return, reduces the amount of the heat recovered, hence reducing the 

performance of the thermosyphon. 
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The condenser section of the tested pipe consisted of a 200mm length concentric 

tube acting as a cooling water jacket around the top section of the pipe. The inside 

wall water jacket design consisted of a helical path (Figure 3.26) to create a good 

mixing of the water flow and increase the contact surface area, hence enhancing 

the convective heat transfer coefficient. The fin height, thickness and pitch are 

10, 1 and 5 mm, respectively (Table 3.14).  The helical condenser was eliminated 

once the heat pipe was installed within the multi-pass heat exchanger. 

 

Figure 3.25 – Top-view of the thermosyphon. 
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Figure 3.26 – Helical condenser. 

 

Table 3.14 – Helical condenser dimensions. 

Parameters Dimensions (mm) 

Fin pitch 5 

Fin thickness 1 

Fin height 10 

Tube length 200 

Finned tube length 160 

3.3.1.5. Instrumentation and operations 

As previously mentioned, Figure 3.24 shows a schematic diagram of the 

experimentally tested thermosyphon, including both hot and cold circuits. As can 

be seen from the hot circuit, a variac (Figure 3.27) was connected in parallel to a 

voltmeter (Figure 3.27), while connected in series to an ammeter (Figure 3.27). 

The variac was there to control the power supplied by the heaters. 
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Figure 3.27 – variac (left), ammeter and voltmeter (right). 

On the other hand, the cold circuit for the condenser consisted of water at ambient 

temperature ≈15°C coming from the tank, flowing in a 13mm hose through the 

flow-meter where the flow rate was controlled and measured using an Omega 

FTB370 series turbine flow sensor connected to a 6-digit ratemeter for data 

display (see Figure 3.28). Thereafter, the water entered the condenser in a helical 

passage around the pipe and exited from the top, where the water was drained. 

  

Figure 3.28 – Turbine flow sensor (left), ratemeter (right). 

A total of 6 K-type thermocouples were installed at various locations along the 

outer wall of the thermosyphon to measure the temperature distribution. Three 

thermocouples were installed on the evaporator section as shown in Figure 3.24; 

this would give sufficient data on the boiling regime. One thermocouple was 

installed on the adiabatic section, this thermocouple was important in giving an 
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indication of the saturation temperature of the pipe. Figure 3.29 shows how a 

thermocouple was installed on the thermosyphon surface. It can be clearly seen 

that the thermocouple’s head was installed in a small drilled hole half-way through 

the thickness of the pipe. This ensured an accurate reading of the wall 

temperature as it will be less affected by the heaters surrounding the 

thermocouples. The two remaining thermocouples were installed on the 

condenser, more specifically, at the water inlet and outlet of the heat sink. 

The thermocouples were connected to a data logging station which recorded and 

stored the wall temperature on a personal computer for a certain duration of time. 

The data-logger was set to log the thermocouple readings every second over a 

time span of 25 minutes for each evaporator heat input and condenser mass flow 

rate combination. This duration of time was enough for all the thermocouple 

readings to reach a steady state condition where no change in temperatures took 

place at a specific location.  

 

 

Figure 3.29 – Thermocouple/surface contact. 
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Experimentally, an accurate measurement of the evaporator and condenser 

temperatures is essential for an accurate determination of the thermal 

performance of the thermosyphon. After recording the thermocouple readings, 

characterising the thermosyphon temperatures becomes a relatively simple task. 

This is done by averaging the temperature of each thermocouple along each 

section. Although the thermosyphon was completely insulated by rockwool 

insulation material to reduce the heat loss by convection to the surroundings, heat 

losses were still possible. This made it somehow a more difficult task to 

accurately characterise the thermal power transfer (𝑄𝑖𝑛) for the thermosyphon. 

Therefore, and in order to gain confidence in the measured value of 𝑄𝑖𝑛 supplied 

by the heaters, an energy balance approach was performed. This approach 

compared the electrical power supplied to the evaporator and the heat recovered 

from the condenser through the cooling water.   

The power supplied by the heaters to the evaporator was calculated by 

measuring both current and voltage, then multiplying them with each other as 

shown in equation (3.25) 

 𝑄𝑖𝑛 = 𝑉 × 𝐼 (3.25) 

where 𝑉 is the voltage and 𝐼 is the current. 

On the condenser side, the heat was extracted by the cooling water and 

measured by performing a heat balance equation such that: 

 𝑄𝑜𝑢𝑡 = �̇� × 𝑐𝑝 × (𝑇𝑜𝑢𝑡 − 𝑇𝑖𝑛) (3.26) 

where �̇� is the mass flow rate of the water entering the condenser measured by 

the flowmeter, 𝑐𝑝 is the specific heat at constant pressure and (𝑇𝑜𝑢𝑡 − 𝑇𝑖𝑛) is the 

temperature difference between the inlet and outlet of the condenser. 

3.3.1.6. Test plan 

Two tests were carried out for the single thermosyphon: the first test (Test 1) was 

conducted at Econotherm (UK) Ltd. with the second one (Test 2) at the Centre of 

Sustainable Energy Use in Food Chains (CSEF), Brunel University London. 

Test 1 was carried out to choose an optimum working fluid for the thermosyphon. 

Based on available working fluids, the thermosyphon was charged each time with 
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a different working fluid. As previously mentioned, four different working fluids 

were tested: Water, Ethanol, Acetone and Toluene. Different fluids have different 

thermophysical properties and therefore different rates of heat transfer.  

Table 3.15 – Test 1 plan for the single thermosyphon. 

 160 V 195 V 230 V 

0.0125 kg/s 
0.0125 kg/s & 160 

V 

0.0125 kg/s & 195 

V 

0.0125 kg/s & 230 

V 

0.025 kg/s 
0.025 kg/s & 160 

V 
0.025 kg/s & 195 V 

0.025 kg/s & 230 

V 

0.05 kg/s 0.05 kg/s & 160 V 0.05 kg/s & 195 V 0.05 kg/s & 230 V 

 

Table 3.15 shows the different combinations of evaporator heat input and 

condenser mass flow rate. A total of 9 tests were carried out for each fluid. The 

three different voltage sizes 160, 195 and 230 correspond respectively to a power 

of 600, 900 and 1300 W. on the condenser side, the water entering the condenser 

was varied between a small, medium and a maximum mass flow rate, 

respectively 0.01, 0.025 and 0.05 kg/s. 

Table 3.16 – Test 2 plan for the single thermosyphon. 

 100 V 150 V 200 V 

0.03 kg/s 0.03 kg/s & 100 V 0.03 kg/s & 150 V 0.03 kg/s & 200 V 

0.06 kg/s 0.06 kg/s & 100 V 0.06 kg/s & 150 V 0.06 kg/s & 200 V 

0.09 kg/s 0.09 kg/s & 100 V 0.09 kg/s & 150 V 0.09 kg/s & 200 V 

 

The second test (Test 2) was conducted to characterise the behaviour of water 

as the working fluid and to assess the compatibility between water and carbon-

steel. Such a combination was not covered in the literature. Due to the limited 

budget available to cover a longer stay at Econotherm (UK) Ltd., test 2 was 

carried out in the CSEF laboratory at Brunel University.  

Table 3.16 shows the different inlet conditions that were tested while carrying out 

the single thermosyphon experiment with water being the working fluid. The 

heaters were controlled by the variac where the voltage was changed from 100 
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to 200V at 50V increments. The mass flow rate of the water going through the 

condenser was controlled by a valve where the mass flow rate was changed from 

0.03 to 0.09 at 0.03 kg/s increment, giving a total of 9 combinations of the tested 

inlet conditions. 

3.3.2.   Multi-pass test rig 

The heat exchanger under investigation consisted of six thermosyphons installed 

vertically and arranged in two rows, each with three thermosyphons. The 

thermosyphon bundle was in a staggered arrangement on the evaporator (air) 

side and in an in-line arrangement on the condenser (water) side. As mentioned 

before, the unit under study was built by Econotherm (UK) Ltd., a small scale 

version of a real shell-and-tube heat exchanger with a Disk-and-Doughnut baffle 

arrangement currently on the market.  

Prior to filling and sealing the thermosyphons, the six carbon steel 

thermosyphons went through a vigorous internal surface modification to enable 

the compatibility of carbon steel with water as the working fluid. The process that 

was done on the pipe internal wall is referred to as passivation and is well 

described by Reay et al. [108] where the oxidation on the inside surface of the 

pipe was achieved with superheated steam vapour during the charging process. 

The passivation process prevented the chemical interaction between the carbon 

steel wall and the water that undergoes continuous boiling/condensation cycles 

during operation, and ensured a prolonged operating life of the carbon steel 

thermosyphon. 

As previously mentioned, the unit was manufactured with the same dimensions 

as were modelled theoretically. The TSHX was 2 m in length and each air pass 

covered 600 mm of the total length of the thermosyphons. A maximum of three 

air passes could be installed on the shell-side of the heat exchanger, giving a 

total length of 1.8 m for the evaporator and 200 mm for the condenser section. 

The thermosyphons had the same length as the TSHX and had an outside 

diameter of 28 mm and a wall thickness of 2.5 mm. The same amount of working 

fluid (water) was injected into each thermosyphon during the charging process, 

filling each thermosyphon to a height of 600 mm giving a total volume of 250 ml. 

Two different multi-pass configurations of the unit were tested as follows: 
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 Case 2, two air passes 

 Case 3, three air passes 

 

The thermosyphon condenser sections were installed in a U-shaped (2-pass) 

flow passage (Figure 3.30), where the purple arrow indicates the water flow 

direction. 

 

Figure 3.30 – Top view U-shaped condenser. 

Figure 3.31 shows the three different configurations of the test unit at Econotherm 

(UK) Ltd. The air flow in each case is indicated by a black arrow. The TSHX under 

investigation was well insulated to minimise heat loss in order to achieve, to a 

reasonable extent, the boundary conditions assumed during the numerical 

modelling, where external walls were taken to be adiabatic. 

   

Figure 3.31 – One, two and three air passes (left to right). 



METHODOLOGY 

92 
 

3.3.2.1. Operational procedure 

The TSHX operated between two different fluid circuits, namely a hot air circuit 

and a cold water circuit.  In Figure 3.32, the hot side is represented by solid lines 

while the cold side in shown by dashed lines. The air flow was generated by a 

variable frequency fan and four different flow rates were considered: 10, 20, 30 

and 40 HZ corresponding to 0.05, 0.08, 0.11 and 0.14 kg/s, respectively. During 

the analysis of the test results, it was observed that the results at both extremes, 

50 and 300°C, showed inconsistency compared to other inlet conditions. This 

was due to the instability of the boiling regime at a very low and a very high 

evaporator inlet temperature. For this reason, the conditions mentioned were 

excluded from the analysis.  

 

Figure 3.32 – Air (evaporator) and water (condenser) circuit. 

The fan blew the air into the heater, where its temperature was controlled by a 

thermocouple feedback loop. The temperature of the hot air entering the HX was 

varied between 50°C and 300°C in steps of 50°C (Table 3.17). The air was then 

forced to enter the shell-side first air pass, flowing across the staggered tube 

bundle where heat was absorbed by the thermosyphons. Passes were connected 

by elbows, directing the air flow externally in U-shaped passages, with the hot air 

crossing the tube bundle once in each pass. Finally, the hot air exited the HX and 

returned to the fan in a closed loop circuit. Table 3.17 represents all the different 
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combinations, 16 in total, of air inlet flow rates and temperatures that have been 

conducted during the test.  

 

 

 

 

Table 3.17 – Test plan for the TSHX for all cases. 

 10 HZ 20 HZ 30 HZ 40 HZ 

50°C     

100°C 
10HZ & 

100°C 

20HZ & 

100°C 

30HZ & 

100°C 

40HZ & 

100°C 

150°C 
10HZ & 

150°C 

20HZ & 

150°C 

30HZ & 

150°C 

10HZ & 

150°C 

200°C 
10HZ & 

200°C 

20HZ & 

200°C 

30HZ & 

200°C 

10HZ & 

200°C 

250°C 
10HZ & 

250°C 

20HZ & 

250°C 

30HZ & 

250°C 

10HZ & 

250°C 

300°C     

 

Water was the fluid medium on the condenser side used to recover the heat 

absorbed by the evaporator section. Water was initially located in a tank at an 

ambient temperature of approximately 15°C and then pumped through a flow 

meter before flowing at a rate of 0.08 kg/s around the thermosyphons, one by 

one in an in-line configuration (Figure 3.30). 
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Figure 3.33 – Thermocouple locations (each red dot represents a K-type thermocouple). 

A total of 22 K-type thermocouples were installed at various locations across the 

test unit, at the inlet and outlet of each air pass and at the inlet and outlet of the 

cooling water (Figure 3.33). Thermocouples were also brazed on the outer 

surface of the thermosyphons in each air pass (Figure 3.34). 

 

Figure 3.34 – Brazed thermocouple on thermosyphon outer wall. 



METHODOLOGY 

95 
 

3.3.3. Uncertainty analysis 

No physical quantity can be measured with certainty, and measurements always 

contain errors. Such errors can propagate through an experimental procedure 

due to many factors mainly human error, equipment usage and inaccurate 

experiment set-up. 

The thermocouples were most likely the main source of errors in the experiment 

conducted. An uncertainty study was carried out to investigate the error 

propagation on the heat recovered by the condenser at the two extreme air inlet 

temperatures (100°C and 250°C) for the multi-pass. The uncertainty in the heat 

transfer recovered in the condenser was calculated using equations (3.27) and 

(3.28), where the uncertainty associated with the temperature reading is 

estimated to be ±0.05% of the reading plus 0.3°C and that in the flowmeter 

reading 2%: 

Table 3.18 – Equations used for the uncertainty calculation. 

Mathematical Operation Associated Error  

Multiplication/ Division SQ̇c
= Q̇c√(

SFRw

FRw
)

2

+ (
SΔTc

ΔTc
)

2

 (3.27) 

Addition/ Subtraction SΔTc
= √(STc,o

)
2

+ (STc,i
)

2
 (3.28) 

Table 3.18 shows an example on how the uncertainty of the heat transfer rate is 

computed for the multi-pass TSHX and the single thermosyphon. In the above 

equations,  𝑆𝑄�̇�
 is the associated error calculated based on the uncertainty of the 

volume fraction (mass flow rate) and the uncertainty of the temperature difference 

as shown in equation (3.27). In addition and as seen from equation (3.28), the 

associated error of the temperature difference is based on both associated errors 

of the condenser water inlet and outlet temperatures. The remaining equations 

are listed in Appendix C. 

 Once the associated error of the heat transfer rate 𝑆𝑄�̇�
 is computed, the 

uncertainty will be calculated as follow: 

 
𝑈𝑛𝑐𝑒𝑟𝑡𝑎𝑖𝑛𝑡𝑦 =

𝑆𝑄�̇�

𝑄�̇�

 (3.29) 
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Chapter 4. RESULTS AND DISCUSSIONS 

4.1. Single thermosyphon results 

The following section analyses the results generated from the two tests of the 

single thermosyphon. The first test (test 1) consisted of evaluating the thermal 

performance of the thermosyphon for different evaporator and condenser inlet 

conditions where four different working fluids were experimentally tested. The 

thermosyphon was charged with water, acetone, toluene and ethanol for each 

test. A second test (test 2) was also carried out, however, to investigate the 

choice of a boiling correlation to be used in theoretical modelling procedure. Test 

2 was conducted at different evaporator and condenser inlet conditions. A few 

well-known boiling correlations were tested for a range of testing conditions. A 

correlation must satisfy the combination of carbon-steel as the thermosyphon 

shell material with the best performed working fluid from test 1.  

4.1.1.  Thermosyphon Test 1 

The first single thermosyphon test was conducted at different evaporator heating 

inputs, where the power of the heater was set to produce three different heat 

transfer rates: 600, 900 and 1300 W. On the condenser side, the mass flow rate 

of the water cooling was halved twice, starting with a maximum flow rate of 0.05 

kg/s, followed by a flow rate of 0.025 kg/s and finally 0.0125 kg/s. 

Figure 4.1 to Figure 4.4 show the thermal behaviour of the tested thermosyphon 

under the different heating inputs and cooling water mass flow rates. A similar 

behaviour of the various working fluids has been observed. More specifically, a 

higher performance is observed at higher cooling water flow rates and evaporator 

input power. However, the trend of the graph can be imperfect at some 

conditions; this could be mainly due to the uncertainty that exists within the 

instrumentation used to collect the data: thermocouples, flow meter, voltmeter 

etc.  

The performance of the working fluids was each compared to an “ideal” 

thermosyphon when operated with zero uncertainty and heat losses. 𝑄𝑖𝑛 

represents the evaporator applied heat transfer rate while 𝑄𝑜𝑢𝑡 represents the 

condenser heat recovered by the cooling water. As it can be seen from Figure 
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4.1 to Figure 4.4, all the results fall below the straight line y=x (“ideal”). This 

explains that the heat recovered from the condenser was always less than the 

heat supplied to the evaporator as 100% insulation can never be achieved, 

though it can be minimised. At higher evaporator heat inputs, the heat loss was 

larger, observed by the wider deviation from the line y=x. 

Looking at the comparison between the performances of the four working fluids 

in Figure 4.4, it can be clearly seen that water outperformed the other three 

working fluids. This was also observed in chapter 5 with the value of FOM that 

was calculated and discussed for all the working fluids.     
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Figure 4.1 – Water as the working fluid at 
different inlet conditions. 

 

 

Figure 4.2 – Ethanol as the working fluid at 
different inlet conditions. 

 

Figure 4.3 – Toluene as the working fluid at different inlet conditions. 

 

 

Figure 4.4 – Comparison between the four working fluids (at high flow rates). 
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4.1.2. Thermosyphon Test 2 

As mentioned before, Test 2 was carried out to develop an understanding of how 

the single thermosyphon operates in pool boiling mode with water as the working 

fluid after it was shown to have a better thermal performance than the other 

working fluids tested. However, the aim was not to perform extensive 

comparisons of all pool boiling correlations. Instead, the analysis was focused on 

discussing the applicability of a small portion of the pool boiling correlations that 

are frequently used in thermosyphon publications. Eventually, one pool boiling 

correlation was chosen to be used in the theoretical modelling of the multi-pass 

as a whole heat exchanger system. 

 

Figure 4.5 – Single thermosyphon behaviour with water as the working fluid for different inlet 
conditions. 

 

Figure 4.5 shows the behaviour of the single thermosyphon for different water 

cooling flow rates, which ranged between 0.03 and 0.12 kg/s at 0.03 kg/s 

increments. The trend for all testing conditions is almost the same except for the 

flow rate of 0.06 kg/s, where a measurement error is expected to have occurred 

during the test. Instead, the trend for 0.06 kg/s should be between 0.03 and 0.09 

kg/s as the higher the mass flow rate of the cooling fluid, the higher the heat 

recovered. A maximum heat transfer rate of around 1100W was observed at a 

combination of maximum flow rate (0.12 kg/s) and evaporator heat input 

(1442W). 
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Figure 4.6 – Experimental HTC vs theoretical HTC. 

 

 The convective heat transfer coefficient (HTC) was calculated for different pool 

boiling correlations that are extensively used in the literature [70,109,110]. Such 

correlations include Rohsenow, Cooper and Imura. A graph was generated in 

Figure 4.6 to compare the experimental heat transfer coefficient calculated 

through equation (4.1), and the theoretical HTC is predicted using well-known 

correlations which are listed in Table 5 (chapter 3). 

 𝑞𝑒 = ℎ𝑝𝑏 × 𝐴𝑒 × (𝑇𝑒,𝑖𝑛 − 𝑇𝑠𝑎𝑡) 

(4.1) Rearranging for ℎ𝑝𝑏: ℎ𝑝𝑏 =
𝑞𝑒

𝐴𝑒 × (𝑇𝑒,𝑖𝑛 − 𝑇𝑠𝑎𝑡)
 

 

where ℎ𝑝𝑏 is the pool boiling heat transfer coefficient, 𝐴𝑒 is the evaporator heat 

transfer area and (𝑇𝑒,𝑖𝑛 − 𝑇𝑠𝑎𝑡) is the temperature difference between the 

evaporator inlet wall and the thermosyphon working (saturation) temperature. 

It can be clearly seen from Figure 4.6 that the theoretical (predicted) HTC using 

the Rohsenow pool boiling correlation has the same trend as the experimental 

one. Moreover, the majority of the testing conditions lie within 20% of the 
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experimental results, demonstrating that Rohsenow pool boiling correlation is 

reliable to be used in the theoretical modelling of the thermosyphon heat 

exchanger (TSHX).  

Rohsenow [93] has proposed that the pool boiling heat transfer enhancement 

phenomenon is caused by a continuous local liquid circulation near the heated 

surface, followed by successive bubble detachments.  After some manipulation, 

Rohsenow managed to relate all the parameters affecting the pool boiling regime 

based on the mass velocity of vapour leaving the heated surface and bubble 

detachment diameter [111]. The equation is listed below:  

 𝑐𝑝,𝑙 × ∆𝑇

ℎ𝑙𝑣
= 𝐶𝑠𝑓 × {

�̇�

ℎ𝑙𝑣 × 𝜇𝑙
× [

𝜎

𝑔 × (𝜌𝑙 − 𝜌𝑣)
]

0.5

}

𝑚

× (
𝑐𝑝,𝑙 × 𝜇𝑙

𝑘𝑙
)

𝑛

 (4.2) 

 

As it can be seen from equation (4.2), the correlation is based on a constant 𝐶𝑠𝑓 

and two exponents 𝑛 and 𝑚. Other than water, the values of the two exponents 

𝑛 and 𝑚 were found to be 1.7 and 0.33 through fitting curves to experimental 

results. According to Rohsenow, the value of 𝑛 should be changed to 1 in the 

case of water being the working fluid. 

Table 4.1 – Values of Rohsenow parameters for various water-surface combinations. 

Surface 𝑪𝒔𝒇/𝒏/𝒎 References 

Polished copper 0.0128/1.7/0.33 [89] 

Lapped copper 0.0147 [112] 

Scored copper 0.0068/1.7/0.33 [113] 

Ground and polished stainless steel 0.008/1/0.33 [114] 

Teflon-pitted stainless steel 0.0058 [112] 

Chemically etched stainless steel 0.0133 [112] 

Mechanically polished stainless steel 0.0132 [112] 

Polished platinum 0.013/1/0.33 [93] 

Polished tube/ brass 0.009/1.1/0.33 [114] 

 

As mentioned before, the pool boiling correlation of Rohsenow relies on an 

adjustable surface/fluid parameter named 𝐶𝑠𝑓, a constant depending on the 
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surface finish of the inner evaporator wall and the working fluid. Table 4.1 shows 

various 𝐶𝑠𝑓 values for a few water-surface combinations. It is evident that this 

value is significantly affected by the surface finish of the metal. Usually, in 

practice, the value of this constant is unknown and has to be guessed. As a first 

approximation, a value of 0.013 is recommended [96]. In addition to justifying the 

use of Rohsenow’s pool boiling correlation, test 2 allowed the prediction of a new 

value of 𝐶𝑠𝑓 for future analysis of thermosyphons made out of carbon steel and 

charged with water. The prediction of the value of 𝐶𝑠𝑓 for such combination was 

never covered in the open literature. Using the trial and error method, a 𝐶𝑠𝑓 value 

of 0.05 was eventually found to correlate the predicted HTC with the experimental 

HTC. The use of such a value does not perfectly predict the measured value of 

HTC; however it does provide a reasonable agreement over the entire tested 

range. The predicted constant is used in the theoretical modelling process of the 

multi-pass heat exchanger.  

4.2.  Multi-pass results 

In order to gain confidence in the numerical tool modelled in ANSYS Fluent, it 

was important to generate experimental results by running the whole TSHX 

system. The experimental results will be compared to the numerical results 

generated in Fluent and, if the validation lies within an acceptable accuracy, then 

the numerical tool will be trusted and taken forward for further investigation. The 

validation will be based on comparing the heat transfer rate for the whole TSHX 

system at different inlet conditions for the two multi-pass configurations (case 2 

& 3). 

To obtain a validated model, the following conditions on both CFD and 

experiment were taken into account: 

- The same geometrical dimensions were applied 

- The comparison was made for the same inlet conditions 

- A steady state condition was always ensured for each test 

- During the experiments, the TSHX was well insulted to minimise heat 

losses as a 100% adiabatic condition was assumed in the modelling 

- The same mesh parameters were applied for all the cases 
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4.2.1. Experimental validations and comparison 

Figure 4.7 to Figure 4.9 compare the theoretical results, CFD and experimental 

data at different air inlet temperatures and mass flow rates where the lowest and 

highest heat transfer rates occur at the following combinations of air inlet 

conditions: (0.05kg/s, 100°C) and (0.14kg/s, 250°C), respectively. Not 

surprisingly, the highest rate of heat transfer occurred with the highest values of 

air inlet parameters for case 3, while the lowest rate of heat transfer occurred at 

the lowest values of these parameters for case 1. 

 

Figure 4.7 – Comparison between experimental, theoretical and CFD results (case 1). 

 

Figure 4.8 – Comparison between 
experimental, theoretical and CFD results 

(case 2). 

 

 

Figure 4.9 – Comparison between 
experimental, theoretical and CFD results 

(case 3). 

 

As stated in the previous chapters, a theoretical model of all cases was developed 

using existing correlations available in the literature and these have been 

previously used by many researchers, including Ramos et al. [17] and Mroue et 

al. [18], and shown to be reasonably accurate. Correlations from Zhukauskas, 

Rohsenow and Nusselt [84,85] were used to model the convection, boiling and 
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condensation heat transfer mechanisms inside and outside the thermosyphons. 

The overall heat transfer rate was then calculated and compared with 

experimental and numerical (CFD) results. It can be clearly seen that the majority 

of the CFD and theoretical results lie within a 15% envelope of the experimental 

heat transfer.  

Looking at Figure 4.7 to Figure 4.9, the CFD and theoretical heat transfer rates 

closely follow the experimental line y=x (black) at low values of air inlet 

parameters. The percentage error increases at higher values. This can be due 

mainly to the lack of information on turbulence. The value of the turbulence 

intensity of both air and water could improve the results once implemented in 

Fluent. As mentioned before, the turbulence intensity of both air and water was 

kept at the 5% default value. However, increasing the mass flow rate or the inlet 

air temperature will lead to higher turbulence and, therefore, higher convective 

heat transfer which was not taken into account in the simulation. 

 

Figure 4.10 – Percentage error of the 
evaporator outlet temperature at different air 

mass flow rates. 

 

Figure 4.11 – Percentage error of the 
condenser outlet temperature at different air 

mass flow rates. 

 

Figure 4.10 and Figure 4.11 show the percentage error between experimental 

and CFD results for the outlet temperature on the evaporator and condenser 

sections at different inlet conditions. For the three cases, the figures have shown 

that the majority of the results lie within a 15% envelope as mentioned before.  

Another comparison has been made between CFD and experimental results on 

the outlet temperature of both evaporator and condenser. The comparison is 

illustrated from Figure 4.12 to Figure 4.17. The line y=x represents the best fitting 
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correlation between both CFD and experimental results. The CFD results show 

a slight overestimation of the outlet temperature of the evaporator, but this was 

expected as the CFD imposes a 100% adiabatic wall whereas, in reality, 

complete insulation is hardly achieved. 
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Figure 4.12 – Evaporator outlet temperature for 
CFD and experimental at different inlet 

conditions (case 1). 

 

Figure 4.13 – Condenser outlet temperature for 
CFD and experimental at different inlet 

conditions (case 1). 

 

 
Figure 4.14 – Evaporator outlet temperature for 

CFD and experimental at different inlet 
conditions (case 2). 

 

 
Figure 4.15 – Condenser outlet temperature for 

CFD and experimental at different inlet 
conditions (case 2). 

 

 
Figure 4.16 – Evaporator outlet temperature for 

CFD and experimental at different inlet 
conditions (case 3). 

 
Figure 4.17 – Condenser outlet temperature for 

CFD and experimental at different inlet 
conditions (case 3). 
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4.2.2. Experimental results 

A plot of the temperature versus the mass flow rate was created for both multi-

pass cases to ensure the results were consistent. Figure 4.18 to Figure 4.25 show 

the temperature of the flow at the inlets and outlets of the evaporator and 

condenser sections of the heat exchanger. It can be observed that the duty of the 

heat exchanger increases at higher mass flow rates and higher inlet 

temperatures, shown by the greater temperature difference on the water side at 

higher temperatures and mass flow rates. The same behaviour was observed for 

the two multi-pass configurations. 

At lower flow rates, the pipe is given more time to absorb the heat and that is 

reflected in an increase of the temperature difference across the evaporator, but 

as has been mentioned before, this does not reflect an increase in the duty or 

total heat transfer rate, shown in Figure 4.26 and Figure 4.27. In other words, 

increasing the evaporator mass flow rate leads to a lower temperature difference 

across the evaporator, however, a higher heat transfer as the mass flow rate has 

greater influence on the duty than the temperature difference. 
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Figure 4.18 – Temperature distribution along 

the heat exchanger for 250 °C inlet 
temperature (case 2). 

 
Figure 4.19 – Temperature distribution along 

the heat exchanger for 200 °C inlet 
temperature (case 2). 

 

 
Figure 4.20 – Temperature distribution along 

the heat exchanger for 150 °C inlet 
temperature (case 2). 

 
Figure 4.21 – Temperature distribution along 

the heat exchanger for 100 °C inlet 
temperature (case 2). 
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Figure 4.22 – Temperature distribution along the 
heat exchanger for 250 °C inlet temperature (case 

3). 

 

 

Figure 4.23 – Temperature distribution along 
the heat exchanger for 200 °C inlet 

temperature (case 3). 

 

Figure 4.24 – Temperature distribution along the 
heat exchanger for 150 °C inlet temperature (case 

3). 

 

Figure 4.25 – Temperature distribution along 
the heat exchanger for 100 °C inlet 

temperature (case 3). 

 

 
Figure 4.26 – Heat Transfer Rate of the Heat 
Exchanger according to the inlet conditions 

(case2). 

 
Figure 4.27 – Heat Transfer Rate of the Heat 
Exchanger according to the inlet conditions 

(case 3). 
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Figure 4.29 to Figure 4.32 compare the working temperature of the heat pipes for 

each inlet condition. Four thermocouples were brazed on the outer wall of the 

thermosyphon at a height of 1.5 m measured from the bottom of the pipe. 

Basically, the thermocouples were placed in the adiabatic section of the pipe 

(technically the third pass for case 3). The temperature measured in the adiabatic 

section is used as the saturation/working temperature of the pipe. The working 

temperature increased with the increase in mass flow rate and inlet temperature 

at the evaporator section, as expected. However, there was a difference in 

temperature between each individual pipe. The pipes were numbered in 

accordance to the diagram in Figure 4.28. 

 

Figure 4.28 – Pipe numbering. 

 

 
Figure 4.29 – Working temperature of each 

pipe for different inlet temperatures and 0.05 
kg/s (case 2). 

 
Figure 4.30 – Working temperature of each 

pipe for different inlet temperatures and 0.08 
kg/s (case 2). 
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Figure 4.31 – Working temperature of each 

pipe for different inlet temperatures and 0.11 
kg/s (case 2). 

 
Figure 4.32 – Working temperature of each 

pipe for different inlet temperatures and 0.14 
kg/s (case 2). 

 

It can be observed that the heat pipe with the highest average working 

temperature was pipe 4; it is located on the row of pipes that first made contact 

with the hot flow at the first pass and it is the heat pipe farthest away from the 

condenser inlet. After pipe 4, all the pipes followed in the inverse order to the 

condenser section, therefore 3 had the next highest average temperature, 

followed by 2 and 1, the closest to the condenser inlet. Pipes 1 and 2 are located 

on the first row of the second pass in the evaporator section. 

With the increase in mass flow rate, the temperatures became more similar to 

one another but it can still be observed that the average working temperature of 

pipes 3 and 4 was higher at lower air inlet temperatures. This was due to a 

combination of factors. Firstly, as can be observed in Figure 4.28 and has been 

mentioned before, pipes 3 and 4 are on the first row that cames into contact with 

the evaporator inlet. Secondly, they are also located the farthest away from the 

condenser inlet, receiving warmer water at the condenser side, which resulteds 

in a lower difference in temperature between the bottom and the top of the heat 

pipe, maintaining higher working fluid temperature.  

Figure 4.33 to Figure 4.40 show the heat transfer rate (Q) across each air pass 
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the first pass to be larger than the second and the third pass due to a higher 

difference in temperature between the incoming flow and the working 

temperature of the pipes, therefore higher heat transfer rates. Increasing the inlet 

air temperature results in a higher temperature difference across each pass and 

therefore an increase in the heat transfer rate. Likewise, increasing the mass flow 

rate increases the overall turbulence, also having the effect of increasing the 

overall heat transfer rate. 

 

Figure 4.33 – Heat transfer rate for different 
flow rates at 100°C air inlet temperature (case 

2). 

 

 

Figure 4.34 – Heat transfer rate for different 
flow rates at 150°C air inlet temperature (case 

2). 

 

 

Figure 4.35 – Heat transfer rate for different 
flow rates at 200°C air inlet temperature (case 

2). 

 

 

Figure 4.36 – Heat transfer rate for different 
flow rates at 250°C air inlet temperature (case 

2). 
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Figure 4.37 – Heat transfer rate for different 
flow rates at 100°C air inlet temperature (case 

3). 

 

Figure 4.38 – Heat transfer rate for different 
flow rates at 150°C air inlet temperature (case 

3). 

 

Figure 4.39 – Heat transfer rate for different 
flow rates at 200°C air inlet temperature (case 

3). 

 

Figure 4.40 – Heat transfer rate for different 
flow rates at 250°C air inlet temperature (case 

3). 
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Figure 4.41 – Case 1 at 150°C. 

 

Figure 4.42 – Case 1 at 250°C. 

 

 

Figure 4.43 – Case 2 at 150°C. 

 

 

Figure 4.44 – Case 2 at 250°C. 

 

Figure 4.45 – Case 3 at 150°C. 

 

Figure 4.46 – Case 3 at 250°C. 
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According to the theoretical calculations shown in Figure 4.41 to Figure 4.46, pool 

boiling represented 100% of the evaporator heat input for case 1, 64% for case 

2 and 53% for case 3 at a given inlet temperature (150 and 250°C). The same 

trend was also observed for the remaining air inlet temperatures (100 and 200°C). 

For a given air inlet temperature the addition of air passes led to more conductive 

paths in parallel, hence a lower overall resistance and higher overall heat transfer. 

 

Figure 4.47 – Heat transfer rate % increase from case 2 to case 3. 

 

The thermal performance improvement by increasing the number of passes on 

the evaporator is illustrated in Figure 4.47. The bar chart shows the percentage 

increase in the heat transfer rate calculated by the following equation: 

 
𝐷𝑢𝑡𝑦 % 𝑖𝑛𝑐𝑟𝑒𝑎𝑠𝑒 =

𝑄𝑐𝑎𝑠𝑒3 − 𝑄𝑐𝑎𝑠𝑒2

𝑄𝑐𝑎𝑠𝑒2
× 100 (4.3) 

 

An evident significant improvement in thermal performance is observed. The 

black bar in Figure 4.47 represents the average percentage increase for each 

four inlet temperatures at a specific mass flow rate. By adding a third pass, an 

average of about 50% increase in the heat duty is achieved.  

4.2.3. CFD temperature distribution 

Contours of the temperature distribution in the evaporator section are displayed 
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flow rate of 0.14 kg/s. It can be clearly seen how the air temperature gradually 

decreases as the air flows towards the evaporator outlet, with the drop in 

temperature and hence the rate of heat transfer increasing as more passes are 

added. It can also be seen that the air temperature distribution within connecting 

ducts is essentially uniform due to the imposed adiabatic wall boundary condition. 

 

Figure 4.48 – Temperature contours across the evaporator for the three cases at 150°C, 0.14 
kg/s. 

 

Figure 4.49 shows the magnitude of the velocity vectors in the evaporator section 

for the three cases at 150°C air inlet temperature and 0.14 kg/s mass flow rate. 

The velocity profile in the three cases is similar. The blue colour refers to a zero 

mean velocity where the air flow is trapped in a recirculation zone outside the flow 

main stream, mainly at the top and bottom sections of each pass. The red colour 

corresponds to the highest velocity the air flow has reached; it can be seen that 

this occurs only in specific sections of the heat exchanger (HX), more specifically 

at the bends of the elbows where the air flow gains more speed due to the change 

in direction. This plot is helpful in identifying the wake regions within the heat 

exchanger, which can help in the optimisation of the heat exchanger design. A 

velocity distribution of the entire case 3 clearly showing the location of the 

circulation zones is available in Appendix E. 
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Figure 4.49 Velocity vector plot across the evaporator for the three cases at (150°C, 0.14 kg/s). 

 

A section of the condenser is illustrated in Figure 4.50 where the temperature 

variation is shown across the heat pipes and water. The cross-section has been 

taken in the middle of the condenser, therefore at a height of 1.9 m from the 

bottom of the evaporator. The simulation was run at a water inlet temperature of 

15°C, the cross-section was higher than the water inlet, which explains the 

minimum value of 17°C in the scale. The figure clearly shows how the water 

absorbs heat from the pipes as it flows around them in a U-shaped duct as the 

temperature of the pipes gradually increases. The pipe at the water inlet has the 

lowest temperature, indicating the highest convective heat transfer since the 

temperature difference between the pipe and water is the highest there. The 

water reaches the pipe at the outlet with the smallest temperature difference, 

therefore the convective heat transfer is least there. Comparing the pipe 

temperatures for the three cases, it is obvious that the three pass configuration 

has the highest temperature difference for water between inlet and outlet, and 

hence the highest heat transfer rate. 
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Figure 4.50 – Top view of condenser temperature contour for the three cases at (150°C, 0.14kg/s) 
and z=1.9m. 

 

4.2.4. Thermal resistance, 𝑹 and conductivity, 𝒌 

Thermal resistance 

As previously mentioned, the theoretical modelling was based on the resistance 

network analogy approach. This method was followed as it computes the total 

resistance of the TSHX which is needed to calculate the thermal conductivity of 

a single thermosyphon. Thus, it was necessary to calculate the thermal 

resistance across each component within the TSHX, such resistances include: 

- External forced convection (air-to-pipes and water-to-pipes) 

- Conduction across the thermosyphon wall thickness 

- Boiling heat transfer (pool and film) 

- Film condensation heat transfer 

The thermal resistance was calculated at each stage of the TSHX, starting from 

where the air enters the HX system towards the air exit, similarly on the 

condenser side. Figure 4.51 and Figure 4.52 show the distribution of the thermal 

resistance in each pass on the evaporator and condenser side for cases 2 and 3 
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at the inlet temperature of 150°C for both cases. It is clear from the figures that 

the majority of the heat transfer resistances are located across the external forced 

convection region shown by the large areas (purple, blue and red colour). In 

addition, an increase in the mass flow rate results in an evident decrease in the 

resistance. The same trend was observed for the remaining air inlet 

temperatures. 

 

Figure 4.51 – Thermal resistance in each 
component of the TSHX (case 2) at 150°C, E-

evaporator and C-condenser. 

 

Figure 4.52 – Thermal resistance in each 
component of the TSHX (case 3) at 150°C, E-

evaporator and C-condenser. 

 

Figure 4.52 (case 3) has a higher number of resistances than Figure 4.51 (case 

2), due to the higher number of passes which creates three extra resistances. 

However, it is how the resistances are arranged within the system that matters. 

In the TSHX under investigation, increasing the number of passes would increase 

the number of resistances, however this reduces the total resistance because the 

passes are arranged in a parallel configuration. 

Figure 4.53 and Figure 4.54 show how the total resistance is affected by the 

change in the air inlet mass flow rate and temperature. Following the validation 

of the theoretical model, the total resistance in the above figures was calculated 
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based on the experimental results for better accuracy. From the figures, a 

decrease in the total resistance is obvious when increasing the air inlet flow rate 

and temperature. A contradictory behaviour was previously observed when 

analysing the effect of mass flow rate and temperature on the thermal 

performance of the system (Figure 4.33 to Figure 4.40). This was expected as 

the thermal resistance acts in an inversely proportional way to the heat transfer 

rate.   

 

Figure 4.53 – Thermal resistance for different 
inlet conditions (case 2). 

 

Figure 4.54 – Thermal resistance for different 
inlet conditions (case 3). 
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Figure 4.55 – Thermal resistance of each 
component for 0.05 kg/s and different inlet 

temperatures (case 2). 

 

 

Figure 4.56 – Thermal resistance of each 
component for 0.08 kg/s and different inlet 

temperatures (case 2). 

 

Figure 4.57 – Thermal resistance of each 
component for 0.11 kg/s and different inlet 

temperatures (case 2). 

 

Figure 4.58 – Thermal resistance of each 
component for 0.14 kg/s and different inlet 

temperatures (case 2). 
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total resistance trend should be decreasing with increasing air inlet temperatures. 

The uncertainty in Figure 4.55 is about 35% and the experimental thermal 

resistance should be 0.087 K/W as shown in Figure 4.53 for a combination of 

100°C and 0.05 kg/s. 

 

Figure 4.59 – Thermal resistance of each 
component for 0.05 kg/s and different inlet 

temperatures (case 3). 

 

Figure 4.60 – Thermal resistance of each 
component for 0.08 kg/s and different inlet 

temperatures (case 3). 

 

 

Figure 4.61 – Thermal resistance of each 
component for 0.11 kg/s and different inlet 

temperatures (case 3). 

 

Figure 4.62 – Thermal resistance of each 
component for 0.14 kg/s and different inlet 

temperatures (case 3). 

 

Looking at the same figures (Figure 4.55 to Figure 4.62), with the increase of the 

inlet temperatures, a steep decrease in the resistance is observed for pool and 

film boiling regimes mainly between 100 and 150°C. This could be due to the 
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instability of the boiling regime at the lower air inlet temperature, creating higher 

thermal resistance and uncertainty. Consequently, the thermosyphons were not 

well performing. A steep drop in the resistance occurred when increasing the air 

inlet temperature where the boiling regime is more stable. The steep drop in the 

resistance between 100 and 150 °C is also shown in Figure 4.53 and Figure 4.54. 

Thermal conductivity 

Using ANSYS Fluent as a numerical tool, only two modes of heat transfer existed 

within the TSHX, external forced convection (air-pipes, water-pipes) and 

conduction through the pipes. The thermal conductivity was calculated through 

the theoretical modelling of the system and implemented in the numerical 

modelling as a material property of the solid rods. 

 

Figure 4.63 – Thermal conductivity at different 
inlet conditions (case 2). 

 

Figure 4.64 – Thermal conductivity at different 
inlet conditions (case 3). 

 

The thermal conductivity 𝑘 is plotted in Figure 4.63 and Figure 4.64 for both multi-

pass cases. The plot is for different air mass flow rates and temperatures. As it 

can be seen from equation (21) in chapter 3, the thermal conductivity is inversely 

proportional to the thermal resistance, hence directly proportional to the heat 

transfer rate. The above two figures show an increase in the thermal conductivity 

while increasing the air inlet mass flow rates and temperatures. Alternatively, a 

higher heat transfer rate is achieved with a higher thermal conductivity. This can 

also be seen by comparing both cases in Figure 4.63 and Figure 4.64, where 

higher thermal conductivity is achieved in case 3 at all tested conditions 
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compared to the same tested conditions from case 2. The reason is due to the 

higher heat transfer in case 3 than case 2. 

From the vertical scale, which ranges between 105 to 22 × 104 𝑊/𝑚. 𝐾, it can be 

clearly stated that the transfer of heat through phase change mechanisms inside 

a thermosyphon is very efficient compared to pure conduction in a same size rod. 

This is justified by the thermal conductivity values obtained and shown in Figure 

4.63 and Figure 4.64. The values are several orders of magnitude higher 

compared to a pure carbon steel solid rod which has a thermal conductivity of 

about 54 𝑊/𝑚. 𝐾 at 25°C [115]. 

Based on Fourier’s law, the rate of heat transfer by conduction is proportional to 

the negative temperature gradient and the area where the heat flows through the 

material at a right angle to that gradient (equation (4.4)), 

 
𝑄𝑐𝑜𝑛𝑑𝑢𝑐𝑡𝑖𝑜𝑛 = −𝑘 × 𝐴 ×

∆𝑇

∆𝑥
 (4.4) 

 

where 𝐴 is the cross sectional area of the pipe (the circular area of the pipe) and 

∆𝑇 is the temperature difference between the bottom and the top of the adiabatic 

section. Figure 4.65 shows a schematic of the conduction heat transfer through 

a material with a thermal conduction 𝑘, where heat is flowing from a temperature  

𝑇1 to a lower temperature 𝑇2. The material is laterally insulated and ∆𝑥 represents 

the length of the material which the heat is covering. 
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Figure 4.65 – Conduction heat transfer schematic diagram. 

A random pipe was chosen to study the heat transfer by conduction inside the 

solid rod. An interesting behaviour of the temperature within the pipe was 

observed. As mentioned before, the thermosyphons in Fluent were treated as 

solid rods with a constant thermal conductivity calculated from existing 

correlations adopted from the literature. Figure 4.66 shows a comparison of the 

temperature behaviour of a random selected pipe within the heat exchanger. Pipe 

number 4 was selected for the analysis (Figure 4.28). As it can be seen from 

Figure 4.66 and for all the cases, the temperature of the pipe decreases gradually 

starting from the evaporator (bottom) to the condenser section (top).  
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Figure 4.66 – CFD Temperature distribution along pipe 4 for all three cases at (150°C, 0.14 kg/s). 

Experimentally, the temperature in the adiabatic section is approximately uniform. 

However, in Fluent, the temperature varies in every cell in order to keep the heat 

flowing through the material.  In other words, the temperature difference is a 

driven force to transfer heat by conduction along the length of the whole solid 

pipes. As it can be seen from Figure 4.66, and more specifically in the adiabatic 

section, the temperature is decreasing linearly. This can be seen by a straight 

line of negative gradient in case 1 and 2. However, the relation is nonlinear within 

the air passes as the conduction heat transfer is affected by the convection 

around the pipes. 



RESULTS AND DISCUSSIONS 

127 
 

4.2.5. Effectiveness 

A numerical effectiveness-number of transfer units (𝜖 − 𝑁𝑇𝑈) model was 

developed on the whole heat exchanger in order to analyse the effect of different 

inlet conditions and air passes on the rate of heat transfer. Jouhara and Merchant 

[80] and Ramos et al. [84] developed a similar model where the heat exchanger 

was treated as two separate heat exchangers consisting of the evaporator and 

condenser coupled by the thermosyphons as a mode of heat transfer. 

 

Figure 4.67 – Effectiveness at different air inlet temperature and mass flow rates (Case 3). 

 

Figure 4.68 – Effectiveness vs NTU at different 
inlet conditions (100°C). 

 

Figure 4.69 – Effectiveness vs NTU at different 
inlet conditions (250°C). 

 

Figure 4.67 shows the variation of the overall effectiveness for the different inlet 

conditions for Case 3. A consistent downward trend can be observed for the 

different inlet conditions, this trend being in good agreement with Jouhara and 

Merchant [15] and Ramos et al. [84] where a higher effectiveness is achieved by 

increasing the evaporator inlet temperature while reducing its mass flow rate. 
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Figure 4.68 and Figure 4.69 show the change of the effectiveness with the NTU 

at different inlet conditions for the three test cases, for air inlet temperatures of 

100°C and 250°C, respectively. Each case is plotted at four different air inlet flow 

rates (0.05, 0.08, 0.11 and 0.14 kg/s). It can be clearly seen that more air passes 

installed at the evaporator result in a higher effectiveness of the heat exchanger, 

although the impact on pressure drop should always be taken into account. Both 

figures show a linear increase in effectiveness with NTU, which agrees with the 

effectiveness-NTU graphs plotted by Incropera and DeWitt [116] over these 

ranges of effectiveness and NTU (shown in appendix D). 

4.2.6. Error Analysis 

Uncertainty analysis is an essential technique to assess how accurate the test 

results are. Figure 4.70 shows how the percentage error of the effectiveness 

varies with the change in the inlet air mass flow rate for different inlet 

temperatures. It is obvious from the graph that the propagated error associated 

with the calculated effectiveness is inversely proportional to both mass flow rate 

and the inlet temperature. In other words, an increase in the air mass flow rate 

and inlet temperature reduces the percentage error of the effectiveness. The 

largest error came from the reading of the thermocouples at lower temperatures, 

more specifically at 10 Hz. Figure 4.70 shows an inversely proportional 

relationship between the uncertainty for the effectiveness and temperature 

change, which explains why the maximum uncertainties were achieved at low 

inlet temperature because the temperature change is very small. For most 

engineering applications, a 10% error is often considered an acceptable range 

[117]. 
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Figure 4.70 – The uncertainty of the effectiveness at different inlet conditions. 

 

The uncertainty in the rate of heat transfer is presented in Figure 4.71 and Figure 

4.72. The lowest uncertainty occurs at the highest inlet temperature of 250°C and 

the highest flow rate of 0.14 kg/s, most specifically in case 3. Considering the 

equations in 3.3.3, the smaller the temperature difference across the condenser, 

the higher the uncertainty. The figures also show that the uncertainty of the heat 

transfer in case 1 is the highest, when considering the lowest temperature 

difference across the condenser.  

 
Figure 4.71 – Uncertainty of the three cases at 

100°C air inlet temperature. 

 
Figure 4.72 – Uncertainty of the three cases at 

250°C air inlet temperature. 
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Chapter 5. SUMMARY, CONCLUSION AND RECOMMENDATIONS 

The investigation reported in this thesis was successfully carried out while 

modelling a new type of heat exchangers that uses the thermosyphon technology 

to transport thermal energy within the system.  

The validation was carried out on a different number of shell passes on the 

evaporator section for various air inlet conditions. Inlet conditions include an 

alteration in the air inlet flow rate and temperature. The condenser inlet conditions 

were kept constant at 0.08 kg/s and 15°C for both water mass flow rate and 

temperature, respectively. 

5.1. Theoretical model 

A detailed theoretical model was built for the entire system by applying various 

heat transfer correlations at specific locations within the heat exchanger.  The 

resistance analogy approach was applied to model the entire TSHX system in 

order to calculate the overall thermal resistance. To carry out a successful 

theoretical model, it was important to choose the right correlations for various 

heat transfer modes within the heat exchanger. The various modes of heat 

transfer were identified outside and inside the thermosyphons: External forced 

convection on both evaporator and condenser and boiling and condensation heat 

transfer mechanisms inside the thermosyphons.  

The first step was to perform experimental tests of a single thermosyphon in order 

to understand the thermal behaviour at various working fluids, evaporator and 

condenser inlet conditions. Also, to assess the compatibility of the different 

working fluids with carbon-steel as a material used for thermosyphon shell. The 

boiling heat transfer regime was modelled both theoretically and experimentally. 

It was found that water as a working fluid outperformed the other working fluids 

namely, acetone, ethanol and toluene. Concerning the boiling regime, the heat 

transfer coefficient was measured and predicted using a few well-known pool 

boiling correlations. The heat transfer coefficient predicted from the Rohsenow 

correlation was found to be comparable with the measured value and consistent 

over the entire tested range with adequate accuracy of about 30%. A new value 

was correlated for the surface-fluid combination constant (𝐶𝑠𝑓). Following a trial 

and error method, a value of 0.05 was proposed for Rohsenow’s constant, which 
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can be used for future modelling of thermosyphons made out of carbon steel and 

containing water as the working fluid.  

Following the single thermosyphon tests, and based on an extensive literature 

research; a list of correlations was prepared to use in the theoretical model for 

the whole heat exchanger unit.  

Two separate theoretical models were developed based on 2 multi-pass 

configurations. Excluding the external forced convective heat transfer on both 

evaporator and condenser, in case 2, it was found that the thermal resistance in 

the first pass, which is associated with the conduction across the thermosyphon 

wall and pool boiling resistances, are acting in a parallel mode along the thermal 

resistance in the second pass, associated with conduction and nucleate film 

boiling resistance. This is due to the filling ratio (1/2) of the thermosyphon in this 

case, where the second pass is exposed to the liquid film. The resistance of one 

thermosyphon was found by adding the resistances of both passes acting in 

parallel, and together, acting in a serial mode with the film condensation 

resistance.  

For case 3, an extra air pass resulted in extra heat transfer modes; similar to 

those existed in the second pass. In this case, the filling ratio is 1/3, where the 

second and the third pass are exposed to the liquid film. The three passes acted 

in a parallel arrangement between each other, all together, in a serial mode with 

the film condensation resistance. In order to calculate the total thermal resistance 

of the whole system, the external forced convection resistances were added in 

series to the resistance of the total of six thermosyphons. 

A higher number of passes has added more resistances within the heat 

exchanger, though providing a lower overall thermal resistance. The number of 

resistances does not imply a higher overall resistance, though, it is the way how 

these resistances are arranged within the system. Due to the parallel 

arrangement of the thermosyphons, the thermal resistance of one thermosyphon 

is a multiple of the number of thermosyphons installed within the system 

(𝑖. 𝑒. 𝑅1𝑇𝑆 = 6 × 𝑅6𝑇𝑆𝑠), hence providing a lower overall resistance. 
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One last conclusion that can be drawn from the theoretical analysis concerns the 

amount of heat transfer at each stage within the heat exchanger starting from the 

inlet towards the outlet. From the analysis, it was found that the highest thermal 

resistances occurred in the entire systems were the external convective ones. 

This is important as it shows the areas where the model can be improved. 

5.2. Numerical Model 

Before starting the numerical modelling, it was necessary to calculate the thermal 

conductivity at each evaporator inlet condition for both cases. This was important 

in order to simplify the two-phase mechanisms inside the thermosyphons in 

ANSYS Fluent. This approach was followed as the multiphase behaviour inside 

the thermosyphons was not a point of interest during the numerical modelling. 

Instead, the numerical tool is used to simulate the shell-side heat transfer. 

Therefore, for the sake of simplicity and reducing the computational cost and 

time, the thermosyphons were treated as solid rods with thermal conductivity 

values calculated from the thermal resistance model. Each inlet condition 

corresponded to a different value of thermal conductivity where it was 

implemented in ANSYS Fluent by modifying the material property. The thermal 

conductivity calculated was ranged from 100 to 220 𝑘𝑊/𝑚. 𝐾. Using this 

approach, the effect of the boiling and condensation heat transfer mechanisms 

was successfully simulated through the pure conduction heat transfer. 

The single phase flow around the solid rods was modelled using the Realizable 

𝐾 − 𝜀 turbulence model. This model was shown to be reliable in simulating the 

fluid behaviour and thermal performance of this type of heat exchanger system. 

In addition, the scalable wall function was used as a near-wall treatment model. 

This was found to be more reliable than the standard wall function for the 

simulated cases based on the value of 𝑦+ which showed to be below 15, giving 

the choice of scalable an advantage over the standard wall function. Moreover, 

the energy balance of the whole system was observed to be worse in the case of 

standard than scalable wall function.  
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5.3. Validation and comparison 

The experimental validation was successfully carried out with the same range of 

inlet conditions. Results were mainly focused on the heat transfer rate across the 

evaporator and condenser. The experimental results were found to be within a 

range of ±15% of the numerical and theoretical results. The optimum 

performance of the TSHX was observed at the highest mass flow rate and inlet 

temperature (0.14kg/s, 250°C) for each case, 4403, 6191 and 9375 Watts for 

case 1, case 2 and case 3 respectively. Where, the performance of each 

thermosyphon is 734, 1032, 1563 Watts respectively for case 1, 2 and 3. This 

clearly shows the heat transfer enhancement achieved when going from a cross-

flow to multi-pass configuration.  

The validated CFD model could be used as a tool to investigate shell-side 

weaknesses which experimental tests cannot achieve. Such weaknesses include 

fouling which is a major problem in various heat exchanger designs. The current 

validated model provides a clear visualisation of the shell side fluid and thermal 

behaviour, more specifically the weak areas or recirculation zones where 

improvements can be made.  

5.4. Future work recommendations 

Recommendations can be made for various modifications in order to investigate 

their effects on the current model and for future heat exchanger modelling: 

- The surface-fluid combination constant should be tested for a wider 

thermosyphon range of inlet conditions 

- Different filling ratios may be tested for an optimum performance of the 

heat exchanger 

- Increasing the number of fluid passes on the condenser side to investigate 

its effect on the thermal performance 

- Investigating the thermal performance by changing the inlet flow rate and 

temperature of the condenser fluid flow 

- Fins could be installed on both evaporator and condenser side of the 

thermosyphons to reduce the external forced convection thermal 

resistance 
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- Using this model to simulate the entire TSHX system including the two-

phase change inside the thermosyphons 

- Linking the two-phase flow inside thermosyphons to the single phase 

outside 

- Investigating different turbulence intensities at both evaporator and 

condenser inlets 

- Creating a fully validated numerical model of the single thermosyphon 

- Simulating one thermosyphon integrated inside the multipass in Fluent, 

including the multi-phase mechanisms. 
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APPENDICES 

Appendix A 

/****************************************************************************/ 
/*                                                                          */ 
/* User-Defined Functions for temperature-dependent air and water properties */ 
/* FLUENT 16.2                                                              */ 
/*                                                                          */ 
/* Author: Hassan Mroue                                                     */ 
/*   Date: July 2016                                                        */ 
/*                                                                          */ 
/****************************************************************************/ 
 
 
 
#include "udf.h" 
 
/*Air Properties*/ 
 
DEFINE_PROPERTY(density_air,cell,thread) 
{ 
real temp, rho_air; 
temp = C_T(cell,thread); 
rho_air = 0.16103 + 0.34473 * exp(-(temp-273.15) / 103.23714) + 0.78857 * exp(-(temp-273.15) / 
512.29169); 
return rho_air; 
} 
 
 
DEFINE_PROPERTY(viscos_air,cell,thread) 
{ 
real temp, mu_air; 
temp=C_T(cell,thread); 
mu_air = 0.0000170899 + 0.000000046117 * (temp-273.15) - 2.07642E-11 *pow((temp-273.15), 2) + 
5.40458E-15 * pow((temp-273.15),3); 
return mu_air; 
} 
 
 
DEFINE_PROPERTY(cond_air,cell,thread) 
{ 
real temp, k_air; 
temp= C_T(cell,thread); 
k_air= 0.02411 + 0.0000771055 * (temp-273.15) - 0.0000000281463 *pow((temp-273.15),2) + 
6.36061E-12 * pow((temp-273.15),3); 
return k_air; 
} 
 
 
 
/* Water Properties*/ 
 
DEFINE_PROPERTY(density_water,cell,thread) 
{ 
real temp, rho_water; 
temp=C_T(cell,thread); 
rho_water =  exp(2.2467 * pow((1 - ((temp-273.15) / 647.25)),(1 / 3)) - 2.09405 * pow((1 - ((temp-
273.15) / 647.25)),(2 / 3)) + 2.737 * (1 - ((temp-273.15) / 647.25)) - 1.7475 * pow((1 - ((temp-273.15) / 
647.25)), (4 / 3))) * 315.5; 
return rho_water; 
} 
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DEFINE_PROPERTY(viscos_water,cell,thread) 
{ 
real temp, mu_water; 
temp=C_T(cell,thread); 
mu_water = exp(-10.1083 + 1.39621 * pow((1 / ((temp-273.15) / 647.25) - 1),(1 / 3)) + 0.48431 * 
pow((1 / ((temp-273.15) / 647.25) - 1),(4 / 3)) + 0.71019 * pow((1 / ((temp-273.15) / 647.25) - 1),(7 / 
3))); 
return mu_water; 
} 
 
 
DEFINE_PROPERTY(cond_water,cell,thread) 
{ 
 real temp, k_water; 
 temp=C_T(cell,thread); 
 k_water= -1.63975 + 11.1421 * (temp / 647.25) + -20.0805 * pow((temp / 647.25),2) + 
16.7447 * pow((temp / 647.25),3) + -5.78763 * pow((temp / 647.25),4); 
 return k_water; 
} 
 
 
 
 
 
 

  

Air (left) and water (right) density-temperature relation. 
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Appendix B – Meshing 

 

 

 

 Close-up photo of the interface between the pipes outer fluid. 
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Automatic generated mesh for case 3, including the skewness. 
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Appendix C 

Mathematical 

Operation 

Example Associated Error 

Addition/ Subtraction 𝑥 = 𝑎 + 𝑏 + 𝑐 = ⋯ 
𝑆𝑥 = √𝑆𝑎

2 + 𝑆𝑏
2 + 𝑆𝑐

2 + ⋯ 

Multiplication/ 

Division 

𝑥 = 𝑎 ∗ 𝑏/𝑐 = ⋯ 𝑆𝑥

= 𝑥√(
𝑆𝑎

𝑎
)

2

+ (
𝑆𝑏

𝑏
)

2

+ (
𝑆𝑐

𝑐
)

2

+ ⋯   

Exponentiation 𝑥 = 𝑎𝑏 
𝑆𝑥 = 𝑥 ∗ 𝑏 ∗ (

𝑆𝑎

𝑎
) 

Logarithm  10𝑥 = log10 𝑎 

 

𝑒𝑥 = ln (𝑎) 

𝑆𝑥 = 0.434 × (
𝑆𝑎

𝑎
) 

𝑆𝑥 =
𝑆𝑎

𝑎
 

Antilog 10𝑥 = 10𝑎 × 𝑎 

𝑒𝑥 = 𝑒𝑎 

𝑆𝑥 = 2.303 ∗ 𝑥 ∗ 𝑆𝑎 

𝑆𝑥 = 𝑥 ∗ 𝑆𝑎 

 

𝑥 is the result of the calculation, 

𝑆𝑥 is the associated with the result, 

𝑎, 𝑏 and 𝑐 are the individual numbers used for the calculation of the result, 

𝑆𝑎, 𝑆𝑏 and 𝑆𝑐 are the uncertainties associated with the individual numbers for the 

calculation of the result. 

Readings and associated errors are listed below: 

Variable Read from Associated error 

𝑇ℎ𝑜𝑡 Dual input, high 

accuracy datalogger/ 

thermometer, Model 

HH506RA 

K/J/T/E Type: 

±(0.05% 𝑟𝑑𝑔 + 0.3°𝐶 𝑜𝑛 − 50 𝑡𝑜 1370°𝐶 

 ±(0.05% 𝑟𝑑𝑔 + 0.7°𝐶 𝑜𝑛 − 50 𝑡𝑜 − 210°𝐶 

 

𝑇𝑐𝑜𝑙𝑑 Dual input, high 

accuracy datalogger/ 

K/J/T/E Type: 

±(0.05% 𝑟𝑑𝑔 + 0.3°𝐶 𝑜𝑛 − 50 𝑡𝑜 1370°𝐶 
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thermometer, Model 

HH506RA 

 ±(0.05% 𝑟𝑑𝑔 + 0.7°𝐶 𝑜𝑛 − 50 𝑡𝑜 − 210°𝐶 

 

𝑣 Liquid flow indicator, 

0.07 – 0.55 l/min, 

Model 1859998 

±2% (Unspecified Scaling – Assumed 

Full Scale) 

𝜌 Tabulated value based 

on 𝑇𝑖𝑛 and 𝑇𝑜𝑢𝑡 

Ignore 

𝑐𝑝 Tabulated value based 

on 𝑇𝑖𝑛 and 𝑇𝑜𝑢𝑡 

Ignore 

𝐼 Meteix MX22 

Multimeter 

ac: ±1.2%; dc: ±1% (Unspecified Scaling 

– Assumed Full Scale)  

𝑉 Meteix MX22 

Multimeter 

ac: ±1.2%; dc: ±1% (Unspecified Scaling 

– Assumed Full Scale) 
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Appendix D 
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Appendix E 

 

 Case 3, velocity distribution at 0.14 kg/s and 150°C. 


