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Abstract 

The simultaneously requirements of ultra-low emissions and lower operating cost are 

driving the technology development of heavy-duty (HD) diesel engines. In order to meet 

the stringent emission regulations and maximise the fuel efficiency and thus minimise the 

greenhouse gases (GHG), significant efforts have been made to develop highly efficient 

and clean diesel combustion. In addition to the challenge of the trade-off between exhaust 

emissions and fuel efficiency, HD diesel engines experience low exhaust gas temperature 

(EGT) at low-load operation, which significantly reduces the effectiveness of the exhaust 

aftertreatment systems. In response to these issues, variable valve actuation (VVA)-

based advanced combustion control technologies have been researched to curb engine-

out emissions and maximise fuel efficiency as well as improving the low-load thermal 

management, helping to minimise total engine operational cost (EOC). 

 

This research started with an investigation into the influence of injector nozzle designs on 

engine combustion, emissions, and performance. This was followed by the systematic 

study of Miller cycle operation over the engine speed-load map with and without exhaust 

gas recirculation (EGR). Experimental work was carried out in a single cylinder HD diesel 

engine equipped with a high pressure common rail fuel injection system, an external 

cooled EGR circuit, and a VVA system. The results showed that the injector geometry 

optimization is necessary to improve the trade-off between engine-out emissions and fuel 

efficiency. Special attention should be paid to the interaction of spray-bowl and spray-wall 

under different operating conditions. The introduction of residual gases via an intake valve 

re-opening during the exhaust stroke was demonstrated as an effective combustion 

control strategy for exhaust thermal management at the low load operation of 2.2 bar 

indicated mean effective pressure (IMEP). Additionally, the combined “Miller cycle + EGR 

+ post injection” strategy was shown to beneficial for engine-out emission reduction and 

EGT control at 6 bar IMEP. Furthermore, the effectiveness of Miller cycle with or without 

EGR was examined from low to full engine loads at constant intake pressure and constant 

lambda conditions. A cost-benefit and the cycle-averaged results calculated over the 

World Harmonized Stationary Cycle (WHSC) were presented and analysed. The results 

showed that the “Miller cycle + EGR” strategy with a constant lambda attained the highest 

corrected net indicated efficiency over the WHSC by up to 8% in comparison to the 

baseline without EGR. Finally, the potentials of different combustion control strategies to 

meet the Euro VI emission regulation were assessed at different NOx aftertreatment 

efficiencies. Overall, this study has presented promising cost-effective emission control 

and fuel efficiency technologies that could be suitable for the “SCR-only” and “SCR + 

EGR” technical routes for the future HD diesel engines.  
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Chapter 1                                               

Introduction 

1.1 Preface 

The first internal combustion (IC) engines can date back to 19th century, initially by means 

of a four-stroke cycle engine commonly known as Otto cycle engine or spark ignition (SI) 

engine, which was put forwarded by Nicolaus Otto. Followed by the revolutionary design 

of the first compression ignition (CI) engine developed by a German engineer called 

Rudolph Diesel who gave his name to the ‘Diesel’ engine. Since the first IC engine was 

invented, the IC engine has achieved great success and has become the principal power 

plant for road transportation, stationary power plant, and marine, attributed to the 

development of innovative engine technologies over the last century. 

 

Although the automotive products equipped with IC engine produce many positive 

influences on human’s activities and have become an essential part of a country’s industry 

and economy, the steep increase in the huge number of global automobiles in the last few 

decades also lead to some severe issues, raised concerns about the pollutants such as 

nitrogen oxides (NOx), particular matter (PM), carbon monoxide (CO) and hydrocarbon 

(HC) from IC engines and their impact on the environment and human health. Besides, 

the issue of natural resources depletion which was first recognized by the oil crisis in the 

USA in the mid-1970s, as well as the climate warming have attracted global attention and 

caused increasing concerns with sustainable development of humans. Much effort is 

being made to develop new energy resources and expect to significantly improve the fuel 

efficiency of conventional IC engines, which are necessary for the control of GHG and 

harmful emissions.  

 

Demands for fuel savings and environment protection as well as human health have led 

to the adoption of emissions and fuel efficiency standards. Emission legislation has been 

initially proposed in the early 1960s by the California Air Resource Board (CARB) and 

Environmental Protection Agency (EPA) in the USA, followed by the European Union (EU) 

in the 1990s. Since then, the emission legislation has been continuously reviewed and 

updated, particularly in the HD sector which typically equipped with a diesel engine, as 

they hold 4% of on-road vehicles but account for 18% of fuel consumption and 

characterised one of the largest contributors of global CO2 emissions within the 

transportation sector. 
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Motivated by the high efficiency of CI diesel engines, many engine manufacturers decided 

to offer a diesel option, not only to conserve energy, but also to allow their customers to 

capitalize on reduced fuel consumption and operating costs. However, compared to their 

gasoline counterparts, it has become increasingly difficult for diesels to meet diesel 

emission regulations since 1990s. The main focus in diesel regulation has been on 

emissions of NOx and PM, the most perilous emissions produced by diesel engines. 

Consequently, many advanced technologies have been developed and applied to modern 

diesel engines mainly for the control of NOx and PM as well as to maximize fuel 

conversion efficiency. Among them optimization in the injector design, implementation of 

ultra-high injection pressure (Pinj), as well as introduction of cooled external EGR have 

been identified as effective technologies to either reduce fuel consumption or exhaust 

emissions. However, more progress is still required, as the levels of NOx and PM remain 

too higher to meet the increasingly stringent emission regulations, which requires the 

introduction of exhaust gas aftertreatment technologies for further emissions reduction.  

 

One of the main challenges encountered by modern diesel engines are insufficient high 

exhaust gas temperature (EGT) for efficient conversion of exhaust gases in the 

aftertreatment systems (ATS) at low engine loads, as well as significant high NOx 

emissions and peak in-cylinder pressure due to higher diesel combustion temperature and 

pressure at high engine loads. Miller cycle achieved by advancing or delaying intake valve 

closing (IVC) timing, has the ability to enhance EGT at low loads and reduce effective 

compression ratio (ECR) and consequent peak cylinder pressure at high engine loads to 

optimise combustion phasing and reduce the level of NOx. In this work, the injector 

geometry optimization and relevant injection strategies were initially optimized for the best 

trade-off between fuel efficiency and exhaust emissions on a HD diesel engine equipped 

with a VVA system on the intake camshaft. This is followed by the investigation of VVA-

based technologies and EGR over the HD diesel engine speed-load map. The total engine 

operating cost was then estimated and compared among different combustion control 

strategies. The potentials of Miller cycle with EGR (SCR + EGR) and without EGR (SCR-

only) under constant intake pressure or constant air/fuel ratio as the baseline engine 

operations to meet the Euro VI emission regulations were assessed at different NOx 

aftertreatment efficiencies. 

1.2 Project objectives 

The aim of this project is to maximise the fuel efficiency and minimise the exhaust 

emissions of a HD diesel engine via the optimisation of fuel injection and the investigation 

of Miller cycle strategy from low to full engine loads. Furthermore, to explore a cost-
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effective emission control and fuel efficiency technology incorporated in the “SCR-only” 

and “SCR + EGR” technical routes for future HD diesel engines by combining with and/or 

without EGR. The main objectives of this work comprise: 

 

i. To investigate the influence of injector nozzle geometry such as nozzle hole shape, 

fuel mass flow rate, and spray cone angle in order to achieve the optimum trade-

off between fuel efficiency and emissions as well as to provide a sensible starting 

point (baseline) for the investigation of Miller cycle.  

ii. To determine the effectiveness of Miller cycle as a technical measure to enhance 

exhaust gas temperature management at low engine loads as well as to minimise 

engine-out emissions and improve fuel efficiency at high engine loads. 

iii. To explore the potential of Miller cycle operation with or without EGR under 

constant intake pressure and constant air/fuel ratio from low to full engine loads. 

iv. To identify the optimum combustion control strategies for the “SCR-only” and “SCR 

+ EGR” technical routes that can be applied to meet EURO VI NOx emissions 

targets of < 0.4 g/kWh and analyse their potential to minimizing EOC. 

1.3 Thesis outline     

Chapter 1 provides a brief context for this work and delimit the scope of the research 

objectives. Chapter 2 presents a literature review relevant to this work. The history and 

evolution of heavy-duty diesel engine technologies along with the corresponding 

regulatory standards are described. Afterward, the current development and application 

of Miller cycle on diesel engine are discussed. Chapter 3 gives a detail description of the 

research engine and test cell facilities used to carry out the experimental work. The 

equations required for the experimental data acquisition and analysis in both real-time and 

post-processing are described. 

 

An investigation of diesel fuel injector parameters including fuel flow rate, nozzle hole-

shape and injection cone angle is discussed in Chapter 4, which is aimed to identify the 

injector geometry parameters optimised for diesel engine combustion, performance, and 

emissions. The focus of Chapter 5 and 6 are on the characterisation of the Miller cycle 

operation from low to full engine loads. Chapter 5 evaluates the effect of fuel injection 

characteristics, internal and external exhaust gas recirculation, as well as intake pressure 

on Miller cycle operation at low to medium loads. The exploration of Miller cycle combined 

with internal EGR as a means for a light load exhaust gas temperature management is 

also presented. Chapter 6 characterises the effect of Miller cycle operation at high engine 

loads and assesses the EOC at full engine load. 
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An analysis of overall engine efficiency and emissions over engine speed-load map is 

discussed in chapter 7. The cycle-averaged results calculation of different combustion 

control strategies over the WHSC test cycle was carried out as well as their potential to 

meet Euro VI emission regulations. Chapter 8 summarises the main findings in terms of 

engine performance and emissions as well as EOC from the experimental work, which is 

followed by the proposed recommendations for future work. 
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Chapter 2                                               

Literature review 

2.1 Introduction  

2.1.1 Energy and environment issues 

Energy consumption in the transportation sector is evolving. According to the Energy 

Information Administration’s (EIA) International Energy Outlook (IEO) 2017, the 

Organization for Economic Cooperation and Development (OECD) countries’ 

transportation energy consumption will remain relatively flat in the next 25 years. However, 

the levels in non-OECD countries will increase even higher than in OECD countries by 

the early 2020s. This rapid growth in non-OECD growth leads to continued transportation 

energy consumption growth through at least 2040 [1,2]. The data presented in Figure 2.1 

describes the energy transition through three different aspects: sectors, regions, and fuels, 

each of which reveals different aspects of the transition [3]. The energy growth for the 

transport sector is much slower than in the past, reflecting faster gains in vehicle efficiency. 

Even though the energy supply by 2040 is the most diversified ever seen, the dominants 

fuel in the transportation sector is still by fossil fuels, which represents 55% of the 

worldwide oil consumption [1]. By region, the fast-growing developing economies such as 

China, India and other emerging Asian countries account for around two-thirds of the 

growth in energy consumption. 

 

Figure 2.1: Global primary energy demand by sector, region and fuel. Adapted from [3]. 
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Figure 2.2 shows the global transportation fuel demand breaking down in different 

transportation means. Over next 25 years, global transportation demand is expected to 

grow about 25%. Although personal mobility demands continue to increase, the more 

efficient vehicles result in a peak and eventual decline in the energy demand of light duty 

vehicles. However, the heavy-duty segment (mostly trucks and buses) is the largest 

growth by volume and the highest fraction of energy demand in 2040. 

 

Figure 2.2: Fuel demand varies by transportation sector. Adapted from [1]. 

 

According to the most comprehensive assessment of climate change undertaken by the 

Intergovernmental Panel on Climate Change (IPCC) [4], the global warming is strongly 

related to the burning of fossil fuels, which add a substantial amount of heat-trapping 

green-house gases such as CO2 and methane into the atmosphere [5]. The data 

presented in Figure 2.3 compares the current global atmospheric concentrations of CO2 

with the past 800,000 years. Since the beginning of the industrial era, CO2 concentrations 

have increased approximately 43% from an annual average of 280 ppm in the late 1700s 

to 401 ppm as measured at Mauna Loa in 2015, primarily due to human activities [6]. 

Figure 2.4 presents the CO2 emissions varies by sources. In 2016, CO2 emissions 

produced by transport was the largest sector, having surpassed the energy supply sector. 

Since there is no specific CO2 capture device employed on a vehicle to filter out the CO2 

from cars, the most effective way to reduce CO2 produced from cars is to improve the fuel 

efficiency. This is the aim to introduce fuel efficiency regulations.    
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Figure 2.3: Global atmospheric concentrations of CO2 over time. Adapted from [6]. 

 

 

Figure 2.4: CO2 emissions by sources. Adapted from [7]. 

 

In response to the concerns with the global climate change, many countries have 

established mandatory fuel efficiency or CO2 emission regulations [8,9]. Recently, the 

Paris Agreement have entered into force on 4th November 2016 with the aim to deal with 

the global temperature rise through reducing the global GHG emissions.  
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With the increase in the number of automotive vehicles, the CO2 emissions from such 

vehicle has become one of the major sources of global CO2 concentration. In particular, 

the commercial sector, namely HD trucks, with 4% of the total number of on-road vehicles, 

account for 18% of the fuel consumption and CO2 emissions within the transportation 

sector [10]. Moreover, nearly half of the CO2 emissions in the road transport sector and 

one-third of the global greenhouse gases in the global transportation sector are produced 

by HD vehicles, which comprises 11% of the vehicles around the world [11,12]. For these 

reasons, attention has to be paid to improve the engine design and more research has to 

be performed to develop a high efficiency and clean combustion HD vehicles, in order to 

minimize the fuel consumption and emissions of the HD engines. This helps curb the GHG 

emissions and thus the impact on the global warming. 

2.1.2 Emission and fuel efficiency regulations 

The aforementioned increasingly concern over the environmental impacts caused by 

vehicles related pollutants, requires worldwide stringent emission and fuel efficiency 

regulations to be introduced. In addition to the GHG emissions, the other gaseous 

emissions such as carbon monoxide (CO), unburnt hydrocarbon (UHC), nitrogen oxides 

(NOx) and particulate matter (PM) have significantly harmful impact on human health and 

environment. This has prompted the emissions regulations, which was first introduced by 

the California Air Resource Board in the early 1960s [13]. Followed by the implementation 

of emission regulations for HD on-road vehicles began in the early 1970s in North America 

and Japan and in the 1980s in Europe [14]. From then all main countries and regions 

worldwide began to establish related emission regulations for environmental protection. 

Shown in Figure 2.5 is an overview of NOx and PM emissions limits for HD engines in the 

EU, US, and China. The trade-off between NOx and PM emissions and the differences in 

regulatory emissions limits in the EU and the US result in different technical pathways in 

these two regions. In China, the emissions levels are set equivalent to those of EU and 

therefore resulted in a similar emission control strategy.  

 

Euro VI emission standards, the most strict emission limits for on-road HD vehicles in 

Europe, were introduced by regulation 595/2009 [15]. This emission limits were 

comparable in stringency to the US 2010 standards and came into effect for new type-

approvals in 2013 and for all registrations in 2014. As depicted in Table 2.1, the Euro VI 

HD emission Regulation not only set tougher emission limits for pollutants, but also 

adopted the worldwide harmonized drive cycles which includes the World Harmonized 

Transient Driving Cycle (WHTC) and the WHSC [16]. Moreover, the particle number (PN) 

emission limit and stricter on-board diagnostics (OBD) requirements were introduced. 
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Additional provisions of the Euro VI regulation also include a new limit for ammonia (NH3) 

concentration in order to control the aqueous urea solution injection in the SCR systems. 

 

Figure 2.5: NOx and PM emissions standards for Heavy-Duty CI engines in the EU, US, 
and China. Adapted from [17]. 

Table 2.1: EURO VI emission standards for on-road HD engines and vehicles. Adapted 
from [16]. 

Test 

cycle 

Pollutant limits 

NOx 

(g/Kwh) 

CO 

(g/Kwh) 

HC 

(g/Kwh) 

CH4 

(g/Kwh) 

NMHC 

(g/Kwh) 

PM  

(g/Kwh) 

PN 

(#/Kwh) 

NH3 

(ppm) 

WHSC 

(CI) 
0.40 1.50 0.13 n/a n/a 0.010 8.0x1011 10 

WHTC 

(CI) 
0.46 4.00 0.16 n/a n/a 0.010 6.0x1011 10 

WHTC 

(PI) 
0.46 4.00 n/a 0.50 0.16 0.010 6.0x1011 10 

 

In the case of US, the regulation of NOx and PM emissions for HD on-road diesel engines 

was first discussed in the 1970s. As shown in Table 2.2, the first emission regulations 

became effective in 1974, since then substantial reduction in the emissions have been 

obtained in a number of steps [18]. Prior to the 1988s, the focus of the US regulations was 

NOx, HC, CO and smoke. The limits for PM were introduced in 1988 [14]. A more stringent 

NOx and PM limits was the first phased-in which began in 1988 and was completed in 

1998, reducing NOx by 62% and PM by 83% compared to the former standards [19]. The 
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current emissions standards for HD engines were phased-in over the period of 2007-2010, 

which limits the NOx level lower than those of the Euro VI standards.  

 

Table 2.2: An overview of US EPA and California Emission standards for HD diesel 
engines. Adapted from [18]. 

 

 

In parallel to the evolution of emissions standards set for pollutants control, attention is 

being increasingly put on CO2 emission in the last decade. The first mandatory targets for 

GHG emissions or fuel efficiency was introduced by United States (US) and Japan and 

became effective in the mid-2010s [14]. In order to further reduce the fuel consumption 

and GHG  emissions from new heavy-duty vehicles, tractors, trailers, and engines, the 

U.S. EPA and the U.S. Department of Transportation’s National Highway Traffic Safety 

Administration (NHTSA) jointly proposed a new Phase 2 regulations, which is built upon 

the last standards and cover model years between 2014 and 2018 [20]. In the EU, the 

CO2 emissions and fuel consumption for HD vehicles will be obtained from the future 

monitoring and reporting scheme. In 2016, the European Commission (EC) revealed that 

the EU is working on the legislative proposal for HD vehicles efficiency standards [21]. 

Other Transport Task Group (TTG) members such as Canada, China, and Japan have 
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already established corresponding CO2 and fuel efficiency standards of HD vehicles for 

their countries [22]. 

2.2 Heavy-duty diesel engine emissions  

Diesel engines have been the main power source in transportation sectors owing to their 

high torque output and superior thermal efficiency. However, conventional diesel 

combustion produces significant pollutants, particularly NOx and soot emissions. This is 

due to the existence of locally fuel-rich and high combustion temperature zones resulted 

from the non-premixed diffusion-controlled combustion [13]. The mixing challenges and 

incomplete fuel combustion in diesel engines lead to the formation of engine pollutants 

such as PM, HCs, and CO, while NOx emissions are formed primarily due to the high-

temperature combustion conditions. The reduction of these pollutants from engines are of 

particular important because they contributed to a serious health and environmental 

threats [23]. In addition, according to the chemical and medical investigations the 

suspension of fine particles in ambient air linked to the potential health risk [24]. More 

attentions should be focused on the detail investigation of fuel-air mixing and in-cylinder 

combustion process in order to better understand the formation mechanisms of the 

abovementioned emissions. 

 

Figure 2.6 schematically illustrated the particle structure composition. The principal 

constituent of PM is composed of sulphate particles, soluble organic fraction (SOF), and 

dry carbon referred to as soot [25][26]. The majority of the particles are burned before the 

remaining soot is exhausted to form particulates with unburnt fuel and engine oil. 

  

    

Figure 2.6: Typical particle structure for a HD diesel engine. Adapted from [25]. 
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Shown in Figure 2.7 is the typical particle composition for a HD diesel engine by testing 

on a US HD Transient Test [25]. The fuel sulfur content is almost equivalent to the sulfuric 

acid/sulfate fraction. The fraction associated with unburned fuel and lube oil varies with 

engine design and operating condition. 

 

Figure 2.7: Typical composition of engine exhaust particles. Adapted from [25]. 

 

NOx emissions present in the exhaust gas consist of approximately 70-90% nitrogen 

monoxide (NO) and 10-30% nitrogen dioxide (NO2). The formation of NO is typically in 

the premixed and diffusion-controlled combustion phases as a function of the flame 

temperature and in-cylinder oxygen availability [27]. Zeldovich and “prompt” are the two 

major mechanisms associated with the NO formation process [28]. Presented in reaction 

(2.1), (2.2), and (2.3) below are the Zeldovich mechanism: 

 

𝑁2 + 𝑂 → 𝑁𝑂 + 𝑁                                                                (2.1) 

 

𝑁 + 𝑂2  → 𝑁𝑂 + 𝑂                                                               (2.2) 

 

𝑁 + 𝑂𝐻 → 𝑁𝑂 + 𝐻                                                               (2.3) 

 

Reaction (2.1) is highly dependent on combustion temperature as the reaction requires 

high activation energy. It is also a determine step for the reaction rate and has significant 

effect on the amount of NO formation. Although NO accounts for the majority of NOx 

species formed in the combustion chamber, massive NO2 can also be formed at a certain 

conditions.  

 

Figure 2.8 shows the conceptual model of diesel combustion plume, which characterizes 

various combustion phases starting from the liquid fuel injection in the injector nozzle 

orifice to the edge of the combustion plume. According to the conceptual model, the 

understanding of the in-cylinder combustion process and emissions formation 
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mechanisms can be advanced considerably. A locally rich mixture is formed in the interior 

of the diffusion flame via injecting liquid fuel into the combustion chamber, which leads to 

high equivalent ratio combustion inside the plume and produces particles. Afterward, 

these particles are oxidized in the exterior edge of the diffusion flame where temperature 

is significantly high (2700K). As a result, the soot emissions emitted from the engines are 

the net result of soot formation and oxidation. Since soot formation requires combustion 

heating to pyrolyze the fuel, soot concentrations are very high on the fuel side of the 

diffusion flame. This is differed from the formation of NOx emissions, which are formed on 

the high temperature periphery.  

 

 

Figure 2.8: Conceptual model of quasi-steady diesel diffusion flame combustion. 
Adapted from [29]. 

 

Compared to the gasoline counterpart, diesel engines typically produce relatively lower 

unburnt HC and CO emissions due to operating in lean conditions. The oxygen availability 

and in-cylinder gas temperature play significant roles for HC and CO formation [30]. 

Unburnt HC is mainly produced from unburned fuel and partially decomposed fuel 

molecules. Research has also shown that poor mixture formation, lubricating oil 

combustion, and quenching are significantly contribute to the HC emissions. CO 

emissions are the intermediate combustion product of hydrocarbon and primarily formed 

in the over-rich combustion where incomplete combustion is occurred [13].  
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2.3 Heavy-duty diesel engine emission control 

technologies 

2.3.1 Combustion system optimization  

In most recent years, increasingly concerns over air pollution and the stringent 

emission norms have forced engine researchers and manufacturers to further 

optimise the combustion system in all areas of the engine design. Advanced 

engine design allows for improving in-cylinder air motion and therefore curb the 

formation of in-cylinder emissions. During the combustion system design of 

modern diesel engines, significant effort has been put on the optimization of piston 

bowl geometry, swirl motion of the air, injection strategy, and fuel injector nozzle 

configuration, which includes diameter and number of orifices, fuel injection angle, 

and spray targeting, in order to improve fuel conversion efficiency and engine-out 

emissions [29]. 

 

In diesel engines, in-cylinder air motion which characterized by squish, swirl, and 

turbulence, has significant effect on the air/fuel mixing process and consequently, 

the combustion and emission characteristics, particularly near the top dead centre 

(TDC) during the compression stroke [13]. The swirling motion in the cylinder is 

typically generated via a special intake port design or a fully variable inlet valve 

system [31,32]. The effect of swirl ratio on combustion and emissions has been 

extensively investigated by many researchers in last decades [31,33–35]. 

Generally, a higher swirl ratio can help improve combustion and thus lower engine-

out emissions [32,36]. However, an increased swirl ratio can also lead to higher 

fuel consumption and NOx emissions. This is due to the enhanced mixing and 

higher gas motion near the cylinder wall surfaces, contributing to higher heat 

losses [32,37]. Furthermore, high swirl ratio increases the possibility of trapping 

more partially-burned fuel into the piston bowl [38]. Therefore, there exists an 

optimal in-cylinder swirl level for achieving minimum emissions and optimum 

efficiency, beyond this level the mixing rates could be deteriorated. Some research 

also demonstrated that a higher swirl level usually beneficial for the soot emissions 

reduction at risk of higher NOx levels [31,39].  
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Another means of controlling the mixture distribution and enhancing air/fuel mixing 

for a better combustion is the optimisation of piston bowl geometry. In recent years, 

huge efforts have been made by numerous researchers on the improvement of 

engine combustion via the optimization of engine design parameters. This mainly 

includes the following three different types of piston bowl geometry: re-entrant, 

toroidal, and stepped [40–42]. Figure 2.9 shows the piston bowl geometries of 

conventional and stepped types.  

 

Figure 2.9: Piston bowl geometries of conventional and stepped types. Adapted 
from [34]. 

Generally, the stepped piston bowl allows for a better mixture preparation and 

demonstrates a reduction in soot and CO emissions as well as better fuel 

conversion efficiency when compared to the conventional piston bowl type [42]. A 

relatively open bowl geometry can produces an earlier combustion phasing and 

higher NOx and CO emissions, whereas a vertical side-wall bowl lead to lower CO 

and HC emissions, as shown in the computational work by Cao et al. [43]. Similar 

results have been reported by Splitter et al. [44] through experimentally study the 

effect of piston geometry and compression ratio on the load limits and efficiency 

of Reactivity Controlled Compression Ignition (RCCI) combustion. Furthermore, 

Quazi et al. [34] demonstrated that a large shallow piston bowl usually can result 

in lower soot emissions and better fuel conversion efficiency at the same 
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compression ratio. By contrast, the smaller piston bowl design tends to curb NOx 

formation at the expense of higher fuel consumption and soot emissions.  

 

In addition to the important effect on combustion of air motion, fuel spray 

characteristics such as the injector geometry structure and injection strategies are 

also play a very significant role on diesel engine combustion and emissions. 

Therefore, it is important to match well the fuel injection with the piston bowl 

geometry in order to achieve the optimum engine performance and engine-out 

emissions.  

 

Injector design parameters such as orifice diameter and number, nozzle hole-

shape, and spray cone angle have a direct effect on the fuel atomization, 

vaporization and consequent air/fuel mixing. In recent years, the diameter of 

nozzle orifice tends to be decreased with the aim to reduce the fuel droplet size. 

At higher injection pressures, a smaller orifice diameter can be used to decrease 

the fuel penetration and can also reduce the liquid fuel impingement on the cylinder 

walls [45]. Other advantages of using a smaller nozzle hole are to enhance the 

fuel atomization and increase the air entrainment, etc. This can help increase the 

mixing rate and form a more uniform air/fuel mixture, yielding lower soot emissions 

and fuel consumption with an increase in NOx emissions [46]. However, a smaller 

nozzle hole increases the fuel injection duration and become increasingly difficult 

to achieve enough high injection rate, which could result in lower combustion 

efficiency. This can be improved by increasing injection pressure to accelerate the 

injection rate [47,48]. Increasing the number of injector nozzle holes will contribute 

to the occurrence of spray overlap and reduce the length of spray penetration, 

which deteriorates the soot oxidation [49,50]. Some studies also reported that the 

larger number of holes with smaller diameter has an adverse effect on the fuel 

efficiency in a HD diesel engine due to the poor spray penetration [51].  

 

The orifice cross-sectional area is another important characteristics for a nozzle 

as it has a direct impact on the injector internal flow field characteristics and the 

evolution of cavitation and turbulence over the nozzle length. As shown in Figure 

2.10 the classic cylindrical hole and two conical holes with a progressive reduction 

in the cross-sectional area between inlet and outlet. The k-hole can be defined by 
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the nozzle conicity or the so-called k-factor, which was demonstrated in equation 

(2.4) as 

𝐾 − 𝑓𝑎𝑐𝑡𝑜𝑟 = 100 ∗ 
(𝐷𝑖𝑛−𝐷𝑜𝑢𝑡)

𝐿
                                      (2.4) 

 

where 𝐷𝑖𝑛 is the inlet hole diameter, 𝐷𝑜𝑢𝑡 is the outlet hole diameter, and 𝐿 is the 

length of nozzle.  

 

Figure 2.10: Layouts of cylindrical, K, and ks nozzle holes. Adapted from [52]. 

 

Compared to cylindrical hole-shape, the k-hole injector produces smaller spray angle, 

stronger penetration, slower injection rate and more stable spray characteristics. While 

the ks-hole characterised by a relatively bigger rounded edge at the hole entrance, is the 

upgrade version of the k-hole by Konisch Strömungsoptimiert [52]. The advantages over 

k-hole are the higher efficiency in transforming the fuel pressure into spray velocity across 

the inlet section and lower flow separation downstream of the hole entrance [53,54]. An 

experimental work performed by Benajes et al. [55] investigated the flow characteristics 

of two different nozzle hole shapes (cylindrical and conical). It found that the conical nozzle 

achieve higher value of discharge coefficient than the one with a cylindrical shape. They 

also revealed that the flow collapsed at high injection pressures only occurred at 

cylindrical nozzle due to cavitation. Desantes et al. [56] analysed the impact of nozzle 

conicity on the formation of cavitation. Results revealed that an increase in K-factor value 

can effectively reduce the possibility of cavitation. Research has also demonstrated the 

potentials of conical nozzle in reducing soot emissions due to enhanced atomization and 

better air–fuel mixing, although the ignition delay was reduced. However, it yielded higher 

NOx emissions due to higher level of diffusion combustion [57]. 
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Early injection strategy has been widely used in the direct injection engines, particularly 

HCCI diesel engines, in order to allow for enough time to form a homogeneous air/fuel 

mixture [58,59]. The spray cone angles for a conventional diesel fuel injectors are typically 

between 120 and 160 degrees with vertical centerline direct injected fuel towards the 

cylinder liner. However, they will increases the risk of fuel spray impinging on the cylinder 

walls [60]. The resulting wall-wetting has negative effect on combustion efficiency, oil 

dilution, and soot emissions [61]. Numbers of studies have proved that limiting the spray 

cone angle is an effective way to reduce or avoid wall-wetting by targeting the fuel within 

the combustion bowl [62–64]. Additionally, a better air/fuel mixing process can be realized 

with the use of a narrow spray angle as it demonstrates a better spray-wall interaction 

[65]. By using narrow angle injectors with optimized injection strategy, simultaneous low 

levels of NOx and soot emissions can be achieved with small penalty on fuel efficiency 

[66]. Thus, it can be seen that the spray targeting plays a very important role in controlling 

engine-out emissions by improving the mixing process and mixture distribution. 

 

Previous studies have also revealed that there exists an optimum combination between  

bowl geometry, swirl ratio, and spray targeting to maximize fuel efficiency and minimize 

engine-out emissions [33–36]. Thus, it is important to carry out an investigation of 

combustion chamber geometry along with swirl ratio and fuel injector geometry structure 

to achieve an optimum combustion system in terms of emissions and fuel efficiency. 

2.3.2 High pressure common rail fuel system 

The development of diesel fuel systems has been accelerated with the advent of 

advanced common rail fuel system. Currently, the common rail system along with unit 

injector and unit pump are used widely in HD vehicles [19]. In diesel engines, the 

combustion characteristics and emissions formation are heavily influenced by spray 

atomization and its mixing with in-cylinder air flow. Thus, modern diesel systems have 

tended to rely on advanced fuel injection systems with capability of high injection 

pressures. This is because fuel injection pressure is one of the most important injection 

parameters and has significant impact on the performance of air/fuel mixing process 

[67,68]. Figure 2.11 shows the typical efficiency results of diesel fuel injection technologies 

for HD engines over the last 30 years. 
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Figure 2.11: Comparison of typical HD engine fuel systems in terms of efficiency results. 
Adapted from [69]. 

 

The main drivers for the development of fuel injection system with the capability of high 

injection pressure are to increase the tolerance for high EGR rate, to minimize emissions, 

and to improve engine performance and efficiency [70]. High fuel injection pressure has 

been regarded as one of the most efficient technologies to meet the current and future 

stringent emissions regulations. Studies have showed that the use of high injection 

pressure improves spray atomization and fuel–air mixing, leading to a faster heat release 

rate [71,72]. This can directly influence engine performance and emissions characteristics. 

Fuel injection pressure has great impact on the spray droplet diameter distribution, which 

fundamentally affects the combustion characteristics. When the fuel injection pressure is 

increased, the spray droplet become smaller and vaporize faster. This is the reason for 

the improvement of fuel-air mixture and thus leads to lower soot and CO emissions [73,74]. 

Besides, a longer lift-off length can be realized by using higher pressure injection, which 

is beneficial for the soot reduction. This is a result of the lower equivalence ratio at the 

flame base and shorter residence time for soot formation [75,76]. The earlier end of 

injection resulted from higher fuel injection pressure is also one of the major reasons for 

the reduction of soot formation. This can be explained by the prolonged mixing time before 

combustion and hence higher degree of  premixed combustion [75]. However, using over-

high fuel injection pressure in some cases also has negative effect on combustion. As it 

could reduce the ignition delay and thus the formation of inhomogenous mixture, resulting 

in lower combustion efficiency [77]. Furthermore, although using ultra-high pressure 

injection can effectively realize fast spray vaporization and high air entrainment rate, it is 

undesirable at low load operation due to increased parasitic work for pressurizing the high 

pressure fuel and probably lead to fuel spray over-penetration [70,78].     
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2.3.3 Boosting technology  

In diesel engines, turbocharger systems play an important role for achieving high power 

output and low exhaust emissions. The early development of turbochargers is primarily 

based on marine engines and stationary. Since from the late 1930s to the present day, 

almost all turbocharged automotive engines have been built with a pulse turbocharger 

[79].  A conventional turbocharger consists of a turbine and a compressor, both of which 

are connected by a shaft. It uses the exhaust gas from the engine to drive the turbine, 

which then powers the air compressor to increase intake pressure and thus the amount 

of in-cylinder air charge. 

 

Increasing engine power output and thermal efficiency are the main reasons of using 

turbocharger as it can significantly increase the cylinder charge density to burn more fuel 

at each cycle. However, the amount of air can be compressed is rely on the swallowing 

capacity and isentropic efficiency of turbine. The swallowing capacity determines the 

overall flow restriction in the turbine while the isentropic efficiency represents the actually 

power achieved in the turbine stage. The waste-gate turbocharger is the first commercially 

used turbocharger, which was limited to working properly at part loads. The turbine power 

can be modulated by controlling the waste-gate to adjust the swallowing capacity. 

Consequently, high intake pressure and low possibility of surge problems can be realised 

by closing waste-gate at low engine speeds. On the contrary, the waste-gate is kept 

opening to avoid over-boosting at high engine speeds [80].  

 

In a two-stage turbocharger, a relatively lager low pressure turbocharger along with a 

smaller high pressure turbocharger are deployed in series, both of which are optimized to 

ensure properly operation either at low speed or high speed conditions. Typically, a two-

stage turbocharger demonstrates lots of advantages over a single-stage turbocharger, 

such as higher isentropic efficiency, better low-end torque, and faster transient response 

[81,82]. The higher intake pressure provided by a two-stage turbocharger can also 

significantly enhance engine power density [83] and beneficial for the performance of soot 

oxidation during the diffusion-controlled combustion period [84]. In addition, the utilization 

of a two-stage turbocharger can provide desired intake pressures to compensate the in-

cylinder fresh air loss caused by some strategies such as EGR and Miller cycle, and 

therefore improve combustion process. As a result, two-stage turbocharger system has 

been widely used to overcome the restrictions of Miller cycle and EGR technologies in 

recent years [85,86].  
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However, the main challenge of applying a fixed geometry turbocharger with a wastegated 

type turbine to a diesel engine is the so called “turbo-lag” problem at low speed and low 

load conditions and the capability of introducing desired EGR with minimal fuel efficiency 

penalty at all engine operation conditions [87,88]. This has severely limited the 

development of diesel engine downsizing [89]. Alternatively, a Variable geometry 

turbocharger (VGT) can be employed to improve engine transient respond, allowing the 

turbine power to be adjusted according to the real-time engine operating conditions, 

without the need to bypass the turbine flow via a waste-gate. Consequently, the benefits 

of VGT over wastegated turbines include providing higher air-fuel ratio and higher peak 

torque at low engine speeds and improved vehicle accelerations without the need to resort 

to turbines with high pumping loss at high engine speeds [29,90]. In modern diesel 

engines, more attention is being paid on the VGT system design as an enabling 

technology for the improvement upon torque and performance, the introduction and 

control of EGR, as well as the aftertreatment regeneration [91–93]. Additionally, the hybrid 

turbocharger, which includes an Electric Turbocharger Assist (ETA) device and a VGT 

system demonstrates greater potential in the development of engine downsizing over 

other boosting technologies. This is mainly because the ETA technology can provide 

additional boost to enhance the full load performance of downsized engine, particularly at 

low engine speeds. It can also reduce pumping loss by supply power to turbocharger [94–

98]. Shown in Figure 2.12 is the engine layout with an electrically-assisted turbocharger 

device. 

 

Figure 2.12: The layout of an electrically-assisted turbocharging engine system. Adapted 
from [94]. 

 

Therefore, with the increasing demand for engine downsizing, the hybrid turbocharger 

technology remains an efficient option due to the capability of simultaneous improvement 
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in transient response and fuel efficiency, although the extra cost and weight of the entire 

system as well as relative technology challenges. 

2.3.4 Exhaust gas recirculation 

The dominant factor leading to the NOx formation is the peak combustion temperatures, 

which also referred to as flame temperatures. Thus, it is necessary to reduce the flame 

temperatures by means of some combustion control technologies in order to suppress the 

NOx formation. Recirculating exhaust gas is an effective means to decrease the flame 

temperatures. There are two different pathways to introduce the exhaust gas back to the 

cylinder.  

 

The first one is the external EGR (eEGR), which is an effective and well established 

technology for NOx emissions control from internal combustion engines. It can be simply 

realized by introducing a proportion of the exhaust gas from exhaust manifold to the inlet 

side. As intake air temperature has significant effect on engine combustion, performance, 

and emissions, EGR cooler is deployed to cool down the high temperature exhaust gases 

before mixing with fresh air. This design is commonly known as cooled EGR and can 

effectively reduce the thermal loading in the engine [29]. Figure 2.13 is a schematic 

representative of EGR system used in a passenger car, which complied with Euro 3 

emissions standard and was introduced in 1999.  

 

 

Figure 2.13: Layout of the EGR/intake throttle system for Euro 3 application on Audi 
3.3L V8 TDI engine. Adapted from [99]. 

 

The main reasons for efficient NOx emissions control by the use of EGR can be 

summarized as follows: 

 

 Dilution of the inlet air via the introduced inert gases to reduce the oxygen 

concentration (dilution effect). 

 Increase of the total in-cylinder heat capacity as CO2 and water (H2O) existed in 
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the recirculated exhaust gas have higher specific heat capacity (thermal effect). 

 Modification of the combustion process due to the dissociation of water vapour 

and CO2 (chemical effect). 

 

Among them, the dilution is the most effective EGR effect in reducing NOx emissions at a 

constant intake pressure as it introduces higher impact on the flame temperatures than 

others [80]. However, the thermal effect becomes the most significant one when 

increasing the boost pressure to maintain a constant in-cylinder air/fuel ratio [100,101]. 

Owing to these important EGR effects on the composition of mixture and the consequent 

flame temperatures, EGR has become almost essential to meet current and future HD 

diesel engine NOx limits [102]. 

 

Particularly, high EGR levels are regarded as an enabler for low temperature combustion 

(LTC) strategy, which allows for simultaneous low levels of NOx and soot [103,104]. In 

recent years, extensive theoretical and empirical studies have been carried out in order 

to understand thoroughly the fundamental influence of EGR on diesel engine combustion 

[100,105–107]. Nevertheless, EGR also demonstrates adverse effect on fuel efficiency 

and PM to some extent. The lower combustion temperature and slower rate of combustion 

introduced by EGR can deteriorate the engine combustion characteristics. Besides, 

aggressive use of EGR could considerably increase the smoke emissions when in-

cylinder oxygen concentration becomes insufficient to maintain a complete combustion. 

Moreover, the use of EGR would raise some practical considerations. At higher engine 

loads, a significant higher intake pressure is required to maintain in-cylinder air/fuel ratio 

to avoid excessive smoke, which poses great challenge on the turbocharger. Moreover, 

the higher intake pressure required at higher engine loads is limited by the maximum peak 

cylinder pressure [106]. Reliability, packaging, and maintenance cost are the main 

concerns as well [108]. 

 

The other method used to trap exhaust gases back to the cylinder is by means of the 

internal EGR (iEGR) which can be achieved through a VVA system. Such a system can 

either enables the intake valve re-opening during the exhaust stroke (2IVO) or capable of 

exhaust valve re-opening during the intake stroke (2EVO). Also, the iEGR can be realized 

by an early exhaust valve closing (EEVC) event along with modulate the valve overlap on 

a conventional camshaft [109]. Compared to other methods, the 2IVO strategy has been 

demonstrated the potential to obtain the best fuel efficiency and smoke [110,111].  

 

The iEGR strategy shows great advantages over the eEGR method such as simpler 

packaging, lower maintenance cost and higher reliability, as well as a better cycle-to-cycle 



24 
 
control for the exhaust gas fraction [112]. Moreover, the introduction of iEGR with higher 

exhaust back pressures enabled lower unburnt HC and CO, and higher EGT at low engine 

loads [113]. The increased EGT at these operating conditions with low exhaust gas 

enthalpy is typically important for increasing the performance of ATS [114,115]. However, 

the iEGR plays a less significant role on the NOx formation than the eEGR as the 

recirculated exhaust gas via iEGR is uncooled. The hot exhaust gas can reduce the intake 

air flow density, leading to higher smoke emissions and fuel consumption, and may cause 

power loss at full engine loads. Thus, the iEGR is generally turned off at high engine loads 

[112,116].  

 

Despite these in-cylinder techniques described above have demonstrated great potential 

in reducing engine-out emissions and improving engine thermal efficiency, diesel engines 

are facing the challenge of the trade-off between exhaust emissions and fuel efficiency. 

Therefore, it is necessary to research alternative in-cylinder combustion and engine 

control technologies coupled with aftertreatment control strategy in order to achieve a fuel 

and cost-efficient solution [117].  

2.3.5 Aftertreatment technologies 

To meet the stringent emissions regulations such as Euro VI and US 2010, significant 

reduction in these pollutants is required by using in-cylinder combustion technologies and 

aftertreatment control. Over the past decades, these diesel engine ATSs have been 

developed rapidly and have been combined with advanced engine combustion control 

technologies aforementioned to enable an optimum trade-off between engine-out 

emissions and total fluid consumption [118].  

 

Typical ATS including selective catalytic reduction (SCR), Lean NOx Trap (LNT), diesel 

particulate filter (DPF), and diesel oxidation catalyst (DOC) allow for NOx, PM, CO and 

HC emissions reduction accordingly. Figure 2.14 depicts a representative of 

aftertreatment systems integrated on a modern HD diesel engine. The conversion 

efficiency of these ATS is strongly dependent on the EGT. A minimum EGT of 

approximately 200°C is required for catalyst light-off and to initiate the emissions control. 

This is extremely challenging at low-load conditions when the EGT is too low to provide 

sufficient emissions reduction. Therefore, a suitable control strategy to raise EGT while 

maintaining high engine efficiency is significantly important at low engine loads. 

 

The DPF technology dated back to 1999 when it was first commercially used in light-duty 

engine, while in the HD truck in 2005 [119]. The primary goal of using DPF is to remove 

or reduce the particulate matter from the exhaust gases emitted from the engines. The 
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main concern for DPF in practical use is the required periodical regeneration, which is the 

process of removing the accumulated soot from the filter in order to avoid blocking [120]. 

DPF regeneration can be fulfilled passively and actively. The former is achieved via using 

the exhaust enthalpy or with the assistance of a catalyst using in the filter, while the latter 

need to use external heating measures to accomplish the regeneration process. The DOC 

system is generally installed upstream of a wall-flow DPF system. The primary purposes 

of the DOC are to oxidize hydrocarbons and carbon monoxide in the exhaust, but also 

promote the oxidation of NO to NO2 to improve the SCR conversion efficiency [121] and 

supply oxidation exotherm to allow passive regeneration for the DPF [119,122]. 

 

 

Figure 2.14: A layout of an aftertreatment system integrated on a modern HD diesel 
engine. Adapted from [123].  

 

SCR is an efficient technology for NOx reduction based on ammonia and has now been 

used more widely than the other aftertreatment control techniques [124]. Typically, SCR 

system includes a urea storage and dosing system and an ammonia slip catalyst (ASC) 

since the use of urea ((NH2)2CO)/water solution has become common for SCR system. 

Aqueous urea (typical a mixture of 32.5% high purity urea), used as the chemical reduction 

agents, has been known as commercial names of Diesel Exhaust Fluid (DEF) and AdBlue 

in North American and Europe, respectively. The relative prices between diesel fuel and 

urea are different in different countries and regions, which determines the optimum 

engine-out NOx level should be controlled by the in-cylinder technologies [29,125]. 
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The urea mixture reacts and decomposes into ammonia and water when being injected 

to the exhaust stream where the EGT is more than 300°C [79]. The impact of the urea 

decomposition on the performance of SCR catalyst can be neglected when the EGT is 

above 250 °C [126]. The nitrogen oxides mainly including NO and NO2 are reduced by 

ammonia to form nitrogen gas and water vapour. An ASC is typically equipped 

downstream of the SCR system in the Euro VI and US 2010 systems to remove excess 

NH3 slip from the dosing system. However, the reaction between ASC and NH3 may 

produce harmful gases such as nitrous oxide (N2O) and NOx [127]. 

 

The primary challenges for SCR system are the complex processes of ammonia storage, 

SCR-catalyst heating-up strategy, as well as the reliable urea injection and ammonia slip, 

which poses great challenge on SCR system to optimizing control algorithms in order to 

achieve efficient SCR conversion rate with a minimum ammonia slip at all engine 

operating conditions [124]. Alternatively, SCR coated DPF (SDPF) is one of the potential 

technologies capable of reducing the packaging space and improving the light-off 

performance of SCR system [128]. Recent studies have also been focused on the 

investigation of catalysts used in the SCR system mainly including vanadia, Fe-zeolite, 

and Cu-zeolite [129–131]. Moreover, there is an optimum balance between in-cylinder 

control and aftertreatment control for NOx emissions, which requires further investigation 

to reduce the engine running cost by minimizing the diesel fuel consumption and the 

aqueous urea solution consumption in the SCR system [125].  

2.4 Heavy-duty diesel engine combustion strategies 

2.4.1 Conventional diesel combustion  

Diffusion combustion enables conventional diesel engines to operate with high torque 

output, high reliability and durability, as well as superior thermal efficiency, making diesel 

engines the dominant powertrain in HD vehicles. However, diesel engines are confronted 

with great challenge when it comes to emissions. The mixing-controlled diesel combustion 

produces significant PM in the fuel-rich burning region and high concentration of NOx in 

the high-temperature zones. To better understand how emissions are formed, Figure 2.15 

shows the details of the conventional diesel combustion (CDC) process. 

 

The diesel combustion consists of four combustion phases: ignition delay, premixed 

combustion, mixing-controlled combustion, and late combustion, as described in Figure 

2.15. The ignition delay is defined as the period between start of injection (SOI) and start 

of combustion (SOC). Followed by the premixed combustion phase where the fuel and air 

well-mixed during the ignition delay period. These prepared mixture burns rapidly and 
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intensely once the auto-ignition temperature is reached. This phase is characterised by 

high peak of heat release and high combustion temperature, and therefore beneficial for 

the NOx formation. The mixing-controlled combustion, also referred to as diffusion 

combustion, is primarily controlled by the fuel injection rate and the fuel-air mixing rate. 

Compared to premixed combustion phase, lower heat release peak is observed in this 

phase and thus lower flame temperature, but it contributes to the majority of soot formation 

owing to the fuel-rich combustion. Finally, the remaining fuel continues to mixing with air 

and is consumed in the late combustion phase. A significant lower heat release rate is 

recorded in this phase as the in-cylinder temperature is relatively low during the expansion 

stroke.  

 

Figure 2.15: Typical diesel engine combustion heat release rate. Adapted from [13]. 

 

2.4.2 Alternative combustion strategies  

Increasingly stringent emissions regulations and fuel prices are driving the development 

of more efficient internal combustion engines. Nowadays, HD diesel engines have to 

depend heavily on the complex and expensive ATS in order to meet current and future 

emissions regulations. Advanced combustion modes such as homogeneous charge 

compression ignition (HCCI), premixed charge compression ignition (PCCI), and LTC 

have shown great potential to significantly reduce engine-out NOx and smoke emissions 

through reducing the peak in-cylinder combustion temperatures and the local equivalence 

ratios, as show in Figure 2.16. This can greatly reduce the demand on costly ATS 

[132,133].  

 

HCCI combustion mode is one of the LTC technologies, which involves a prolong ignition 

delay and enables a premixed and sufficiently lean air/fuel mixture prior to the SOC. 

Typically, early injection strategy during the compression stroke is used to achieve HCCI 
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combustion. However, HCCI combustion tends to suffer from wall-wetting phenomenon 

due to early injection, high unburnt HC and CO attributed to the low combustion 

temperature, and high excessive pressure rise rates. The greatest challenge for HCCI 

combustion strategy is still the direct control of SOC and combustion phasing, especially 

at transient conditions as the conventional link between fuel injection and combustion 

process is not able to be maintained [134–136]. 

 

To overcome the disadvantages of HCCI combustion aforementioned, the PCCI type 

combustions are proposed, such as the Premixed Charge Compression Ignition [134,137], 

Partially Premixed Charge Compression Ignition (PPCI) [132,138], Premixed Lean Diesel 

Combustion (PREDIC) [139], as well as  Modulated Kinetics (MK) [140] and Uniform Bulky 

Combustion System (UNIBUS) [141]. Differ from HCCI combustion, the PCCI type 

combustions use a less early fuel injection strategy to reduce or avoid wall-wetting. 

However, the charge homogeneity is lower and tend to produce lower power output, 

although the PCCI type combustions can maintain the link between fuel injection and 

combustion at part loads. In addition, the PCCI combustions tend to produce higher 

unburnt HC and CO emissions and its operating range is limited to partial load. The high 

EGR level used in the PCCI combustions also impose great demand on the boosting 

system. 

 

Figure 2.16: Local equivalence ratio versus temperature map for the classification of 
combustion strategies. Adapted from [134]. 

 

In order to successfully apply PCCI combustion strategies in practical HD diesel engines 

and realize the commercialization of HD diesel PCCI engines, extending the PCCI to 

higher engine load regions is necessary. However, the PCCI combustions are 

characterized by fast heat release and high peak cylinder pressure at higher engine loads, 
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an effective combustion control strategy to overcome these issues is required. A lower 

compression ratio achieved via a VVA system is one of the most promising technologies 

due to its fast response time and the capability of controlling in-cylinder gas pressure and 

temperature at TDC [142,143]. Moreover, the resulting lower in-cylinder temperature can 

reduce the requirement of EGR rate for NOx emissions control [144]. A number of 

experimental and computational studies have been carried out to explore the potential of 

late intake valve closing (LIVC) for the application of PCCI combustion in HD diesel 

engines [145–148]. 

2.5 Miller cycle engine operation  

2.5.1 Principle of Miller cycle operation  

Engine cycles can be referred to as over-expansion cycles when its effective expansion 

ratio (EER) is higher than the ECR. Atkinson cycle, the first four stroke internal combustion 

engine process with a relatively longer effective expansion stroke compared to the 

compression stroke, was invented by the English engineer James Atkinson in 1880s 

[149,150]. A complex linkage crank mechanism was deployed to realize the unequal 

compression and expansion strokes in the Atkinson engine, in which all four engine 

strokes are completed during one single revolution of the crankshaft.  

 

Aside from the Atkinson cycle engine, Miller cycle engine is another type of over-

expansion cycle engine achieved by means of adjusting valve timing to control ECR, 

which was built upon the former one. In 1950s, Miller cycle was patented by an American 

engineer, Ralph Miller [151–153]. In the beginning, the primarily interest of using Miller 

cycle is to reduce the cylinder temperature at TDC by modulating IVC timings. With lower 

in-cylinder temperature at the end of the compression stroke, more fuel can be burned at 

full load to increase engine power density while maintaining the limits of the supercharged 

engine components within acceptable levels, which was mentioned in the 1954 patent 

[151]. While in the patent of 1956, the main objective was particularly focus on the boosted 

spark ignition engines in an attempt to control auto-ignition and enable a proper air/fuel 

mixture at high engine load with a higher degree of over-expansion cycle [152].  

 

Despite both EIVC and LIVC strategies are commonly used to realize Miller cycle, the 

EIVC was the preferred embodiment as it could achieve the “internal cooling”. This 

happen because the EIVC can create an extra expansion during the intake stroke, which 

helps reduce the initial compression temperature and pressure [154,155]. As shown in 

Figure 2.17, the EIVC was used to achieve Miller cycle operation at engine loads between 

50% and 100% in a boosted diesel engine. The in-cylinder gas temperature was reduced 
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apparently with an EIVC strategy, but required higher intake pressure to maintain in-

cylinder air/fuel ratio [151]. Figure 2.18 shows an ideal process of Miller cycle performed 

with EIVC and LIVC strategies against conventional diesel combustion in terms of “Miller 

loss”. 

 

However, the terms of Miller cycle and Atkinson cycle used in the literature are not 

consistent. The over-expansion cycle by means of LIVC is commonly referred as the 

Atkinson cycle while the use of EIVC strategy is often associated with the Miller cycle 

[156–158]. Some literature, however, believed that the primary difference between these 

two terms is whether the over-expansion cycle equipped with boosting systems, 

considering Miller cycle engine is generally employed a supercharger or a turbocharger 

to recover the fresh air loss [159,160]. There are also some studies considered the Miller 

cycle is essentially same as the Atkinson cycle or the Miller cycle is a boosted Atkinson 

cycle with a boosting system [161–163]. 

 

 

Figure 2.17: Effect of Miller cycle with EIVC strategy on in-cylinder gas temperature and 
its requirement on the intake pressure for a boosted diesel engine. Adapted from [151]. 
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Figure 2.18: Idealized process of the Miller cycle with EIVC and LIVC for the “Miller 
loss”. Adapted from [164,165]. 

In this work, as the original patents of Atkinson cycle used a crankshaft mechanism 

instead of a VVA system to achieve lower ECR, the author regard any over-expansion 

cycles achieved by means of either EIVC or LIVC as the Miller cycle, regardless of the air 

induction is naturally aspirated or boosted. While those over-expansion cycles 

accomplished via a linkage crank mechanism should be considered as the Atkinson cycle. 

The typical representatives of using Atkinson cycle and Miller cycle concepts in 

commercial applications can be the Honda EXlink engine [166] and Mazda SKYACTIV-G 

engine [167], respectively. 

2.5.2 Development and application of Miller cycle in IC engines 

The Miller cycle concept has been well known since from the 1950s, and has found a 

number of commercial applications for different types of engines such as gasoline, diesel, 

and gas engines [168–170]. Initially, the main interest of applying Miller cycle in diesel 

engines is for emissions control in marine applications by lowering the in-cylinder gas 

temperatures at the end of the compression stroke [153,169,171]. In recent years, 

however, the main research focus have been on the reduction of NOx emissions from on-

road diesel vehicles as the emissions regulation become increasingly stringent [172–175]. 

 

In comparison, the Miller cycle technology has been widely applied in gasoline engines. 

A number of studies have shown the great potential of Miller cycle in reducing pumping 

losses at part loads and can reduce the risk of knocking at high engine loads, which thus 

improving the overall fuel efficiency and engine performance. This is significantly 

important when applied this combustion concept in an increasingly downsizing 

turbocharged gasoline engine. Thus, many automotive companies have been mainly 

attracted by the fuel efficiency benefits of Miller cycle technology and have commercially 
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applied it on the gasoline engines in passenger vehicles [176–180]. Among them, Mazda 

is the first automotive company in mass production of Miller cycle engine and introduced 

to the market in 1993 [168]. 

 

From the perspective of some practical applications, the potential of Miller cycle 

technology is being studied in diesel engine field for marine engine emissions control [171]. 

In recent years, the main research focus have been put on the reduction of NOx and PM 

emissions from on-road diesel vehicles as the emissions regulation become increasingly 

stringent. Thus, Miller cycle has received more attention on both high-speed and heavy-

duty diesel engines due to the potential benefit in the reduction of NOx emissions obtained 

by lowering the in-cylinder gas temperature at the end of the compression stroke and 

hence the peak combustion temperature.  

 

Many studies have recent been performed on the investigation of Miller cycle in diesel 

engines. Experimental and numerical studies by Rinaldini et al. [181] showed the Miller 

cycle strategy could led to simultaneous reduction in NOx and soot emissions by 25% and 

60% respectively, but with a fuel efficiency penalty of 2% in a light-duty diesel vehicle in 

the European Driving Cycle. The NOx emissions reduction observed in the Miller cycle 

was mainly because of the lower combustion temperatures, while significant soot 

reduction was explained by the higher values of air/fuel ratio as a consequence of the 

higher boost pressure. Wang et al. [182] experimentally investigated the application of 

Miller cycle in a diesel engine for NOx emissions control, decreasing NOx emissions by 

up to 17.5%. Wu et al. [183] investigated the influence of Miller cycle and variable 

geometry turbocharger in steady and transient operation of a HD diesel engine. The peak 

NOx emissions were reduced by 10% with a quick dynamic torque response when 

compared to the diesel conventional cycle. Gonca et al. [184] carried out experimental 

and simulation analysis to evaluate the influence of Miller cycle on engine performance 

and emission parameters. A maximum NOx reduction of 30% was obtained by Miller cycle 

at the expense of lower torque and brake efficiency. Further experimental studies by 

Gonca et al. [185] showed that the Miller cycle combined with turbo-charging can 

effectively minimize NOx emissions by 27% while increasing the engine torque by 1%. 

 

Despite many studies have demonstrated the capability of Miller cycle for NOx emissions 

control, the level of NOx reduction achieved by Miller cycle alone is limited in diesel 

engines, particularly at low engine loads [16]. This is primarily due to the relatively small 

impact on the peak in-cylinder gas temperature at low load operations [32,33]. External 

EGR, however, is a proven technology for NOx formation control [34]. Some studies [35–
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38] have investigated the combined use of Miller cycle and EGR and have demonstrated 

that this strategy is effective in minimizing engine-out NOx emissions. 

 

Verschaeren et al. [186] evaluated the effect of EGR with Miller cycle via EIVC on engine 

efficiency and NOx emissions in a medium speed heavy-duty diesel engine. The results 

showed a significant increase in the ignition delay when combining EGR with more 

advanced intake valve closure timing. This led to a delayed combustion phasing, resulting 

in longer combustion duration and lower engine efficiency. NOx emissions were reduced 

by up to 70% at different loads. CO and PM increased whereas HC emission decreased 

due to the higher exhaust temperature which allowed for more oxidation of HC emission 

during the expansion stroke. Kim et al. [16] investigated the effects of LIVC with EGR on 

engine performance and emissions of a single cylinder diesel engine operating at low load 

conditions. The LIVC strategy alone demonstrated a limited NOx emissions reduction. 

With appropriate combination of LIVC and EGR, a reduction in the NOx emissions from 

more than 10 g/kWh to less than 1 g/kWh was obtained with slight penalty on the IMEP. 

 

Benajes et al. [187] studied the impact of EIVC with a constant intake pressure in a HD 

diesel engine. The EGR rate was varied to keep the in-cylinder oxygen concentration 

constant. An increase in the in-cylinder combustion temperatures was observed due to 

the lower total heat capacity of the in-cylinder gas, while the lower compressed gas 

temperatures prior to the start of combustion reduced the flame temperature which plays 

the dominant role on the NOx formation. Additionally, the use of EGR rates were more 

effective in reducing the flame temperature than the use of EIVC. Further studies by 

Benajes et al. [159] through CFD simulation showed that both EIVC and EGR lowered the 

combustion temperatures and led to leaner local equivalence ratios. This effectively 

suppressed NOx and soot formation at the expense of lower engine efficiency. 

 

In addition to the challenges observed in curbing the NOx emissions, peak in-cylinder 

pressure limitation is another constraint for modern turbocharged HD diesel engines when 

operating at high engine loads. Miller cycle reduces the maximum in-cylinder pressure by 

delaying the initiation of the compression process. This allows for the application of more 

advanced diesel injection timing, higher fuel injection pressures, and boost pressures to 

improve the engine efficiency. Kovács et al. [164] investigated the Miller cycle in the upper 

load range of a HD diesel engine in order to reduce the peak cylinder pressure. The 

pressure reserve was used to combine with advanced measures while maintaining the 

maximum in-cylinder pressure of the baseline case. When applied with higher fuel 

injection pressure, Miller cycle increased the engine efficiency by up to 10%. In the 

combination of Miller cycle with higher boost pressure at constant CA50 and/or NOx 
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emission by adjusting the start of injection and EGR rate respectively, soot and CO 

emissions were significantly reduced, and thus a significant improvement in the trade-offs 

between NOx, soot, and CO. 

 

Moreover, in modern diesel engines, advanced combustion control technologies such as 

higher injection pressure, two-stage turbocharger, and multiple fuel injection strategy have 

been developed to increase engine thermal efficiency, but these technologies typically 

accompanied with a decrease in EGT and the NOx-soot and NOx-CO trade-offs remain. 

In addition, these strategies would increase the total engine operational cost when 

considering the total fluid consumption including diesel fuel and the estimated urea 

consumption in the SCR system. For these reasons, a number of studies have explored 

various techniques to increase EGT and improve fuel efficiency and emissions. One of 

the effective ways to increase EGT is using VVA device to realize Miller cycle and internal 

EGR, which provides a number of other benefits as well. Ratzberger et al. [188] carried 

out an experimental and numerical study to evaluate the ability of an early exhaust valve 

opening (EEVO) and LIVC for exhaust thermal management. An increase in EGT was 

realized by LIVC. However, the decreased pressure and temperature at the start of 

combustion led to poor combustion stability and problematic unburnt HC emission. The 

results also showed that EEVO enabled a distinct increase in exhaust enthalpy at the 

expense of higher fuel consumption.  

 

Garg et al. [189] investigated the influence of cylinder throttling with EIVC and LIVC 

timings. The results showed that both delaying and advancing IVC reduced the volumetric 

efficiency, resulting in a reduction of in-cylinder air mass flow. This contributed to an 

increase in EGT. The reduction in piston motion–induced compression resulted in a lower 

in-cylinder gas temperature and higher degree of premixed combustion, which can 

simultaneously curb NOx and soot formations. The higher EGT and lower unburnt HC and 

CO were attained at low-load conditions by trapping internal exhaust gas recirculation with 

higher exhaust back pressures [113,115]. Other research into the use of a VVA to improve 

upon exhaust thermal management can be found in literatures [190,191]. 

 

The previous investigations have shown that Miller cycle with iEGR or eEGR strategies 

can be effective in increasing EGT and minimizing the engine-out NOx emissions from 

diesel engines. The lower ECR and oxygen availability, however, can adversely affect the 

soot emissions and fuel conversion efficiency and thus the total EOC. In addition to the 

fuel efficiency, the total EOC will be also affected by the urea consumption in the ATS. 

Therefore, the optimization of the combustion process with Miller cycle and EGR is 
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necessary in order to explore the NOx reduction capability while decreasing the EOC of a 

SCR equipped vehicle. 

 

Despite all the previous studies on Miller cycle applied in diesel engines, the practical 

application of the Miller cycle into automotive diesel engines is still significant challenge. 

The main reasons can be summarized as follow [174,181,192]: 

 

 The diesel engines are typically unthrottled and have better scavenging 

performance, so the Miller cycle technology used in diesel engines is more difficult 

to improve fuel efficiency compared to operating in gasoline engines.  

 The Miller cycle strategy applied in diesel engines is limited only at partial load. 

This is because there is little interest for NOx reduction at full load where requires 

significant higher demands on boosting systems and intercoolers and the Miller 

cycle would also reduce the volumetric efficiency at full load [193,194]. 

 Constant switching the IVC timings when engines running continuously requires a 

highly reliable and durable VVA system to realize Miller cycle. 

 A high compression ratio is commonly used in diesel engine, thus, the clearance 

between the piston and valve can be an issue. 

 At medium to low engine speeds, the standard turbocharger is not able to provide 

the required air flow rate when Miller cycle is applied, which requires a 

sophisticated boosting system to supply the high boost pressures. 

 Furthermore, a variable valvetrain and the high performance turbocharging system 

to maintain power density would increase the engine initial cost [168]. 

 

In the most recent years, however, the growing concerns over the GHG such as CO2 and 

continuing push for emission control are driving the development of advanced combustion 

and engine control technologies for HD vehicles. Miller cycle has been shown as an 

effective engine control technology and is being considered as a mainstream technology 

to be adopted into HD diesel engines by engine manufacturers. One example is the recent 

development of the IAV SlideCam system for the HD engines. This device is able to 

accomplish two goals. The first one is to enhance the combustion process and thus 

improve the fuel conversion efficiency by means of Miller cycle. The other is increasing 

EGT at low operation loads through earlier exhaust valve opening (EVO), which can 

improve the conversion efficiency of ATS with insignificant penalty on the engine efficiency 

[174].  
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2.6 Summary 

This chapter has presented the challenges faced by internal combustion engines and the 

necessity of developing highly efficient and clean HD engines to comply with the 

increasingly stringent fuel efficiency and exhaust emissions regulations in the 

transportation sector. The primary exhaust emissions from diesel engines and their 

respective formation mechanisms have been presented. Development of HD diesel 

engine emission control technologies have been mainly driven by the continuing push of 

legislations. The potentials and limits of alternative diesel combustion strategies in 

reducing exhaust emissions and fuel consumption have been discussed. 

 

Miller cycle has been studied previously and identified as a promising technology for 

reducing exhaust emissions and enhancing low-load exhaust temperature management, 

and thus help to meet the current and future emission regulations. The main benefits and 

challenges of using Miller cycle in a HD diesel engine were demonstrated while the 

potential of Miller cycle with internal and external EGR were explored regarding the 

engine-out emissions and fuel efficiency, as well as exhaust temperature management. 

However, there is not detailed and comprehensive analysis of different parameters 

contributing to the overall influence observed with the employment of Miller cycle 

technology. Research and development works are necessary to explore the potential 

synergy of Miller cycle with other techniques and identify the optimum engine control 

technologies for the best trade-off between emissions and engine thermal efficiency. 

Moreover, investigations should be conducted to assess the effect of Miller cycle 

technology on the total engine fluid consumption of a SCR equipped HD diesel engines 

over the entire engine operation map. 
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Chapter 3                                  

Experimental methodology 

3.1 Introduction 

The research work was conducted on a single-cylinder four-stroke HD diesel engine 

equipped with a VVA system and coupled to an eddy current dynamometer. This chapter 

firstly describes the experimental setup and test cell facilities used during the engine 

testing to acquire all measurements and research data in section 3.2. Followed by the 

description of the data acquisition and analysis methods, as well as the equations used in 

both real-time and post-processing analysis in section 3.3, while described in section 3.4 

is the engine testing methodology.   

3.2 Experimental setup 

Figure 3.1 shows the schematic of the experimental setup in this work, which comprises 

of a single cylinder engine, the engine test bench, a boosting system, as well as 

measurement devices and a data acquisition system. Specifically, the research engine 

was a 2.026 dm3 HD diesel engine unit, which includes a common rail diesel injection 

system, an external supercharger with closed loop control, a High Pressure Loop (HPL) 

cooled EGR and a hydraulic lost motion VVA system on the intake camshaft. An overview 

of the engine test bed and experimental facilities is depicted in Figure 3.2. An electric 

starter motor mounted on the dynamometer was powered by a battery with voltage of 12V 

and was used to start the engine. In order to absorb the work inputted from the engine, a 

Froude-Hofmann AG150 Eddy current dynamometer with a rated power of 150kW and 

maximum torque of 500 Nm was deployed. The principle is that a Texcel V4-EC controller 

was used to varying the magnetic field generated by coils in order to control the power 

absorption. The resulting eddy currents act to oppose the engine rotation and generating 

heat in the loss plates, which was dissipated by external cooling water. Additionally, a 

Thames Side Sensors U4000 load cell was used to measure the engine torque. Engine 

coolant and lubrication oil were supplied externally and their temperatures along with the 

intake air and EGR flow temperatures were controlled by the water cooled heat 

exchangers. All the equipment in the test cell have been calibrated before carrying out the 

experimental test and a daily check was taken every day before starting formal testing. 

The specifications of the measurement equipment can be found in Appendix A. 
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Figure 3.1: Layout of the engine experimental setup. 

 

 

Figure 3.2: Overview of the engine test bed and experimental facilities. 
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3.2.1 Engine specifications 

The testing engine is typically developed for a modern truck. The key specifications of the 

engine are listed in Table 3.1. Amid the composition of the engine, the design of the 

cylinder head with 4-valve and a stepped-lip piston bowl were based on the Yuchai YC6K 

six-cylinder engine, while the bottom end/short block was AVL-designed with two counter-

rotating balance shafts. It should be also noted that the combustion chamber was swirl-

oriented with the aim to enhance in-cylinder air motion.  

 

Table 3.1: Specifications of the single cylinder HD diesel engine. 

Parameter Value 

Bore x Stroke 129 x 155 mm 

Displaced Volume  2.026 dm3 

Clearance volume 0.128 dm3 

Connecting Rod Length 256 mm 

Geometric Compression Ratio 16.8 

Piston Type Stepped-lip bowl 

Number of Valves 4 

Intake Valve Diameter 43.9 mm 

Exhaust Valve Diameter 40.4 mm 

Intake valve opening/closing Variable 

Exhaust valve opening/closing 144/360 CAD ATDC (at 0.5mm valve lift) 

Maximum Intake/Exhaust valve lift  14 mm 

Maximum Cylinder Pressure  180 bar 

Maximum Engine Speed 1900 rpm 

Diesel Injection system Bosch Common Rail 

Diesel Injector Central DI Bosch CRIN 3-22, 8 Holes, 

150° Spray Angle, 0.18 mm hole diameter 

Maximum Fuel Injection Pressure 2200 bar 

 

3.2.2 Variable valve actuation system 

Overhead camshafts were installed on the cylinder head, as shown in Appendix B. The 

intake camshaft of the engine was equipped with a Jacobs hydraulic lost motion VVA 

system, in which a collapsing tappet on the valve side of the rocker arm was incorporated 

to realize the required valve events such as LIVC and 2IVO [195]. Figure 3.3 depicts the 

high speed solenoid assembly, which was controlled with engine oil and calibrated TTL 
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signal, combining with a special design of intake cam to enable the modification of the 

intake valve lift height.  

 

Figure 3.3: Research engine and lost-motion VVA system with collapsing tappet on the 
intake valve side [195]. 

 

Figure 3.4 shows the fixed exhaust camshaft timing and variable intake valve profiles. A 

mechanical failsafe partial intake valve lift was provided as shown by the green dash line, 

which represented the “Tappets Collapsed” mode where the VVA system is switched off. 

In this scenario, the high oil pressure in the tappet was released and thus the oil was free 

to flow out of the tappets, which led to a minimum intake valve lift of 9.6 mm.  

 

 

Figure 3.4: Engine fixed exhaust and variable intake valve lift profiles with VVA. 

 

The VVA system enabled a variable IVC timings to obtain the required ECR and also a 

2IVO event to trap the residual gas. The maximum lifts of intake valve and 2IVO event 

were 14 and 2 mm, respectively. All valve opening and closing events in this study were 
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considered at 1 mm valve lift. A LORD MicroStrain S-DVRT-24 displacement sensor was 

installed on the top of the intake valve spring retainer and was used to measure the intake 

valve lift. 

3.2.3 Intake and exhaust systems 

The fresh air inside the test cell was supplied either with naturally aspirated or with 

boosted, as shown in Figure 3.1. In particular, the compressed air flow was supplied by 

an AVL 515 sliding vanes compressor unit with closed-loop control, which was coupled to 

an electric motor. The range of absolute intake pressure can be adjusted between 1.1 and 

3.2 bar and the accuracy can be maintain within ± 0.015 bar. The intake flow rate was 

measured by an Endress+Hauser Proline t-mass 65F thermal mass flow meter. The 

working principle is based on the cooling effect of the mass flow when it passes over a 

heated transducer. There are two PT 100 RTD transducers fitted to the air stream, one is 

used as a temperature sensing device while the other is used as a heater. Power was 

provided to the sensor to maintain a constant temperature differential between these two 

transducers. In addition, the higher mass flow, the higher cooling effect and power 

consumed. Finally, the total consumption of heater power was therefore the measurement 

of the gas mass flow rate. The intake manifold pressure was fine adjusted by means of 

an electronic intake throttle valve with a diameter of 74 mm.  

 

Two piezo-resistive pressure transducers were installed to measure the instantaneous 

pressures of both intake and exhaust ports. The exhaust back pressure was 

independently controlled through a butterfly valve located downstream of the exhaust 

surge tank. Two large surge tanks were installed in the intake and exhaust systems to 

damp out the strong pressure fluctuations in the intake and exhaust manifolds resulted 

from the gas exchange dynamics of the engine. The one for intake was a 24 liter surge 

tank while the other one for exhaust was a 54 liter surge tank. High-pressure loop cooled 

external EGR was introduced into the engine upstream of the intake surge tank using a 

pulse width modulation-controlled EGR valve and the pressure differential between the 

intake and exhaust manifolds.  

3.2.4 Fuel delivery system  

During the experiments, the diesel fuel was firstly delivered by an independent low-

pressure system to a Bosch CP4-S2 high-pressure pump by means of a pressure 

regulator, as schematically shown in Figure 3.5. Afterward, the diesel fuel was supplied 

by the high-pressure pump driven via an ABB electric motor to a Bosch common rail 

system. Finally, it was injected into the cylinder by an 8-hole Central DI Bosch CRIN 3-22 
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solenoid injector with fuel pressure up to 2200 bar. A bespoke CR.8 electronic control unit 

(ECU) provided by ECE Engine Control Electronics GmbH was used to control fuel 

injection parameters such as the injection pressure, start of injection, and the number of 

injection per cycle.  

 

Figure 3.5: Overview of the diesel fuel supply diagram. 

 

Figure 3.6 is a picture of the fuel flow meter used in the test bed. Due to the constraints 

faced by the high pressure pump and diesel injector regarding the fuel returning, it was 

necessary to use two Endress+Hauser Promass 83A Coriolis mass flow meters to 

measuring the fuel consumption during the test. This method could also minimize the 

effect of fuel pressure drop across the suction line and reduce the cycle variation of the 

mass flow measurements. The top one was used for measuring the total fuel supplied 

while the bottom one was used for measuring the fuel return from the high-pressure pump 

and injector.  

  

In addition, there is an air separator connected to this loop with another top end connected 

to the entrance of the total mass flow meter at atmospheric pressure. The pipe of the air 

separator goes upwards and the top end is higher than all other pipes and parts in the 

system, which helps to remove any air bubbles in the low pressure fuel circuit before the 

fuel is delivered to the high pressure fuel circuit, as shown in Figure 3.5. 

 

The fuel flow meter is working on the principle of the oscillations amplitude generated by 

the Coriolis forces, which is independent of the physical fluid properties including 

temperature, pressure, viscosity, and density. The mass flow through the measuring tube 

produces Coriolis forces, which leads to a phase shift in the oscillating frequency. The 

greater mass flow, the greater phase difference and therefore the amplitude of the 



43 
 
oscillations. Two electrodynamic sensors are used to measure the tube oscillations 

between the inlet and outlet and thus to determine the actual mass flow. The detail of the 

fuel mass flow meter calibration and the diesel fuel specification were demonstrated in 

Appendix C and D, respectively. 

 

 

Figure 3.6: Endress+Hauser Promass 83A Coriolis Flow Meters. 

 

3.2.5 Emissions measurement system 

The Horiba MEXA-7170 DEGR emission analyser was used to measure the EGR rate 

and the gaseous exhaust emissions such as NOx, CO, CO2, oxygen (O2), and total 

unburnt HC. An AVL 415SE Smoke Meter was used to measure the smoke concentration, 

which was collected from downstream of the back pressure valve after the exhaust gases 

passed the exhaust surge tank. This was because a more homogeneous and steady 

gases flow could be achieved in this location. In addition, a high-pressure sampling 

module and a heated line were deployed between the exhaust sampling point and the 

emission analyser in order to allow for high-pressure sampling closed to the exhaust port 

and avoid condensation with a gas temperature above 464 K, respectively. To ensure the 

repeatability and consistence of emissions measurement in different days, the exhaust 

analyser was calibrated using standard span gases prior to engine tests. Moreover, all 

gaseous emissions were measured by the emission analyser with an error below 1% of 

full scale and a repeatability within 0.5% of full scale. 

 

With the use of the analyser system, gases including CO and CO2 were measured on a 

dry basis through a non-dispersive infrared absorption (NDIR) analyser. The 
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measurement principle was relied on the different radiation absorption of each constituent 

gas in a sample at a particular wavelength. The measurement range for CO and CO2 were 

set to 0-120000 ppm 0-200000 ppm volume by volume (v/v), respectively. The total 

unburnt HC was measured on a wet basis using a FIA-725A heated flame lonization 

detector (FID) and the measurement range was set to 0-50000 ppm v/v. This detector 

was working on the principle that the sample gas was introduced in a burner and mixing 

with hydrogen-helium and high purify air provided. Electrons and positive ions were 

generated when the hydrocarbon in the sample were burnt. There were two electrodes on 

each sides of the burner, which were used to detect the ions in the form of an electric 

current. The electric current across the collector was closely proportional to the rate of 

ionization, which in turn determined the number of carbon atoms and thus the 

concentration of hydrocarbons in the sample. The free O2 concentration in the exhaust 

sample was measured using a MPA-720 magneto-pneumatic detector with an operation 

range between 0 and 250000 ppm v/v dry. This method was based on the 

nonhomogeneous magnetic field where the sample was immersed in. The differential 

pressure created by the O2 concentration in the sample and the reference gas with a given 

O2 concentration enabled the detection of O2 concentration in the sample using a 

microphone. Finally, NOx emissions comprised of NO and NO2 were measured on a dry 

basis using a CLA-720MA heated chemiluminescence detector (HCLD) with an operation 

range between 0 and 10000 ppm v/v. NO2 emissions in the sample were first converted 

to NO by means of a catalyst because the detector can only measure NO instead of NO2. 

The total NO and ozone react to form electrically excited NO2 in the first reaction, then 

immediately return back to the ground state along with emitting red light. The intensity of 

the red light measured is proportional to the total NO concentration in the sample. 

 

In addition to the measurement of those exhaust gases discussed above, the smoke 

concentration in the exhaust was measured by an AVL 415SE Smoke Meter. The known 

volume of exhaust sample was drawn through the filter paper and led to filter paper 

blackening. This was due to the captured soot and could be measured by an optical 

reflectometer head. The resulting blackening level was converted to a range between 0 

and 10 which in accordance with Filter Smoke Number (FSN). The higher number value 

was corresponded to the higher light absorption and therefore higher soot levels. 

According to the calibrated results, the sampling time set to 30 seconds with a sample 

volume collection of 5 liters can achieve higher measurement accuracy.  

 

In this study, Horiba emissions analyser was also used to measure the external cooled 

EGR through using an additional AIA-722 NDIR gas analyser to sample CO2 

concentration from the intake surge tank. The EGR rate was defined as the ratio of the 
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measured CO2 concentration in the intake surge tank ((CO2%)intake) to the CO2 

concentration in the exhaust manifold ((CO2%)exhaust) as 

 

 𝐸𝐺𝑅 𝑟𝑎𝑡𝑒 =
(𝐶𝑂2%)𝑖𝑛𝑡𝑎𝑘𝑒

(𝐶𝑂2%)𝑒𝑥ℎ𝑎𝑢𝑠𝑡
× 100%                                               (3.1) 

3.2.6 Data acquisition and control systems 

The data acquisition and control systems were primarily comprised of an ECU, a VVA 

control unit, a data acquisition (DAQ) board, and a personal computer. The ECU-CR.8 

provided by ECE Engine Control Electronics GmbH was responsible for controlling 

injection characteristics such as SOI, amount of injection, and injection pressure, while 

the amount of fuel flow supplied at a certain load was adjusted automatically by the ECU 

based on the principle of engine speed governor. A Bosch RDS4.5 high-pressure sensor 

mounted on the common rail was used for the measurement of fuel injection pressure. 

Additionally, the injector current signals sent by the ECU were captured by a LEM PR30 

current probe. Finally, the communication from ECU to personal computer was realized 

through an USB-CAN interface and a specific running program.  

 

Two National Instruments data acquisition cards were used, which include a high speed 

USB-6251 with a maximum sampling rate of 1.25 Mega samples per second (MS/s) and 

a low speed USB-6210 with a sampling rate of 250 kilo samples per second (kS/s). The 

former one was used to capture high speed signals such as the intake valve timings and 

the crank angle resolved data which was synchronized with encoder. The low speed one 

was used for low frequency signals generated from the measurement equipment. In 

addition, the communication between the exhaust analyser and the computer was realized 

via Ethernet cable. These data collected together with the ECU feedback to the DAQ card 

were processed in real-time and displayed lively on a transient combustion analyser 

software developed by Dr Yan Zhang [196], as displayed in Figure 3.7. Parameters shown 

in the screenshot were recorded and averaged over 100 engine cycles.  

 

Engine load was controlled in real-time by a TEXCEL V4 dynamometer controller and 

measured by a Thames Side Sensors U4000 Universal tension load cell with an error 

below ±0.03% of full scale load. Engine speed was measured using an electromagnetic 

pulse pick up and a toothed wheel mounted on the shaft half coupling hub. The Encoder 

Technology EB58 optical encoder with 1440 pulse per revolution was mounted to the 

engine crankshaft, which detected the position of crank angle and also determined the 

resolution of crank angle by 0.25 crank angle degrees. A Hall-effect unit camshaft sensor 

was used to monitor the camshaft position by installing it to the vicinity of camshaft gear. 
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The set IVC timings were sent to the VVA control unit via an analogue output channel in 

the high speed DAQ card. A LORD MicroStrain DEMOD-DVRT temperature compensated 

signal conditioner and an S-DVRT-24 displacement sensor were employed to measure 

the displacement of the valve spring retainer in order to capture the intake valve lift profile 

in real-time, as shown in Figure 3.8. 

 

Figure 3.7: Experimental data displayed lively on the transient combustion analyser 
software. 
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Figure 3.8: Intake valve displacement sensor in the VVA system. 

 

The in-cylinder pressure which enabled the calculation of the IMEP, indicated specific fuel 

consumption (ISFC) and other important combustion parameters, was measured by a 

Kistler 6125C piezoelectric pressure sensor with an accuracy of ±0.4% full scale. The 

pressure sensor was capable of measuring pressure range to 300 bar with a sensitivity of 

-31.22 pC/bar. In addition, this sensor made with a shoulder sealing allowed it to be 

mounted in the cylinder head with its front flush. The electrostatic charge produced by the 

PiezoStar crystals in the sensor was processed and converted into electric potential 

difference by an AVL FI Piezo charge amplifier, which was proportional to the sustained 

pressure. To avoid zero point drift and phase shift errors, the charge amplifier was set to 

a cyclic drift compensation mode with a filter frequency of 100 kHz. It should be noted that 

the measurement of the piezoelectric sensor is only the variations of pressure. Therefore, 

the in-cylinder pressure signals were pegged to the average intake manifold pressure at 

around the bottom dead center (BDC) of intake stroke for all test cycles. A trigger signal 

(REF) was used to adjust the TDC position to keeping the motored peak cylinder pressure 

phased within a range of -1.0 ~ -0.5 CAD ATDC. 

 

The measurement of the intake and exhaust pressures were performed via two Kistler 

water cooled piezoresistive absolute pressure sensors Type 4049A with analog 

temperature compensation, which enabled a measure range between 0 and 10 bar and 

were typically coupled to Kistler amplifiers Type 4622A. In addition, engine oil pressures 

were measured with GE UNIK 5000 pressure sensors. Finally, K- type thermocouples and 

pressure gauges were located at relevant locations for the measurement of other general 

temperatures and pressures. 
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3.3 Data analysis 

This subsection briefly describes the analysis process of the data acquired by the DAQ 

program. During the engine test, every test point was saved twice and thus 200 cycles 

were recorded. Some of the data such as net heat release rate (HRR), pressure rise rate 

(PRR), IMEP, and ISFC were processed by the transient combustion analyser software 

in real-time while others like combustion efficiency, net indicated efficiency (NIE), and 

specific emissions were post-processed. The important equations and procedures for the 

post-processing are illustrated as follows along with the acronyms and symbols defined 

in the notation section. Another point should be noted for the post-processing was that the 

international system of units was used unless otherwise stated. 

3.3.1 Heat release analysis 

To calculate the HRR, a single zone heat release model was used and thus the internal 

energies of both products and reactants into this combustion system were considered 

uniform. In this case, the heat release rate of the fuel’s chemical energy was in accord 

with the variation of in-cylinder pressure. Therefore, the net heat release rate analysis 

could be carried out according to the first law of thermodynamics along with the in-cylinder 

pressure and crankshaft position measured. In a combustion process, fuel and oxidizer in 

a combustion system react to produce different forms of energy, which was shown in the 

energy balance equation (3.2) as  

 

𝑑𝑄𝑐ℎ  = 𝑑𝑊 + 𝑑𝑈𝑠 + 𝑑𝑄ℎ𝑡 + ∑ℎ𝑖𝑑𝑚𝑖                                         (3.2) 

 

where (𝑄𝑐ℎ) is the heat chemical energy released from the fuel, (W) is the work done on 

the piston by the combustion system and (Qht) is the heat transfer across the system 

boundary into the chamber walls, (𝑈𝑠) is the internal energy change of the cylinder 

contents due to the chemical reaction. A small amount of in-cylinder gas (burnt and 

unburnt) flows into the crevice spaces or leaves the system was represented by the mass 

flux term (ℎ𝑖𝑑𝑚𝑖). According to ideal gas law (𝑝𝑉 =
𝑚

𝑀
𝑅𝑇), the cylinder charge temperature 

in the whole combustion system is assumed uniform and the variation in the ideal gas 

constant is negligible. Thus, it allows for the calculation of the HRR according to [13]: 

 

𝑑𝑄𝑐ℎ  = (
𝑐𝑣
𝑅
)𝑉 𝑑𝑃 + (

𝑐𝑣
𝑅
+ 1)𝑝 𝑑𝑉 + 𝑑𝑄ℎ𝑡 + (ℎ𝑐𝑟 − 𝑢 + 𝑐𝑣𝑇)𝑑𝑚𝑐𝑟               (3.3) 
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In addition, Equation (3.3) can be further modified when combining the energy released 

term with the mass flux term and heat transfer. This means that only both the work done 

on the piston and the internal sensible energy change of the cylinder contents are 

considered and thus the output becomes the apparent net heat release (𝑄𝑛𝑒𝑡). In order to 

clearly display the heat release rate, all combustion data was divided by the crank angle 

position. Furthermore, the term (
𝑐𝑣

𝑅
) can be simplified by replacing with (

1

𝛾−1
), allowing 

Equation (3.3) becomes: 

 

𝐻𝑅𝑅 = 
𝑑𝑄𝑛𝑒𝑡
𝑑𝜃

 =  
1

𝛾 − 1
𝑉 
𝑑𝑝

𝑑𝜃
 + 

𝛾

𝛾 − 1
𝑝 
𝑑𝑉

𝑑𝜃
                                  (3.4) 

 

where 𝑑𝜃 is the crank angle of 0.25 CAD as set by encoder resolution, 𝛾 is the ratio of 

specific heats, while 𝑝 and 𝑉 are the in-cylinder pressure and volume at any crank angle 

position. According to [197], the ratio of specific heats was suggested to assume constant 

at 1.33 throughout the engine cycle, although its value varies as the mixture composition 

and temperature change. The in-cylinder volume 𝑉  at any crank angle position was 

calculated by the following equation (3.5):   

𝑉𝑖𝑛𝑠 = 𝑉𝑐𝑙𝑟0.5(𝑅𝑐 + 1) [
2𝐿

𝑆
 + 1 − 𝑐𝑜𝑠𝜃 − ((

2𝐿

𝑆
)
2

− 𝑠𝑖𝑛2𝜃)

1
2

]                 (3.5) 

The mass fraction burnt (MFB) was derived from the integration of Equation (3.4) and its 

maximum cumulation of heat release. With the analysis of the MFB curve, the important 

combustion parameters can be estimated, such as the combustion phasing (50% of the 

MFB), combustion duration (10-90% of the MFB), and ignition delay defined as the period 

between the SOI and the SOC (0.3% of the MFB). 

 

The PRR expressed in bar/CAD, is one of the important indicators of combustion noise, 

as it is able to indicate how quick the heat release rate occurs. The magnitude of PRR 

was primarily determined by the engine robustness and human noise perception. In 

Equation (3.6) below, the maximum pressure variations correlated to the crank angle 

position were averaged over 200 engine cycles to calculate the PRR. It should be also 

noted that a FFT Filter with a window size of five data points was used to remove the 

signal noise from the apparent net HRR and the average in-cylinder pressure during the 

period of data post-process.   

 

𝑃𝑅𝑅 =  ∑𝑃𝑅𝑅𝑚𝑎𝑥

200

𝑛=1

𝑛 ⁄ = ∑ (
𝑑𝑝

𝑑𝜃𝑚𝑎𝑥
)

200

𝑛=1

𝑛                                     (3.6)⁄  
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3.3.2 Overall engine parameters analysis 

The pressure data for the in-cylinder gas over the cylinder volume of entire engine cycle 

was used to calculate the work done on the piston. The Equation (3.7) below was the 

integration of pressure signal over the corresponding cylinder volume throughout the 

engine cycle with the firing TDC defined at a zero crank angle position for the calculation 

of the net indicated work per cycle (𝑊𝑐,𝑖). 

 

𝑊𝑐,𝑖 = ∫ 𝑝𝑖

540

−180

 𝑑𝑉                                                                 (3.7) 

 

The net indicated power (𝑃𝑖) was defined as the rate of the net indicated work per cycle 

transfer from the in-cylinder gas to the piston, which was shown in Equation (3.8). 

 

𝑃𝑖 = 
𝑊𝑐,𝑖 𝑁

2
                                                                       (3.8) 

 

A valuable relative engine performance parameter for comparing engines with different 

sizes is the net indicated mean effective pressure (IMEP), which was obtained by dividing 

the net indicated work per cycle by the swept volume (𝑉𝑑), as presented in Equation (3.9). 

 

𝐼𝑀𝐸𝑃 =  
∫ 𝑝𝑖
540

−180
𝑑𝑉

𝑉𝑑
= 
𝑊𝑐,𝑖 

𝑉𝑑
                                                      (3.9) 

 

While the gross indicated mean effective pressure (𝐼𝑀𝐸𝑃𝑔𝑟𝑜𝑠𝑠) was obtained by dividing 

the gross indicated work during the compression and expansion cycles by the swept 

volume as  

𝐼𝑀𝐸𝑃𝑔𝑟𝑜𝑠𝑠 = 
∫ 𝑝𝑖
180

−180
𝑑𝑉

𝑉𝑑
                                                         (3.10) 

 

The pumping mean effective pressure (PMEP), defined as the work performed on in-

cylinder gas by the piston during the intake and exhaust stroke cycles, was given by 

  

𝑃𝑀𝐸𝑃 = 𝐼𝑀𝐸𝑃 − 𝐼𝑀𝐸𝑃𝑔𝑟𝑜𝑠𝑠                                                     (3.11) 

 

The engine cyclic variation during combustion, represented by the coefficient of variation 

of IMEP (COV_IMEP), was analysed by the ratio of the standard deviation of the IMEP to 

its averaged value obtained over 200 engine cycles as 
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𝐶𝑂𝑉_𝐼𝑀𝐸𝑃 = 
𝐼𝑀𝐸𝑃𝑠𝑡𝑑

𝐼𝑀𝐸𝑃𝑎𝑣𝑒𝑟𝑎𝑔𝑒
 ∗ 100                                                (3.12) 

 

In single cylinder engines, the evaluation of NIE was greatly important for comparing the 

engine relative performance as the mechanical losses was not considered. The engine 

NIE was defined by the ratio of the work done to the amount of fuel energy supplied to the 

engine every cycle, as seen in Equation (3.13).   

 

𝑁𝑒𝑡 𝐼𝑛𝑑𝑖𝑐𝑎𝑡𝑒𝑑 𝐸𝑓𝑓𝑖𝑐𝑖𝑒𝑛𝑐𝑦 =  
𝑊𝑐,𝑖 

𝑚𝑓𝑢𝑒𝑙𝐿𝐻𝑉𝑓𝑢𝑒𝑙
= 

𝑃𝑖  

𝑚̇𝑓𝑢𝑒𝑙𝐿𝐻𝑉𝑓𝑢𝑒𝑙
                        (3.13) 

 

The working fluids in the combustion chamber was usually treated as ideal gases. 

According to the ideal gas law [13], the average gas temperature in the cylinder at a given 

crank angle position was given by  

 

𝑇𝑐𝑦𝑙,𝑖 =
𝑝𝑖  𝑉𝑖 𝑀 

𝑚 𝑅
=  
𝑝𝑖  𝑉𝑖  

𝑚 𝑟
                                                         (3.14) 

 

where 𝑚 is the mass of gas, 𝑅̃ is the universal gas constant of 8.31432 J/mol.K, 𝑅 is the 

gas constant for the gas, and M is the molecular weight. In addition, the mass of gas (𝑚) 

is the total mass per cycle in the cylinder, as shown in Equation (3.15). 

 

𝑚 = 𝑚𝑓𝑢𝑒𝑙 + 𝑚𝑎𝑖𝑟 + 𝑚𝑟𝑔                                                      (3.15) 

 

where 𝑚𝑓𝑢𝑒𝑙 is the amount of fuel mass and 𝑚𝑎𝑖𝑟 is the air mass in every engine cycle. 

Particularly, the term 𝑚𝑟𝑔 is the mass of residual gas in the cylinder per cycle, which can 

be calculated using Equation (3.16) when there is not positive valve overlap. 

 

𝑚𝑟𝑔 =
𝑝𝐸𝑉𝐶  𝑉𝐸𝑉𝐶  

𝑇𝐸𝑉𝐶  𝑅
                                                              (3.16) 

 

where 𝑝𝐸𝑉𝐶 is the cylinder gas pressure at exhaust valve closing and 𝑉𝐸𝑉𝐶 is the cylinder 

volume at EVC, while the 𝑇𝐸𝑉𝐶 is the average exhaust gas temperature. 

3.3.3 Engine-out exhaust emissions analysis 

The exhaust emissions data given by the Horiba emissions analyser was in the form of 

parts per million (ppm), which was required to convert to specific exhaust gas emissions 



52 
 
in the unit of g/kWh when considering the relative engine exhaust flow. This was 

performed according to the methodology provided by the UN Regulation number 49 [16]. 

As described in subsection 3.2, the emission analyser provided the measured results of 

NOx and CO gases on a dry basis, which should be converted to a wet basis. In addition, 

a humidity correction was used for the calculation of specific NOx emissions as the 

ambient conditions played an important role. Equations (3.17), (3.18), and (3.19) were 

used to calculate the net indicated specific emissions of NOx, CO, and unburnt HC, 

respectively.  

𝐼𝑆𝑁𝑂𝑥 =  
𝑚̇𝑁𝑂𝑥
𝑃𝑖

= 
𝑢𝑁𝑂𝑥 [𝑁𝑂𝑥]𝑘𝑤𝑘ℎ𝐺𝑚̇𝑒𝑥ℎ

𝑃𝑖
                                     (3.17) 

 

𝐼𝑆𝐶𝑂 = 
𝑚̇𝐶𝑂
𝑃𝑖

= 
𝑢𝐶𝑂 [𝐶𝑂]𝑘𝑤𝑚̇𝑒𝑥ℎ

𝑃𝑖
                                             (3.18) 

 

𝐼𝑆𝑈𝐻𝐶 = 
𝑚̇𝐻𝐶
𝑃𝑖

= 
𝑢𝐶𝑂 [𝑈𝐻𝐶]𝑚̇𝑒𝑥ℎ

𝑃𝑖
                                            (3.19) 

 

where 𝑚̇𝑔𝑎𝑠 is the flow rate of each component in g/h, [𝑔𝑎𝑠] is the concentration of each 

component in the exhaust gas in ppm, 𝑚̇𝑒𝑥ℎ  is the exhaust mass flow rate per cycle 

determined by the sum of air and fuel mass flow rate in kg/h, and 𝑢𝑔𝑎𝑠  is the fuel 

dependent molar mass fraction, as shown in Table 3.2. 

 

Table 3.2: Molar mass fractions of exhaust gases for diesel [16]. 

Exhaust gas Molar mass fractions 

𝑢𝐶𝑂 0.000966 

𝑢𝑁𝑂𝑥 0.001586 

𝑢𝐻𝐶 0.000482 

 

To convert the NOx and CO emissions from dry basis to wet basis, a correction factor (𝑘𝑤) 

was used, as presented in Equation (3.20). The correction factor was strongly dependent 

on ambient conditions as well as air and fuel mass flow rates. In addition, the fuel specific 

factor (𝑘𝑓 ) was calculated considering the percentage mass of hydrogen (𝑊𝐴𝐿𝐹 ) and 

oxygen (𝑊𝐸𝑃𝑆) contents in the fuel as seen in Equation (3.21). 

 

𝑘𝑤 = 1.008 

(

 1 −

1.2442𝐻𝑎 + 111.19𝑊𝐴𝐿𝐹  (
𝑚̇𝑓𝑢𝑒𝑙
𝑚̇𝑑𝑟𝑦 𝑎𝑖𝑟

)

773.4 + 1.2442𝐻𝑎 + 1000 (
𝑚̇𝑓𝑢𝑒𝑙
𝑚̇𝑑𝑟𝑦 𝑎𝑖𝑟

) 𝑘𝑓)

                     (3.20) 
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𝑘𝑓 = 0.055594𝑊𝐴𝐿𝐹 + 0.0070046𝑊𝐸𝑃𝑆                                       (3.21) 

 

An additional correction was performed for NOx emissions for compression-ignition 

engines using the factor 𝑘ℎ𝐺 as given by 

 

𝑘ℎ𝐺 = 0.6272 + 0.04403𝐻𝑎 − 0.000862𝐻𝑎
2                                (3.22) 

 

The term  𝐻𝑎 is the ambient humidity, given in grams of water per kilogram of dry air, as 

calculated in Equation (3.23).   

 

𝐻𝑎 = 
6.211 ∗ 𝑅𝐻 ∗ 𝑆𝑃 

𝑝𝑎 − 
(𝑅𝐻 ∗ 𝑆𝑃)
100

                                                     (3.23) 

 

where 𝑅𝐻 is the relative humidity in ambient air, 𝑝𝑎 is the ambient air pressure, and 𝑆𝑃 is 

the water saturation pressure, which was derived from the ambient temperature (𝑇𝑎 ) 

according to the methodology suggested by [198]. 

 

𝑆𝑃 = 604.8346 + 45.9058(𝑇𝑎 − 273.15)                                          (3.24) 

+1.2444(𝑇𝑎 − 273.15)
2                   

       +0.0352248(𝑇𝑎 − 273.15)
3                   

                  +0.00009322061(𝑇𝑎 − 273.15)
4                   

                     +0.000004181281(𝑇𝑎 − 273.15)
5                    

 

The smoke concentration provided by AVL 415SE smoke meter was FSN values, which 

was converted to mg/m3 and corrected to a standard condition of 273.15 K as seen in 

Equation (3.25) [199]. 

𝑠𝑚𝑜𝑘𝑒 𝑐𝑜𝑛𝑐𝑒𝑛𝑡𝑟𝑎𝑡𝑖𝑜𝑛 [𝑠𝑜𝑜𝑡] =  
1

0.405
 ∗ 5.32 ∗ [𝐹𝑆𝑁] ∗ 𝑒0.3062∗[𝐹𝑆𝑁] ∗

298

273.15
      (3.25) 

 

The net indicated specific soot emissions calculated from the soot emissions in mg/m3, 

were a function of the fuel mass flow rate (𝑚̇𝑓𝑢𝑒𝑙), the air mass flow rate (𝑚̇𝑎𝑖𝑟), the net 

indicated power (𝑃𝑖), and the exhaust gas density (𝜌𝑒𝑥ℎ) as given by 

 

𝐼𝑆𝑠𝑜𝑜𝑡 =  
[𝑠𝑜𝑜𝑡]

1000
 (
𝑚̇𝑓𝑢𝑒𝑙 + 𝑚̇𝑎𝑖𝑟

𝜌𝑒𝑥ℎ ∗  𝑃𝑖
)                                         (3.26) 

 

The exhaust gas density (𝜌𝑒𝑥ℎ) was calculated using Equation (3.27) provided by the UN 

Regulation number 49 [16]. 
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𝜌𝑒𝑥ℎ = 

1000 + 𝐻𝑎 + 1000(
𝑚̇𝑓𝑢𝑒𝑙
𝑚̇𝑑𝑟𝑦 𝑎𝑖𝑟

)

773.4 + 1.2434𝐻𝑎 + 1000𝑘𝑓 (
𝑚̇𝑓𝑢𝑒𝑙
𝑚̇𝑑𝑟𝑦 𝑎𝑖𝑟

)

                          (3.27) 

 

Finally, the combustion efficiency was estimated after all exhaust gases and soot 

emissions were converted to net indicated specific emissions. The calculation of 

combustion efficiency was based on the unburnt exhaust products during combustion 

which mainly comprised of HC and CO for compression-ignition engines, as seen in 

Equation (3.28). 

 

𝐶𝑜𝑚𝑏𝑢𝑠𝑡𝑖𝑜𝑛 𝐸𝑓𝑓𝑖𝑐𝑖𝑒𝑛𝑐𝑦 =  
𝑄𝑐ℎ

𝑚𝑓𝑢𝑒𝑙𝐿𝐻𝑉𝑓𝑢𝑒𝑙
= 1 − 

𝑚̇𝐻𝐶𝐿𝐻𝑉𝐻𝐶 + 𝑚̇𝐶𝑂𝐿𝐻𝑉𝐶𝑂
𝑚̇𝑓𝑢𝑒𝑙𝐿𝐻𝑉𝑓𝑢𝑒𝑙

          (3.28) 

 

where 𝐿𝐻𝑉𝐶𝑂 is the lower heating value of CO, given by 10.1 MJ/kg [13], and 𝐿𝐻𝑉𝐻𝐶 is the 

lower heating value of HC, which was assumed the same as the diesel fuel of 42.9 MJ/kg. 

3.4 Method of engine testing 

The study of various injector geometry parameters was performed over the European 

Stationary Cycle (ESC), which is a 13-mode, steady-state test procedure, introduced 

initially by the Euro III emission legislation [200]. Differed from ESC test cycle, the WHSC 

test cycle applied in the investigation of Miller cycle operation, is characterised with a 

reduction of average operational engine speed and load as well as the exhaust gas 

temperature, which has been adopted in the Euro VI emission regulation. Figure 3.9 

shows the operating conditions in WHSC and ESC test cycles, as well as a light load test 

point located at a typical low exhaust gas temperature operating condition of a heavy-duty 

drive cycle. The size of the circle represents the weighting factor. A bigger size indicates 

a higher relative weighting of the engine operation condition in the corresponding test 

cycle. 
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Figure 3.9: The WHSC and ESC test cycle points as well as a light load test point over 
the experimental engine speed-load map. 

 

3.5 Summary 

This chapter comprehensively describes the research engine, the experimental test cell 

facilities, and the measurement systems. The methodology is shown of how the data was 

collected, processed, and analysed by means of data acquisition system and both real-

time and post-processing analysis. Followed by the description of the mathematical 

methods and related equations used to analyse the combustion heat release, overall 

engine performance parameters, and exhaust emissions. Finally, the test cycles used for 

the investigation of injector geometric parameters and the Miller cycle operation as well 

as a light load test point located at a typical low EGTs’ operating conditions of a HD drive 

cycle are presented alongside the experimental engine speed-load map. 
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Chapter 4                                               

Experimental study of the influence of 

injector geometric parameters 

4.1 Introduction 

As the intrinsic diesel fuel features of low viscosity and poor vaporization, the diesel engine 

performance and emission characteristics are strongly affected by the characteristics of 

the fuel spray development, such as fuel atomization, vaporization, and fuel-air mixing 

process. The fuel spray development processes are in turn determined by the injector 

geometry. Nowadays, in addition to introducing EGR, installing costly and complex 

aftertreatment devices, as well as employing alternative fuels, the diesel injector geometry 

is also considered as an important parameter for the compliance of the stringent emission 

legislations while maintaining high engine efficiency. Therefore, the injector geometry 

optimization plays an indispensable role to achieve highly efficient and clean combustion 

engine. In order to better understand the influence of injector geometric parameters on 

engine operations under different injection pressures and injection timings, a 

comprehensive investigation was carried out in this chapter. 

4.2 Test methodology 

In this chapter, injector geometric parameters including the injector Ks factor, fuel mass 

flow rate, and spray cone angle were experimentally investigated. Table 4.1 depicts the 

specifications of different test injectors. The study was performed at six operation points 

selected from European Steady-state Cycle (ESC), as depicted in Table 4.2. The 

operation conditions consist of three speeds (25%, 50%, and 75%, which are abbreviated 

as A, B, and C, respectively) and two engine loads (50% and 100%). The three engine 

speeds of A, B, and C are determined according to [200] as 

 

𝐴 = 𝑛𝑙𝑜 + 25% ∗ (𝑛ℎ𝑖  −  𝑛𝑙𝑜)                                                    (4.1) 

 

𝐵 = 𝑛𝑙𝑜 + 50% ∗ (𝑛ℎ𝑖  −  𝑛𝑙𝑜)                                                    (4.2) 

 

𝐶 = 𝑛𝑙𝑜 + 75% ∗ (𝑛ℎ𝑖  −  𝑛𝑙𝑜)                                                    (4.3) 
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where 𝑛ℎ𝑖 is the high speed, determined by calculating 70% of the speed at maximum net 

power, while 𝑛𝑙𝑜 is the low speed, defined by calculating 50% of the speed at maximum 

net power. 

 

The primary objective of this study is to identify the optimum injector in terms of engine 

performance and emissions by comparing the test results of five injectors with different 

nozzle geometries. In doing so, the injector can be better matched with the combustion 

chamber of the engine before conducting the investigation of Miller cycle operation in the 

following chapters. This helps to better explore the potential of Miller cycle operation over 

the estimated HD diesel engine speed-load map. The intake pressure set point of the 

baseline operation was taken from a corresponding multi-cylinder HD diesel engine, which 

complies with the Euro V emission regulations. The exhaust pressures were adjusted to 

provide a constant pressure differential of 0.10 bar above the intake pressure. 

Table 4.1: Specifications of the different test injectors. 

Sequence Injector 
Hole 

number 

fuel flow 

rate 

(ml/min) 

Cone 

angle 

(°) 

K-factor 

(-) 
Hole layout 

Hole 

diameter 

(mm) 

1 #482 

8 

1600 150 1 Ks 0.176 

2 #484 1700 146 1 Ks 0.180 

3 #485 1700 150 1 Ks 0.180 

4 #486 1700 153 1 Ks 0.180 

5 #487 1700 150 0 Cylindrical 0.189 

 

Table 4.2 Engine testing conditions. 

No. Name Speed IMEP Engine load 
Intake 

temperature 

Intake 

pressure 

 - r/min bar % °C bar 

1 A50 1147 12.8 50 31 1.73 

2 A100 1147 24.2 100 42 2.16 

3 B50 1425 12.6 50 34 2.00 

4 B100 1425 23.6 100 47 2.68 

5 C50 1702 11 50 33 2.06 

6 C100 1702 20 100 46 2.54 

 

At each test point, three different injection pressures were employed with a single injection. 

The maximum in-cylinder pressure was limited to 180 bar. Stable engine operation was 

determined by controlling the maximum PRR and COV_IMEP below 30 bar/CAD and 3%, 

respectively. 
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4.3 Effects of injector Ks factor 

As mentioned in Chapter 2, the diesel injectors are mainly characterized by three different 

nozzle hole-shapes: cylindrical, K-hole, and Ks-hole. In this section, a comparison was 

performed between injectors with cylindrical-hole and Ks-hole regarding the engine 

performance and exhaust emissions.  

4.3.1 Combustion characteristics 

Figure 4.1 shows the ignition delay of both hole-shape injectors for all test conditions. It 

can be seen that the ignition delay of Ks-hole injector was relatively shorter than that of 

the cyl-hole injector. This was due to the higher value of discharge coefficient and the 

lower possibility of cavitation resulted from the Ks-hole injector, which enhanced the 

atomization of the injected fuel and enabled a better air/fuel mixing. As a result, these 

combustion conditions advanced the SOC.  

Engine operating conditions
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Figure 4.1: Ignition delay of the cyl-hole and Ks-hole injectors for all test points. 

 

Figure 4.2 and Figure 4.3 show the in-cylinder pressures and heat release rates of the 

two different hole-shape injectors at both medium and full engine loads and a constant 

speed of 1147 rpm. The comparison was performed at two injection pressures while 

keeping the injection timing constant for each load. Both hole-shape injectors presented 

a similar trend of in-cylinder pressure and HRR at two test points. The shorter ignition 

delay in the Ks-hole injector advanced the initiation of heat release and thus the pressure 

rise rate. Consequently, this led to a lower peak HRR due to the lower degree of premixed 

combustion. A relatively higher injection pressure improved the air/fuel mixing, resulting 

in a higher peak HRR than that of lower injection pressure.  
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Figure 4.2: In-cylinder pressure and HRR of the two different hole-shape injectors at 
1147rpm, 12.8 bar IMEP. 
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Figure 4.3: In-cylinder pressure and HRR of the two different hole-shape injectors at 
1147 rpm, 24.2 bar IMEP. 

 

4.3.2 Engine performance and gaseous emissions 

Figure 4.4 shows the engine performance as a function of the injection pressure for the 

two hole-shape injectors at a speed of 1147 rpm and 50% of full engine load. Compared 

to cyl-hole injector, the Ks-hole injector showed higher lambda value at a constant SOI 

and injection pressure, particularly at a lower injection pressure as less fuel was burned 
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to maintain the same IMEP when the NIE was increased. The higher lambda value along 

with an earlier SOC contributed to a lower EGT.  

 

Apparently, advanced SOI and higher injection pressure helped improve the NIE and fuel 

consumption owing to the resulting earlier combustion phasing and higher degree of 

premixed combustion. The Ks-hole injector presented a similar effect on the NIE to that 

of a higher injection pressure, increasing the NIE by 1.6% with the use of Ks-hole 

compared to the cyl-hole.  
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Figure 4.4: Engine performance of the two different hole-shape injectors at 1147rpm, 
12.8 bar IMEP. 

 

Figure 4.5 depicts the engine-out emissions for the two hole-shape injectors with various 

injection pressure and SOI, shown as the net indicated specific values of NOx, soot, 

unburned HC and CO. Earlier SOI and higher injection pressure decreased soot 

emissions at the expense of higher NOx emissions, regardless of the injector hole shape. 

In comparison with the cyl-hole, the use of Ks-hole shape showed higher impact on the 

soot emissions, maintaining a lower level of soot emissions and demonstrating less 

sensitivity to the injection timing and injection pressure. This was because the resulting 

higher lambda value and the enhanced air/fuel mixing. The NOx emissions were slightly 

lower than the cyl-hole injector at a given SOI, likely due to the lower peak combustion 

temperatures resulted from the relatively lower degree of premixed combustion. 

 

The CO emissions exhibited a similar trend to that of soot emissions, decreased with Ks-

hole injector and reduced rapidly as injection pressure was increased from 1000 to 1300 
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bar. This was the result of the improved in-cylinder air/fuel ratio, which played an important 

role on the CO emissions. The variations in SOI and injection pressure presented little 

impact on the unburnt HC emissions. However, the Ks-hole injector produced higher HC 

emissions than the cyl-hole injector. This was likely because of the higher air/fuel ratio 

and the higher risk of flame quenching, as well as the lower EGT which allowed for a lower 

oxidation of HC during the late combustion phase. 
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Figure 4.5: Exhaust emissions of the two different hole-shape injectors at 1147rpm, 12.8 
bar IMEP. 

 

Figure 4.6 compares the trade-off relationships of exhaust emissions and fuel 

consumption between Ks-hole and cyl-hole injectors. Compared to the cyl-hole injector, 

the Ks-hole injector achieved an improvement in the trade-off relationships between 

ISNOx, ISFC, ISsoot, and ISCO. It also can be seen that the Ks-hole injector decreased 

the fuel consumption by 1.8% and soot emission by 66.7% at the same NOx level of 10.5 

g/kWh. However, the use of Ks-hole injector showed adverse effect on the ISNOx-ISHC 

trade-off attributed to an increase in HC emissions.  
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Figure 4.6: Trade-off relationships of two injectors with different hole-shape at 1147rpm, 
12.8 bar IMEP. 

 

4.3.3 Comparison of the two different hole-shape injectors over the 

operating conditions  

This subsection estimates the benefit of Ks-hole injector over the cyl-hole injector in terms 

of fuel consumption and engine-out emissions at the six test points. The analysis was 

performed at a constant SOI as well as injection pressure for each engine load. Figures 

4.7 and 4.8 show the NOx and soot emissions while Figure 4.9 depicted the fuel 

consumption.  

 

There was small difference in NOx emissions of the two different hole-shape injectors. By 

using the Ks-hole injector, NOx emissions were slightly decreased at a lower engine 

speed while increased at higher engine speed. However, the soot emissions were 

reduced significantly via the use of Ks-hole injector at all operating conditions. This was 

attributed to a better fuel atomization and the resulting higher lambda value. The Ks-hole 

injector demonstrated a reduction in fuel consumption at most test points due to a better 

combustion process and lower combustion temperature and EGT. Therefore, the Ks-hole 

shape injector was determined as the optimum one for further analysis in the following 

study.  
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Figure 4.7: Comparison of NOx emissions for the two hole-shape injectors. 
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Figure 4.8: Comparison of soot emissions for the two hole-shape injectors. 
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Figure 4.9: Comparison of fuel consumption for the two hole-shape injectors. 
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4.4 Effects of injector fuel flow rate 

There is a strong connection between pollutant emissions and the characteristics of fuel 

injection, especially the instantaneous fuel flow rate and the evolution of the spray as well 

as its interaction with fresh air in the combustion chamber. In this subsection, a 

comparison will be made between two injectors with different fuel flow rates resulted from 

the different injector orifice diameters. The higher fuel flow rate represents a bigger injector 

orifice diameter. The aim of this study was to analyse the effect of injector fuel flow rate 

on engine combustion, performance, and emissions. 

4.4.1 Combustion characteristics 

Figure 4.10 compares the measured in-cylinder averaged pressure and HRR for the two 

different fuel flow rate injector at a speed of 1147 rpm and engine load of 12.8 bar IMEP. 

In comparison with a higher fuel flow rate injector, the lower fuel flow rate injector led to 

an earlier SOC at a constant SOI. This was because the orifice size of the lower fuel flow 

rate injector was smaller and thus produced smaller droplets which were atomizing, 

evaporating, and mixing faster than the larger droplets. Therefore, the time required to 

form ignitable mixture was shorter for a smaller orifice. The less premixed combustion 

resulted in a lower peak HRR while the earlier SOC contributed to higher peak cylinder 

pressure. A similar trend of the variations in the cylinder pressure and HRR was observed 

at a higher speed of 1703 rpm and engine load of 20 bar IMEP, as depicted in Figure 4.11. 
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Figure 4.10: In-cylinder pressure and HRR for the two injectors with different fuel flow 
rate at 1147 rpm, 12.8 bar IMEP. 
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Figure 4.11: In-cylinder pressure and HRR for the two injectors with different fuel flow 
rate at 1703 rpm, 20 bar IMEP. 

 

Figure 4.12 and Figure 4.13 show the resulting heat release characteristics for the two 

injectors with different fuel flow rates and different injection pressures and SOI. The 

injection pressure and SOI showed higher impact on the ignition delay at the lower speed 

medium load compared to that of higher speed full load conditions. The ignition delay was 

very sensitive to the orifice diameter at both operating conditions, reducing noticeably by 

means of a smaller orifice due to the resulting better ignition conditions by improving fuel 

atomisation.  
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Figure 4.12: Combustion characteristics for the two injectors with different fuel flow rate 
at 1147 rpm, 12.8 bar IMEP. 
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The combustion phasing (CA50) was slightly delayed at the lower flow rate injector owing 

to the relatively lower degree of premixed combustion. The smaller orifice in the lower fuel 

flow rate injector increased the injection duration. As a result, more fuel combustion is 

shifted later in the expansion stroke as represented by the later CA90, leading to a longer 

period of combustion duration. 
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Figure 4.13: Combustion characteristics for the two injectors with different fuel flow rate 
at 1703 rpm, 20 bar IMEP. 

 

4.4.2 Engine performance and gaseous emissions 

Figure 4.14 and Figure 4.15 show the effect of injector fuel flow rate on engine 

performance characteristics at various injection pressures and SOIs. The relative air/fuel 

ratio (lambda) was increased with the use of a higher fuel flow rate injector. This was 

because a bigger orifice produced longer fuel penetration and a shorter injection duration, 

allowing more time for mixing. The EGT reduced linearly with an increase in lambda at all 

test points. It can be also seen that the NIE and fuel consumption were improved slightly 

with a higher fuel low rate injector. This can be explained by the shorter combustion 

duration and the lower in-cylinder average combustion temperatures resulted from the 

higher lambda value and thereby lower heat losses to the cylinder walls. 
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Figure 4.14: Engine performance for two injectors with different fuel flow rate at 1147 
rpm, 12.8 bar IMEP. 
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Figure 4.15: Combustion characteristics for two injectors with different fuel flow rate at 
1703 rpm, 20 bar IMEP. 

 

The indicated specific engine-out emissions for different fuel flow rate injectors operating 

with various injection pressures and SOI were depicted in Figure 4.16 and Figure 4.17. 

The NOx and soot emissions were lower when using a lower fuel flow rate injector at 1147 

rpm, 12.8 bar IMEP. This was a result of the decreased lambda value and relatively better 

air entrainment into the spray core.  
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Figure 4.16: Engine-out emissions for the two injectors with different fuel flow rate at 
1147 rpm, 12.8 bar IMEP. 
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Figure 4.17: Engine-out emissions for the two injectors with different fuel flow rate at 
1703 rpm, 20 bar IMEP. 

 

At a higher load, however, the orifice diameter showed little impact on NOx emissions and 

the smaller orifice produced slightly higher soot emissions, especially when operating with 

lower injection pressures. This was likely due to the poor air utilization as more fuel was 

injected at higher load and the smaller orifice led to shorter spray penetration, resulting in 

a richer local mixture. The CO emissions followed the trend observed in soot emissions, 

the smaller orifice injector produced less CO emissions at low speed and medium load 
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while increased CO emissions at higher speed and full load condition. It also can be seen 

that HC emissions were significantly lower at the smaller orifice diameter injector at both 

operating conditions. One of the major reasons for the lower HC level was because the 

smaller orifice injected the fuel with a shorter spray penetration. The shorter ignition delay 

was believed to be another reason as the over-lean mixture could be partly avoided, which 

was the main source of unburnt HC emissions. 

 

Figures of 4.18 and 4.19 show the trade-off relations between fuel consumption and 

engine-out emissions for the two different fuel flow rate injectors. An improvement in the 

trade-off of NOx-ISFC was observed in the higher fuel flow rate injector, regardless of the 

engine operating conditions. The smaller orifice injector presented a better trade-off of 

NOx-soot at 1147 rpm and 12.8 bar IMEP. However, a reverse trend was found at 1703 

rpm, 20 bar IMEP. The higher fuel flow rate injector achieved better trade-off of NOx and 

soot emissions. The observed trend of NOx-CO trade-off for various injection pressures 

and SOI was similar to that of NOx-soot. The lower HC emissions resulted from the 

smaller orifice diameter, contributing to an improvement in the trade-off between NOx and 

HC emissions. 
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Figure 4.18: Trade-off relationships for the two injectors with different fuel flow rate at 
1147 rpm, 12.8 bar IMEP. 
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Figure 4.19: Trade-off relationships for the two injectors with different fuel flow rate at 
1703 rpm, 20 bar IMEP. 

 

4.4.3 Comparison of the two injectors with different fuel flow rates over the 

operating conditions 

In order to better compare injectors with different fuel flow rates regarding engine 

performance and emissions, an overview of fuel consumption and exhaust emissions for 

all test points was performed. As shown in Figure 4.20, 4.21, and 4.22, the injection 

pressures employed for 50% and 100% of full engine loads were 1300 and 1700 bar with 

corresponding injection timings at -10 and -5 CAD ATDC, respectively. 

 

Figure 4.20 shows that a slightly lower NOx level was achieved with a lower fuel flow rate 

injector at the majority test points. As displayed in Figure 4.21, the soot emissions of a 

smaller orifice injector decreased at medium loads while increased at full engine loads. 

This was a result of the improved air entrainment at 50% of full engine loads but poor air 

utilization at 100% of full engine loads. The data depicted in Figure 4.22 is a 

comprehensive comparison of the fuel consumption for the two injectors with different fuel 

flow rates. The higher fuel flow rate injector demonstrated a slight reduction in fuel 

consumption at most test points, which was mainly attributed to the longer spray 

penetration, higher lambda value, and shorter combustion duration. Overall, the lower fuel 

flow rate injector produced relatively lower exhaust emissions while the injector with 

relatively higher fuel flow rate obtained slightly better fuel economy. In this study, the 

injector with high fuel flow rate of 1700 ml/min was selected for the following analysis.  
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Figure 4.20: Comparison of NOx emissions for the two injectors with different flow rates. 
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Figure 4.21: Comparison of soot emissions for two the injectors with different flow rates. 
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Figure 4.22: Comparison of fuel consumption for the two injectors with different flow 
rates. 

 

4.5 Effects of injector cone angle with different washer 

thickness 

The interaction between the fuel spray and the combustion chamber is extremely 

important since the fuel targeting directly affect the mixture formation and thus the 

combustion process. The wall wetting regions resulted from the impinging fuel on cylinder 

walls contribute most to the total engine-out soot emissions. Narrow spray cone angle 

injector is capable of avoiding the fuel spray missing the combustion bowl hence allow 

early injection timing without much wall film formed. On the other hand, it can lead to poor 

fuel vaporization and high liquid fuel penetration, increase the risk of impinging liquid fuel 

on the piston surface.  

 

In addition, the spray targeting is affected strongly by the injection timing, as shown in 

Figure 4.23 the position of the fuel spray in the piston bowl for the three different cone 

angle injectors performed at two injection timings. It can be seen that the injection timing 

had great impact on the spray targeting on the piston surface. The narrower spray angles 

could target more fuel into the piston bowl compared to the wider spray angles. Therefore, 

the spray-bowl interaction played important role in the formation of air/fuel mixture and 

hence the combustion and emissions characteristics. 
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(a) Injection timing at -20 CAD ATDC 

 

(b) Injection timing at -10 CAD ATDC 

Figure 4.23: Fuel spray position at -20 CAD ATDC (a) and -10 CAD ATDC (b) for the 
three different spray cone angle injectors. 

 

Since the distance from the nozzle tip to the piston bowl, which also called injector 

protrusion, can be adjusted via a washer mounted between the injector and the cylinder 

head. The thicker the washer, the less the injector protrusion, as shown in Figure 4.24. 

Therefore, this subsection analysed the influence of the combination of spray cone angle 

with washer thickness to explore the optimum washer thickness for each injector, in order 

to match it well with the combustion chamber and the applied injection strategy. In doing 

so, the optimum injectors can be determined through comparing the three injectors with 

their corresponding optimum washer thicknesses. Table 4.3 depicts the specifications of 

the three different spray angle injectors. The washer thicknesses for the testing injectors 

were between 1.6 and 2.0 mm. 
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Figure 4.24: Spray tip protrusion for the three injector cone angles with different washer 
thicknesses. 

Table 4.3: Testing injector specifications and corresponding washer thickness. 

injector 
Mass flow rate 

(ml/min) 
Cone angle Washer thickness 

#484 1700 146° 1.6, 1.8, 2.0mm 

#485 1700 150° 1.6, 1.8, 2.0mm 

#486 1700 153° 1.6, 1.8, 2.0mm 

 

4.5.1 Analysis of spray cone angle with different washer thickness 

Figure 4.25 shows the NIE and engine-out emissions for the injector spray angle of 146° 

with different washer thicknesses at 1147 rpm and 12.8 bar IMEP. The use of the smallest 

washer thickness produced the lowest soot emissions at the cost of higher NOx emissions. 

This was due to the smallest washer thickness decreased the distance between the spray 

tip and piston bowl, allowing more fuel spray injected or impinged close to the piston bowl 

and thus led to a better mixture formation [65]. However, soot emissions increased 

significantly at a lower injection pressure as the washer thickness was increased to 1.8 

mm, which could be improved by further increased the washer thickness to 2.0 mm. The 

increased risk of higher possibility of spray impinging on the cylinder walls and piston bowl 

resulted in higher unburnt HC emissions. There was small difference in NIE between the 

three different washers. The smallest washer thickness achieved slightly higher efficiency 

at lower injection pressure, however, the highest efficiency was obtained by the biggest 

washer thickness as the injection pressure increased.    
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Figure 4.25: Engine-out emissions and efficiency for the injector spray angle of 146°with 
different washer thickness at 1147 rpm, 12.8 bar IMEP. 

 

Figure 4.26 shows the emissions and engine efficiency for the injector spray cone angle 

of 150° with different washer thicknesses. This injector has a wider spray angle than the 

previous, indicating the spray tip penetration was relatively shorter and less fuel spray 

was injected into the piston bowl at a constant washer thickness. The use of smaller 

washer thickness increased the possibility of spray impinging in the squish region to form 

a richer air/fuel mixture. As a result, the HC emissions were higher and the NIE was lower. 

In addition, the soot emissions were deteriorated at a low injection pressure of 1000 bar, 

particularly with washer thickness of 1.6 mm. The NOx emissions were increased when 

using a washer thickness of 2 mm. In contrast, the use of washer thickness of 1.8 mm 

achieved the optimum exhaust emissions and efficiency. Compared to the two 

aforementioned injectors, the injector with a spray cone angle of 153° has a wider spray 

angle and shorter spray tip penetration. Thus, the distance between spray tip and the 

piston bowl should be decreased to avoid wall wetting. As shown in Figure 4.27, this 

injector with the smallest washer thickness of 1.6 mm achieved the optimum balance 

between engine efficiency and exhaust emissions. 
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Figure 4.26: Engine-out emissions and efficiency for the injector spray angle of 150°with 
different washer thickness at 1147 rpm, 12.8 bar IMEP. 
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Figure 4.27: Engine-out emissions and efficiency for the injector spray angle of 153°with 
different washer thickness at 1147 rpm, 12.8 bar IMEP. 

 

To better identify the optimum washer thickness for every injector, engine efficiency and 

emissions of the three different spray cone angle injectors as a function of the washer 

thickness were plotted. As shown in Figure 4.28, the comparison was performed at 1147 

rpm and 12.8 bar IMEP. The results showed that the bigger spray angle injector with 
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deeper protrusion by using thinner washer achieved the best results regarding the engine 

efficiency and exhaust emissions. 

Is
s
o

o
t 

[g
/K

W
h

]

0.000

0.003

0.006

0.009

Washer thickness [mm]

1.4 1.6 1.8 2.0 2.2

IS
N

O
x
 [

g
/K

W
h

]

11

15

19

23

Washer thickness [mm]

1.4 1.6 1.8 2.0 2.2

1147 rpm, 12.8 bar IMEP 
Injection timing=-10 CAD ATDC
Injection pressure=1300 bar

 cone angle153
 cone angle150
 cone angle146

IS
H

C
 [

g
/K

W
h

]

0.0

0.2

0.4

0.6

Washer thickness [mm]

1.4 1.6 1.8 2.0 2.2

N
IE

 [
%

]

46

47

48

49

Washer thickness [mm]

1.4 1.6 1.8 2.0 2.2

 

Figure 4.28: Comparison of the three spray angle injectors with different washer 
thickness at 1147 rpm, 12.8 bar IMEP. 

 

4.5.2 Comparison of different spray cone angle injectors with 

corresponding optimum washer thickness  

A comparison of the three injectors with different spray cone angles and corresponding 

optimum washer thickness was carried out over the six test points. Figure 4.29 shows the 

fuel consumption while the data in Figure 4.30 and Figure 4.31 demonstrate the NOx and 

soot emissions at 50% and 100% of full engine load, respectively. The results revealed 

the injector with spray angle of 153° and washer thickness of 1.6 mm demonstrated a 

higher potential in minimizing the fuel consumption than the other two injectors at all 

operating conditions. However, the narrowest spray angle injector matched a washer 

thickness of 2.0 mm produced the lowest NOx emissions, regardless of the injection 

pressure used.  

 

The variations of soot emissions were not consistent for all test points. At a relatively lower 

injection pressure, the injector with the narrowest spray angle produced significantly 

higher soot emissions, particularly at 100% of full engine load. This could be improved 

apparently as the injection pressure was increased. Both injectors with spray angle of 150° 

and 153° generated similar NOx and soot emissions at most test points.  
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Overall, injectors with different geometry parameters presented different advantages over 

the fuel efficiency and exhaust emissions. Therefore, the optimum injectors should be 

selected carefully according to the objective of the research work. 
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Figure 4.29: Comparison of fuel consumption for the three different spray angle injectors 
with their optimum washer thickness. 
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(b) 100% of full engine loads; 

Figure 4.30: Comparison of NOx emissions for the three different spray angle injectors 
with their optimum washer thickness. 
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(b) 100% of full engine loads; 

Figure 4.31: Comparison of soot emissions for the three different spray angle injectors 
with their optimum washer thickness. 

 

4.5.3 Overall engine efficiency analysis  

In this study, the main focus of the injector geometry optimization was put on the trade-off 

between engine efficiency and engine-out NOx emissions, as the practical use of SCR-

equipped HD diesel engine will consider the aqueous urea solution consumption in the 

SCR system. Thus, an overall engine efficiency analysis over the six test points was 

carried out in order to determine the optimum injector configuration in terms of overall 

engine operating cost (EOC). 
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Particularly, the corrected Net Indicated Efficiency (NIE) was used in order to take into 

account both the measured diesel flow rate (ṁ𝑑𝑖𝑒𝑠𝑒𝑙)  and the aqueous urea solution 

consumption in an SCR system (ṁ𝑢𝑟𝑒𝑎). This allowed for a cost-benefit analysis of the 

total cost of the different injector configuration. As the urea consumption in the SCR 

system depends on the operating conditions as well as engine-out NOx emissions, 

reductions in the levels of engine-out NOx can help minimise the urea flow rate. According 

to [125,201–203], the urea consumption in the SCR system can be estimated as 1% of 

the diesel equivalent fuel flow per g/kWh of NOx reduction necessary to meet the Euro VI 

limit (NOx𝐸𝑢𝑟𝑜𝑉𝐼) of 0.4 g/kWh. 

 

𝑚̇𝑢𝑟𝑒𝑎 = 0.01 ∗ (𝑁𝑂𝑥𝐸𝑛𝑔𝑖𝑛𝑒−𝑜𝑢𝑡 − 𝑁𝑂𝑥𝐸𝑢𝑟𝑜𝑉𝐼) ∗ 𝑚̇𝑑𝑖𝑒𝑠𝑒𝑙                           (4.4) 

 

As the relative prices between diesel fuel and urea are different in different countries and 

regions, the price and property of urea was simulated to be the same as diesel fuel in this 

study [125,202]. By adding the diesel fuel consumption to the estimated urea usage 

allowed for the calculation of total fluid consumption. 

 

ṁ𝑡𝑜𝑡𝑎𝑙 = ṁ𝑢𝑟𝑒𝑎 + ṁ𝑑𝑖𝑒𝑠𝑒𝑙                                                             (4.5)        

                             

Therefore, the ṁ𝑡𝑜𝑡𝑎𝑙 allowed for the calculation of the corrected net indicated efficiency 

(NIEcorr.), which was defined as 

NIE𝑐𝑜𝑟𝑟. =  
𝑃𝑖 

ṁ𝑡𝑜𝑡𝑎𝑙 LHV𝑑𝑖𝑒𝑠𝑒𝑙  
                                          (4.6)       

         

where Pi is the net indicated power and  LHV𝑑𝑖𝑒𝑠𝑒𝑙 is the diesel lower heating value of 42.9 

MJ/kg. 

 

Figure 4.32 and 4.33 provide an overall assessment of the influence of the three injectors 

with different spray cone angles on the total fluid consumption and NIEcorr. at 50% and 

100% of full engine load, respectively. At 50% of full engine load, injectors with spray 

angle of 146° and 153° enabled lower total fluid consumption and higher NIEcorr. than the 

injector with spray angle of 150° at most test points. This was attribute to the lower NOx 

emissions in the smallest spray angle injector and higher engine efficiency in the biggest 

spray angle injector accordingly. When comparing at 100% of full engine load, the injector 

with smallest spray angle presented a higher potential in reducing NOx emissions and 

thus the total fluid consumption, which led to an increase in the NIEcorr.. It can be also 

seen from Figures 4.32 and 4.33 that the lowest engine speed denoted as “A” produced 

noticeably lower total fluid consumption than the other two engine speeds of “B” and “C”. 

This was mainly because of the lower fuel mass flow rate at a lower engine speed. 
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The overall results have demonstrated the potential benefit of the optimization of injector 

spray angle with an appropriate washer thickness in improving the NIEcorr. and thus the 

EOC via lower total fluid consumption. According to this study, the injector with spray cone 

angle of 146° and a washer thickness of 2.0 mm was determined as the optimum injector 

configuration to achieving the best balance between in-cylinder and aftertreatment NOx 

emissions control. 
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Figure 4.32: Overall engine efficiency analysis for injectors with different spray angles at 
50% engine loads. 
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Figure 4.33: Overall engine efficiency analysis for injectors with different spray angles at 
100% engine loads. 

 

4.6 Summary 

In this chapter, engine experiments were carried out to study the influence of injector 

specifications including nozzle shape, fuel mass flow rate, and spray cone angle in the 

research engine. Additionally, the optimum washer thicknesses for different spray cone 

angles were estimated in order to match well with the combustion chamber. Finally, the 

total engine efficiency was analysed by considering the urea consumption in the SCR 

system. The research was performed at six test points selected from the ESC test cycle. 

Injection pressure and SOI were varied to provide a better analysis of the influence of 

injector parameters on combustion characteristics, exhaust emissions, and engine 

performance. The main findings of the injector geometry study can be drawn as follows: 

 

i. Injector with Ks-hole shape improved the fuel atomization quality owing to the 

relatively higher discharge coefficient and longer spray tip penetration than the cyl-

hole shape, which yielded a similar impact on the mixture formation to that of a 

higher injection pressure. Consequently, the fuel consumption and soot emissions 

were reduced. However, the NOx emissions were slightly increased at most test 

points except at the lower engine speeds.  

ii. In comparison to a higher fuel flow rate injector, the lower fuel flow rate injector 
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decreased the NOx and soot emissions at most test points due to improved fuel 

atomization. The HC emissions were lower likely due to a shorter spray tip 

penetration and hence reduced the possibility of the liquid spray impingement. 

However, the fuel consumption was increased due to the longer injection duration 

and shorter spray penetration, which shifted the combustion process later in the 

expansion stroke and led to poor air utilization.  

iii. Both Ks-hole shape and a relatively higher fuel mass flow rate injectors allowed 

for an improvement in the trade-off relationships of NOx-soot and NOx-FC. 

Therefore, these injector geometric parameters were employed for the subsequent 

studies.  

iv. The injector washer thickness (injector tip protrusion) showed strong effect on the 

interaction between the fuel spray and combustion bowl. The bigger spray angle 

matched with a thinner washer or the smaller spray angle matched with a thicker 

washer presented a better trade-off relationships of NOx-soot and NOx-ISFC. 

v. Injector with the biggest spray cone angle obtained the highest fuel efficiency while 

the injector with the smallest spray cone angle produced the lowest level of NOx. 

The medium spray angle injector demonstrated a slightly lower soot emissions at 

most test points. Overall, injector with the biggest spray cone angle achieved the 

best NOx-ISFC trade-off. 

vi. The injection timing and injection pressure also showed important impact on the 

injector geometry optimization as the injection timing could change the spray 

targeting position in the piston bowl while the injection pressure had great impact 

on the spray penetration. 

vii. The overall engine efficiency analysis demonstrated that injector with the smallest 

spray angle of 146° and a washer thickness of 2.0 mm reduced the NOx emissions 

and therefore the aqueous urea solution consumption in the SCR system. This 

resulted in a lower total fluid consumption and contributed to a higher NIEcorr., 

helping to minimise the EOC. 

 

Overall, the results reveal that the investigation of injector orifice shape, fuel flow rate, and 

spray cone angle is needed to achieve a better balance between engine efficiency and 

engine-out emissions. Moreover, the optimum injector should be selected carefully 

according to the operating conditions and other combustion control strategies such as 

advanced injection strategy, EGR, and Miller cycle, which will be presented and discussed 

in the following chapters.  
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Chapter 5                                        

Experimental assessment of the Miller cycle 

operation at low and medium engine loads 

5.1 Introduction  

When it was first proposed by Ralph Miller in 1950s, Miller cycle was intended to improve 

the thermal efficiency by avoiding knocking combustion in a spark ignition engine through 

the reduction of ECR. In recent years, it has received more attention in diesel engines due 

to its potential in reducing NOx emissions by lowering the peak combustion temperatures. 

Miller cycle is typically achieved by lowering the ECR while maintaining the expansion 

ratio via early or late IVC timings. In most Miller cycle engines, boosting technologies are 

applied to compensate the in-cylinder charge loss caused by the early or late IVC timings 

in order to maintain the power performance. The Miller cycle operation needs to be 

optimized in order to improve the remains trade-off between the actual engine efficiency 

and NOx emissions and minimize the EOC. In addition, the lower EGT at low engine load 

operations can reduce the conversion efficiency and performance of the diesel ATS, which 

plays an important role on the NOx emissions control. Reduction in the engine-out NOx 

emissions and maintaining a sufficiently higher EGT are required to meet the NOx targets 

and minimise the EOC. 

 

In this chapter, experimental works have been performed on a single cylinder diesel 

engine to investigate the characteristics of Miller cycle at low and medium loads (between 

6 and 12 bar IMEP) as well as to explore an optimum combustion control strategy for 

efficient EGT management at the light engine load (2.2 bar IMEP). Presented in Section 

5.2 is the overview of the low-medium load Miller cycle operation while the influence of 

intake pressure on Miller cycle is shown in Section 5.3. The investigation of Miller cycle 

with EGR for NOx emissions and EGT control at low and medium loads is presented in 

Section 5.4. Section 5.5 explores the potential of Miller cycle combined with EGR and post 

fuel injection for emissions and exhaust gas temperature control at low load. Finally, 

Section 5.6 shows the exploration of the alternative combustion control strategies for EGT 

management at a light load. The specific test conditions are given in the “Test 

methodology” of each subsection. 
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5.2 Characterisation of Miller cycle operation at low and 

medium loads  

This section will present the methodology used in this study to define the effective 

compression ratio. This is followed by an analysis and discussion of the Miller cycle 

operating with different combustion control technologies such as injection strategy, intake 

pressure, and external cooled EGR at low and medium loads. 

5.2.1 Test methodology  

Experimental investigation was carried out to demonstrate the characterization of low-

medium load Miller cycle operation at 1250 rpm and two engine loads of 6 and 12 bar 

IMEP. These two test points represents high residency areas in a typical HD drive cycle. 

Figure 5.1 indicates the WHSC test cycle operating conditions as well as the two test 

points over an estimated HD diesel engine speed-load map. The size of the circle 

represents the weighting factor. A bigger size indicates a higher relative weighting of the 

engine operation conditions over the WHSC test cycle. The pressure differential across 

the cylinder was maintained at 10 kPa for all test points by varying the exhaust back 

pressure at a given intake pressure, which can maintain a comparable PMEP and hence 

a fair comparison for various cases. The PRR and COV_IMEP were limited to 20 bar/CAD 

and 3%, respectively.  
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Figure 5.1: Test points and WHSC operation conditions over an estimated HD diesel 
engine speed-load map. 
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Table 5.1 summaries the engine operating conditions for the different variables swept. 

The injection timings and injection pressures were varied and a constant pre-injection of 

3 mm3 and a dwell timing of 1ms were used to maintain an acceptable level of PRR at 

low-medium loads. In some cases, higher intake pressure was applied to compensate the 

lower in-cylinder mass trapped. The role of cooled external EGR was tested with Miller 

cycle strategy, varied between 0 and 20% for low load while between 0 and 15% for 

medium load.  

 

Table 5.1: Engine testing conditions for the characterization of low-medium load Miller 
cycle operation. 

Parameter Value 

Speed 1250 rpm 

IMEP 6 bar 12 bar 

Injection timing 
Varied between -7.5 and -15.5  

CAD ATDC 

Varied between -16 and -21.5  

CAD ATDC 

Injection pressure 1100 and 1300 bar 1400 and 1600 bar 

Intake pressure Varied between 1.44 and 2.14 bar Varied between 1.70 and 2.30 bar 

Exhaust pressure 
Maintain 0.1 bar higher than intake 

pressure 

Maintain 0.1 bar higher than intake 

pressure 

EGR rate 0, 15, 20% 0, 10, 15% 

Baseline IVC -178 CAD ATDC -178 CAD ATDC 

Late IVC (Miller cycle) 
-140,-130,-120,-110,-100 CAD 

ATDC 
-130, -120, -110 CAD ATDC 

 

The IVC timing was delayed to allow for the Miller cycle operation along with a reduction 

in the ECR. This is detailed in Figure 5.2 with the engine valve lift profiles used at a speed 

of 1250 rpm and a load of 6 bar IMEP. The IVO and IVC timings of the baseline case were 

set at 367 and -178 CAD ATDC, respectively. The tested IVC timings were delayed 

gradually from -178 CAD ATDC in the baseline to -93 CAD ATDC in the latest IVC timing, 

while maintaining the maximum lift of 14 mm constant. 
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Figure 5.2: Engine fixed exhaust and variable intake valve lift profiles. 

 

5.2.2 Definition of the effective compression ratio 

The intake camshaft of the research engine was equipped with a VVA system, in which a 

hydraulic tappet on the valve side of the rocker arm was incorporated to realize the desired 

LIVC events [195]. During the period of late intake valve timing in the compression stroke, 

the upward piston motion will cause backflow into the intake manifold by pushing the air 

charge out of the cylinder before the IVC, which reduced the actual in-cylinder mass 

trapped. 

 

The ECR is a commonly used parameter for effectively indicating the extent of 

compression and qualifying the effect of LIVC, which was reduced by the delayed initiation 

of the compression process. One of commonly used ECR definitions is based on the 

volumetric ratio, which is geometrically calculated as the ratio of the cylinder volume at 

the specified IVC to the cylinder clearance volume at TDC. The actual compression 

process, however, does not occur exactly when the intake valve close [204]. Figure 5.3 

shows the illustration of the definition of volume-based and pressure-based ECR at a 

speed of 1250 rpm and 6 bar IMEP. The cylinder charge has already been partially 

compressed before the IVC. This is primarily due to the flow resistance across the intake 

valves and the gas-momentum-induced compression [205]. Therefore, the volume-based 

geometric ECR is inadequate to explain the experimental results. 
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Figure 5.3: The illustration of volume-based and pressure-based methods for ECR 
calculation at 1250rpm and 6 bar IMEP. 

 

In this work, the pressure-based method considers the cylinder volume at the start of gas 

compression for ECR calculation. The effective IVC volume is taken as the volume 

corresponding to the intersection point by extrapolating the polytropic compression 

process curve linearly down to intersect the average intake manifold air pressure (MAP). 

The pressure-based ECR is then defined as the ratio of the volume at effective IVC to the 

volume at TDC [204–207]. This method can be more accurately characterize the actual 

in-cylinder compression process than the volume-based method. Table 5.2 and Figure 

5.4 depict the volume-based and pressure-based ECRs for all testing IVC timings. It can 

be seen that the volume-based geometric ECR is generally lower than the pressure-based 

ECR. This is because the volume-based method does not considering the influence of the 

in-cylinder flow momentum and the flow resistance across the intake valves during the 

compression stroke. Additionally, the difference between both ECRs is increased with 

later IVC. 
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Table 5.2: The variation of volume-based and pressure-based ECR at different IVC 
timings operating at 1250rpm and 6 bar IMEP. 

IVC Timing Volume-based  

Geometric ECR 

Pressure-based  

ECR 

CAD ATDC - - 

-178 16.7 16.8 

-140 15.3 16.5 

-130 15.1 16.3 

-120 14.4 15.9 

-110 13.3 15.3 

-100 12.3 14.7 

-93 11.2 13.8 
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Figure 5.4: The volume-based geometric ECR and pressure-based ECR as a function of 
the IVC at 1250rpm and 6 bar IMEP. 

 

5.2.3 Overview of the Miller cycle operation at low and medium loads  

Figure 5.5 and 5.6 show the in-cylinder pressure and HRR for various IVC timings at a 

speed of 1250 rpm and two engine loads of 6 and 12 bar IMEP. The injection timing and 

injection pressure were maintained constant when varying IVC timing at both loads.  

 

A similar trend in combustion characteristics was observed in both low and medium loads 

as IVC timing was delayed. Compared to the baseline IVC at -178 CAD ATDC, the Miller 

cycle via LIVC strategy decreased the compression pressure as a result of the reduction 
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of in-cylinder mass trapped. The lower compression pressure led to a significant reduction 

in peak in-cylinder pressure during the combustion process.  

 

A later heat release (e.g. SOC) was observed as IVC timing was delayed from -178 to -

100 CAD ATDC due to reduced initial in-cylinder pressure and temperature prior to 

combustion. The increased ignition delay allowed more time for a better mixing of the fuel 

and air, which resulted in a higher degree of premixed combustion as suggested by the 

appearance of the first peak HRR. The peak HRR was reduced with later IVC as a result 

of lower in-cylinder pressure and in-cylinder oxygen availability. This would lead to longer 

combustion duration and therefore could adversely affect the engine efficiency. 
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Figure 5.5: In-cylinder pressure and HRR for different IVC timings at 6 bar IMEP. 

 



92 
 

In
-c

y
li

n
d

e
r 

p
re

s
s
u

re
 [

b
a
r]

50

80

110

140

 IVC -174 CAD ATDC
 IVC -130 CAD ATDC
 IVC -120 CAD ATDC
 IVC -110 CAD ATDC
 IVC -100 CAD ATDC

1250 rpm, 12 bar IMEP
SOI=-16 CAD ATDC

H
R

R
 [

J
/C

A
D

]

0

100

200

300

CAD ATDC

-5 0 5 10 15

 

Figure 5.6: In-cylinder pressure and HRR for different IVC timings at 12 bar IMEP. 

 

5.2.4 Effects of Miller cycle on the combustion phasing at low and medium 

loads 

The SOI was swept to vary the CA50 between 5 and 18 CAD ATDC at 6 bar IMEP while 

between 4 and 20 CAD ATDC at 12 bar IMEP, in order to explore the sensitivity of Miller 

cycle operation to the combustion phasing. Figure 5.7 and 5.8 show the in-cylinder 

pressure and HRR as well as the diesel injector signal for both baseline and Miller cycle 

operations at 6 bar and 12 bar IMEP, respectively.  

 

At a constant main SOI, the Miller cycle delayed the SOC as the lower ECR reduced the 

initial in-cylinder pressure and temperature prior to ignition. When compared at the same 

CA50, the heat release was delayed by Miller cycle at 6 bar IMEP while was reversed at 

12 bar IMEP due to the use of more advanced SOI to maintain the same CA50. Overall, 

the Miller cycle significantly decreased the peak in-cylinder pressure and peak HRR when 

operating with same SOI or same CA50 condition. 
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Figure 5.7: In-cylinder pressure, HRR, and injection signal of the baseline and Miller 

cycle strategies at 6 bar IMEP.
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Figure 5.8: In-cylinder pressure, HRR, and injection signal of the baseline and Miller 
cycle strategies at 12 bar IMEP. 

 



94 
 
To explore the effect of Miller cycle on the trade-off between exhaust emissions and 

engine performance as well as evaluate its potential in reducing NOx emissions, a sweep 

of CA50 and IVC timing was performed at two test points. Figure 5.9 shows the variation 

of smoke number against CA50 and IVC timing with various NOx levels. Compared to a 

late CA50 strategy, Miller cycle enabled a relatively earlier CA50 to achieve the same NOx 

levels at the expense of slightly higher smoke number. The impact on the smoke number 

was higher at a relatively higher engine load, especially when comparing at the lower NOx 

levels. This was mainly due to the lower in-cylinder oxygen availability. 
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(a) 6 bar IMEP 
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(b) 12 bar IMEP 
Figure 5.9: Effects of Miller cycle and combustion phasing on smoke number. 

 



95 
 
Figure 5.10 shows the ISFC as a function of the CA50 and IVC timing with various NOx 

emissions at the low and medium loads. It can be seen that both later IVC and CA50 

decreased NOx emissions with a penalty on ISFC. At 6 bar IMEP, the Miller cycle strategy 

resulted in a lower penalty on ISFC than a later CA50 strategy when comparing at the 

same NOx emissions, which was more pronounced at the lower NOx levels. This was 

attributed to the relatively earlier CA50 in the Miller cycle, which helped improve the fuel 

conversion efficiency. However, the fuel consumption penalty of Miller cycle strategy was 

comparable to the late CA50 strategy as the engine load was increased. This was a result 

of the lower lambda at a relatively higher load and therefore the combustion was more 

sensitivity to the variation of in-cylinder oxygen availability than that at the lower load. 
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(a) 6 bar IMEP 
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(b) 12 bar IMEP 
Figure 5.10: Effects of Miller cycle and combustion phasing on ISFC. 
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Figure 5.11 depicts the EGT as well as the resulting fuel consumption penalty in 

percentage. As the EGT is mainly determined by the amount of charge trapped in the 

cylinder, a reduction in the cylinder mass flow allowed for a higher EGT due to the lower 

total in-cylinder gas heat capacity. The Miller cycle strategy showed a significant effect on 

EGT at a lower load, increasing EGT from 275°C in a baseline case to 345°C in an IVC 

at -110 CAD ATDC. This improvement was attained with a reduction of 2.5% in ISFC. 

However, the use of a late CA50 strategy was less effective in increasing EGT, achieving 

an increase of 40°C in EGT with a penalty of 5.5% in fuel consumption. At 12 bar IMEP, 

the effect of Miller cycle and combustion phasing on EGT exhibited a similar trend to that 

of the low load condition.  
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(a) 6 bar IMEP 
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(b) 12 bar IMEP 
Figure 5.11: Effects of Miller cycle and combustion phasing on EGT. 

 

5.2.5 Effects of fuel injection pressure on Miller cycle operation at low and 

medium loads 

A higher fuel injection pressure is generally employed for achieving higher efficiency and 

lower smoke emissions via improving the fuel-air mixing process. Figure 5.12 and 5.13 

show the in-cylinder pressure, HRR, and the injector current signal for baseline and Miller 

cycle at low and medium loads, respectively. The diesel injection timings were optimised 

to obtain the optimum fuel efficiency for all test points. The comparison was carried out at 

the baseline IVC and Miller cycle with two different fuel injection pressures. The introduced 

EGR rate was 20% at 6 bar IMEP while 15% at 12 bar IMEP for both the baseline and 

Miller cycle strategies.  
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Figure 5.12: The effect of fuel injection pressure on low load Miller cycle operation with 
optimised SOI. 

 

Results revealed that the optimised main SOI need to be retarded when a higher Pinj was 

applied in order to achieve the optimum fuel efficiency. This led to a later initiation of heat 

release. As a result, a similar peak in-cylinder pressure was observed at baseline and 

Miller cycle with different Pinj. However, the use of a higher Pinj caused higher peak HRR, 
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despite a later main SOI. Overall, the Miller cycle with a lower Pinj enabled the most 

advanced main SOI, leading to the earliest heat release as well as the lowest peak HRR. 
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Figure 5.13: The effect of fuel injection pressure on medium load Miller cycle operation 
with optimised SOI. 

 

To evaluate the effect of injection pressure on engine performance and emissions of 

various IVC timings, a comparison was performed and shown in Figure 5.14 and 5.15 for 

low and medium loads, respectively.  
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Figure 5.14: The effect of injection pressure on emissions and performance of low load 

Miller cycle operation with optimised injection timings. 

 

1250 rpm, 12 bar IMEP
Optimised main SOI
EGR 15%

N
IE

 [
%

]

43

44

45

46

IVC [CAD ATDC]

-180 -160 -140 -120 -100

IS
s
o

o
t 

[g
/k

W
h

]
0.00

0.01

0.02

0.03  Pinj=1400 bar
 Pinj=1600 bar

IS
N

O
x
 [

g
/k

W
h

]

4

6

8

10

 

Figure 5.15: The effect of injection pressure on emissions and performance of medium 
load Miller cycle operation with optimised injection timings. 

 

The higher Pinj with a delayed main SOI achieved lower soot emissions, especially at a 

later IVC. This was attained with a slight improvement in NIE and a higher NOx emissions. 

Therefore, a relatively lower Pinj (e.g. 1100 bar for low load and 1400 bar for medium load) 

was selected for the low-medium load Miller cycle operation in order to achieve a better 

trade-off between NOx and NIE. 

5.3 The effect of intake pressure on Miller cycle operation 

at low and medium loads  

This subsection aims to explore the potentials and challenges of the low-medium load 

Miller cycle operation at constant boost pressure and higher boost pressure. The 

investigation was performed at the same test points as those used in section 5.2, at a 

constant speed of 1250 rpm and two different engine loads of 6 and 12 bar IMEP.  

5.3.1 Test methodology 

Table 5.3 summaries the engine operating conditions for the baseline and Miller cycle 

operations. The experiments were carried out without EGR while varying the main SOI to 

maintain a constant CA50 for every test point. The intake pressure (Pint) for the Miller cycle 
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operation was varied between the same Pint and the same lambda as the baseline. The 

Pinj was maintained constant and the exhaust manifold pressure was adjusted according 

to the intake pressure and thus, maintaining a constant pressure differential of 0.1 bar 

across the cylinder with higher exhaust manifold pressure. A small pre-injection of an 

estimated volume of 3 mm3 and a constant dwell timing of 1ms was employed in order to 

maintain PRR below 20 bar/CAD. 

 

Table 5.3: Engine operating conditions for the baseline and Miller cycle operation with 
different intake pressures. 

Parameter Value 

Speed 1250 rpm 1250 rpm 

IMEP 6 bar 12 bar 

CA50 
Varied between 7.5 and 14.5  

CAD ATDC 

Varied between 7.5 and 17  

CAD ATDC 

Injection pressure 1100 bar 1400 bar 

Intake pressure Varied between 1.44 and 1.84 bar Varied between 1.7 and 2.3 bar 

Exhaust pressure 0.1 bar higher than the Pint 0.1 bar higher than the Pint 

Baseline IVC -178 CAD ATDC -178 CAD ATDC 

LIVC (Miller cycle) -95 CAD ATDC -95 CAD ATDC 

 

5.3.2 Combustion characteristics 

Figures 5.15 and 5.16 show the in-cylinder pressure and HRR for the baseline case and 

Miller cycle operation with different Pint at 6 and 12 bar IMEP, respectively. The 

comparisons were performed at a constant CA50 in order to isolate the effect of 

combustion phasing on Miller cycle operation.  

 

The intake pressure demonstrated a similar effect on the in-cylinder pressure and HRR 

for the two engine loads. The Miller cycle case with a constant Pint (red dashed line) was 

characterised by a significantly lower in-cylinder pressure and a higher degree of 

premixed combustion as suggested by the formation of a first peak heat release, 

especially at the lower load. This was the result of the lower ECR, which decreased the 

compressed air pressure and temperature. With increased Pint, higher in-cylinder pressure 

and peak HRR were observed due to the higher in-cylinder charge density. The first peak 

heat release disappeared as a result of the higher compression pressure and earlier SOC. 

The Miller cycle strategy achieved a similar HRR profile to the baseline case when 

operating with the same lambda. It can be also seen that the in-cylinder gas pressure was 
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slightly lower than that of the baseline case. This was a result of the lower in-cylinder gas 

temperatures achieved via a LIVC strategy.  
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Figure 5.16: In-cylinder pressure and HRR for the baseline and Miller cycle cases at the 
low load. 
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Figure 5.17: In-cylinder pressure and HRR for the baseline and Miller cycle cases at the 
medium load. 

 

Figure 5.18 shows the ignition delay, CA90, CA50-CA90, and combustion duration (CA10-

CA90) over a sweep of CA50 via varying the main SOI for low and medium loads, 

respectively. The Miller cycle with a Pint of 1.44 bar increased the ignition delay due to the 

lower compressed gas pressure and temperatures. The later ignition and slowed down 
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combustion process in the late combustion phase delayed the CA90. This resulted in a 

relatively longer period time of CA50-CA90 as well as combustion duration. A higher Pint 

improved the in-cylinder oxygen availability, which helped accelerate the combustion 

process. As a result, the ignition delay was shortened and the CA90 was advanced, which 

led to a shorter period time of CA50-CA90 and CA10-CA90. In particular, the combustion 

characteristics of the Miller cycle was similar to that of the baseline condition when 

operating with a constant lambda. 
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Figure 5.18: Heat release characteristics for the baseline and Miller cycle cases at the 
low load. 
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Figure 5.19: Heat release characteristics for the baseline and Miller cycle cases at the 
medium load. 
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5.3.3 Engine performance and gaseous emissions 

Figure 5.20 and 5.21 show the engine performance parameters and net indicated specific 

emissions. At 6 bar IMEP, the use of Miller cycle with a constant Pint of 1.44 bar 

significantly reduced the lambda value due to lower in-cylinder mass trapped. This was 

also the reason for the increase of 75°C in the EGT, which is an important achievement 

considering that the EGT of 265°C in the baseline case was probably insufficiently high 

for efficient aftertreatment operation. This is because the optimum performance of the 

ATS can be achieved when the system inlet temperature is maintained between 250°C 

and 450°C [208], It is also important to note that the EGT showed in this study is the 

engine-out temperature, which will likely be reduced downstream of the turbocharger in a 

production multi-cylinder engine. At a higher load of 12 bar IMEP, the EGT was more 

sensitive to the use of Miller cycle with constant Pint due to the significantly lower lambda.  

 

In comparison with the baseline engine operation, the NIE of the Miller cycle with constant 

Pint were decreased by approximately 1% at both engine loads. This was attributed to the 

slower CA50-CA90 period, longer combustion duration, as well as higher heat losses to 

cylinder walls due to higher mean in-cylinder gas temperatures (Tm) with LIVC [187,209]. 

The use of higher Pint helped increase the NIE due to the higher in-cylinder oxygen 

availability (e.g. lambda), but adversely affect the gains obtained in terms of EGT and NOx 

emissions. Miller cycle operation with constant lambda achieved a NIE as high as the 

baseline case at 6 and 12 bar IMEP. 
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Figure 5.20: The effect of intake pressure on engine performance and exhaust 

emissions of low load Miller cycle operation. 
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Figure 5.21: The effect of intake pressure on performance and exhaust emissions of 
medium load Miller cycle operation. 

 

It can be also seen from Figure 5.20 and Figure 5.21 the intake pressure had a great 

impact on net indicated specific emissions. At 6 bar IMEP, the Miller cycle operation 

reduced the NOx emissions by 21% at the expense of slightly higher soot emissions. This 

was primarily a result of the lower in-cylinder air mass trapped and reduced initial burned 

zone gas temperature. At 12 bar IMEP, however, excessive soot emissions were 

observed by the use of Miller cycle, despite a decrease in NOx emissions by 36% on 

average. This was due to the significantly lower lambda at a higher engine load. A later 

CA50 effectively decreased combustion temperatures and therefore NOx emissions of all 

cases. As the Pint of the Miller cycle cases was increased, soot emissions were reduced 

and NOx emissions increased. Additionally, the application of Miller cycle decreased 

unburned HC emissions, regardless of the intake pressure used. This was possibly 

attributed to the relatively lower lambda and higher Tm, which can improve the HC 

oxidation during the combustion and expansion stroke. This characteristics was 

demonstrated by Verschaeren et al. [186] when applying Miller cycle on a medium speed 

heavy-duty diesel engine.  

 

Overall, Miller cycle was the key enabler for effective EGT management and NOx 

emissions control at low-medium load condition. Despite the improvements in NIE 
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obtained when increasing the Pint, a higher lambda can impair the EGT and the NOx 

emissions benefits which were achieved by the use of Miller cycle. 

5.4 Investigation of EGR and Miller Cycle for NOx 

emissions and exhaust temperature Control 

The potential of the Miller cycle with EGR for NOx emissions control and exhaust 

temperature management have been investigated at 1250 rpm and both loads of 6 and 

12 bar IMEP. The use of Miller cycle has previously been shown can curbed NOx 

emissions and elevated EGT simultaneously by lowering the compression pressure and 

temperature. EGR was used to dilute in-cylinder charge and increased the total in-cylinder 

heat capacity. This can help achieve better trade-off between the actual engine efficiency 

and NOx emissions. A one-dimensional engine simulation model was used to calculate 

the Tm and burned zone gas temperatures (Tb) based on the pressures measurement. 

Moreover, the results of an “EGR- only” and an “EGR + Miller” strategy at the same NOx 

reduction levels were compared to a baseline case with conventional IVC timing and no 

EGR. 

5.4.1 Test methodology 

Table 5.4 depicts the engine operating conditions for the different combustion control 

strategies investigated. Various EGR rates and ECRs were tested independently with 

constant intake and exhaust pressures at a given engine load. The pressure-based ECR 

was decreased from 16.8:1 to 12.4:1 at 6 bar IMEP and 14.8:1 at 12 bar IMEP. The main 

injection timing (Tinj) and injection pressure have been swept and optimized. However, the 

main injection timing and the injection pressures were kept constant for a given load to 

remove the effects introduced by the optimization process. A pilot injection was used 

before the main injection at all test conditions to keep the maximum of PRR below 20 

bar/CAD. In this section, the steady state combustion was quantified by controlling the 

COV_IMEP below 3%. 
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Table 5.4: Engine test conditions for the baseline and Miller cycle at two test points. 

Parameter Value 

Speed 1250 r/min 1250 r/min 

IMEP 6 bar 12 bar 

Tinj -11.5 CAD ATDC -14 CAD ATDC 

Pinj 1150 bar 1400 bar 

Pint 1.4 bar 1.7 bar 

Exhaust pressure 1.5 bar 1.8 bar 

EGR 0, 7, 14, 19% 0, 9, 12, 16% 

Baseline IVC -178 CAD ATDC -178 CAD ATDC 

Miller cycle -138, -120, -110 CAD ATDC -148, -130 CAD ATDC 

ECR 15.3, 13.5, 12.5 15.8, 14.8 

 

5.4.2 Engine modelling 

A one-dimensional (1D) thermodynamic simulation has been carried out using simulation 

software to calculate the mean in-cylinder gas temperature and burned zone gas 

temperature. The software is a computer-aided engineering code developed by Ricardo 

Software to analyse the dynamics of pressure waves, mass flows, and energy losses of 

various systems and machines. It provides a fully integrated treatment of time-dependent 

fluid dynamics and thermodynamics by means of a one-dimensional formulation which 

enables performance simulations to be carried out based on virtual intake, combustion, 

and exhaust system configuration. Shown in Figure 5.22 is the layout of the 1D model for 

single cylinder engine. 
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Figure 5.22: Layout of the one-dimensional model developed from Ricardo Wave. 

 

The basic principle of this engine model is to solve the 1D unsteady compressible flow 

equations including conservation of mass, momentum and energy through finite difference 

method. The geometric dimensions of intake and exhaust pipes were measured from the 

engine bench while the ports and valve flow coefficients were provided by the engine 

supplier. 

 

Figure 5.23 shows the flow coefficients at various Lift/Diameter for the intake and exhaust 

ports. The Lift/Diameter is the ratio of valve lift to the reference diameter obtained from 

the valve inner seats, which were equivalent to 39.2 mm and 35.8 mm for intake and 

exhaust sides, respectively. The data including initial temperatures for piston, liner, 

cylinder head, and valves, initial intake and exhaust pressures, injection timing and rail 

pressure, and fuel flow rates were taken from experiment and were imposed in the engine 

model. 
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Figure 5.23: Flow coefficient of intake and exhaust ports as a function of Lift/Diameter. 

 

The basic engine model is a time-dependent simulation of in-cylinder processes, based 

upon the solution of equations for mass and energy. In this study, the combustion process 

was simulated by using the profile combustion model, which is an alternative to Wiebe 

combustion models. The model required to enter a complete profile of combustion, which 

is equivalent to the experimentally derived heat release rate profile based on the 

measured in-cylinder pressure. In addition, the start of combustion angle must be 

prescribed, as shown in Figure 5.24.  

 

Figure 5.25 depicts the panel for heat transfer model. The heat transfer was calculated by 

a Woschni heat transfer model, which assumes a simple convective heat transfer from a 

confined volume surrounded on all sides by cylinder walls. The thermodynamic state of 

the in-cylinder gas was estimated considering the interactions among the enthalpy of 

fluxes in and out of the chamber, heat transfer, and piston work by using a two zone model. 

The mixture was divided into burnt and unburnt zones, as proposed by Saegusa et al. The 

simulation duration and the standard tolerance for convergence were set to 80 cycles and 

0.1%, respectively. The operating case would run one additional cycle if the settings of 

convergence was reached before the end of simulation duration. 
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Figure 5.24: The Profile combustion model panel. 

 

 

Figure 5.25: The Woschni heat transfer model panel. 

 

5.4.3 Engine model validation 

In all cases, the intake air mass flow rate, IMEP, in-cylinder pressure, intake and exhaust 

manifold pressures of all test points including “EGR-only”, “Miller cycle”, and “Miller cycle 

+ EGR” strategies were calibrated against the experimental data in order to validate the 



110 
 
1D engine model. Figure 5.26 and 5.27 show that there is a good agreement between the 

simulated and experimental results of in-cylinder pressure as well as intake and exhaust 

pressures for the “Miller cycle + EGR” strategy at 12 bar IMEP.  

         

Figure 5.26: Experimental and simulated in-cylinder pressure for the “Miller cycle + 

EGR” strategy at 12 bar IMEP. 

 

Figure 5.27: Experimental and simulated intake and exhaust manifold pressures for the 
“Miller cycle + EGR” strategy at 12 bar IMEP. 

 

Figure 5.28 shows that the predictions of the intake air mass flow rate agrees well with 

experimentally acquired data at both engine loads of 6 bar and12 bar IMEP. Thus, the 

validated 1D engine model could be used to calculate Tm and Tb. 
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Figure 5.28: Validation of intake air mass flow rate at 6 and 12 bar IMEP. 

 

5.4.4 Combustion characteristics 

Figure 5.29 compares the measured in-cylinder averaged pressure and HRR for different 

strategies at 6 and 12 bar IMEP. Compared to the baseline case with an ECR of 16.8:1 

and no EGR, the introduction of EGR led to longer ignition delay due to the dilution and 

thermal effects of the EGR, resulting in slightly lower peak in-cylinder pressure. It is noted 

that the delay of the IVC timing with a constant Pint yielded significantly lower in-cylinder 

pressures and slightly longer ignition delay due to the reduced ECR. 
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(b) 12 bar IMEP; 

Figure 5.29: Experimental in-cylinder pressure and resulting HRR for different strategies. 
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(a) 6 bar IMEP; 

 

(b) 12 bar IMEP; 

Figure 5.30: Simulated results of mean in-cylinder gas temperatures and burned zone 
temperatures for different strategies. 
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Figure 5.31 depicts the combustion duration as a function of the EGR rate and ECR. The 

use of EGR in the Miller cycle strategy led to longer CA10-CA90 due to a delayed 

combustion phasing and slower heat release rate of the mixing-control combustion. The 

combination of EGR and a LIVC timing produced the longest combustion durations, which 

would adversely affect the engine efficiency. 

 

 

Figure 5.31: The effect of Miller cycle and EGR on combustion duration. 

5.4.5 Engine performance and gaseous emissions 

In addition to the burned zone gas temperature, the excess air ratio (lambda) is another 

dominant factor for the pollutant formation. Figure 5.32 shows the variation of lambda 

against EGR rate and ECR at 6 bar and 12 bar IMEP.  

 

Figure 5.32: The effect of Miller cycle and EGR on lambda. 
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The EGR strategy maintained higher lambda than a Miller cycle strategy when controlling 

the NOx emissions at the same levels. The lowest lambda was achieved when increasing 

the EGR rate and delaying the IVC timing simultaneously. 

 

The resulting lambda for different levels of EGR and ECR was different at the two loads 

investigated in this study. At a low load condition (see Figure 5.32 (a)), a reduction in NOx 

emissions of 70% could be achieved while maintaining lambda above 2, which was 

sufficiently high to avoid local fuel rich zones. Thus, the negative effect on combustion 

was relatively small. However, the lambda changed rapidly with the introduction of EGR 

and lower ECR at the medium load of 12 bar IMEP. Figure 5.32(b) shows that a 70% 

reduction in NOx emissions could only attained at the right-bottom corner, where the 

lambda was reduced to below 1.5. The fuel-rich combustion with a reduced lambda will 

likely deteriorate fuel consumption and smoke emissions. 

 

As aforementioned the EGT has a huge effect on the ATS. Figure 5.33 depicts the EGT 

measurements at different EGR rates and ECRs. Figure 5.33(a) shows a significant 

change in EGT with a variation in EGR rate and ECR at 6 bar IMEP.  

 

 

Figure 5.33: The effect of Miller cycle and EGR on exhaust gas temperature. 
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At 12 bar IMEP, the effect of EGR on EGT presented a similar trend to that of the low load 

condition. However, any increase in EGT at the medium load is less significant to the SCR 

system as the EGT was sufficiently high for efficient NOx reduction. 

 

Figure 5.34 shows the ISFC increased rapidly with reduced ECR at low load operation, 

while the effect of EGR on fuel consumption was relatively small. Factors such as 

combustion efficiency, heat transfer loss, combustion duration and pumping loss play 

important roles in the ISFC results. 

 

 

Figure 5.34: The effect of Miller cycle and EGR on ISFC. 
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IMEP with the expense of around 1.2% and 2.5% fuel efficiency penalty respectively when 

compared to baseline condition. 

 

Figure 5.35, 5.36 and 5.37 depict the measured engine-out emissions of NOx, soot, 

unburned HC, and CO for various EGR rates and ECRs. The plots show the results in net 

indicated specific values. The use of EGR effectively reduced the NOx formation because 

of the lower combustion temperatures and in-cylinder oxygen concentration. A Miller cycle 

strategy produced higher Tm than the baseline at a lower load of 6 bar IMEP, as shown in 

Figure 5.30. This happened because Miller cycle was less effective in reducing the Tb than 

the EGR-only strategy, leading to lower capability of NOx abatement.  

 

The smoke emissions demonstrated a different trend from that of NOx emissions when 

varying the EGR rate and ECR. Figure 5.35 reveals that smoke emissions were less 

affected by the ECR at 6bar IMEP, although the lambda changed significantly. One of the 

reasons for this phenomenon is the resulting longer ignition delay owing to the decreased 

compression pressure and temperature. The relatively more homogeneous mixture 

helped reduce the formation of soot. Another reason is the increased mean combustion 

temperatures, which likely improved the oxidation of smoke during diffusion combustion 

process. This was associated with a sufficiently lean combustion combined with a high 

concentration of oxygen.  

 

 

Figure 5.35: The effect of Miller cycle and EGR on soot emissions. 
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Figure 5.36 shows the CO emissions at low and medium loads. The trends of ISCO for 

various EGR rates and ECRs are similar to those of soot emissions. The in-cylinder 

oxygen availability and combustion temperatures played the dominant roles. The use of 

EGR increased the emissions of CO due to the lower combustion temperatures and 

oxygen concentration. The variation in ISCO was small with Miller cycle at 6 bar IMEP 

due to sufficient oxygen concentration and higher combustion temperatures compared to 

an EGR-only strategy. However, CO emissions increased with delayed IVC timing at 12 

bar IMEP owing to the richer combustion. 

 

 

Figure 5.36: The effect of Miller cycle and EGR on CO emissions. 

 

Figure 5.37: The effect of Miller cycle and EGR on HC emissions. 
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increase in the levels of unburned HC [145,210,211]. The longer ignition delays and higher 

EGT were likely the major reasons for the decrease in ISHC, as demonstrated by 

Verschaeren et al. [186] when applying EGR and Miller cycle on a medium speed heavy-

duty diesel engine. A later combustion phasing and longer heat release rate led to higher 

EGTs, which possibly increased the oxidation rates of HC over the expansion stroke. 

 

Figure 5.38 shows the trade-off between ISFC, ISsoot, and ISNOx emissions at low and 

medium loads. Under the low load operation, an improvement in the ISNOx and ISsoot 

trade-off was achieved at the expense of a small fuel efficiency penalty when increasing 

the levels of EGR and with different ECRs. At the 12 bar IMEP, the ISFC was rapidly 

increased for a Miller cycle strategy as well as when adding more EGR. Since a higher 

diesel injection pressure could improve the fuel-air mixing process and shorten the 

combustion duration, an additional experiment was carried out with an increased injection 

pressure of 1700 bar, as highlighted in Figure 5.38. It can be seen that the trade-off 

between ISFC, ISNOx, and ISsoot was notably improved when combining a higher 

injection pressure with EGR and an ECR of 14.8:1. Therefore, the NOx reduction benefit 

introduced by EGR and Miller cycle can be extended to higher loads with acceptable fuel 

efficiency and smoke penalties by employing a higher rail pressure. This is supported by 

the findings of Sjöblom et al. [212] when investigating the combined effects of late IVC 

timing and EGR at different injection pressures. 

 

Figure 5.38: The effect of Miller cycle and EGR on the trade-off between ISFC, ISNOx, 
and ISsoot. 
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5.4.6 Analysis of the potential benefits of the combined use of Miller Cycle 

and EGR  

This subsection explores the potential of EGR and Miller cycle to reduce engine-out NOx 

emissions with minimum fuel efficiency penalty.  Figure 5.39 shows the “EGR + Miller 

cycle” and “EGR-only” strategies were compared to the baseline when achieving 64% and 

48% NOx reduction at low and medium loads, respectively. The variations in engine 

performance and emissions were evaluated with constant injection timings and injection 

pressures.  

 

At 6 bar IMEP, soot and CO emissions increased significantly when achieving 64% lower 

NOx emissions. Unburned HC emissions were slightly reduced, with the best results for 

an “EGR + Miller” strategy. The ISFC increased by 0.8% with “EGR-only” and by 1.2% 

when delaying the IVC with EGR. Lower heat transfer losses partially compensated for a 

reduction in fuel efficiency caused by the loss of intake fresh air. Overall, the application 

of EGR with Miller cycle produced lower emissions and higher EGT than the “EGR-only” 

strategy at the lower engine load. The relatively small fuel efficiency penalty compared to 

an “EGR-only” strategy at the same NOx reduction level is likely to be offset by a higher 

SCR conversion efficiency.  

 

 

Figure 5.39: Comparison between experimental results for “EGR-only” and “EGR + 
Miller” strategies. 
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Similar trends in ISFC and emissions were observed for a constant NOx reduction of 48% 

at 12 bar IMEP. However, the use of EGR combined with Miller cycle further increased 

the fuel efficiency penalty as well as soot and CO emissions compared to an “EGR-only” 

strategy. This was a result of the insufficient in-cylinder mass trapped which led to a 

significant reduction in lambda. The levels of ISsoot and ISCO could be improved with a 

higher rail pressure. Nevertheless, the EGT increased by 15% when employing an “EGR 

+ Miller cycle” strategy. 

 

Overall, the combination of Miller cycle with external cooled EGR shows a greater 

potential to reduce NOx emissions while achieving higher EGTs, in particular at low engine 

load conditions. 

5.5 Exploring the potential of Miller cycle operation with 

EGR and post injection at low load 

The previous section has showed that the use of Miller cycle with external EGR were 

effective for the EGT and NOx emissions control at low load condition. However, the lower 

in-cylinder gas temperatures in the burned zone deteriorated the combustion process and 

slowed down the oxidation of soot and CO emissions, significantly increased the levels of 

engine-out soot and CO emissions. These results can limit the potential of the “Miller cycle 

+ EGR” strategy for efficient and clean low load engine operation. Although advanced 

injection timing, higher injection pressure, and higher boost pressure can improve upon 

this drawback, the EGT can be reduced and the NOx-soot and NOx-CO trade-offs remain. 

In addition, these strategies may impair the EOC when considering the total fluid 

consumption including diesel fuel and the estimated urea consumption in the SCR system.  

 

Alternatively, the use of post injections has been demonstrated as an effective means of 

mitigating soot and CO emissions [213,214]. Therefore, the post injection strategy was 

investigated in an attempt to improve upon the performance and emissions of the “Miller 

cycle + EGR” strategy. 

5.5.1 Test methodology 

The experimental work was carried out at a speed of 1250 r/min and a low engine load of 

6 bar IMEP. Table 5.5 depicts the main engine operating conditions for the different 

combustion control strategies investigated. The ECR was decreased from 16.8 to 12.5 for 

the Miller cycle cases when delaying the IVC from -174 to -105 CAD ATDC. In the case 

of combined use Miller cycle and EGR, the in-cylinder air flow mass can be decreased 
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noticeably, resulting in poor combustion instability and excessive smoke. Therefore, a 

moderate EGR rate of 15% was employed when the EGR was combined with the Miller 

cycle. During the experiments, a small pilot injection of 3 mm3 with a constant dwell time 

of 1 ms prior to the main injection timing was employed in order to keep the maximum 

PRR below 20 bar/CAD. Stable engine operation was determined by controlling the 

COV_IMEP below 3%. 

 

Table 5.5: Engine operating conditions for various IVCs with post injection strategy. 

Parameter Value 

Speed 1250 rpm 

Load 6 bar IMEP 

Injection 

pressure 
1160 bar 

Intake 

temperature 
303 ± 1K 

Testing modes Baseline Miller cycle EGR-only 
Miller cycle + 

EGR 

Miller cycle + EGR +  

Post injection 

Intake pressure 1.44 bar 
1.44, 1.64, and 

1.84 bar 
1.44 bar 1.44 bar 1.44 bar 

Exhaust 

pressure 
0.10 bar higher than the intake pressure 

IVC timing 
-174 

CAD ATDC 

-95, -105 

CAD ATDC 

-174 

CAD ATDC 

-105 

CAD ATDC 

-120 and -105 

CAD ATDC 

ECR 16.8 13.5 and 12.5 16.8 13.5 14.5 and 13.5 

EGR 0% 0% 15% 15% 15% 

Post fuel 

injection 
No No No No Yes 

 

5.5.2 The optimization of the post injection 

Before analysing the potential of the “Miller cycle + EGR + post injection” strategy, the 

post injection timing and fuel quantity were optimised in order to achieve high efficiency 

and low engine-out emissions. The optimization was carried out at three IVC timings, 

including the baseline at -178 CAD ATDC and Miller cycle cases at -120 and -105 CAD 

ATDC. The main injection timing was held constant at -4 CAD ATDC. 

 

Firstly, the post injection timing was varied between 15 and 24 CAD ATDC while the 

quantity was held constant at 9 mm3. Figure 5.40 shows that the soot emissions were 

sensitive to the post injection timing, decreasing initially and increasing significantly with 

the most retarded post injection timings. This was likely attributed to the trade-off effect of 
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post injected fuel on soot formation and oxidation rates in the late combustion phase [213]. 

Meanwhile, changes in the post injection timing resulted in little impact on NOx emissions. 

Overall, the post injection timing of 18 CAD ATDC achieved the lowest soot emissions 

with relatively small decrease in NIE, and thus was selected for the post injection quantity 

sweep. 

 

Figure 5.41 depicts the optimization of the post injection quantity while maintaining the 

post injection timing constant at 18 CAD ATDC. An increase in the post injection quantity 

reduced soot and NOx emissions at the expense of a reduction in the NIE, regardless of 

the IVC timing. A post injection quantity of 12 mm3 achieved the optimum trade-off 

between engine performance and emissions. Therefore, the next subsection explores the 

potential of the “Miller cycle + EGR + post injection” strategy using a post injection of 12 

mm3 at 18 CAD ATDC. 

Main SOI = -4 CAD ATDC
Post injection quantity=9 mm
EGR 15%, Pint=1.44 bar

N
e
t 

in
d

ic
a
te

d
 

e
ff

ic
ie

n
c
y
 [

%
]

43

44

45

46

Post injection timing [CAD ATDC]

14 16 18 20 22 24 26

IS
N

O
x
 [

g
/k

W
h

]

1

3

5

7

IS
s
o

o
t 

[g
/K

W
h

]

0.006

0.012

0.018

0.024

 Baseline case with IVC-174 CAD ATDC
 Miller cycle with IVC-120 CAD ATDC
 Miller cycle with IVC-105 CAD ATDC

3

 

Figure 5.40: Optimization of the post injection timing. 
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Figure 5.41: Optimization of the post injection quantity. 

 

5.5.3 Combustion characteristics 

Figure 5.42 depicts the in-cylinder pressure, HRR, and injector signal for the baseline and 

Miller cycle cases with and without the optimized post injection strategy. The use of post 

injection yielded a second and late peak HRR, which represented the combustion of the 

post injected fuel. The decreased fuel mass in the main injection consequently, lowered 

the first peak HRR and thus the peak in-cylinder pressure when compared to the baseline 

cases. Figure 5.43 shows that the post injection strategy also decreased the peak mean 

in-cylinder gas temperature but increased the average temperature during the late stages 

of the combustion process. Additionally, it can be seen that the relatively richer mixture of 

the Miller cycle cases (e.g. lower lambda at a constant Pint) shortened the ignition delay 

of the post injected fuel in comparison with that of the baseline case with a post injection. 
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Figure 5.42: In-cylinder pressure, HRR, and diesel injector signal for the baseline and 

Miller cycle cases with and without post injection. 
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Figure 5.43: Calculated mean in-cylinder gas temperatures for the baseline and Miller 

cycle cases with and without post injection. 

 

Figure 5.44 compares the resulting heat release characteristics for different IVC timings 

with and without post injection. The addition of the post injection delayed the CA50 and 
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CA90 as more fuel was burned during a relatively colder and later combustion phase. As 

a result, the period of CA50-CA90 was longer for the cases with post injection. These 

effects contributed to an increase in the combustion duration by up to 5 CAD when 

compared to the cases without post injection. 

C
A

5
0
 [

C
A

D
 A

T
D

C
]

9

10

11

12 Main SOI = -4 CAD ATDC
Pint = 1.44 bar, EGR 15%

C
o

m
b

u
s
ti

o
n

 d
u

ra
ti

o
n

 
[C

A
D

]

18

22

26

30

IVC [CAD ATDC]

-180 -160 -140 -120 -100

C
A

5
0
-C

A
9
0
 [

C
A

D
]

12

16

20

24
 Without post injection
 With optimised post injection

C
A

9
0
 [

C
A

D
 A

T
D

C
]

22

26

30

34

IVC [CAD ATDC]

-180 -160 -140 -120 -100

 

Figure 5.44: The effect of post injection on combustion characteristics. 

 

5.5.4 Engine performance and gaseous emissions 

Figure 5.45 shows the lambda was slightly reduced and EGT was increased with the 

addition of post injection. This was because part of diesel fuel was consumed later in the 

cycle and consequently a decrease in NIE. Nevertheless, the difference of NIE penalty 

between the cases with and without post injection was reduced with delayed IVC timing, 

decreasing from 1.6% at the baseline IVC to below 1% in the Miller cycle with IVC-105 

CAD ATDC. This was probably due to the relatively faster heat release of the post injected 

fuel in the Miller cycle cases. 

 

The emission results showed that soot emissions were significantly reduced by the post 

injection. The primary reasons for this improvement are likely the shorter injection 

durations, the enhanced fuel-air mixing, and the increased late combustion temperature 

achieved with the multiple injections [214]. Meanwhile, the use of a post injection led to a 

reduction in NOx emissions of 20% on average. This was due to the lower lambda (e.g. 

less oxygen availability) and most likely the lower burned zone gas temperatures achieved 

with this injection strategy. The levels of CO showed a similar trend to the soot emissions, 

and were also reduced with the post injection strategy attributed to the increased late 

combustion temperatures. 
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Figure 5.45: The effect of post injection on engine performance and exhaust emissions. 

 

5.5.5 Cost-benefit and overall analysis 

In this subsection, the total fluid consumption was calculated by summing up the 

measured diesel flow rate and aqueous urea solution consumption in an SCR system, as 

described in subsection 4.5.3, Chapter 4. This allowed for a cost-benefit and overall 

emissions analysis of the different combustion control strategies. 

 

Figure 5.46 provides an overall assessment of the potential of Miller cycle with EGR and 

post injection to improve upon the EGT, exhaust emissions, and EOC of a diesel engine 

operating at 6 bar IMEP. The results of various advanced combustion control strategies 

are compared to the baseline case using a constant main injection timing of -4 CAD ATDC 

and Pint of 1.44 bar.  
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Figure 5.46: Cost-benefit and overall emissions for various combustion control strategies 
at 6 bar IMEP. 

 

Compared to the baseline case, a “Miller cycle-only” strategy decreased NOx emissions 

by 14% accompanied with an increase of 47 K in EGT. This was achieved at the expense 

of a reduction of 0.3% in NIE. The EGR-only strategy achieved a reduction in NOx 

emissions by 45% but had insignificant impact on the EGT. The combination of a Miller 

cycle strategy with EGR achieved higher improvement in NOx emissions and EGT, 

decreasing NOx emissions by 58% and increasing EGT by 54 K in comparison with the 

baseline case. This significant improvement was obtained with a reduction of 1.1% in NIE. 

However, the “Miller cycle + EGR” strategy increased soot emissions significantly from 

0.009 g/kWh in the baseline case to 0.022 g/kWh and also increased CO emissions by 

8%. The introduction of a post injection helped control soot and CO emissions, allowed 

for further reductions in NOx emissions and increased the EGT by 75 K. It can be also 

seen that all advanced combustion control strategies achieved relatively lower levels of 

HC emissions than that of the baseline case. As discussed in subsection 5.5.4, the later 

and longer combustion process of the “Miller cycle + EGR + post injection” strategy 

adversely affected the NIE, decreasing it by 1.9% when compared with the baseline 

engine operation. 
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Figure 5.46 also revealed that the advanced combustion control strategies helped 

decrease the urea consumption via lower engine-out NOx emissions. This minimised the 

total fluid consumption and therefore increased the NIEcorr., despite a lower NIE. The 

highest improvement in NIEcorr. of 3.6% was achieved by the EGR-only strategy as a result 

of the high NOx reduction capability combined with a relatively lower NIE penalty. 

Alternatively, the “Miller cycle + EGR + post injection” strategy increased the NIEcorr. by 

3.1% while improving upon EGT as well as soot and CO emissions. Therefore, the 

combined strategy of “Miller cycle + EGR + post injection” was identified as the most 

effective means to achieve low EOC and enable exhaust emissions and EGT control. 

5.6 Exploring alternative combustion control strategies 

for light load EGT management  

The employment of ATS in modern diesel engines has become indispensable in order to 

meet the stringent emissions regulations. However, a minimum EGT of approximately 

200°C must be reached to initiate the emissions control operations. Light load engine 

operations usually result in relatively low EGT, which lead to reduced or no exhaust 

emissions conversion. In this context, this study investigated the use of different 

combustion control strategies to explore the trade-off between EGT, fuel efficiency, and 

exhaust emissions at a light load of 2.2 bar IMEP. Strategies including the LIVC strategy, 

intake throttling, late injection timing, lower injection pressure, as well as iEGR and eEGR 

were investigated. 

 

The experimental results were divided into three subsections. In the first section, the 

impact of different control strategies to increase EGT are presented and analysed. This is 

followed by an analysis and comparison of the most effective strategies attained from the 

first section. Finally, the combined LIVC with iEGR strategy is investigated for its potential 

to overcome the negative effect of LIVC strategy on CO and HC emissions. 

5.6.1 Test methodology 

The study was carried out at a light load of 2.2 bar IMEP, which represents one of typical 

low EGT operating conditions of a HD drive cycle and is located within the area of the 

WHSC test cycle, as shown in Figure 5.47. Table 5.6 summaries the engine operating 

conditions and the matrix of test cases for all strategies. 
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Figure 5.47: Test point and WHSC operation conditions. 

 

Table 5.6: Main operation conditions of various control strategies. 

Testing 

modes 

Case 

number 

Speed 

r/min 

Load 

bar 

SOI 

CAD 

ATDC 

Pinj 

bar 

eEGR 

% 

Pint 

bar 

Pexh 

bar 

2IVC 

 

IVC 

CAD ATDC 

ECR 

 

Baseline 1 

1150 2.2 

-5.8 515 0 1.15 1.20 off -178 16.8 

LIVC 2 -5.8 515 0 1.15 1.20 off -136 15.3 

 3 -5.8 515 0 1.15 1.20 off -118 13.5 

 4 -5.8 515 0 1.15 1.20 off -107 12.3 

 5 -5.8 515 0 1.15 1.20 off -100 11.4 

Intake 

throttling 
6 -5.8 515 0 1.08 1.20 off -172 16.8 

 7 -5.8 515 0 1.03 1.20 off -172 16.8 

 8 -5.8 515 0 0.98 1.20 off -172 16.8 

iEGR 9 -5.8 515 0 1.15 1.20 on -172 16.8 

 10 -5.8 515 0 1.15 1.27 on -172 16.8 

 11 -5.8 515 0 1.15 1.33 on -172 16.8 

 12 -5.8 515 0 1.15 1.42 on -172 16.8 

Late SOI 13 -2 515 0 1.15 1.20 off -178 16.8 

 14 1 515 0 1.15 1.20 off -178 16.8 

 15 2 515 0 1.15 1.20 off -178 16.8 

Low Pinj 16 -5.8 360 0 1.15 1.20 off -178 16.8 

 17 -5.8 300 0 1.15 1.20 off -178 16.8 

eEGR 18 -5.8 515 16 1.15 1.20 off -178 16.8 

 19 -5.8 515 31 1.15 1.20 off -178 16.8 

 

During the test, the coolant and oil temperatures were kept within at 80 ± 2°C and oil 

pressure was maintained within 4.0 ± 0.1 bar. The average PRR and COV_IMEP were 

limited to below 20 bar/CAD and 3%, respectively. The VVA system enables a second 



131 
 
opening event of intake valve (e.g. 2IVO) during the exhaust stroke to trap residual gas. 

The maximum lift of 2IVO event was 2 mm. Figure 5.48 shows the intake and exhaust 

valve profiles for the baseline as well as the LIVC and 2IVO events. 

 

In addition, the mean in-cylinder gas temperatures were calculated using the ideal gas 

state equation  

                                                       𝑃𝑉 = 𝑚𝑅𝑇𝑚                                                                    (5.1) 

 

where P and V are the in-cylinder pressure and volume, respectively; m is the mass of 

charge and R is the specific gas constant. 

 

 

Figure 5.48: Fixed exhaust camshaft timing and variable intake valve lift profiles with 
VVA. 

 

5.6.2 Evaluation of the effectiveness of various strategies for increasing 

EGT 

In this part, different strategies are explored with respect to their capability to increase 

EGTs and impact on the relative fuel efficiency penalty, from which the efficient EGT 

control strategies are selected for further analysis. 

 

Figure 5.49 shows an overview of the variations in fuel consumption versus EGT when 

different control strategies were applied. The variation value in both ISFC and EGT is 

defined as the difference between the other test cases and the baseline operation 

depicted in Table 5.6. It illustrated that the EGT can be effectively increased by LIVC, 
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intake throttling, or iEGR but much less affected by lowering the injection pressure and 

eEGR rate. By delaying combustion phase through the late injection timings, higher EGT 

was observed but with the highest fuel efficiency penalty. These behaviors were 

supported by Bai et al. [9] carrying out an experimental study at medium and low loads to 

investigate the effects of injection advance angle and injection pressure on exhaust 

thermal management. Therefore, strategies including late injection timings, lower injection 

pressures, and increased eEGR rates have been excluded from further analysis in the 

next subsection. 
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Figure 5.49: Potential of different combustion control strategies in increasing EGT. 

 

5.6.3 Combustion characteristics 

In this subsection, the three effective EGT control strategies of LIVC, intake throttling, and 

iEGR are further analysed and compared to the baseline case. 

 

As shown in Figure 5.48 and Table 5.6, the original valve lift profile was used in a baseline 

case and the corresponding IVC timing was -178 CAD ATDC. The intake manifold 

pressure and exhaust back pressure were set to 1.15 bar and 1.25 bar, respectively. The 

LIVC strategy was run with four different IVC timings from -178 CAD to -100 CAD ATDC. 

For the intake throttling strategy, the intake air pressure was gradually reduced from 1.15 

bar to 0.98 bar while keeping the exhaust pressure constant at 1.20 bar. In the case of 

iEGR strategy, the intake air pressure was set at 1.15 bar while the exhaust back 

pressures of 1.27bar, 1.33 bar, and 1.42 bar were performed by using the exhaust back 

pressure valve in order to trap higher fraction of the residual exhaust gas. 
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Figure 5.50 shows the in-cylinder pressures of the baseline, Cases 2 and 5 of the LIVC, 

Cases 6 and 8 of the intake throttling, and Cases 9 and 12 of the iEGR strategies. It can 

be seen that both LIVC and intake throttling strategies reduced in-cylinder pressures due 

to the lower ECR and reduced intake air pressure respectively, especially at the Case 5 

of LIVC strategy and Case 8 of intake throttling strategy. The use of iEGR strategy via 

2IVO event showed less impact on the in-cylinder pressure, even with higher exhaust 

back pressure of 1.42 bar in Case 12. This behavior was the result of the hot residuals 

trapped, which increased the in-cylinder gas temperature and hence the compression 

pressure and temperature. The hot residuals also accelerated the fuel evaporation and 

combustion process, resulting in a similar in-cylinder pressure curve to that of the baseline 

case. 
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Figure 5.50: In-cylinder pressures for various strategies. 

 

Figure 5.51 shows the heat release rate for all test strategies. The LIVC strategy was 

characterised by longer ignition delay and higher degree of premixed combustion. The 

highest peak HRR was obtained in Case 2 of the LIVC strategy, but it declined to the 

same level of the baseline case when delaying IVC timing to Case 5. This was because 

the lower in-cylinder temperature and pressure allowed more time for mixture preparation 

before auto-ignition, and hence higher degree of premixed combustion. The longer ignition 

delay in Case 5 of the LIVC strategy shifted the combustion process further away from 

TDC, resulting in lower burned gas temperature and peak HRR. In comparison, the peak 

HRR increased greatly as the intake throttling strategy was employed from Case 6 to Case 

8. This was a result of the reduced in-cylinder charge density caused by the lower intake 

air pressure, resulting in a higher peak Tm, as shown in the next subsection. Thus, the 

combustion rate was accelerated with hotter combustion process [24]. 
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Figure 5.51: Heat release rate for various strategies. 

 

In contrast to the LIVC and intake throttling strategies, the use of iEGR strategy decreased 

the peak HRR, in particular in Case 12 with higher fraction of the residuals gas. The 

reason could be explained by the higher in-cylinder charge temperature resulted from the 

hot residuals. This reduced the ignition delay and caused the combustion happened 

earlier than a baseline case. Figure 5.52 shows the Tm calculated by the ideal gas state 

equation. It can be seen that the compression temperature was reduced by using LIVC 

strategy due to lower ECR. However, it increased with iEGR strategy due to the hot 

residuals. The highest Tm was achieved in Case 12 of the iEGR strategy due to higher 

fraction of residuals gas. 

 

In the case of the intake throttling, the peak Tm increased as the intake air pressure was 

reduced via intake throttling, although the compression temperature is similar to that of 

the baseline case. For the LIVC strategy, however, the peak Tm increased initially with 

Case 2 of the LIVC strategy, but dropped as IVC timings were further retarded to Case 5 

due to the aggressively reduced compression temperature and pressure and later 

combustion process. 
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Figure 5.52: Mean In-cylinder gas temperatures for various strategies. 

 

Figure 5.53 shows log P-V diagrams of the baseline case, Case 5 of the LIVC strategy, 

Case 8 of the intake throttling strategy, and Case 12 of the iEGR strategy at the same 

injection timing and injection pressure. There was a very small difference in the pumping 

loop area between the baseline case and LIVC strategy as the intake and exhaust 

pressures were maintained. However, the iEGR and intake throttling operations were 

characterised with significantly increased pumping loop areas due to the higher exhaust 

back pressure and lower intake manifold pressure, respectively. 

 

 

Figure 5.53: Log P-V diagrams of the baseline case, Case 5 of the LIVC strategy, Case 
8 of the intake throttling strategy, and Case 12 of the iEGR strategy. 
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Figure 5.54 shows the combustion characteristics of different strategies versus the 

variation in EGT. For the LIVC strategy, the reduced ECR increased the ignition delay and 

lead to the shortest combustion duration. The iEGR strategy was characterised with the 

shortest ignition delay due to the charge heating effect of the hot residual gas but slowed 

down the initial heat release rate and increased combustion period because of the dilution 

effect of residual gas. Finally, as a result of reduced air mass, the intake throttling strategy 

led to the fastest initial combustion as measured by CA10-CA50 and slightly shorter 

combustion duration than the iEGR operation. 
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Figure 5.54: Comparison of the combustion characteristics of different strategies. 

 

5.6.4 Engine performance and exhaust emissions 

Figure 5.55 shows the lambda of different strategies versus the variation of EGT for the 

four cases. It can be seen that the EGT increased linearly with a decrease in lambda 

regardless of the strategy used. The slight deviation of the iEGR operation in the lambda 

value can be explained by the dilution effect of residual gas. 

 

Figure 5.56 shows the combustion efficiency, PMEP, and variation of fuel consumption of 

different strategies. The combustion efficiency dropped significantly as the IVC timing was 

delayed from -178 to -100 CAD ATDC due to the lower compression pressure and the 

retarded combustion timing, causing the work loss during the combustion stroke. Higher 

PMEP was found in the strategies of intake throttling and iEGR, which can be explained 

by the larger pumping loop area in the log P-V diagram as shown in Figure 5.54, and 

hence higher fuel consumption. The changes in fuel consumption of LIVC strategy was 

different from others. The fuel consumption increased slightly with the retarded LIVC due 

to the higher degree of premixed combustion and shorter combustion duration. But as the 
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IVC timing was further retarded, the fuel consumption went up more rapidly because of 

the poor combustion efficiency. In order to increase the EGT by 52 °C, the LIVC and iEGR 

strategies were accompanied by 5.3% and 17% penalties in ISFC, respectively. 
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Figure 5.55: Comparison of the lambda at different strategies. 
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Figure 5.56: Comparison of the combustion efficiency, PMEP, and ISFC at different 
strategies. 

 

Figure 5.57 shows the engine-out emissions versus the variation of EGT. The use of 

intake throttling and iEGR strategies had less impact on CO and HC emissions, 

maintaining as low as the baseline case. However, significant increases in CO and HC 

emissions were observed in the operation of LIVC strategy when the combustion 

temperature were much lower because of the lower compression ratio. This was because 



138 
 
the CO and HC emissions are mainly affected by the local oxygen availability during 

combustion and the combustion temperature. The increased combustion temperature by 

means of intake throttling and iEGR strategies contributed to the low levels of CO and HC 

emissions. 

 

The change in soot emissions showed a strong correlation with the variation of the ignition 

delay. The soot emissions decreased in both LIVC and intake throttling strategies because 

of the prolonged ignition delay, and it increased by iEGR due to the shorten ignition delay. 

The NOx emissions demonstrated a different trend from that of soot emissions. With the 

intake throttling, NOx emissions increased due to the higher combustion temperature but 

decreased by iEGR due to the higher dilution and heat capacity of residual gas. 
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Figure 5.57: Comparison of the indicated specific emissions at different strategies. 

 

Interestingly, the NOx emissions did not change linearly with LIVC strategy. It increased 

initially due to higher combustion temperature caused by the reduced charge mass, and 

then decreased when the IVC timing was delayed to beyond -118 CAD ATDC where the 

combustion took place later and experienced lower combustion temperature and pressure.        

5.6.5 Combined effects of LIVC and iEGR 

According to the discussion and analysis in the above subsection, the LIVC strategy has 

been demonstrated as an enabling technology for efficient increase in EGT while 

maintaining reasonable fuel consumption penalty compared to others. However, a 

significant increase in CO and HC emissions limit the potential of LIVC strategy. Internal 

EGR, as analysed in the former section, was an effective means in curbing CO and HC 

emissions. Therefore, the iEGR strategy was introduced when operating with LIVC 

strategy in order to offset the negative effects of LIVC on CO and HC emissions.  
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Figure 5.58 shows that the addition of iEGR to the LIVC operation advanced the 

combustion timing and increased the peak HRR because the in-cylinder gas temperature 

was increased by the presence of hot residual gas as shown in Figure 5.59. Both “LIVC-

only” and “LIVC + iEGR” operations were characterised with much lower cylinder pressure 

than the baseline operation. 
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Figure 5.58: In-cylinder pressure, HRR, and injection signal of a baseline case, Case 5 
of LIVC strategy, and Case 9 of “LIVC + iEGR” strategy. 
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Figure 5.59: Mean in-cylinder gas temperature of a baseline case, Case 5 of LIVC 
strategy, and Case 9 of “LIVC + iEGR” strategy. 
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As shown in Figure 5.60, the ignition delay is slightly reduced when combining LIVC with 

iEGR due to the advanced combustion phasing. The combustion duration of “LIVC + iEGR” 

strategy became longer initially, and then reduced to a similar level of “LIVC-only” strategy 

when the IVC timing was further delayed. 
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Figure 5.60: Combustion characteristics of a baseline case, Case 5 of LIVC strategy, 
and Case 9 of “LIVC + iEGR” strategy. 

 

Figure 5.61 shows the relationship between lambda and EGT was the same for “LIVC-

only” and “LIVC + iEGR” strategies. The lambda was maintained at a similar level when 

achieving the same variation in EGT by using LIVC strategies with and without iEGR. 

Compare to “LIVC-only” strategy, the combustion efficiency was clearly improved by 

means of “LIVC + iEGR” strategy due to increased combustion temperature. The higher 

fuel efficiency penalty of the “LIVC + iEGR” strategy with small EGT variation was due to 

the longer combustion duration. With further delayed IVC timings the combustion 

efficiency could still be maintained and the fuel consumption penalty decreased. It is noted 

that an increase in EGT more than 62 °C was obtained with only 4.6% fuel penalty when 

operating LIVC with iEGR strategy. 

 

As shown in Figure 5.62, the introduction of iEGR reduced both CO and HC emissions, 

especially when large EGT increase was needed. This was mainly due to the higher in-

cylinder combustion temperature, which helped the oxidation of CO and HC emissions. 

As it did not change the ignition delay clearly, the iEGR had little impact on soot emissions. 
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The dilution and heat capacity effects of iEGR caused the lower NOx emissions of “LIVC 

+ iEGR” than those of “LIVC-only” in most cases, other than the highest EGT increase 

operations during which combustion temperature and hence NOx formation were reduced 

due to the most retarded combustion after TDC. 
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Figure 5.61: Engine performance of a baseline case, Case 5 of LIVC strategy, and Case 
9 of “LIVC + iEGR” strategy. 
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Figure 5.62: Indicated specific emissions of a baseline case, Case 5 of LIVC strategy, 
and Case 9 of “LIVC + iEGR” strategy. 

 

Figure 5.63 provides an overall assessment of the potential of combined LIVC and iEGR 

strategy to achieve the optimal trade-off between the EGT, fuel consumption, and 
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emissions. As shown in Figure 5.63, the results of the optimum “LIVC-only” and “LIVC + 

iEGR” operations were compared against the baseline operation. It can be seen the 

“LIVC-only” strategy could increase EGT by 52°C (31%) at the expense of a 5.3% penalty 

in fuel consumption. By combining LIVC and iEGR, EGT could be increased by 62°C (37%) 

with 4.6% fuel efficiency penalty and much lower HC and CO emissions than the “LIVC-

only” operation. Compared to the baseline operation, the soot emissions were reduced 

substantially by LIVC operation with or without the iEGR, accompanied with a small 

decrease in NOx emissions. 
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Figure 5.63: Comparison between experimental results for “Case 5 of LIVC” strategy 
and “Case 5 of LIVC + Case 9 of iEGR” strategy. 

 

Therefore, the combination of LIVC and iEGR was identified as the most effective means 

amongst the various technologies examined in the current study to raising the EGT with 

lower engine-out emissions and minimum penalty in fuel consumption. 
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5.7 Summary 

In this chapter, the engine performance, emissions and exhaust gas temperature of the 

single cylinder HD engine at low and medium loads (between 2.2 and 12 bar IMEP) are 

presented and discussed. Advanced engine combustion control strategies were explored 

in order to improve the trade-off between engine efficiency and NOx emissions of the low-

medium load Miller cycle operation, while increasing the EGT for rapidly initiate and 

improve the emissions conversion. In order to gain better understanding of the in-cylinder 

conditions, a 1D engine model was built to calculate the average in-cylinder gas 

temperature and burned zone gas temperature. Combustion characteristics, engine 

performance and exhaust emissions were analysed and discussed. The main findings are 

summarised below. 

 

i. The Miller cycle (LIVC) was more effective in increasing EGT and reducing NOx 

emissions than the retarded combustion operation. At low load, the IVC at -110 

with CA50 at 12 CAD ATDC allowed for an increase of 70°C in EGT with a fuel 

penalty of 2.5%, which is not achievable by a late CA50 strategy only. However, 

the smoke number was more sensitive to the late IVC, which produced slightly 

higher smoke number than a late CA50 strategy at the same NOx level.  

ii. When operating with constant intake pressure, the Miller cycle led to lower in-

cylinder mass, producing an adverse impact on smoke number and engine 

efficiency. However, operating at the same air/fuel ratio as the baseline by means 

of a higher intake pressure for the Miller cycle operation improved the in-cylinder 

oxygen availability and accelerate the combustion process, which helped improve 

upon the performance and emissions of the Miller cycle, especially at the medium 

load of 12 bar IMEP. 

iii. When operating with constant lambda, the Miller cycle strategy enabled 

simultaneous reduction in NOx and soot emissions while maintaining the engine 

efficiency the same as the baseline. In addition, the unburn HC emissions were 

lower by the use of Miller cycle, whether operating with constant intake pressure 

or lambda. This probably due to the longer ignition delay and higher exhaust gas 

temperature. 

iv. The application of EGR was more effective in reducing NOx emissions than Miller 

cycle. This was a result of the lower peak combustion temperatures and oxygen 

concentration attained with EGR, which are the critical conditions to the NOx 

formation. 

v. The combination of Miller cycle and EGR at the low load of 6 bar IMEP resulted in 

longer ignition delay and reduced the in-cylinder gas temperatures, achieving up 
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to 70% lower NOx emissions with a low fuel efficiency penalty. At 12 bar IMEP, 

however, the introduction of EGR with Miller cycle was capable of attaining more 

than 70% NOx reduction at the expense of higher ISFC penalty and increased 

emissions of soot and CO. 

vi. The “EGR + Miller cycle” strategy allowed for lower NOx emissions with significant 

higher EGT than an “EGR-only” strategy. The higher EGT attained with the 

combined strategy at 6 bar IMEP would be preferred for a superior aftertreatment 

performance and lower vehicle’s tailpipe NOx levels. However, the lower 

combustion temperatures and lambda adversely affected soot and CO emissions. 

vii. The addition of a post injection was effective in minimizing soot and CO emissions 

of the “Miller cycle + EGR” strategy while achieving lower NOx emissions and 

higher EGT at low engine load. The improvements, however, were achieved at the 

expense of a decrease in net indicated fuel conversion efficiency. Overall, the 

“Miller cycle + EGR + post injection” strategy could reduce NOx emissions by 66% 

while increasing the EGT and corrected total fluid efficiency by 75°C and 3.1%, 

respectively. 

 

The results in the exploration of an alternative combustion control strategy for light load 

EGT management also indicate that  

 

i. Sufficient high EGT could be obtained by means of the LIVC, intake throttling, and 

iEGR strategies. Reduced diesel injection pressure and external EGR were not 

effective in increasing EGT. Retarded diesel injection timing could be used to raise 

EGT but at the expense of high penalty in fuel consumption. 

ii. The use of iEGR kept the specific emissions of NOx, HC and CO as low as the 

baseline case, but resulted in large increase in fuel consumption and higher soot 

emissions. This was because of the higher pumping work and shorten ignition 

delay, respectively. 

iii. Throttling intake air flow was effective in increasing the EGT by 42°C due to 

reduced cylinder charge but accompanied with a 7.2% fuel consumption penalty 

and slightly higher NOx emission. 

iv. The application of LIVC enabled an increase in EGT by 52°C and lower NOx and 

soot emissions with small fuel consumption penalty of 5.3%. However, the lower 

combustion temperature led to large increase in HC and CO emissions due to a 

lower combustion efficiency. 

v. The combined use of LIVC and iEGR was identified as the most effective means 

amongst the various technologies examined in the current study, increasing the 

EGT by 62°C with lower overall engine-out emissions and minimum penalty of 4.6% 
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in fuel consumption. 

 

Overall, the Miller cycle had been shown as an effective combustion technology for EGT 

and NOx emissions control at the low-medium load operating conditions. The “Miller cycle 

+ iEGR” strategy at a light load allowed for a higher increase in EGT as well as lower 

emissions and fuel consumption. The “Miller cycle + EGR + post injection” strategy at low 

load of 6 bar IMEP enabled simultaneous low levels of NOx and soot emissions with 

efficient exhaust thermal management. However, a higher intake pressure was required 

for the Miller cycle operation as the load was increased to medium load of 12 bar IMEP. 

Additionally, these advanced combustion control strategies helped minimise the total fluid 

consumption of the low-medium load engine operation.  
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Chapter 6                                             

Application of the Miller cycle strategy at 

high engine loads 

6.1 Introduction 

Diesel engine operation at high load conditions is characterised by higher peak in-cylinder 

pressure as a result of the higher amount of fuel injection, which restrict the employment 

of higher intake pressure and injection pressure for the optimisation of engine efficiency. 

This is especially true at the full engine loads where the maximum engine efficiency is 

relatively lower attributed to the peak in-cylinder pressure limit. In addition to the limitation 

of the peak in-cylinder pressure, the relatively higher NOx emission is another challenge 

for modern turbocharged diesel engines operating at high loads. Miller cycle via LIVC 

strategy is an effective in-cylinder measure to reduce the peak in-cylinder pressure and 

NOx emissions by lowering the compression pressure and temperature. However, this 

can adversely affect the soot emissions and engine efficiency, which heavily depend on 

the in-cylinder oxygen availability and combustion temperature.  

 

Therefore, investigations were performed on the investigation of combustion control 

strategies in order to achieve efficient and clean high load engine operation with Miller 

cycle. The effects of injection timings, injection pressures, intake pressures, and EGR 

rates on high load Miller cycle operation have been analysed and discussed. The potential 

of Miller cycle with EGR was also explored at full engine load to improve the NOx 

emissions and engine efficiency. Additionally, a cost-benefit and overall analysis was 

carried out by estimating the aqueous urea solution consumption in the SCR system 

based on the engine-out NOx emissions and the Euro VI NOx limit. This then allowed for 

the determination of the most effective combustion control strategy in terms of exhaust 

emissions, fuel conversion efficiency, and engine operational cost. 

6.2 Effects of combustion phasing on high load Miller 

cycle operation  

The focus of this section is to assess the effect of SOI on high load Miller cycle operation 

and optimise the combustion process of all combustion control strategies to achieve the 

maximum NIE. Experimental works were carried out at a speed of 1250 rpm and a high 

load of 24 bar IMEP.  
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6.2.1 Test methodology 

Table 6.1 presents the main engine operating conditions for the investigation. A single 

injection strategy was employed. The SOI was swept up to against the peak in-cylinder 

pressure limit of 180 bar in order to determine the optimum SOI for the maximum NIE. 

The injection pressure and EGR rate were held constant at 1700 bar and 15%, 

respectively. The IVC timing was delayed from -178 to -110 CAD ATDC to realize Miller 

cycle operation. The stead state condition was quantified by controlling the PRR and 

COV_IMEP below 30 bar/CAD and 3%, respectively. 

 

Table 6.1: Engine operating conditions for the different IVC timings with a sweep of SOI. 

Parameter Value 

Speed 1250 rpm 

Load 24 bar IMEP 

SOI Varied between -8 and -15 CAD ATDC 

Injection pressure 1700 bar 

Intake air temperature 42 ± 1°C 

Intake pressure 2.3 bar 

Exhaust pressure 2.4 bar 

EGR rate 15% 

IVC timing -178, -130, -120 CAD ATDC 

 

6.2.2 Combustion and heat release analysis 

Figure 6.1 shows the in-cylinder pressure, HRR, and injector signal for the baseline and 

Miller cycle operation. The comparison was performed at a constant CA50 and the 

optimised SOI which attained the maximum NIE. The LIVC timing effectively reduced the 

in-cylinder pressure and peak HRR at the same SOI due to the decreased ECR. 

Compared to the Miller cycler operation at low and medium loads, the effect of Miller cycle 

on ignition delay was relatively smaller at high engine load. This can be explained by a 

better ignition condition at a higher engine load. A more advanced SOI was obtained in 

the LIVC timing to achieve the maximum NIE and thus led to an earlier HRR. This can 

helped improve the fuel conversion efficiency of the Miller cycle operation. 
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Figure 6.1 In-cylinder pressure, HRR, and injector current signal for the baseline and 
Miller cycle at a constant CA50 and optimised SOI. 

 

6.2.3 Engine performance and gaseous emissions 

Figure 6.2 shows the Miller cycle significantly reduced the peak in-cylinder pressure at a 

constant CA50. The difference in the peak in-cylinder pressure between the baseline and 

Miller cycle operation was 30 bar on average. The lambda was reduced significantly by 

delaying the IVC, decreasing to below 1.2 with the IVC at -100 CAD ATDC. This was the 

reason for the increase in EGT by approximately 34%. A lower NIE was obtained as the 

IVC was delayed. This was primarily due to a longer combustion duration and higher heat 

transfer losses in the Miller cycle operation with the same Pint as the baseline. When 

optimised the combustion process via advancing the SOI, the Miller cycle allowed for an 

earlier CA50 by 3.5 CAD than that of the baseline case, which helped improve the NIE. 

As a result, the NIE of Miller cycle with IVC at -120 CAD ATDC was increased to a similar 

level of the baseline. However, the NIE was significantly lower than the baseline when 

delayed the IVC to -100 CAD ATDC, despite with a much earlier CA50. This was attributed 

to the lower lambda and longer combustion duration. 
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Figure 6.2: Engine performance as a function of CA50 for the baseline and Miller cycle 
operations. 

 

The data depict in Figure 6.3 is the resulting specific exhaust emissions for the different 

IVCs. The Miller cycle with IVC at -120 CAD ATDC reduced the NOx emissions by 20% 

with little impact on soot emissions when comparing at a constant CA50. This was 

primarily a result of the lower in-cylinder air mass trapped and reduced initial burned zone 

gas temperature. A higher reduction in NOx emissions by 38% was achieved when the 

IVC was delayed to -100 CAD ATDC. This was accompanied with excessive soot and CO 

emissions due to significantly lower lambda and peak in-cylinder combustion temperature. 

Later CA50 effectively decreased combustion temperatures and therefore NOx emissions 

of all cases. It can also be seen from Figure 6.3 that the application of Miller cycle 

decreased unburned HC emissions. This was possibly attributed to the relatively lower 

lambda and higher average in-cylinder gas temperature, which can improve the oxidation 

rates of HC emissions during the expansion stroke.  
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Figure 6.3: Exhaust emissions as a function of CA50 for the baseline and Miller cycle 
operations. 

 

6.3 Effects of fuel injection pressure on high load Miller 

cycle operation 

The previous section revealed that the combination of Miller cycle and EGR would reduce 

the NIE and yielded significantly higher soot emissions at high engine loads. However, 

high injection pressure can be applied to help curb soot emissions and improve engine 

efficiency. An optimisation was performed to determine the effectiveness of injection 

pressure for high load Miller cycle operation with EGR. Experimental studies were carried 

out by varying injection pressures between 1400 and 1800 bar at a speed of 1250 rpm 

and a high load of 17 bar IMEP.  

6.3.1 Test methodology 

Table 6.2 summaries the testing conditions for the baseline and Miller cycle operations 

with 20% EGR. The SOI was swept and optimized up against the in-cylinder pressure limit 

of 180 bar in order to achieve the maximum NIE. Injection pressure was increased 

gradually in an attempt to improve engine efficiency and soot emissions. The upper bound 

of PRR was limited to 30 bar/CAD in order to allow for the employment of higher injection 

pressure. Stable engine operation was determined by controlling the COV_IMEP below 

3%. 

Table 6.2: Engine testing conditions 

Parameter Value 

Speed 1250 rpm 

IMEP 17 bar 

SOI -12 CAD ATDC 

Injection pressure Varied between 1400 and 1800 bar 

Intake air temperature 40 ± 1°C 

Intake pressure 2.44 bar 

Exhaust pressure 

EGR rate 

2.54 bar 

20% 

Intake valve closing -178, -130, -120 CAD ATDC 
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6.3.2 Combustion and heat release analysis 

Figure 6.4 shows the in-cylinder pressure, HRR, and injector signal for Miller cycle with 

IVC at -120 CAD ATDC under different injection pressures. The comparison was 

performed at a constant SOI of -12 CAD ATDC. The higher injection pressure enabled a 

better fuel atomization and thus a higher quality of the fuel-air mixture. This led to a faster 

initiation of combustion and thus shorter ignition delay and combustion period. 

Consequently, the highest injection pressure of 1800 bar led to the highest peak in-

cylinder pressure and peak HRR. It also can be seen that the injection pulse width 

measured from the injector current signal was reduced as increased injection pressure. 

This was attributed to the improved combustion process and therefore helped minimise 

the fuel consumption while producing the same useful work. 
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Figure 6.4: Effect of injection pressure on in-cylinder pressure and HRR of the high load 
Miller cycle operation. 

 

6.3.3 Engine performance and gaseous emissions 

Figure 6.5 shows the engine performance parameters for the baseline and Miller cycle 

operation with different injection pressures. The Pmax was reduced by the Miller cycle while 
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was increased by a higher injection pressure. A Miller cycle strategy allowed for the use 

of a higher injection pressure while maintaining the Pmax of the baseline case. This helped 

improve upon NIE and emissions of the Miller cycle. The injection pressure increased the 

lambda slightly, which was the reason for a reduction in EGT at a given IVC timing. This 

is to be expected that the LIVC strategy decreased the NIE, which was improved 

significantly by the use of a higher injection pressure. These improvements were more 

apparent when operating at the latest IVC of -120 CAD ATDC. 
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Figure 6.5: The effect of injection pressure on engine performance parameters of the 
high load Miller cycle operation. 

 

The data depicted in Figure 6.6 is the indicated specific exhaust emissions for the baseline 

and Miller cycle operation. The Miller cycle effectively reduced the NOx emissions, but led 

to significantly higher soot and CO emissions. The use of a higher injection pressure 

improved the fuel-air mixing and accelerated the combustion process and consequently, 

minimising the soot and CO emissions. These improvements were attained at the 

expense of the NOx reduction benefit. Nevertheless, the injection pressure had little 

influence on the unburn HC emissions of the different IVCs. 
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Figure 6.6: The effect of injection pressure on engine emissions of the high load Miller 
cycle operation. 

6.4 Effects of intake pressure on high load Miller cycle 

operation 

Chapter 5 has revealed that the intake pressure had significant influence on the Miller 

cycle operation at low and medium loads. The NIE and soot emissions were improved 

simultaneously while maintaining low levels of NOx emissions when the intake pressure 

was increased. In this section, experimental study was carried out to investigate the effect 

of intake pressure on engine performance and emissions of a high load Miller cycle 

operation.  

6.4.1 Test methodology 

Table 6.3 summaries the engine operating conditions. The experiment was carried out at 

a speed of 1250 rpm and a high engine load of 17 bar IMEP operating with constant 

injection pressure of 1400 bar and EGR rate of 15%. The exhaust back pressure was 

adjusted to maintain a pressure differential of 0.10 bar across the cylinder with higher 

exhaust back pressure, which allowed for the recirculation of exhaust gas. PRR and 

COV_IMEP were limited to 30 bar/CAD and 3%, respectively. 
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Table 6.3: Engine testing conditions. 

Parameter Value 

Speed 1250 rpm 

IMEP 17 bar 

SOI Varied between -4 and -17.5 CAD ATDC 

Injection pressure 1400 bar 

Intake air temperature 38 ± 1 K 

Intake pressure Varied between 2.30 bar  and 2.65 bar 

Exhaust pressure Maintain 0.10 bar higher than intake pressure 

EGR rate 15% 

Baseline IVC -178 CAD ATDC 

Miller cycle -120 CAD ATDC 

 

6.4.2 Combustion and heat release analysis 

Figure 6.7 shows the in-cylinder pressure and HRR for the baseline and Miller cycle with 

constant Pint and lambda of the baseline case. Miller cycle operation with a constant Pint 

of 2.3 bar (red dashed line) significantly decreased in-cylinder pressure and peak HRR. 

This was a result of the lower ECR, which decreased the compression pressure and 

temperature during the compression stroke.  
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Figure 6.7: In-cylinder pressure, HRR, and injector signal for the baseline and Miller 

cycle operation. 
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The formation of a first peak heat release was observed, which represented a higher 

degree of premixed combustion. A higher Pint increased in-cylinder charge density, 

resulting in relatively higher in-cylinder pressure and peak HRR. The Miller cycle strategy 

achieved similar in-cylinder pressure and HRR profiles to the baseline case when 

operating with the same lambda. 

 

Figure 6.8 compares the mean in-cylinder gas temperature of the baseline and Miller cycle 

cases. The Miller cycle strategy decreased the compressed air temperature due to the 

LIVC and lower ECR. However, the Miller cycle operating with same Pint as the baseline 

case reduced the in-cylinder mass trapped and thus lower in-cylinder total heat capacity. 

This resulted in a higher peak Tm, despite a reduction in compressed gas temperature. 

When operating with the same lambda as the baseline case, the peak Tm was decreased 

with increased Pint and lower than that of the baseline case.  

 
Figure 6.8: Comparison of the mean in-cylinder gas temperature between the baseline 

and Miller cycle operation. 

 

Figure 6.9 shows the combustion characteristics over a sweep of the injection timing. The 

lower compressed gas pressure and temperature resulted from Miller cycle increased the 

ignition delay. The Miller cycle with constant Pint delayed the CA90 noticeably due to the 

later ignition and slowed down combustion process in the late combustion phase. This 

resulted in a relatively longer period time of CA50-CA90 as well as combustion duration. 

When operating with same lambda as the baseline case, the higher Pint improved the in-

cylinder oxygen availability and therefore helped accelerate the combustion process. 

These effects advanced the CA90 and thus a shorter period time of CA50-CA90, which 

contributed to a shorter combustion duration. Consequently, the combustion 
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characteristics of the Miller cycle with constant lambda were similar to that of the baseline 

operation. 
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Figure 6.9: Combustion characteristics of the baseline and Miller cycle operating with 

constant Pint and lambda. 

 

6.4.3 Engine performance and exhaust emissions 

Figure 6.10 depicts engine performance parameters and net indicated specific emissions 

of the baseline and Miller cycle cases. The application of Miller cycle with constant Pint 

decreased the lambda noticeably due to lower in-cylinder mass trapped. This was the 

primary reason for the significant increase in EGT by approximately 90ºC. The Miller cycle 

displayed higher impact on the combustion process at high engine load than at the low 

and medium loads, which was suggested by a decrease of 4% in the NIE in comparison 

with 1% at low and medium loads when operating with a constant Pint. This was attributed 

to the relatively lower in-cylinder oxygen availability (e.g. lower lambda) at high engine 

load operation. The decreased NIE was the result of slower heat release, longer 

combustion duration, and higher heat losses to cylinder walls resulted from higher Tm. 

 

The use of a higher Pint to maintain the in-cylinder lambda value helped increase the NIE 

due to the higher in-cylinder oxygen availability, but adversely affected the gains obtained 

in terms of EGT and NOx emissions. Miller cycle operation with constant lambda achieved 

an increase of 1.3% in NIE compared to the baseline operation. This was mainly due to 

the lower Tm as shown in Figure 6.8, which decreased the heat transfer losses. The longer 

ignition delay of Miller cycle operation with constant lambda increased the degree of 

premixed combustion as supported by the higher peak HRR, which also helped improve 

the NIE. 
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Figure 6.10: Engine performance and exhaust emissions of the baseline and Miller cycle 

operating with constant Pint and lambda. 

 

It can be also seen from Figure 6.10 that Miller cycle with constant Pint enabled a reduction 

in NOx emissions by 45% at the expense of excessive smoke at a constant SOI of -12 

CAD ATDC. This was primarily a result of the lower in-cylinder air mass trapped and 

reduced initial burned zone gas temperature. Additionally, later SOI effectively decreased 

the combustion temperature and therefore NOx emissions but increased soot emissions. 

As the Pint of the Miller cycle cases was increased, soot emissions were reduced and NOx 

emissions were increased. As a result, Miller cycle with constant lambda decreased NOx 

emissions by 20% and had little impact on soot emissions. Moreover, the Miller cycle 

cases decreased unburned HC emissions, regardless of the intake pressure used, which 

was similar to the results observed at low and medium load operations. This was also 

possibly attributed to the relatively lower lambda and higher combustion temperature and 

exhaust temperature, which can improve the oxidation rates of HC emissions during the 

expansion stroke.  

6.5 Effects of external EGR on high load Miller cycle 

operation 

This section will describe the effect of EGR rate on high load Miller cycle operation.  

Investigation was performed at an IVC timing of -120 CAD ATDC. The EGR rate was 
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varied between 0 and 20% in order to determine the optimum EGR rate for achieving the 

optimum trade-off between exhaust emissions and engine efficiency of the Miller cycle 

operation. 

6.5.1 Test methodology 

Table 6.4 depicts the engine operating conditions for the high load Miller cycle operation 

with EGR. The injection timings were swept to vary the combustion phasing. The injection 

pressure was held constant at 1400 bar for the EGR rate between 0 and 15%. In the case 

with an EGR rate of 20%, the in-cylinder air flow mass can be decreased noticeably, which 

will result in poor combustion instability and excessive smoke. Therefore, a higher 

injection pressure of 1800 bar was employed when EGR rate was increased to 20%. The 

PRR and COV_IMEP were limited to 30 bar/CAD and 3%, respectively.   

 

Table 6.4: Engine testing conditions. 

Parameter Value 

Speed 1250 rpm 

IMEP 17 bar 

SOI swept 

Injection pressure 1400 bar, 1800 bar 

Intake air temperature 38 ± 1 K 

Intake pressure 2.30 bar 

Exhaust pressure 2.40 bar 

EGR rate 0, 10%, 15%, 20% 

Intake valve closure -120 CAD ATDC 

 

6.5.2 Combustion and heat release analysis 

Figure 6.11 shows the in-cylinder pressure and HRR for the Miller cycle operation with 

different EGR rates at a constant SOI of -12 CAD ATDC. The addition of EGR delayed 

the SOC mainly due to the lower in-cylinder oxygen concentration (dilution effect) and 

lower compression temperature because of the lower specific heat values [106]. This 

increased the degree of premixed combustion and decreased both the peak HRR and 

peak in-cylinder pressure. EGR rate of 20% with relatively higher injection pressure of 

1800 bar resulted in a different HRR profile from others operating with a constant injection 

pressure of 1400 bar. The use of a higher injection pressure improved the fuel-air mixing 

and thus accelerated the rate of heat release, resulting in higher peak HRR and peak in-

cylinder pressure. 
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Figure 6.11: In-cylinder pressure and HRR for various EGR rates with a constant SOI. 

 

Figure 6.12 shows the SOI and the resulting heat release characteristics as a function of 

the CA50. The SOI was advanced as higher EGR rate was introduced. The introduction 

of EGR resulted in a longer ignition delay due to the thermal and dilution effects, which 

delayed the SOC. The use of EGR slowed down the diffusion-control combustion process 

as supported by the longer period of CA50-CA90. This was a result of the later SOC and 

the lower in-cylinder oxygen concentration. The combination of these effects yielded a 

longer combustion duration. Overall, the addition of 20% EGR led to the longest 

combustion duration, despite a relatively higher injection pressure was used.  
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Figure 6.12: Heat release characteristics as a function of CA50 for various EGR rates.  

 

6.5.3 Engine performance and gaseous emissions 

Figure 6.13 depicts the engine performance parameters of the Miller cycle with various 

EGR rates. The use of EGR decreased the lambda noticeably due to the replace of in-

cylinder charge with recirculated exhaust gas. The lower lambda as well as the later 

combustion process as a result of the slowed down diffusion-controlled combustion 

increased the EGT, particularly in the case with 20% EGR. The addition of 10% EGR had 

little effect on the combustion efficiency, which is mainly determined by CO and unburn 

HC emissions. However, the combustion efficiency was gradually reduced with increased 

EGR rate. The use of 20% EGR led to the lowest combustion efficiency of 99% due to 

significantly lower lambda and in-cylinder combustion temperature. The NIE exhibited a 

similar trend to the combustion efficiency, decreased slightly with the addition of 10% EGR 

while deteriorated rapidly as higher EGR rate was introduced. The lower combustion 

efficiency and the later and longer combustion duration led to a reduction in the NIE. 

Overall, Miller cycle operation with an EGR of 20% resulted in the lowest NIE of 42%.   
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Figure 6.13: Engine performance parameters as a function of CA50 for various EGR 
rates. 

 

Figure 6.14 shows the net indicated specific emissions for the Miller cycle with various 

EGR rates. The EGR was effective in curbing NOx emissions at the expense of higher 

soot emissions. This was due to the lower oxygen availability and in-cylinder gas 

temperature. At a constant CA50 of 4 CAD ATDC, the use of 10% EGR decreased NOx 

emissions by 45% while maintaining low level of soot emissions. As the EGR rate was 

increased, however, the soot emissions were increased noticeably despite a higher NOx 

emissions reduction. The highest reduction of 85% in NOx emissions was attained with 

20% EGR compared to the baseline without EGR. This was achieved at the expense of 

significantly higher soot emissions, despite a higher injection pressure of 1800 bar was 

employed. Additionally, a later CA50 strategy effectively decreased the combustion 

temperatures and therefore NOx emissions. 

 

It can be also seen from Figure 6.14 that the CO emissions exhibited a similar trend to the 

soot emissions, increasing slightly with lower EGR rates while increasing rapidly as 

relatively higher EGR rates were introduced. However, the introduction of EGR decreased 

the unburn HC emissions, especially at higher EGR rates. This was possibly attributed to 

the relatively lower lambda and higher EGT. The sweep of CA50 demonstrated little 

impact on CO and HC emissions due to insignificant impact on the lambda value. 
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Figure 6.14: Exhaust emissions as a function of CA50 for various EGR rates. 

 

6.6 Exploring the potential of Miller cycle operation with 

EGR at full engine load  

The reduction in NOx emissions from HD diesel engines at high engine loads requires the 

development of more advanced combustion and control technologies to minimize the 

EOC. This drives an increased need for highly efficient and clean IC engines. One 

promising combustion strategy that can curb NOx emissions with a low fuel consumption 

penalty is to simultaneously reduce the in-cylinder gas temperature and the in-cylinder 

oxygen concentration. This can be achieved via Miller cycle and EGR, which enables a 

low EOC by minimizing both the diesel fuel and urea consumptions. 

 

The focus of this subsection is to explore the NOx emissions reduction potential of EGR 

and Miller cycle with LIVC timing. The effects of Miller cycle and EGR on engine 

combustion, emissions, and efficiency will be discussed. In the last subsection, the overall 

exhaust emissions, total fluid consumption, and the NIEcorr. will be analysed and compared 

at the maximum NIE, in order to identify the most effective strategy in terms of EOC. 

6.6.1 Test methodology 

The experimental investigation was performed at an engine speed of 1250 rpm and a full 

load of 24 bar IMEP while maintaining intake and exhaust pressures constant. This 

operating condition is characterized by high peak in-cylinder pressure and combustion 

temperatures, and hence high NOx formation. 
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Table 2 summarizes the test conditions for the baseline and Miller cycle operations using 

0% and 8%EGR. The SOI was swept and optimized up against the in-cylinder pressure 

limit of 180 bar in order to achieve the maximum NIE. However, the case of IVC at -114 

CAD ATDC with 8%EGR can only be performed with the most advanced SOI as the 

smoke number was limited to 1 FSN over the test. The injection pressure was held 

constant at 1800 bar except for the case with an IVC at -114 CAD ATDC and an EGR rate 

of 8%. In this case, an injection pressure of 2200 bar was used to overcome the 

combustion instability and excessive smoke. Stable engine operation was determined by 

controlling the COV_IMEP below 3%. 

 

Table 6.5: Engine testing conditions. 

Speed  1250 rpm 

IMEP  24 bar 

Intake Pressure  3.0 bar 

Exhaust Pressure  3.1 bar 

IVC 

 

Baseline Miller cycle 

-178 

CAD ATDC 

-127  

CAD ATDC 

-114 

CAD ATDC 

ECR 16.8 15.9 15.2 

Injection Pressure  1800bar 2200 bar 

EGR Rate 0% 8% 0% 8% 0% 8% 

 

The intake and exhaust valve lift profiles used for the baseline and Miller cycle operations 

are illustrated in Figure 6.15. The IVO timing was set at 367 CAD ATDC while the IVC 

was delayed from -178 CAD ATDC in the baseline case to -127 and -114 CAD ATDC in 

the Miller cycle strategies. 
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Figure 6.15: Fixed exhaust and variable intake valve lift profiles. 

 

6.6.2 Combustion and heat release analysis 

Figure 6.16 shows the in-cylinder pressure and HRR for both the baseline (IVC at -178 

CAD ATDC) and the Miller cycle (IVCs at -127 and -114 CAD ATDC) operations with and 

without EGR. The comparison was performed with a constant SOI at -3 CAD ATDC. 

Compared to the baseline case, the Miller cycle strategy decreased the compression 

pressure as a result of the reduction of in-cylinder air flow rate and density. The maximum 

in-cylinder pressure difference between the baseline and the Miller cycle was 

approximately 25 bar at the end of compression. The lower compression pressure led to 

a significant reduction in peak in-cylinder pressure and heat release rate during the 

combustion process.  

 

The use of EGR with baseline IVC showed less impact on the in-cylinder pressure and 

peak HRR compared to the Miller cycle strategy, due to the replacement of the fresh air 

with recirculated exhaust gas instead of reducing the total in-cylinder mass with the Miller 

cycle strategy. Overall, the combined strategy of Miller cycle and EGR achieved the 

highest reduction in the Pmax and the peak HRR due to the reduced in-cylinder air flow 

caused by the late IVC as well as the dilution effect and higher heat capacity introduced 

by EGR. 

 

The SOI is an important factor in maximizing engine efficiency and curbing emissions. In 

order to achieve high NIE, the SOI should be optimized for the main heat release to take 

place immediately after TDC. Thus, the SOI was swept for various combustion control 

strategies. The data in Figure 6.17 depicts the sensitivity of maximum in-cylinder pressure 
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and NIE with respect to SOI at different IVCs with and without EGR. The selected 

calibrations for different combustion control strategies are denoted with a green circle and 

will be analysed later on. 
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Figure 6.16: The effect of Miller cycle and EGR on in-cylinder pressure and HRR at the 
same diesel SOI. 

 

As shown in Figure 6.17, the Pmax and NIE increased linearly as the SOI was advanced 

for the range of injection timings tested. The maximum NIE were achieved by the most 

advanced cases, which were limited by the peak in-cylinder pressure of 180 bar. Figure 

6.18 depicts the in-cylinder pressures and HRR of various IVCs with and without EGR for 

the selected calibrations from Figure 6.17. The dilution and higher heat capacity 

introduced by EGR slowed down the combustion process and slightly reduced the in-

cylinder pressure, as depicted in Figure 6.16, allowing for a more advanced SOI to 

maximize NIE. However, the difference between the optimized (most advanced) diesel 

SOI with and without EGR of the baseline IVC was less significant than the Miller cycle 

operation. By delaying IVC, the Miller cycle enabled a more advanced SOI and earlier 

heat release as a result of the lower ECR. The application of a higher injection pressure 

in the IVC at -114 CAD ATDC with 8%EGR required retarding CA50 due to the increased 

Pmax. Therefore, the earliest heat release was obtained by an IVC at -114 CAD ATDC with 

no EGR where SOI was the most advanced. 
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Figure 6.17: Pmax and NIE vs diesel SOI for various IVC timings with and without EGR. 
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Figure 6.18: The effect of Miller cycle and EGR on in-cylinder pressure and HRR at the 
optimum SOI. 
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Figure 6.19 shows the resulting heat release characteristics for the baseline operation 

with IVC at -178 CAD ATDC and the Miller cycle with IVC at -127 and -114 CAD ATDC. 

The comparison was performed with a constant SOI at -3 CAD ATDC and the most 

advanced SOI of the optimum cases, with and without EGR. At full load condition, the 

changes in ignition delay and the degree of premixed combustion are very marginal with 

different IVC timings due to the relatively better ignition conditions [164]. A similar trend 

was observed in this study, the Miller cycle slightly increased the ignition delay by lowering 

the initial in-cylinder pressure and temperature. The addition of EGR further prolonged the 

ignition delay when combined with late IVCs. The longer ignition delay in both Miller cycle 

and EGR strategies led to later CA50, as showed in Figure 6.19. With the maximum 

efficient cases, the reduction of in-cylinder pressure during the compression stroke 

allowed for more advanced SOI and earlier CA50 than those attained at constant SOI. 

 

In addition, as a result of the reduced in-cylinder charge and the dilution effect, both Miller 

cycle and EGR strategies reduced the in-cylinder oxygen availability during the mixing-

controlled combustion stage, leading to a slower later combustion process as measured 

by CA50-CA90. Moreover, the Miller cycle with EGR strategy yielded the longest mixing-

controlled combustion process and combustion duration but the earliest combustion 

phasing measured by CA50. 
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Figure 6.19: The effect of Miller cycle and EGR on the resulting heat release 

characteristics. 
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6.6.3 Engine performance and exhaust emissions 

Figure 6.20 shows that the use of Miller cycle and EGR significantly reduced the lambda, 

especially in the cases of EGR with a constant SOI at -3 CAD ATDC. The lowest lambda 

below 1.2 was measured for the case with an IVC at -114 CAD ATDC and 8% EGR despite 

the higher injection pressure. The more advanced SOI in the most efficient cases showed 

higher lambda value than those at a constant SOI as less fuel was burned to maintain the 

same IMEP when the NIE was increased. 

 

The EGT increased linearly with a decrease in lambda regardless of the strategy used. 

The Miller cycle led to a notably decrease in lambda, which in turn increased the EGT. 

The use of EGR presented a little impact on the EGT when operating with the baseline 

IVC, which can be explained by the dilution and higher heat capacity introduced by EGR, 

resulting in lower in-cylinder gas temperatures [100]. Besides, the higher lambda value at 

the baseline IVC with EGR was also the primary reason for the insignificant effect on EGT. 

However, the addition of EGR showed significant impact on EGT when operating with 

Miller cycle due to much lower lambda with a delayed IVC.  

 

Figure 6.20 also shows the NIE and fuel consumption of the baseline and the Miller cycle 

at a constant and optimised SOI for the maximum efficient operations, with and without 

EGR. It can be seen that the NIE reduced rapidly with delayed IVC while varied slightly in 

the use of EGR with the baseline IVC. This can be explained by the longer combustion 

duration in the cases with late IVC timings. Another possible reason is the higher Tm in 

the Miller cycle due to the reduced total in-cylinder gas heat capacity, resulting in higher 

heat loss to the cylinder walls. This  has been presented in our previous study [209] by 

using an one-dimensional engine simulation model to calculate the Tm and Tb at 6 bar and 

12 bar IMEP. Results revealed that a higher Tm was observed in the Miller cycle strategy 

while the Tb was reduced due to retarded and slowed down combustion process. As the 

pressure difference between intake and exhaust manifolds was kept constant during the 

test, the influence of pumping loss could be negligible.  

 

With the use of EGR and an IVC at -178 CAD ATDC, the NIE decreased slightly at a 

constant SOI. This was the net result of these two counteracting effects of the prolonged 

combustion duration and the lower heat transfer loss resulted from higher heat capacity 

and hence lower combustion temperatures. With late IVCs, the addition of EGR has been 

observed to notably increase ISFC and thus lower NIE. Without EGR, the NIE was 

significantly increased in the most efficient cases by advancing the SOI. The high 

efficiency was maintained when the IVC was delayed from -178 to -114 CAD ATDC. With 
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EGR, however, the NIE was decreased with late IVC even with the most advanced SOI. 

In particular, the maximum reduction of NIE by 3.8% in the most efficient cases was 

obtained when IVC was delayed from -127 to -114 CAD ATDC with 8%EGR, although a 

higher injection pressure of 2200 bar was applied. As such, the combined effects of the 

net heat transfer loss and longer combustion duration as well as the late combustion 

process after TDC accounted for the lower NIE in the combined strategy of Miller cycle 

with EGR at high engine loads. 
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Figure 6.20: The effect of Miller cycle and EGR on lambda and exhaust gas 
temperatures. 

 

Figure 6.21 depicts the engine-out emissions for various IVC timings with and without 

EGR shown as the net indicated specific values of NOx, soot, unburned HC and CO. By 

delaying the IVC, the Miller cycle effectively reduced the NOx emissions primarily due to 

the lower in-cylinder oxygen availability and flame temperatures. In addition, the lower 

peak in-cylinder pressure and later combustion phasing were also beneficial to the NOx 

abatement. The use of EGR was more effective in abating NOx emissions than the Miller 

cycle strategy attributed to the particular dilution effect and higher heat capacity in 

decreasing flame temperature. The NOx levels were reduced from 12.8 g/kWh in the 

baseline to 7.1 g/kW h in the IVC -178 with EGR. The application of Miller cycle with EGR 

strategy allowed for higher NOx reduction due to relatively lower oxygen availability and 

in-cylinder gas temperatures, decreasing NOx levels from 12.8 g/kWh to 3.9 g/kWh, 

approximately by 69%. It is noted that the NOx emissions in the most efficient cases was 
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slightly higher than that in a constant SOI due to more advanced combustion near TDC 

and hence higher combustion temperatures.  

 

The soot and CO emissions exhibited a different trend from that of NOx emissions when 

using Miller cycle and EGR strategies. The soot emissions were less affected by the use 

of EGR in the IVC of -178 due to a sufficiently high lambda. However, an apparent 

increase in soot emissions was observed as the IVC was delayed to -114 CAD ATDC 

attributed to the significantly lower lambda, as shown in Figure 6.20. In the combination 

of Miller cycle and EGR strategy, the soot emissions increased noticeably and could be 

improved by advancing the SOI with an IVC at -127 CAD ATDC. However, the lambda 

dropped lower than 1.2 when the IVC was delayed to -114 CAD ATDC, leading to 

significantly higher soot emissions. The availability of oxygen in the cylinder played the 

dominant role on the CO emissions since the combustion temperatures at full load were 

sufficiently high to maintain a high combustion efficiency, regardless of the strategy used. 

Likewise, the CO emissions in the Miller cycle and EGR strategies were significantly 

improved at the most efficient cases, except for the case with IVC at -114 CAD ATDC and 

8%EGR. Figure 6.21 also shows that the HC emissions were low in all cases at this 

operation load. Different from the observed trend of other emissions as shown earlier, the 

unburned HC showed less sensitivity to the diesel SOI when varying the IVC with or 

without EGR. Overall, the combination of Miller cycle and EGR achieved the lowest HC 

emissions, mainly due to the highest fuel/air equivalence ratios and EGT. 
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Figure 6.21: The effect of Miller cycle and EGR on engine emissions. 
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An improvement in the NOx-Soot and NOx-ISFC trade-off relationships was observed 

when applying Miller cycle and EGR strategies, as shown in Figure 6.22. The Miller cycle 

strategy alone did not has a great potential in reducing NOx emissions and accompanied 

with a higher fuel consumption penalty. It can be seen that NOx emissions at IVC -114 

with no EGR was reduced by 35% with fuel efficiency penalty of 4% when compared to 

the baseline case. A higher reduction in NOx emission by 45% with minor fuel efficiency 

penalty could be obtained by using EGR strategy with IVC at -178 CAD ATDC.  

 

Overall, the introduction of 8% EGR combined with Miller cycle at IVC -127 showed the 

best trade-off between NOx, ISFC and soot. This can be explained by the high potential 

of NOx reduction using EGR combined with the high capability in decreasing the peak in-

cylinder pressure via delaying IVC. Thus, this strategy allowed for an earlier combustion 

phasing to minimize fuel efficiency penalty and soot emissions while maintaining lower 

NOx level benefit achieved by EGR. Additionally, the combined strategy achieved the 

biggest benefit in NOx abatement, decreasing the NOx levels of the baseline case by 57% 

and the fuel efficiency by 1.6% while maintaining soot emissions below Euro VI limit of 

0.01 g/kWh. 
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Figure 6.22: The effect of Miller cycle and EGR on NOx, ISFC and ISssot trade-offs. 
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6.6.4 Estimation of the cost-benefit and overall emissions at the maximum 

NIE 

As described in subsection 4.5.3 of Chapter 4, a urea SCR system was assumed for NOx 

control in order to estimate the influence of different combustion control strategies on the 

EOC. Since the EOC is determined by several aspects, such as diesel fuel and aqueous 

urea solution consumptions, fuel prices, engine efficiency, and engine-out NOx emissions, 

the EOC might not be the lowest with a high engine efficiency setup. Therefore, an 

analysis of cost-benefit and overall emissions was carried out at the optimum NIE, in order 

to determine the best trade-off between the engine efficiency and the engine-out NOx 

emissions for minimizing the total fluid cost and thus the EOC. 

 

Figure 6.23 shows the diesel fuel flow rate and the required urea consumption to meet 

Euro VI NOx limit for each case. Both EGR and Miller cycle strategies increased the diesel 

fuel flow rate as explained previously. Advancing combustion phasing in terms of the most 

efficient cases resulted in significantly lower diesel fuel flow rate compared to those at a 

constant SOI. With the use of EGR, the required urea flow rate dropped clearly due to 

decreased engine-out NOx emissions. 
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Figure 6.23: Diesel fuel flow rate and the required urea flow rate for various strategies. 
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Figure 6.24 shows an overall comparison of ISNOx, ISFC, the required urea consumption 

in the SCR system, as well as the total fluid consumption and the NIEcorr.. The analysis 

was carried out with the maximum engine efficiencies in various strategies. The resulting 

values of IVC at -178 CAD ATDC with no EGR was used as the reference value. As for 

the case of IVC at -114 CAD ATDC with 8%EGR, a higher injection pressure of 2200 bar 

was applied to avoid excessive smoke and lower engine efficiency. 

 

The baseline IVC with no EGR led to the lowest NIEcorr., although the highest fuel efficiency 

was achieved. This was a result of the higher urea consumption required in the SCR 

system due to the higher engine-out NOx emissions, resulting in an increase of the total 

fluid consumption. Both Miller cycle and EGR strategies showed higher NIEcorr. than the 

baseline mainly attributed to the lower total fluid consumption despite a small fuel 

efficiency penalty.  

 

It can be seen that the highest NIEcorr. of 41.6% was achieved when the IVC was delayed 

to -127 CAD ATDC with 8% EGR, owing to the significantly lower engine-out NOx 

emissions. Although the highest reduction of NOx emissions by 64% was obtained when 

delaying IVC to -114 CAD ATDC with 8%EGR, the fuel efficiency noticeably reduced, 

leading to lower NIEcorr. than IVC at -127 CAD ATDC with 8%EGR. Overall, among these 

strategies the Miller cycle with IVC at -127 CAD ATDC combined with 8%EGR showed 

the optimum trade-off between engine-out NOx emissions and engine efficiency, reducing 

the total fluid consumption by 5.8% and increasing the NIEcorr. by 5.3% compared to 

reference case. 

 

Therefore, the combination of Miller cycle and external cooled EGR strategy at a fixed 

boost pressure shows a great potential to reduce engine-out NOx emissions with little 

impact on fuel efficiency, while achieving the lowest total fluid consumption and 

consequently the highest NIEcorr.. The results also demonstrate the optimum balance 

existed between in-cylinder NOx control and aftertreatment NOx control and it is 

determined by the total fluid consumption and the NIEcorr.. 
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Figure 6.24: Overall evaluation of NOx reduction potential for various combustion 

strategies. 

6.7 Summary 

This chapter has presented the experimental results of high load Miller cycle operation 

and explored the potential of Miller cycle with EGR for emissions control and efficiency 

improvement at the full engine load. Application of the Miller cycle at high loads is 

desirable, as it helps to minimise the mechanical and thermal loads as well as improve 

the trade-off of engine efficiency and NOx emissions and thus lower the total engine 

operational cost. However, the Miller cycle at high engine loads had adverse effects on 
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engine efficiency and smoke number due to decreased in-cylinder mass. The influences 

of combustion phasing, injection pressure, intake pressure, and EGR rate on the Miller 

cycle combustion process were explored in an attempt to attain high efficient and low 

emissions engine operation.  

 

The primary findings of the high load Miller cycle operation with different combustion 

control strategies can be summarised as below: 

 

i. The application of Miller cycle via LIVC lowered the compression pressure and 

temperature, so that the peak in-cylinder pressure and NOx emissions could be 

reduced simultaneously at the expense of higher smoke number and lower engine 

efficiency, when the combustion phasing was kept constant. 

ii. Miller cycle allowed the earlier combustion to take place without exceeding the 

peak in-cylinder pressure limit of 180 bar. The Miller cycle with an earlier 

combustion phasing achieved low levels of NOx while maintaining the NIE and 

smoke number similar to that of the baseline. 

iii. A higher injection pressure improved the atomization of fuel and enhanced the 

fuel-air mixing process, allowing for a higher NIE and significantly lower soot 

emissions. These improvements were attained at the expense of lower NOx 

reduction. 

iv. An increase in the intake pressure effectively increased the in-cylinder oxygen 

availability and hence improved the combustion process, improving upon the NIE 

and soot emissions of the Miller cycle combined with EGR strategy. In particular, 

Miller cycle with constant lambda allowed for simultaneous low levels of NOx and 

soot emissions while achieving higher NIE than the baseline operation. 

v. The introduction of EGR was effective in reducing the NOx emissions, decreasing 

the NOx level by 45% at an EGR rate of 10% while introducing little impact on the 

NIE and soot emissions. However, a higher EGR could deteriorated the engine 

efficiency and yielded excessive smoke attributed to the significantly lower in-

cylinder oxygen availability. Therefore, the EGR rate should be optimized properly 

when operating with Miller cycle.  

 

The results of exploring the potential of Miller cycle operation with EGR at full load also 

reveal that 

i. The use of EGR was more effective in minimizing NOx emissions than the Miller 

cycle strategy while maintaining a similar engine efficiency to that of baseline case. 

This was a result of lower average and flame combustion temperatures as well as 

oxygen concentration introduced from EGR, which are critical to the NOx formation 
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and the lower combustion temperature is beneficial to the heat losses reduction. 

ii. For a certain intake pressure, a greater potential in reducing peak in-cylinder 

pressure by Miller cycle combined with the higher NOx reduction potential of EGR 

produced the best NOx-ISFC and NOx-soot trade-offs with optimized SOI. 

iii. The Miller cycle with IVC -127 CAD ATDC combined with 8% EGR was effective 

in reducing engine-out NOx emissions by approximately 57% with negligible 

impact on the fuel efficiency compared to the baseline IVC with no EGR, while 

maintaining the soot emissions below Euro VI limit. This improvement notably 

minimized the required urea consumption in the SCR system and thus achieved 

the highest NIEcorr.. 

iv. There is an optimum balance between in-cylinder NOx control and aftertreatment 

NOx control to obtain the lowest total engine operational cost, which could be 

achieved by the optimization of Miller cycle and EGR strategies. A reduction in the 

total fluid consumption by 5.8% was achieved via this combined strategy in the full 

load of 24 bar IMEP and speed of 1250 rpm with a constant intake pressure of 3 

bar. 

 

The above results have demonstrated that the Miller cycle with LIVC strategy allowed for 

the use of more advanced combustion control strategies to enable high efficiency as well 

as low NOx and soot emissions at high engine load operation. Nevertheless, combustion 

control parameters such as the CA50, injection pressure, intake pressure, EGR rate, as 

well as IVC timing need to be carefully optimised to minimise the EOC of Miller cycle 

operation. 
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Chapter 7                                                

Exploring the potential of Miller cycle with 

and without EGR for maximum efficiency 

and minimum exhaust emissions  

7.1 Introduction 

The previous chapters have presented the results of Miller cycle operation from low to full 

engine loads separately. In this chapter, Miller cycle operation with different emission 

control and fuel efficiency technologies will be shown and compared to the baseline case 

at the maximum NIEcorr. at a steady-state engine speed of 1250 rpm and engine loads 

between 25% and 100% of full load. Furthermore, the cycle-averaged results calculated 

over the WHSC test cycle will be presented and discussed. Finally, the potentials of Miller 

cycle with EGR (SCR + EGR) and without EGR (SCR-only) to meet the Euro VI emission 

regulation are assessed at different NOx aftertreatment efficiencies. The aim of the 

investigation is to explore Miller cycle based cost-effective emission control and fuel 

efficiency technologies that could be suitable for the “SCR-only” and “SCR + EGR” 

technical routes for future HD diesel engines. 

7.2 Test procedure 

In this chapter, the effects of Miller cycle combined with different combustion technologies 

such as EGR and boost pressure on engine performance and exhaust emissions, as well 

as total EOC were evaluated over the WHSC test cycle.  

 

Figure 7.1 shows the location of the WHSC test points over a HD diesel engine operation 

map. There are 13 modes in the WHSC test cycle (red circles), which consist of five 

speeds (25%, 35%, 45%, 55%, and 75%, which are abbreviated as A, B, C, D, and E, 

respectively) and four engine loads (25%, 50%, 70%, and 100%), as well as two idle 

modes at the beginning and the end of test cycle. The size of the circle represents the 

weighting factor. A bigger size indicates a higher relative weighting of the engine operation 

conditions over the WHSC cycle. 
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Figure 7.1: The WHSC operation conditions over an estimated HD diesel engine speed-

load map. 

 

Table 7.1 summarises the engine operating conditions for the different combustion control 

strategies investigated between 25% and 100% of full engine loads. The intake pressure 

(Pint) set point of the baseline operation was taken from a corresponding multi-cylinder HD 

diesel engine, which complies with the Euro V emission regulations. The exhaust 

pressures were adjusted to provide a constant pressure differential of 0.10 bar above the 

intake pressure, in order to simulate the actual engine operation with a turbocharger and 

realize the required EGR rate. An analysis of operating with constant lambda and constant 

Pint was carried out on the Miller cycle operation (using the respective set points from the 

baseline engine operation) to help evaluate the potential of the technology. 

 

With regard to the operations with EGR, the EGR rate was kept constant for all combustion 

control strategy at a given load. An EGR rate of 15% was used between 25% and 70% 

engine loads, and was decreased to 8% at 100% engine load. The moderate EGR rates 

were used in this study to avoid the combustion instability, excessive smoke, poor fuel 

efficiency, as well as to minimise the demand on the boosting system when operating the 

engine with Miller cycle and EGR. These were also the reasons for the relatively earlier 

IVC timings used in the cases with EGR when compared to a Miller cycle operation without 

EGR. The IVC timings of EGR cases were varied from -100 to -130 CAD ATDC and they 

were from -92 to -120 CAD ATDC for cases without EGR as the engine load increased. 
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Table 7.1: Test conditions for baseline and Miller cycle with and without EGR from low to 

full engine loads. 

Engine 
load 

Rail 
Pressure 

EGR 
Exhaust 
pressure 

Baseline 
operation 

Miller cycle operation 

Intake 
pressure 

IVC 

Intake pressure IVC 

Constant 
Pint 

Constant 
lambda 

Without 
EGR 

With 
EGR 

% of full 
load 

bar % bar bar 
CAD 

ATDC 
bar bar 

CAD 
ATDC 

CAD 
ATDC 

25 1150 
0 and 

15 
0.10 bar 
higher 

than the 
intake 

pressure 

1.44 -178 1.44 2.10 -92 -100 

50 1400 
0 and 

15 
1.74 -178 1.74 2.35 -100 -110 

70 1500 
0 and 

15 
2.30 -178 2.30 2.70 -110 -120 

100 1800 
0 and 

8 
2.70 -178 2.70 3.10 -120 -130 

 

During the experiments, a small pilot injection of 3 mm3 with a constant dwell time of 1 ms 

prior to the main injection timing was employed for both 25% and 50% engine load 

conditions in order to keep the maximum PRR below 30 bar/CAD. The coolant and oil 

temperatures were kept within 85 ± 2°C. Oil pressure was maintained within 4.0 ± 0.1 bar. 

The maximum in-cylinder pressure was limited to 180 bar. Stable engine operation was 

determined by controlling the COV_IMEP below 3%. 

7.3 Miller cycle operation with and without EGR 

In this subsection, Miller cycle operation with and without EGR using constant Pint and a 

constant lambda as those of the baseline cases were investigated in order to analyse the 

effect of Miller cycle on engine performance, exhaust emissions, and total EOC over the 

engine loads. The results were analysed and comparisons were made with the baseline 

operations at 1250 rpm over a range of loads from 25% to 100% of full engine load. Diesel 

injections were optimised for the maximum NIEcorr.. 

7.3.1 Analysis of the in-cylinder pressure and heat release rate 

Figure 7.2 shows the in-cylinder pressure, HRR, and diesel injector signal for cases 

attained the maximum NIEcorr. at 50% of full engine load. The Miller cycle operation without 

EGR and with a constant Pint of 1.74 bar as the baseline operation was characterised by 

lower in-cylinder pressure and peak HRR. This was due to the later initiation of the 

compression process resulted from the LIVC and hence lower in-cylinder compressed 

pressure and temperature. The use of EGR allowed for a more advanced diesel SOI to 

achieve the maximum NIEcorr. when compared to the cases without EGR. This enabled an 

earlier SOC, consequently increasing the peak in-cylinder pressures of the optimum cases. 

When operating with constant lambda by increasing the intake pressure, Miller cycle with 
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and without EGR achieved relatively higher peak HRR, although a later main SOI than 

that with constant Pint. 
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Figure 7.2: In-cylinder pressure, HRR, and diesel injector signal for the baseline and 

Miller cycle cases with the maximum NIEcorr..  

 

Figure 7.3 depicts the in-cylinder pressure, HRR, and diesel injector signal for cases with 

same engine-out NOx levels. The NOx emissions were controlled at 8.0 g/kWh for cases 

without EGR and 4.0 g/kWh for those with EGR. This was attributed to the limited 

capability in reducing NOx emissions by Miller cycle alone compared to the EGR strategy. 

Miller cycle allowed for an earlier main SOI to achieve similar NOx levels to that of the 

baseline case. This was attributed to the lower peak combustion temperature and in-

cylinder oxygen availability. In particular, the LIVC significantly advanced the main SOI 

for the cases with EGR thanks to the relatively lower in-cylinder oxygen concentration and 

thus the NOx emissions. As a result, the Pmax was higher than that of the baseline case. 

A higher Pint improved the in-cylinder oxygen availability, which helped accelerate the 

combustion rate and consequently higher peak HRR. 
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Figure 7.3: In-cylinder pressure, HRR, and diesel injector signal for the baseline and 
Miller cycle cases with the same engine-out NOx levels. 

 

7.3.2 Combustion characteristics 

Figure 7.4 shows the main SOI and the resulting combustion characteristics for the 

baseline and Miller cycle cases that attained the maximum NIEcorr.. The Miller cycle with 

constant Pint of the baseline cases allowed for more advanced main SOI, particularly in 

the cases with EGR. At 100% of full load, the optimisation of SOI was constrained by the 

Pmax of 180 bar. The Miller cycle and EGR strategies increased the ignition delay in most 

cases. This was attributed to the lower compression pressures and in-cylinder oxygen 

availability, as well as the advanced SOI. The PRR was kept below 30 bar/CAD for all 

cases.  

 

The optimum CA50 was initially advanced from low to medium loads likely due to the 

longer period CA10-CA90 and lower heat transfer losses, and then was delayed at high 

engine loads attributed to the limit of peak in-cylinder pressure. This trend became more 

obvious for the cases with EGR. The reduced in-cylinder oxygen availability via the use 

of Miller cycle and EGR slowed down the rate of heat release, leading to a later CA90 and 

longer period of CA10-CA90. A higher Pint improved the in-cylinder oxygen availability and 

accelerated the combustion process of Miller cycle with and without EGR. This advanced 

the CA90 and yielded shorter CA50-CA90 period and combustion duration when 

operating with a constant lambda. 



182 
 

Ig
n

it
io

n
 d

e
la

y
 

[C
A

D
]

4

5

6

7

8

C
A

5
0
 

[C
A

D
 A

T
D

C
]

0

4

8

12

16

C
o

m
b

u
s
ti

o
n

 d
u

ra
ti

o
n

 [
C

A
D

]

16

22

28

34

40

25% 50% 75% 100%

of full engine load 

C
A

9
0

[C
A

D
 A

T
D

C
]

20

25

30

35

40

C
A

5
0
-C

A
9
0
 

[C
A

D
]

12

16

20

24

28

M
a
in

 S
O

I 
[C

A
D

 A
T

D
C

]

-20

-16

-12

-8

-4
Maximum NIEcorr.

Without EGR                                               With EGR 
 Baseline                                            Baseline              
 Miller cycle with constant Pint         Miller cycle with constant Pint 
 Miller cycle with constant lambda   Miller cycle with constant lambda

P
m

a
x
 [

b
a
r]

60

90

120

150

180

25% 50% 75% 100%

of full engine load 

P
R

R
 [

b
a
r/

C
A

D
]

0

10

20

30

40

 
Figure 7.4: Injection timing and combustion characteristics of the baseline and Miller 

cycle cases with maximum NIEcorr..              

               

7.3.3 Engine performance, exhaust emissions, and fuel efficiency 

Figure 7.5 shows the engine performance parameters and net indicated specific 

emissions for the baseline and Miller cycle cases with and without EGR. Miller cycle with 

a constant Pint decreased the lambda due to a reduction in the in-cylinder mass trapped, 

particularly with EGR. This was the primary reason for an increase in EGT. However, the 

“EGR-only” strategy showed little impact on the EGT due to the replacement of air with 

the recirculated exhaust gas and lower combustion temperatures.  

 

Compared to the baseline engine operations, Miller cycle with and without EGR 

decreased the NIE at a constant Pint. This was a result of the later combustion process 

and longer combustion duration, as well as the higher average in-cylinder gas 

temperatures, as presented in our previous work [209]. The reduction in NIE is associated 

with an increase in heat losses. By using a higher Pint to improve the in-cylinder oxygen 
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availability, however, the NIE of Miller cycle was improved and was slightly higher than 

that of the baseline operation when operating with a constant lambda.  

 

When considering the urea consumption in the SCR system, the total EOC is related to 

the NIEcorr., which will be determined by the engine-out NOx emissions and the fuel 

conversion efficiency. As shown in the bottom left of Figure 7.5, the engine operations 

with EGR achieved higher maximum NIEcorr. than those cases without EGR over the 

sweep of engine loads as a result of the lower NOx emissions. When operating without 

EGR, the maximum NIEcorr. of Miller cycle with constant Pint was comparable to that of the 

baseline. When operating with EGR, Miller cycle strategy significantly reduced the 

maximum NIEcorr.. However, by increasing Pint and keeping the lambda constant helped to 

improve the trade-off between NOx emissions and NIE, increasing the NIEcorr. of the Miller 

cycle strategy. 
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Figure 7.5: Engine performance, emissions, and fuel efficiency of the baseline and Miller 

cycle cases with maximum NIEcorr.. 
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It can be also seen from Figure 7.5 the engine-out emissions of NOx, soot, unburned HC, 

and CO. The NOx emissions were increased between 25% and 70% of full engine load 

but then decreased at 100% of full engine load. This was likely due to the increased 

combustion temperature from 25% to 70% of full engine load. The NOx reduction at full 

engine load was associated with the significantly lower lambda value. The use of EGR 

was more effective in minimizing engine-out NOx emissions than Miller cycle in all cases. 

The “Miller cycle + EGR” strategy with constant Pint achieved low NOx levels but yielded 

excessive smoke, particularly at high engine loads. Soot emissions were reduced when 

operating with the same lambda of the baseline cases and were maintained below the 

Euro VI limit of 0.01 g/kWh at 50% and 70% of full engine load. Therefore, the use of high 

boost pressures is a key enabler for achieving simultaneous low NOx and soot emissions 

when operating Miller cycle and EGR, especially at high engine loads. 

 

The observed trend of CO emissions was similar to that of soot emissions. This was 

mainly because the in-cylinder oxygen concentration played an important role on the CO 

and soot formations. Miller cycle and EGR strategies showed little impact on CO 

emissions except when they were combined. The use of a higher Pint between medium 

and full engine loads helped to curb CO emissions from the Miller cycle operating with 

EGR. Finally, Figure 7.5 revealed that all advanced combustion control strategies 

decreased HC emissions compared to the baseline cases. Overall, the lowest levels of 

HC emissions were achieved by the “Miller cycle + EGR” strategy with constant Pint. This 

could be linked to the use of more advanced diesel injections and higher average in-

cylinder gas temperature at lower lambda [215]. 

7.3.4 Analysis of the potential benefit of Miller cycle with and without EGR 

at the same engine-out NOx levels 

This subsection explores the potential of Miller cycle for emissions control and efficiency 

improvements at the same engine-out NOx levels for cases with and without EGR. Figure 

7.6 shows the engine-out emissions and fuel efficiency of the baseline and Miller cycle 

operations with and without EGR at the same engine-out NOx emissions.  

 

The cases with EGR achieved lower levels of NOx emissions and relatively higher NIE in 

comparison with those without EGR due to the higher NOx reduction capability and the 

earlier CA50 resulted from the use of EGR. These improvements were achieved at the 

expense of higher soot and CO emissions, especially for the “Miller cycle + EGR” strategy 

with constant Pint. When operating without EGR, the Miller cycle cases with constant Pint 

allowed for earlier CA50, which helped improve the fuel conversion efficiency and thus 
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the NIE. When operating with EGR, however, the Miller cycle strategy decreased the NIE 

compared to the baseline cases, despite an advanced CA50. This was attributed to the 

relatively lower in-cylinder oxygen availability when applying Miller cycle and EGR with 

constant Pint. The NIE was increased noticeably when Miller cycle operating with constant 

lambda, whether with or without EGR. It can be also seen that all advanced combustion 

control strategies achieved relatively lower levels of HC emissions than that of the 

baseline cases. 

 

IS
N

O
x
 [

g
/k

W
h

]

0

4

8

12

IS
o

o
t 

[g
/k

W
h

]

0.00

0.02

0.04

0.06

IS
H

C
 [

g
/k

W
h

]

0.02

0.08

0.14

0.20

25% 50% 75% 100%

 of full engine load

u
re

a
 c

o
n

s
u

m
p

ti
o

n
 

[k
g

/h
]

0.0

0.4

0.8

1.2

N
IE

 [
%

]

42

44

46

48

N
IE

c
o

rr
. 

[%
]

37

40

43

46

25% 50% 75% 100%

 of full engine load

IS
C

O
 [

g
/k

W
h

]

0

1

2

3

S
O

I[
C

A
D

 A
T

D
C

]

-20

-12

-4

4 Same engine-out NOx levels

Without EGR                                               With EGR 
 Baseline                                            Baseline              
 Miller cycle with constant Pint         Miller cycle with constant Pint 
 Miller cycle with constant lambda   Miller cycle with constant lambda

 
Figure 7.6: Comparison of the baseline and Miller cycle cases at the same engine-out 

NOx levels when operating the engine with and without EGR. 

 

Figure 7.6 also shows that the engine operations with EGR achieved higher NIEcorr. than 

those without EGR. This was due to the lower engine-out NOx levels and relatively higher 

NIE. Similar to the observed trend of NIE, the NIEcorr. was increased in the Miller cycle 

operations without EGR and was reduced when operating with EGR. A higher Pint helped 

improve the NIEcorr. of Miller cycle with and without EGR. Overall, the “Miller cycle + EGR” 

strategy with constant lambda achieved the highest NIE and NIEcorr. while achieving 

simultaneous low levels of soot and HC emissions at all engine loads. 
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7.4 Analysis of Miller cycle operation with and without 

EGR over the WHSC test cycle  

The purpose of this subsection is to analyse and compare the cycle-averaged 

performance, emissions, and total EOC of different combustion control strategies over the 

WHSC test cycle. The diesel SOI was varied at each combustion control strategy in order 

to obtain the different cycle-averaged NOx emissions. 

7.4.1 Cycle-averaged engine exhaust emissions at different engine-out NOx 

levels 

Figure 7.7 shows the exhaust emissions as a function of different cycle-averaged NOx 

emissions over the WHSC test cycle for the baseline and Miller cycle operations with and 

without EGR. The diesel SOI was varied in order to achieve different engine-out and thus 

cycle-average NOx emissions for all strategies investigated. 

 

The cycle-averaged soot emissions of all combustion control strategies increased with the 

reduction in cycle-averaged NOx emissions. The baseline operation without EGR showed 

little impact on soot emissions when the NOx emissions were controlled at approximately 

10 g/kWh or higher. Further reduction in the NOx emissions by delaying the SOI resulted 

in higher soot emissions. Miller cycle operation without EGR produced less soot emissions 

than the baseline cases at the NOx level of 8 g/kWh. This was a result of more advanced 

diesel injections, which helped improve the air/fuel mixing. However, the soot emissions 

increased linearly as the cycle-averaged NOx emissions decreased to below 6.5 g/kWh. 

 

EGR is required to achieve cycle-averaged NOx emissions lower than 6 g/kWh. The 

results indicated that the use of EGR was effective in reducing NOx emissions while 

producing slightly higher soot emissions. However, the combination of Miller cycle and 

EGR at a constant Pint produced excessive soot emissions due to the lower lambda at 

such conditions. This was overcome by increasing intake pressure and was maintained 

below Euro VI soot limits, as denoted with a red dash line in Figure 7.7. As a result, 

simultaneous low levels of soot and NOx emissions were obtained when the engine was 

operated with the same lambda as the baseline case with EGR. 

 

The data in Figure 7.7 also shows the cycle-averaged CO emissions, which increased 

with the reduction in cycle-averaged NOx emissions. Similar to the impact on soot 

emissions, the SOI in the baseline operations had little impact on the CO emissions. 
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However, the use of late SOI in the Miller cycle operation with a constant Pint increased 

the CO emissions, particularly when using EGR. This drawback was overcome when 

operating with a higher Pint. Different from the soot and CO emissions, HC emissions 

decreased with a reduction in NOx emissions for all advanced combustion control 

strategies. These improvements were relatively higher in the Miller cycle cases. Overall, 

the cycle-averaged CO and HC emissions of all cases were maintained within the Euro 

VI limits. It should be also noted that CO and HC emissions are not the primary issues in 

conventional diesel engines. This is due to the fact that HD diesel engines are equipped 

with a diesel oxidation catalyst (DOC) which can effectively reduce CO and unburnt HC 

emissions from the engine exhaust gases when the exhaust temperatures were held 

between 200 and 450℃ [216]. 
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Figure 7.7: Cycle-averaged exhaust emissions for baseline and Miller cycle cases over 

the WHSC test cycle. 
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7.4.2 Analysis of cycle-averaged performance and potential of different 

technical routes 

Figure 7.8 depicts the cycle-averaged performance as a function of various cycle-

averaged NOx emissions for all combustion control strategies. The EGT increased with 

the reduction in the cycle-averaged NOx emissions. This was due to the use of Miller cycle, 

EGR, and late SOI for NOx control, which decreased the in-cylinder air mass trapped 

and/or delayed the combustion process. The highest increase in EGT of approximately 

140℃ was achieved by the “Miller cycle-only” strategy. The addition of EGR in the 

Miller cycle operation had little impact on the EGT, despite the lower lambda. 
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Figure 7.8: Potential of the proposed “SCR-only” and “SCR + EGR” technical routes to 

meet the Euro VI NOx limit (0.4 g/kWh) over the WHSC test cycle. A) Optimum baseline 
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engine operation without EGR; B) Optimum “Miller cycle-only” strategy with constant 
lambda; C) Optimum “Miller cycle + EGR” strategy with constant lambda. 

 

In addition, all combustion control strategies yielded lower NIE when reducing the cycle-

averaged NOx emissions. The baseline operations achieved lower NOx emissions via a 

retarded SOI, reducing the NOx emissions by 39% with a penalty of 6% in NIE. Compared 

to the baseline without EGR, the “Miller cycle-only” strategy achieved a reduction in NOx 

emissions of 49% with the same NIE penalty of 6%. The NIE penalty could be reduced to 

3% while preserving the NOx reduction benefit by increasing the Pint and maintaining the 

same lambda of the baseline engine operation. The “EGR-only” strategy reduced the NOx 

emissions by 67% with a NIE penalty of 2.7%. Alternatively, the “Miller cycle + EGR” 

strategy with the same lambda as the baseline cases with EGR reduced NOx emissions 

by up to 71%. This was achieved with the same NIE penalty of 2.7% measured in the 

“EGR-only” strategy. 

 

Furthermore, the SCR conversion efficiency was used to calculate the urea consumption 

and the NIEcorr. of the engine operation, in order to fully evaluate the potential of these 

different combustion control strategies to meet different engine-out NOx levels over the 

WHSC test cycle. It can be seen from Figure 7.8 the cycle-averaged urea consumption in 

the SCR system as a function of cycle-averaged engine-out NOx emissions. The 

advanced combustion control strategies helped decrease the urea consumption via lower 

engine-out NOx emissions. This could minimise the cycle-averaged total fluid 

consumption and therefore increased the NIEcorr.. The “Miller cycle + EGR” strategy with 

a constant lambda attained the highest NIEcorr. over the WHSC, increasing the cycle-

averaged engine efficiency by up to 8% in comparison with the baseline without EGR. 

Finally, Figure 7.8 demonstrates the potential of different combustion control strategies to 

meet the Euro VI emission regulations. It should be noted that the proposed “SCR + EGR” 

and “SCR-only” technical routes represent the combustion control strategy with and 

without using EGR, respectively. The results demonstrated that the baseline case without 

EGR was adequate for the cycle-averaged engine-out NOx emissions of 10 g/kWh and 

would require an overall SCR conversion efficiency of 96% with a penalty on the NIE by 

1.5%. In addition, the optimum NIEcorr. of the baseline engine operation was achieved at 

this cycle-averaged engine-out NOx level of 10 g/kWh, as denoted by point “A” in the 

bottom of Figure 7.8. When the cycle-averaged engine-out NOx emissions was required 

to be lower than 10 g/kWh, the Miller cycle without EGR strategy was preferable when 

operating with a constant lambda of the baseline case without EGR. This strategy enabled 

a relatively lower penalty of 3.3% on the NIE and an increase of 2.6% in the NIEcorr. at the 

NOx level of 6.5 g/kWh. Besides, the EGT was increased by 68℃ and the minimum 
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required SCR conversion efficiency was reduced to 93.5%. It should be also noted that 

the optimum NIEcorr. of “Miller cycle-only” strategy was improved up to 3.5% when 

controlling the NOx level at 8 g/kWh, as denoted by point “B” in Figure 7.8. Therefore, the 

“Miller cycle-only” strategy with a constant lambda of the baseline case without EGR was 

determined as the most effective means for the “SCR-only” technical route, achieving 

lower EOC, higher EGT, and lower soot emissions when the engine-out NOx emissions 

were to be held between 6 and 10 g/kWh. 

When the cycle-averaged engine-out NOx emissions were required to be controlled below 

6 g/kWh, however, the “Miller cycle-only” strategy resulted in a penalty of 6.3% on NIE 

and adversely affected the NIEcorr.. Therefore, the introduction of EGR was necessary 

owing to its high NOx reduction capability and relatively lower penalty on the fuel 

conversion efficiency. Particularly, the “Miller cycle +EGR” strategy with constant Pint could 

decrease the cycle-averaged engine-out NOx emissions from 12.3 g/kWh in the baseline 

operation without EGR to 3.4 g/kWh while increasing upon the NIEcorr. of 4.9%, despite a 

reduction in NIE of approximately 4.6%. Meanwhile, this lower cycle-averaged engine-out 

NOx emissions allowed for a reduction in the minimum required SCR conversion 

efficiency down to 88%, which can significantly minimize the catalyst volumes and thus 

can simplify the SCR system [217]. However, this strategy increased cycle-averaged soot 

emissions to up to 0.06 g/kWh as a result of the lower lambda, which was significantly 

higher than the Euro VI limit of 0.01 g/kWh (seen in Figure 7.7). These results can limit 

the potential of the “Miller cycle + EGR” strategy for efficient and clean engine operation. 

Preferably, a more efficient Miller cycle operation with EGR was achieved by keeping the 

lambda the same as the baseline operation with EGR via a higher Pint. The cycle-averaged 

soot emissions were significant reduced and were controlled within the Euro VI limit at 

most cases, except for the cases with cycle-averaged engine-out NOx emissions below 4 

g/kWh, as shown in Figure 7.7. Meanwhile, the penalty on the NIE was notably minimized 

and the NIEcorr. was significantly increased while maintaining low levels of NOx emissions. 

Overall, the “Miller cycle + EGR” strategy with a constant lambda achieved the highest 

improvement in the NIEcorr. of 8% when controlling the cycle-averaged engine-out NOx 

emissions at 4 g/kWh, as denoted by point “C” in Figure 7.8. This was accompanied with 

an increase in EGT by 40℃ and a lower minimum required SCR conversion efficiency of 

90% when compared to the baseline engine operation without EGR. Therefore, the 

“Miller cycle + EGR” strategy with a higher Pint was identified as the most effective 
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means for the “SCR + EGR” technical route, achieving low EOC while simultaneously 

enabling low cycle-averaged exhaust emissions. 

7.5 Summary 

This chapter investigated the effect of Miller cycle with and without EGR on the 

combustion characteristics, exhaust emissions, and performance of a HD diesel engine 

over the WHSC tests cycle. Miller cycle, EGR, and multiple injections were achieved by 

means of a VVA system, a high-pressure loop cooled EGR, and a common rail fuel 

injection system, respectively. A comparison was performed between the baseline and 

Miller cycle operations with and without EGR attained the maximum NIEcorr. from low to 

full engine loads. Experimental analysis of cycle-averaged results of the different 

combustion control strategies were carried out in order to demonstrate their potential to 

meet the Euro VI NOx limit. The aim of the research was to explore a cost-effective 

emission control and fuel efficiency technology based on the “SCR-only” and “SCR + EGR” 

technical routes for the future HD diesel engines. The primary findings can be summarised 

as below. 

 

1. At the optimum efficiency and without taking into account the urea consumption in the 

SCR system, Miller cycle with and without EGR decreased the NIE at the same intake 

pressure as the baseline operation. By increasing the boost pressure to keep the 

lambda same as the baseline, the NIE of Miller cycle operation was improved and 

comparable to that of the baseline operation at all engine loads.  

2. At the same engine-out NOx emissions and without taking into account the urea 

consumption in the SCR system, the NIE was increased by the Miller cycle operation 

without EGR. When combining the use of the Miller cycle and EGR with a constant 

Pint as the baseline case with EGR, the NIE decreased. By increasing the boost 

pressure to keep the same lambda as the baseline case, the NIE of Miller cycle 

operation was improved and even slightly higher than that of the baseline operation at 

all engine loads. 

3. When considering the total fluid consumption (e.g. fuel and urea), the baseline engine 

operations with EGR achieved higher NIEcorr. and hence lower total fluid consumption 

than the baseline cases without EGR at the expense of higher soot and CO emissions. 

Particularly, the “Miller cycle + EGR” strategy with constant lambda achieved the 

highest NIE and NIEcorr. while achieving simultaneous low levels of exhaust emissions 

from low to full engine loads.  

4. The cycle-averaged results over the WHSC test cycle showed that all advanced 

combustion control strategies enabled a reduction in the cycle-averaged NOx 
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emissions and higher EGT. These improvements were attained at the expense of 

lower NIE and higher soot and CO emissions. However, higher NIEcorr. could be 

achieved via lower urea consumption in the SCR system, especially when operating 

with a higher intake pressure. 

5. The “Miller cycle-only” strategy with constant intake pressure achieved a reduction in 

the cycle-averaged engine-out NOx emissions of 49% at the expense of a penalty on 

NIE of 6%. When increasing the intake pressure to maintain the same lambda of the 

baseline operation without EGR, the “Miller cycle-only” strategy enabled a relatively 

lower penalty of 3.3% on the NIE and increased the NIEcorr. by 2.6% at the cycle-

averaged engine-out NOx level of 6.5 g/kWh. In the meantime, the cycle-averaged 

EGT was increased by 68℃.  

6. The “Miller cycle + EGR” strategy with constant intake pressure could decreased the 

cycled-average engine-out NOx emissions from 12.3 g/kWh in the baseline operation 

without EGR to 3.4 g/kWh, but adversely affected soot emissions and NIE. The use of 

a higher intake pressure to maintain the same lambda of the baseline operation with 

EGR enabled a “Miller cycle + EGR” strategy achieving the highest improvement 

of approximately 8% in the NIEcorr. while elevating the EGT by 40℃ and controlling the 

NOx levels at 4 g/kWh. Meanwhile, the highly boosted strategy helped increase the 

NIE and curb soot emissions. 

7. Overall, the “Miller cycle-only” and “Miller cycle+ EGR” strategies with the same 

lambda as the baseline operations were identified as the most effective emission 

control and fuel efficiency technologies for the “SCR-only” and “SCR + EGR” technical 

routes accordingly. Moreover, the minimum required SCR conversion efficiency was 

reduced from 96% in the baseline engine operation to 93.5% in the “Miller cycle-only” 

strategy and 90% in the “Miller cycle+ EGR” strategy when they were combined with 

a highly boosted strategy. 
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Chapter 8                                     

Conclusions and future work 

8.1 Conclusions  

This work was conducted with the primary aim of optimising fuel injection and exploring 

VVA-based advanced combustion control strategy to maximise engine efficiency and 

minimise engine-out emissions in a single cylinder heavy-duty diesel engine, in an attempt 

to explore a cost-effective emission control and fuel efficiency technology for the future 

HD diesel engines. 

 

Following the review of the overall research background related to this work and a detail 

description of the experimental setup and test methodology that were taken for data 

analysis, different injector geometry parameters and engine combustion control strategies 

were investigated. Alternative control strategies were explored to address the major 

issues of low EGT at low engine loads and high mechanical and thermal loads at high 

engine loads, as well as the problematic soot and NOx emissions over the HD diesel 

engine speed-load map. Moreover, a cost-efficient analysis exhibited significant potential 

to increase the total engine efficiency between 6 and 24 bar IMEP by means of Miller 

cycle, especially with EGR and higher boost pressure. Ultimately, analysis of cycle-

averaged results of the different combustion control strategies over the WHSC test cycle 

were carried out as well as their potential to meet Euro VI NOx limit. The “SCR-only” and 

“SCR + EGR” technical routes based on Miller cycle for the future HD diesel engines were 

evaluated along with the required SCR conversion efficiencies. The investigation of the 

influence of injector nozzle design on engine performance and emissions has led to the 

following main findings.  

 

 The injectors with Ks-hole shape nozzles helped to reduce soot emissions and 

fuel consumption compared to the cyl-hole shape injector due to better fuel 

atomization quality and longer spray tip penetration resulted from higher discharge 

coefficient. The lower fuel mass flow rate injector reduced the NOx and soot 

emissions at most test points due to improved fuel atomization quality and a 

shorter spray tip penetration, which reduced the possibility of the liquid spray 

impinging on the walls. However, soot emissions and fuel consumption were 

increased at higher engine load due to longer period of fuel injection and therefore 

allowed less time for mixing. 

 The injector tip protrusion exhibited a strong effect on the interaction between the 
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fuel spray and combustion bowl. The bigger spray angle with a deeper tip 

protrusion presented better trade-off relationships of NOx-soot and NOx-ISFC. In 

addition, the injection pressure and injection timing also showed important impact 

on the injector geometry optimization as the injection timing could change the 

spray targeting position in the piston bowl and the injection pressure exhibited 

important impact on the spray penetration. 

 Injector with the biggest spray cone angle obtained the highest fuel efficiency while 

the injector with the smallest spray cone angle produced the lowest level of NOx. 

Ultimately, a cost-benefit analysis showed that injector with the smallest spray 

angle of 146º coupled with a washer thickness of 2 mm attained the highest total 

engine efficiency. Overall, the investigation of injector geometry structure 

demonstrated that injector parameters including nozzle hole shape, fuel flow rate 

and spray cone angle had great potential to improve the trade-off between engine 

efficiency and exhaust emissions.  

 

Investigations of advanced combustion control strategies, such as Miller cycle, internal 

and external EGR, and higher boost pressure were explored over the WHSC test cycle 

and the relevant conclusions can be summarised as follows.   

 

 At the light load of 2.2 bar IMEP, the application of Miller cycle enabled an increase 

in EGT by 52°C and lower NOx and soot emissions with a fuel consumption 

penalty of 5.3%. However, the resulting lower combustion temperature and later 

combustion process led to a significant increase in HC and CO emissions. This 

can be overcome by the combined use of LIVC and iEGR, which was identified as 

the most effective means amongst the various technologies examined in this study, 

increasing the EGT by 62°C and reducing soot emissions by 87% at the expense 

of fuel consumption penalty by 4.6%. The higher EGT attained with the combined 

strategy would be preferred for a superior aftertreatment performance and lower 

vehicle’s tailpipe NOx levels. 

 At 6 bar IMEP, Miller cycle was more effective in increasing EGT and reducing 

NOx emissions than a late CA50 strategy. The “EGR + Miller cycle” strategy 

resulted in a longer ignition delay and reduced the peak in-cylinder gas 

temperatures, achieving up to 70% lower NOx emissions with a low fuel efficiency 

penalty and reasonable levels of smoke. Furthermore, the addition of a post 

injection was effective in minimizing soot and CO emissions of the “Miller cycle + 

EGR” strategy while achieving lower NOx emissions and higher EGT. 

 As the engine load increased to 12 bar IMEP, however, Miller cycle with constant 

intake pressure led to lower in-cylinder mass, incurring an adversely impact on 
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smoke number and engine efficiency. Particularly, the introduction of EGR with 

Miller cycle was capable of attaining more than 70% NOx reduction at the expense 

of higher ISFC penalty and increased emissions of soot and CO. This required 

higher intake pressure to maintain the in-cylinder air/fuel ratio. In addition, the 

unburn HC emissions were always lower in the Miller cycle operation. This was 

probably due to the lower lambda value and higher average in-cylinder gas 

temperature. 

 The engine efficiency was restricted by the in-cylinder pressure when the engine 

load reached 17 bar IMEP. The application of Miller cycle was able to 

simultaneously reduce the peak in-cylinder pressure and NOx emissions at the 

expense of higher smoke number and lower engine efficiency. An increased intake 

pressure showed higher impact on the Miller cycle operation than a higher injection 

pressure and advanced SOI owing to the significantly lower in-cylinder air mass. 

The introduction of EGR presented huge sensitivity for the NOx emissions, 

decreasing the NOx level by 65% at an EGR rate of 15% with optimized injection 

timing while introducing little impact on the NIE and soot emissions. However, the 

efficiency apparently decreased as the EGR rate was increased to 20% attributed 

to the significantly lower in-cylinder oxygen availability.  

 The result of the Miller cycle operation with EGR at full load revealed that earlier 

combustion phasing and higher injection pressure were beneficial to the 

improvement of engine efficiency and soot emissions for the Miller cycle operation. 

For a given intake pressure, the greater effect on reducing peak in-cylinder 

pressure by means of Miller cycle combined with the higher NOx reduction 

potential of EGR produced the best NOx-ISFC and NOx-soot trade-offs. 

Consequently, this improvement notably minimized the required urea consumption 

in the SCR system and thus achieved a higher total engine efficiency.    

 According to the cycle-averaged results calculated over the WHSC test cycle, 

different combustion and engine control technologies could be adopted with and 

without EGR to meet Euro VI NOx limit were explored. A conventional baseline 

engine operation with a high SCR efficiency of 96% was adequate to meet the 

NOx emissions limit of 10 g/kWh. Miller cycle operation without EGR (Miller cycle-

only) can decrease the NOx levels further to 6.5 g/kWh with less total fluid 

consumption of fuel and urea and reduced SCR efficiency to 93.5%. The Miller 

cycle operation with EGR and highly boosted strategy could lower the WHSC 

cycle-averaged engine-out NOx levels to 4.0 g/kWh, decrease the total fluid 

consumption by 8% and reduce the required SCR conversion efficiency down to 

90%.  
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Therefore, this study has presented a promising cost-effective emission control and fuel 

efficiency technology based on the “SCR-only” and “SCR + EGR” technical routes for the 

future HD diesel engines. Figure 8.1 shows the overview of the optimum combustion 

control strategies with the application of Miller cycle over the whole engine operation map. 
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Figure 8.1: Optimum combustion strategies with the application of Miller cycle over the 

HD diesel engine operation map.  

 

8.2 Recommendations for future work 

From the results presented in this study, it can be seen the engine combustion system 

used in this work could be further optimised. Moreover, the impact of applying Miller cycle 

on the turbocharger and aftertreatment systems is not clear as this investigation is carried 

out on a single cylinder external supercharged engine instead of a multi-cylinder 

turbocharged engine. Therefore, there is scope for further improvement and 

understanding of the Miller cycle operation. The following are some relevant 

recommendations to be considered:  

 

 Potential improvements to engine performance and exhaust emissions can be 

obtained if the piston bowl can be further optimised. 

 A three-dimensional computational fluid dynamics modelling for fuel spray analysis 

in the injector geometry optimization investigation can help the understanding of 

the spray-bowl and spray-wall interaction. 

 To explore the potential of Miller cycle in practical application in terms of the actual 

engine efficiency and emissions benefit, experimental investigation on a multi-

cylinder turbocharged diesel engine is essential.  
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 A variable valve actuation system is required for the introduction of late intake 

valve closing and intake valve re-opening strategies, as the preferred Miller cycle 

degree for different engine operating conditions is different and also a fixed intake 

camshaft profile would likely balance engine performance at high speed and fuel 

economy at low speed [174]. 

 The application of Miller cycle technology to the HD diesel engines facing 

challenges such as the resulting hugely different thermodynamics and the 

durability required. Thus, more research on transient speed and load conditions is 

required to ensure the transient respond ability and the reliability of the constant 

switching variable valve actuation device. 

 The resulting higher exhaust gas temperature but lower exhaust gas mass flow 

rates from the utilization of Miller cycle strategy could affect the operation 

performance of turbocharger and aftertreatment systems, which need to be 

studied. 

 Finally, one-dimensional thermodynamic simulation for single-cylinder and multi-

cylinder models will be required in order to better understand the effect and 

demand on air handling system when using Miller cycle and EGR over the WHSC 

test cycle, as the boosting system has been demonstrated as a key enabler for 

introducing the Miller cycle strategy and EGR on a HD diesel engine and it 

exhibited notable impact on the NIE as well as the total engine operational cost. 
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Appendix A – Test cell measurement 

devices 

Variable Device Manufacturer 
Measurement 

range 
Linearity/Accuracy 

Speed 
AG 150 

Dynamometer 
Froude Hofmann 0-8000 rpm ± 1 rpm 

Torque 
AG 150 

Dynamometer 
Froude Hofmann 0-500 Nm ± 0.25% of FS 

Diesel flow rate 

(supply) 

Proline promass 

83A DN01 
Endress+Hauser 0-20 kg/h ± 0.10% of reading 

Diesel flow rate 

(return) 

Proline promass 

83A DN02 
Endress+Hauser 0-100 kg/h ± 0.10% of reading 

Intake air mass 

flow rate 

Proline t-mass 

65F 
Endress+Hauser 0-910 kg/h ± 1.5% of reading 

In-cylinder 

pressure 

Piezoelectric 

pressure sensor 

Type 6125C 

Kistler 0-300 bar ≤ ± 0.4% of FS 

Intake and 

exhaust 

pressures 

Piezoresistive 

pressure sensor 

Type 4049A 

Kistler 0-10 bar ≤ ± 0.5% of FS 

Oil pressure 

Pressure 

transducer UNIK 

5000 

GE 0-10 bar < ± 0.2% FS 

Temperature 
Thermocouple K 

Type  
RS 233-1473K ≤ ± 2.5 K 

Intake valve lift 

S-DVRT-24 

Displacement 

Sensor 

LORD 

MicroStrain 
0-24 mm 

± 1.0% of reading 

using straight line 

Smoke number 415SE AVL 0-10 FSN - 

Fuel injector 

current signal 

Current Probe 

PR30 
LEM 0-20A ± 2 mA 
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Appendix B – Camshaft design 
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Appendix C – Fuel mass flow meter 

calibration 
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Appendix D – Diesel fuel specification 

 


