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Abstract: This paper investigates the thermohydraulic performance of finned-tube supercritical
carbon dioxide (sCO,) gas coolers operating with refrigerant pressures near the critical point. A
distributed modelling approach combined with the e-NTU method has been developed for the
simulation of the gas cooler. The heat transfer and pressure drop for each evenly divided segment
are calculated using empirical correlations for Nusselt number and friction factor. The model was
validated against test results and then used to investigate the influence of design and operating
parameters on local and overall gas cooler performance. The results show that the refrigerant
heat-transfer coefficient increases with decreasing temperature and reaches its maximum close to the
pseudocritical temperature before beginning to decrease. The pressure drop increases along the flow
direction with decreasing temperature. Overall performance results illustrate that higher refrigerant
mass flow rate and decreasing finned-tube diameter lead to improved heat-transfer rates but also
increased pressure drops. Design optimization of gas coolers should take into consideration their
impact on overall refrigeration performance and life cycle cost. This is important in the drive to
reduce the footprint of components, energy consumption, and environmental impacts of refrigeration
and heat-pump systems. The present work provides practical guidance to the design of finned-tube
gas coolers and can be used as the basis for the modelling of integrated sCO, refrigeration and
heat-pump systems.

Keywords: modelling; thermohydraulic performance; finned-tube gas cooler; supercritical
carbon dioxide

1. Introduction

Due to growing environmental awareness and concerns, carbon dioxide (CO,) is becoming
an important commercial and industrial fluid, profiting from its environmental credentials and its
advantageous characteristics, such as being nontoxic and nonflammable and having low viscosity and
a large refrigeration capacity. Since the early 1990s, when Lorentzen published a patent application
for a transcritical CO, automotive air conditioning system [1], researchers have paid much attention
to the use of CO,, a potential replacement of the nonenvironmentally friendly refrigerants such as
chlorofluorocarbon and hydrochlorofluorocarbons, in refrigeration, air conditioning, and heat-pump
systems [2-5]. For these applications, the thermophysical properties of CO, (critical point 31.1 °C and
73.7 bar) and its thermohydraulic performance in gas coolers (operating pressure up to 140 bar) require
special attentions. A gas cooler with improved performance can reduce both the power consumption to
operate the compressor and the difficulty in manufacturing the compressor, leading to a considerable
reduction in manufacturing and operation capital costs.
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Among the air-coupled CO; gas coolers, the finned-tube heat exchanger is generally considered to
be potentially applicable to gas-cooling devices [6]. Hwang et al. [7], Zilio et al. [8], Ge et al. [9], Tsamos
etal. [10], and Santosa et al. [11] experimentally tested the thermohydraulic performance of finned-tube
supercritical carbon dioxide (sCO,) gas coolers. The test parameters included air inlet temperature,
air velocity, refrigerant mass flow rate, and operating pressure in gas coolers. In general, the heat
transfer of a gas cooler increases with the increase of sCO, inlet pressure, mass flow rate, and air frontal
velocity, and decreases with an increase of air inlet temperature. The sCO, pressure drop increases
with an increase of its inlet pressure, mass flow rate, and air inlet temperature, and decreases with an
increase of frontal air velocity. These experimental data usually provide a better understanding of the
performance of sCO; gas coolers, but do not provide sufficient information on local thermohydraulic
performance from measurements on full-scale gas coolers [11]. Nevertheless, the test results are useful
to validate the proposed models as well as to develop new models and methods for optimization of
sCO, gas cooler design and refrigeration and heat pump cycle operation. For the modelling work,
the detailed model for thermohydraulic performance of sCO, has been developed in recent year,
which can accurately predict the local parameter distribution profiles such as temperature, pressure,
and heat-transfer rate. Ge et al. [9,12], Singh et al. [13], Gupta et al. [14], and Marcinichen et al. [15]
proposed detailed mathematical models for finned-tube gas coolers. The distributed approach and the
&-NTU method were employed for detailed model development, but different empirical correlations
of Nusselt number and friction factor were adopted for heat transfer and pressure drop predictions
according to variable applications. During their investigation, Ge et al. [12] and Singh et al. [13]
mainly focus on the refrigerant temperature profile. Gupta et al. [14] concentrated on the influence
of various combinations of operating conditions on the performance of the overall system based on
local environmental conditions in India. Marcinichen et al. [15] investigated the effects of internal tube
diameter and plain fin or wavy fin on the local heat transfer and pressure drop properties. It should be
pointed out that these modelling studies primarily investigated the performance of finned-tube gas
coolers for the refrigerant pressure above the critical point (>90 bar). Recently, Ge et al. [9] extended
their detailed model to the operating pressure region near the refrigerant critical point (75-90 bar) and
compared it with four specific test conditions of two gas coolers and showed good agreement.

From the previous studies, it can also be identified that the local thermohydraulic performance
studies usually focus on the refrigerant temperature profile. However, for the finned-tube sCO, gas
cooler, the air side thermal resistance is much greater than the CO, side, therefore the temperature
distribution can exert significant influence on the local heat-transfer process. For the overall
thermohydraulic performance, the researchers mainly emphasize the heat rejection and comparatively
few of them investigate the refrigerant outlet temperature and pressure and the pressure drop of the
air. However, the refrigerant outlet temperature and pressure influence the compressor performance,
and the air-pressure drop influences the power consumption of the upstream fan or blower and thus
its selection and capital cost. To fill some of these knowledge gaps, a distributed modelling method
combined with the e-NTU approach has been developed in the present study based on the modelling
work of Ge et al. [9,12]. After validation against test results, the modelling is employed to extensively
investigate the thermohydraulic performance of two finned-tube sCO, gas coolers and demonstrate
the local interactions between the refrigerant and air-side heat transfer and the influence of design
and operating parameters on the local and overall performance. The outputs of the present work can
provide practical guidance for the design of finned-tube gas coolers. The present modelling approach
can also be used as the basis for the modelling of integrated sCO; refrigeration and heat-pump systems.

2. Methodology

The two typical finned-tube gas coolers investigated in this study are shown in Figure 1: Gas
cooler A has 3 tube rows with 8 tubes per row, and gas cooler B has 2 tube rows and 16 tubes per
row. The high-pressure sCO; flows inside the copper coils, and the lower-temperature low-pressure
cooling air crosses the finned tubes. The thickness of the wavy aluminum fins is 0.16 mm and the
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fin spacing is 2.12 mm. In this figure, , j, and k represent the longitudinal, transverse, and vertical
directions, respectively.
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Figure 1. Models of finned-tube sCO, gas coolers: (a) gas cooler A and (b) gas cooler B.

To accurately predict the thermohydraulic performance, a distributed approach was used to
model the gas coolers. As shown in Figure 2, each tube of the gas cooler is evenly separated into
N = 20 segments along the refrigerant flow direction. Each segment is assumed to be a crossflow
heat exchanger: The temperature and pressure of sCO, and cooling air are determined by the energy
balance and fluid-friction characteristics; and the heat transfer and fluid flow process is controlled
by the e-NTU method [16]. Due to the rapidly varying thermophysical properties of sCO; in the
near-critical region, the temperature- and pressure-dependent properties were obtained from the NIST
REFPROP v9.1 database (National Institute of Standards and Technology, Gaithersburg, Maryland,
United States). During the modelling, the gas cooler operated under the steady state condition, heat
losses to or from the surroundings were neglected, heat conduction along the coil axis and within the
fins were negligible.
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Figure 2. Segment by segment design for single tube with cross flow.

For a given segment i, the heat-transfer rate from the refrigerant to the cooling air is expressed as,

Qi = gicmin,i(Tref,i - Tair,i ) (1)
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where Q is the heat-transfer rate, ¢ is the heat-exchanger effectiveness, C is the capacity rate, Tyt and
Tair are the temperatures of refrigerant and cooling air, respectively.

1-exp[-NTU;(1-C;)]

o — 2
' 1-C exp[-NTU;(1-C;)] @)
where NTU is the number of transfer units,
NTU; = C b 3)
min,i
Cmin i
Cr = it 4)
! Cmax,i
Cmin,i = min<mair,icp,air,i/ Thref,icp,ref,i ) (5)
Cmax,i = max(mair,icp,air,i/ Thref,icp,ref,i ) (6)
where U is the overall heat-transfer coefficient,
1
UiAj = — 1 @)
href,iAref,i + Rt’i + hair,iAair,iT]air,i

where ¢ and 5,5 denote the heat-transfer coefficients and A,ef and A,j, represent the heat-transfer
areas, respectively, in the refrigerant and cooling air sides. Ry is the thermal resistance through the
copper coils.

The heat transfer and pressure drop of the refrigerant are calculated using the empirical correlations
for Nusselt number and friction factor. Considering the sCO; properties near the critical region, the
refrigerant-side heat transfer and friction factor correlations selected for the modelling was proposed
by Krasnoshchekov et al. [17],

n,———\m

Pw,i Cp, ref,i

Nutret, = Ny, i( 8
Pref,i Cp, w,i

Ny - — Jret, i/8) (Reref, i ~ 1000) Preey, 9
o, i = e 1/2,p.2/3 ©
14 12.7(fror 1/8) 2 (P23 - 1)

ref, i

fret, i = (0.790In Reyes ; — 1.64) (10)
hrefi - hwi
C s = A ].1
p, ref,i Tref,i — Tw,i ( )
c '\’
m — Bl Pt (12)
Cp, w,i
GetD
Rerer; = —2=2 (13)
Href,i

where n = 0.38, B = 0.75, and s = 0.18 for sCO, pressure near 80 bar, and n = 0.54, B = 0.85, and
s = 0.104 for sCO, pressure near 85 bars. Fang and Xu [18] compared data from 297 heat-transfer
experiments of sCO, cooling in horizontal circular tubes and covering tube diameters ranging from 1.1
to 7.75 mm from six papers with the existing heat-transfer correlations and found that the correlation
of Krasnoshchekov et al. [17] showed the best agreement. It should be noted that in vertical tubes,
the effects of buoyancy on heat transfer is much more significant for sCO, than for horizontal tubes
due to axial density gradients, radial differences in viscosity, and rapid changes in density in the flow.
Jackson et al. [19], Bourke et al. [20], Liao and Zhao [21], Pidaparti et al. [22], and Jiang et al. [23-25]
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have pointed out that the buoyancy effects were significant for both upward and downward flow of

sCO, at Reynolds numbers up to 10°, and the heat-transfer coefficient should include these important

effects. For the vertical tubes, the correlation of Krasnoshchekov et al. [17] may not be applicable.
The thermal resistance associated with the conduction of heat through the copper coil is

calculated from,
1 D,

Rei = @/ In(50)

where L is the length of a single tube, D, and D; denote the outside and inside coil diameter, respectively.

The air-side heat-transfer coefficient and pressure drop are described by the Colburn j factor
and Darcy f factor, respectively. Wang's correlations [26] have been widely adopted for prediction of
air-side performance of slit finned-tube heat exchangers and are also used in this study,

(14)

) 2 ( P ) 3 ( Se )—0.0305 Nr0,0782 for N, > 2 and Rep, air, i <700

0.9047Re/* E
(113: 5 p/ \Sn (15)
D
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Jairi = i 6 .
] 10691Re o (B)(2) N7 for Ne = 1, 20r Ny > 2and Repe, air, i > 700
3,0 \f4
v (ENVYPNP SV e g6
fair,i - 1201R81gc, air, 1(D_C) (E) g Nrf Snf (16)

where j1-j7, f1-f7 are correlation parameters related to the slit fin geometry, D, Fs, P, Py, S, Sh, Ny, Sn
are the fin collar outside diameter, fin spacing, transverse tube pitch, longitudinal tube pitch, breadth of
a slit in the direction of airflow, height of slit, number of tube rows, and number of slits in an enhanced
zone, respectively.

The fin efficiency is calculated by the approximation method described by Schmidt [27],

Ag i
Mair, i = 1= ———(1 =g, 1) (17)
air, 1
tanh(mr¢)
nf,i = mrqi)_ (18)
2hair, i
m= keds (19)
R R
¢ =( :q - 1)[1 +0.35In( :q)] (20)
Req Xm , XL 1/2
— = 1.277(m -0.3) (1)

where A¢ and A, represent, respectively, the fin surface area and total surface area in the air side, 65 is
the fin thickness, Req and r are, respectively, the equivalent radius for fin and tube inside radius, Xt
and X) are geometric parameters related to Py and P;.

Due to the dependence of the refrigerant-side heat-transfer correlation on the inside tube wall
temperature, a solving routine for each segment starts from a wall temperature just a little lower than
the refrigerant (Tyyi i = Tref, i — 0.002 (T, i — Tair, i)) and then computes with a step-by-step decreased
wall temperature (Ty, ; = Twi, i —0.002 (Tref, i — Tair, i) to obtain the heat transfer of sCO, to the cooling
air. This solving routine stops when the difference between the heat-transfer rates calculated on the
sCO; and cooling air sides become lower than 2%.

In the modelling, only the inlet properties of refrigerant and cooling air in the gas cooler are
known, and all the outlet properties must be calculated. To obtain these outlet properties for the cross
flows, two other solving routines are employed: the inside iteration for the refrigerant temperature
and the outside one for the refrigerant pressure. For the temperature iteration, the solving routine
starts from an assumed refrigerant outlet temperature close to the cooling air inlet temperature and
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then iterates with the gradually increased outlet temperature until the calculated refrigerant inlet
temperature matches the designated value. For the pressure iteration, an assumed refrigerant outlet
pressure just a little lower than the inlet launches the solving routine and then little-by-litter the
decreased outlet pressure iterates to make the calculated inlet pressure approach the given value.
Keep in mind that each assumption of refrigerant outlet pressure contains one iteration routine of
temperature calculation.

The obtained parameters at the inlet of each segment for the refrigerant are used as the outlet
parameters for the next segment. For the next segment i + 1, the outlet temperature and pressure of the
refrigerant are calculated as,

Tref,i+1 = Tref,i + L (22)
mref,icp,ref,i
Pref, i+1= pref,i + Apref, i (23)

The obtained parameters at the outlet of each segment for the cooling air are used as the inlet
parameters for the next tube row. For the next tube row k-1, the inlet temperature and pressure of the
cooling air are calculated as,

Qik
Tairin,ik-1 = Tairinik + = (24)
mair,i,kcp,air,i,k
Pair, in i, k=1= Pair, in, i, k ~ DPair, i, k (25)

Since the density of sCO, undergoes a dramatic change with temperature decrease in the
near-critical region, the pressure drop Apy.t 1, considering the deceleration along the flow direction,
can be determined from:

fref, Z‘GfefL Gfef G%ef
2joref, iDN 2Pref, i 2pref, i+1

Apref, i = (26)
For the accurate calculation of air-side pressure drop, the pressure drop Ap,;, ; also contains the
influence of flow acceleration due to density change with temperature,

(32 2 2
f air, lGairL Gair _ Gair (27)
2Pair, in, iDN 2Pair, in, 7 2pair, out, i

Apair, i—

Based on the above equations and assumptions, the modelling code was written in the MATLAB
programming language (The MathWorks Inc, Natick, Massachusetts, United States). A flow chart of
the modelling procedure is shown in Figure 3.
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Figure 3. Flowchart for the modelling of the gas coolers.
3. Model Validation

To examine the thermohydraulic performance of sCO, gas coolers of different sizes and operating
conditions, a test facility was developed in the RCUK (Research Councils UK) Centre for Sustainable
Energy Use in Food Chains, Brunel University London. As shown in Figure 4, the test rig allows
uniformly distributed air velocity and controlled air inlet temperature and flow rate. It is also
comprehensively instrumented with two thermocouple meshes with 24 measurement points each for
the air-in and air-out temperatures, pressure differences of air flow through the gas cooler to ascertain
the air-side pressure drop, and average air-flow velocity to obtain the air-flow rate. The detailed test
facility description can be found in [9,11].
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Figure 4. Gas cooler test rig and thermocouple positions.

To prove the validity of the proposed modelling methodology, a comparison between the modelling
predictions and the experimental results from Santosa et al. [11] is illustrated in Table 1. Considering
the uncertainty of the K-type thermocouples and pressure transducers used in the test facility, the
present modelling can predict the thermohydraulic performance of the gas coolers with a good
accuracy, although the relative uncertainty between the calculated and experimental value of air-side
pressure drop is a little high in some cases. Taking into account the uncertainty of the air-side pressure
drop sensor (differential pressure transducer KIMO CP 200 (Sauermann group, Montpon-Ménestérol,
France), measuring range 0-80 Pa with accuracy +1%) and the not perfectly uniform distribution of
cooling-air velocity, the calculated results can be considered acceptable. To verify the local performance,
comparison of the refrigerant temperature profile along the refrigerant flow direction (x) between the
modelling predictions and test results is shown in Figure 5 for the six tests listed in Table 1. Similar
results again demonstrate the accuracy of the proposed modelling.

Table 1. Comparison of modelling results with experimental data [11].

Operating Conditions
Dair, in Tair, in Pref, in Tref, in mref . .
Test (m/s) (0 Q) (bar) (0 [e) (g/s) ReDC, air, in Reref, in
Gas Cooler A
No. 1 1.7 32.8 85.1 105.5 10.5 1373 96,764
No. 2 2.0 32.8 84.2 99.2 10 1615 92,595
No. 3 24 34.3 86.6 116.8 10.3 1921 93,345
Gas Cooler B
No. 4 1.7 35.1 86.3 100.8 19 1355 17,468
No. 5 2.0 35.2 86.5 104.6 21.5 1593 19,678
No. 6 24 33.0 83.9 101.3 21 1936 19,375
Results
Test Apair, exp Apair, mod Trefé out, exp Trefo, out, mod Tair,oout, exp Tai1:; out, mod Qexp Qmod
(Pa) (Pa) (g Q) (O (O (kW) (kW)
Gas Cooler A
No. 1 26.6 26.9 33.2 32.83 36.9 36.8 24 2.46
No. 2 34.2 34.8 32.8 32.82 35.9 36.0 2.23 2.31
No. 3 414 46.6 349 34.31 37.2 37.1 24 2.43
Gas Cooler B
No. 4 13.9 17.6 35.3 35.38 38.7 38.5 4.1 412
No. 5 25.6 22.7 35.0 35.54 38.5 38.5 4.6 4.75

No. 6 27.6 30.4 33.0 33.15 359 35.9 4.65 494
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Figure 5. Comparison of the temperature profiles along the refrigerant flow direction between the
modelling predictions and test results: (a) for the 3-row gas cooler A and (b) for the 2-row gas cooler B.

4. Results

4.1. Local Thermohydraulic Performance

The local thermohydraulic performance of finned-tube gas coolers is influenced by the tube and
fin structures and arrangement and by the operating conditions of working fluids flowing through or
across the tubes. Due to the testing difficulty, the distributed approach was used to obtain local data in
the present study. The two gas coolers tested by Santosa et al. [11] were selected. The copper coils had
8 mm outer diameter, 0.68 mm wall thickness, and 1.6 m length, and the tube spacings in the j direction
Sj and in the k direction S were 25.4 mm and 22 mm, respectively. The operating conditions of No.
3 and No. 6 listed in Table 1 were chosen to demonstrate the local heat-transfer and pressure-drop
characteristics of both sCO, and cooling air along the x direction.

Figure 6 illustrates the local heat-transfer performance of the gas coolers. In Figure 6a it can be
seen that the heat-transfer coefficient of sCO, increases along the x direction until the maximum is
reached as the bulk fluid temperature decreases to just above the pseudocritical temperature (the
temperature corresponding to the specific heat peak at pressures above the critical point [28]) presented
in Figure 6b, and then decreases. Further, the larger mass flow rate of No. 6 results in a much larger
sCO, heat-transfer coefficient than No. 3. In addition, the heat-transfer coefficients of the vertically
upward flowing air are one or two orders of magnitude lower than those of sCO,, clearly indicating
the most thermal resistance lies on the air side. The finned tubes at the bottom of the gas cooler also
have higher heat-transfer coefficients than those at the top. As displayed in Figure 6b, about 90% of the
overall temperature drop of the sCO; takes place in the first 10 m, mainly due to the large temperature
difference between the refrigerant and air sides as illustrated in Figure 6¢, and the temperatures of
cooling air jumps from one tube row to another after absorbing the heat. As demonstrated in Figure 6c,
the local temperature difference and the local heat-transfer gradient have similar variation patterns,
demonstrating that the temperature difference has a significant impact on the heat-transfer process in
the gas cooler.

Figure 7 shows the local hydraulic performance. The friction factors of sCO, continuously climb
up along the flow direction and then remain stable, corresponding to the variation of fluid temperatures
shown in Figure 6b. These variations are determined by the change of Reynold number in accordance
with Equation (10), which is contingent on the temperature-dependent and pressure-dependent
thermophysical properties. In addition, the larger mass flow rate for No. 6 results in a lower friction
factor than that of No. 3. For the cooling air flow, the friction factors are mainly determined by the
tube row, where the first bottom row shows lower friction factors than the upper rows, and the friction
factors in the same tube row present almost similar values. Figure 7b reveals that larger mass flow rate
and longer flow length for No. 6 cause a dramatic increase in pressure drop of sCO, than that of No. 3,
which will require the compressor to consume more electricity power for operation. More tube rows
of No. 3 bring about more pressure drop of cooling air than that of No. 6, which will demand an air
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fan with higher discharge pressure. Figure 7c shows the corresponding variations of local Reynolds
number for both sCO, and cooling air.
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Figure 6. Local heat-transfer performance of sCO, and air: (a) heat-transfer coefficient; (b) temperature
and (c) temperature difference and heat-transfer gradient.
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4.2. Influence of Refrigerant Mass Flow Rate

Increasing in the refrigerant mass flow rate usually improves the refrigerant heat-transfer coefficient
and heat rejection and can reduce the size of the gas cooler for a given cooling capacity. However, as
shown in Figure 7, the larger mass flow rate also yields a much higher pressure drop. Furthermore,
the excess refrigerant mass can result in the inlet temperature of the compressor being larger than its
requirement, making the lubricating oils lose their effectiveness and be discharged by the compressor
along with the refrigerant, which can exert a very adverse effect on heat transfer and pressure
drops [29,30]. To investigate these influences, the operating conditions were selected as follows: all
parameters except the sCO, mass flow rate were kept the same as No. 3 for gas cooler A and No. 6 for
gas cooler B listed in Table 1 (0air, in = 2.4 m/S, Tair, in = 34.3 °C, Pref, in = 86.6 bar, Tret in = 116.8 °C for
gas cooler A, and viy, in = 2.4 m/s, Tair, in = 33 °C, Pret, in = 83.9 bar, Tyt in = 101.3 °C for gas cooler B).
The studied mass flow rates were up to three times those of No. 3 for gas cooler A and double those of
No. 6 for gas cooler B, with 20% intervals.

Figures 8-10 indicate the influence of refrigerant mass flow rate on the performance of gas cooler A.
As shown in Figure 8, the outlet temperature of sCO, continuously rises with increasing mass flow rate
and the same variation for outlet temperature of air due to the energy balance. The outlet temperature
of air is the mass-weighted-average value after the gas cooler. Tripling the refrigerant mass flow rate
increases the sCO, outlet temperature from 34.3 °C to 36.7 °C, and the air outlet temperature from 37.1
°Cto 42.2 °C. As shown in Figure 9, the increased refrigerant mass flow rate causes a tremendously
higher pressure drop in sCO, due to the increased mass flux, as Equation (26), and a very slight
increase in pressure drop of the air due to the variation of the thermophysical properties with larger
temperature. With the mass flow rate varying from 10.3 to 30.9 g/s, the pressure drop of sCO, goes up
by an order of magnitude from 11.8 to 119.2 kPa, while that of air rises from 46.6 to 46.9 Pa. Figure 10
presents the variation of heat-transfer rate and pumping power (volume flow rate by pressure drop) of
sCO; including the large increase in the heat-transfer rate from 2.43 to 6.51 kW and the rapid growth
of the pumping power from 0.85 to 25.82 W.
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Figure 8. Influence of refrigerant mass flow rate on outlet temperature of sCO; and air for gas cooler A.
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Figure 9. Influence of refrigerant mass flow rate on pressure drop of sCO; and air for gas cooler A.
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Figure 10. Influence of refrigerant mass flow rate on heat-transfer rate and sCO, pumping power for
gas cooler A.

Figures 11-13 demonstrate the performance variation of gas cooler B. Doubling the refrigerant
mass flow rate leads to an outlet temperature rise from 33.2 °C to 35.3 °C for the sCO; and from 35.9 °C
to 38.1 °C for the air. The associated pressure drop increases dramatically from 70.7 to 282.4 kPa for the
sCO; and slightly from 30.4 to 30.5 Pa for the air. The corresponding heat-transfer rate improves from
4.95 to 8.68 kW and the related pumping power of sCO, jumps from 9.97 to 79.66 W. It can be found
that the heat-transfer rate increases nearly but not exactly linearly with the mass flow rate. This is

caused mainly by the extraordinary increase of the pumping power of sCO; and partly by the increase
of outlet temperature.
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Figure 11. Influence of refrigerant mass flow rate on outlet temperature of sCO, and air for gas cooler B.



Energies 2020, 13, 1031

Gas cooler B (D, =8 mm)

=24m/s

== I-xe[ ou

—o0—T

= | =
3 [ 1306 &
S wf - g
Nl r =
%1502 \/~/‘74 {304 &
L L}
100 F _/
— 1302
s0F
0 : 1 1 1 1 1 1 "‘0 0
16 20 24 28 32 36 40 44

m

o (&%)

31.0

30.8

13 of 19

Figure 12. Influence of refrigerant mass flow rate on pressure drop of sCO, and air for gas cooler B.
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Figure 13. Influence of refrigerant mass flow rate on heat-transfer rate and sCO, pumping power for
gas cooler B.

4.3. Comparison between 8 mm and 5 mm Coils Finned-Tube Gas Coolers

The most common diameters of gas cooler tubes used in commercial air conditioning and
heat-pump systems are generally in the range of 3-8 mm. However, most investigations have focused
on coils of about 8 mm diameter and comparatively few on the smaller coils; more careful work is
needed for gas coolers with the smaller coils [31]. In this section, the performance of the gas cooler is
compared between the 8 mm and 5 mm coils. Two types of gas coolers with 5 mm coils—one with 5/8
shrinkage ratio of tube length and tube spacing in normal and parallel directions to the 8 mm coil gas
cooler, and the other with 5/8 shrinkage ratio only in tube spacing—were designed, respectively, for
the 3 tube rows with 8 tubes per row gas cooler A and 2 tube rows with 16 tubes per row gas cooler B.
The gas coolers with 5 mm coils have only 39.1% (for L = 1.6 m) and 24.4% (for L = 1.0 m) volume of
those with 8 mm coils (L = 1.6 m). Two types of operating condition for cooling air, one keeping the
same velocity, and the other keeping the same mass flow rate, were employed. Table 2 illustrates the
detailed geometry and operating conditions for comparison between 8 mm and 5 mm coils finned-tube
gas coolers. The other operating parameters except the sCO, mass flow rate were kept the same as No.
3 for gas cooler A and No. 6 for gas cooler B in Table 1 (T, in = 34.3 °C, prer = 86.6 bar, Tief in = 116.8
°C, Tref, out = 34.31 °C for gas cooler A, and Tajy, in = 33.0 °C, prer = 83.9 bar, Tyef in = 101.3 °C, Tref, out
= 33.15 °C for gas cooler B). It should be noted that in the above sections for the calculation of the 8
mm coil finned-tube gas coolers, the mass flow rate of the sCO; is fixed and the outlet temperature is
iterated. However, in this section when we compare the gas cooler performance between 8 mm and 5
mm coils, the outlet temperature of the sCO; is fixed and the mass flow rate should be iterated.
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Table 2. Geometry and operating conditions for comparison between 8 mm and 5 mm coils finned-tube
gas coolers.

Type No Dimension Operating Condition
1 Do = 8 mm, Dj, = 6.64 mm, Sj =254 mm, Vair, in = 2.4 M/s
Sk =22mm, L = 1.6 m, 12 fins per inch (Mair, in = 0.8794 kg/s)

Do =5 mm, Dj, = 4.5 mm, Sj =15.875 mm,

2 Sk =13.75 mm, L = 1.6 m, 12 fins per inch Vair, in = 2.4 Vs
Gas cooler A
3 Do =5mm, Dj, = 4.5 mm, S; = 15.875 mm, Vo 1o = 24 m/s
Sk =13.75 mm, L = 1.0 m, 12 fins per inch arIn
4 Same as gas cooler A 2 nﬁair’ in = 0.8794 kg/s
5 Same as gas cooler A 3 r'nair, in = 0.8794 kg/s
1 Do = 8 mm, Dy, = 6.64 mm, S; = 25.4 mm, Vair, in = 2.4 M/s
Sk =22 mm, L = 1.6 m, 12 fins per inch (Mair, in = 1.7662 kg/s)
Do =5 mm, Dj, =4.5 mm, S]- =15.875 mm, o
2 Sk =13.75 mm, L = 1.6 m, 12 fins per inch Oair, in = 2.4 m/s
Gas cooler B
Do =5mm, Dj, =4.5 mm, S; = 15.875 mm, Vo 10 = 24 m/s
Sk =13.75mm, L = 1.0 m, 12 fins per inch air, In. = =
4 Same as gas cooler B 2 nﬁair, in = 1.7662 kg/s
5 Same as gas cooler B 3 fnair’ in = 1.7662 kg/s

Figures 14 and 15 illustrate the differences in performance of gas cooler A between the 8 mm and
5 mm tube coils. The heat-transfer rate of gas cooler A with 5 mm tubes reduces to 57.1% (for L = 1.6 m)
and 31.9% (for L = 1.0 m) of those with 8 mm tubes for the same air velocity condition v,j; in = 2.4 m/s,
and to 71.4% and 50.2% for the same air mass flow rate condition rhair/ in = 0.8794 kg/s. Considering
the heat-transfer capacity per unit volume of the gas cooler, the 5 mm coil shows better heat-transfer
performance, particularly for the same air mass flow rate condition. However, employing smaller
tubes leads to higher pressure drop and pumping power per unit length. As shown in Figure 15, for
the same length L = 1.6 m, the gas cooler A with 5 mm tubes results in 3.48 times larger pressure drop
for sCO, for the same air velocity condition and is 5.26 times higher under the same air mass flow rate
condition. For the same air mass flow rate, the air velocity increases to 3.84 and 6.144 m/s in the 5 mm
tube gas cooler for the coil lengths of L= 1.6 m and L = 1.0 m, respectively. The increased air velocity
leads to much higher pressure drops, 93.5 and 217.2 Pa, respectively, on the air side, compared to 46.6
Pa for the 8 mm tube coil at 46.6 Pa.
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Figure 14. Comparison between 8 mm and 5 mm coils gas cooler A for mref, mair, V, and Q.
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Figure 15. Comparison between 8 mm and 5 mm coils gas cooler A for Apyef, Apair, PPreg, and PPy;;.

Figures 16 and 17 show the comparisons for gas cooler B. The heat-transfer rate of gas cooler B
with 5 mm tubes drops to 53.1% (for L = 1.6 m) and 35.7% (for L = 1.0 m) of those with 8 mm tubes for
the same air velocity condition v,j,, in = 2.4 m/s, and to 62.5% and 52.5% for the same air mass flow rate
condition nﬁair’ in = 1.7662 kg/s. The associated pressure drop of sCO; is, respectively, 2.93 times and
90.5% for Vg, in = 2.4 m/s and 3.95 and 1.84 times for my; in = 1.7662 kg/s. For may; in = 1.7662 kg/s,
the pressure drop of air increases to 78.6 (for L = 1.6 m) and 178.6 Pa (for L = 1.0 m), which are much
higher than the 31.4 Pa of the 8§ mm tubes, resulting in the associated pumping power of air up to 123.1
and 279.9 W. The higher pressure drop of sCO, and larger consumption of air pumping power in the
gas cooler with 5 mm coils will impact the overall efficiency of the CO, refrigeration system.
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Figure 16. Comparison between 8 mm and 5 mm coils gas cooler B for Myef, Mair, V, and Q.
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5. Conclusions

To investigate the thermohydraulic performance of finned-tube sCO; gas coolers, a detailed
mathematical model employing the distributed modelling approach and the e-NTU method was
developed and presented in this study. The model was validated against experimental data and then
employed to investigate the influence of design and operating parameters on the overall gas cooler
performance. The following conclusions can be drawn from the results:

The refrigerant heat-transfer coefficient increases with decreasing temperature and reaches its
maximum close to the pseudocritical temperature, before starting to decrease rapidly with further
reductions in temperature. The air-side heat-transfer coefficient is one or two orders of magnitude lower
than the refrigerant heat-transfer coefficient and reduces as the air flows through the heat exchanger in
a cross flow direction to that of the refrigerant flow. It can also be observed that approximately 90% of
the overall temperature drop of the sCO, takes place at the first few pipes of the heat exchanger due to
the large temperature difference between the sCO, and air.

Increasing the refrigerant mass flow rate and reducing the tube diameter of the gas cooler can
reduce significantly the footprint of the gas cooler but with a penalty of increased pressure drop.
Higher pressure drop will cause an increase in the compressor power consumption and so the design
optimization of gas coolers requires consideration not only of the effectiveness of the gas cooler itself
but also the impact on overall system efficiency.

Reduction of the gas cooler size by reducing tube diameter can be achieved through optimization
of the tube circuitry to reduce tube length. The modelling methodology presented in this paper can
enable such optimizations for the benefit of other researchers in the field and gas cooler manufacturers.
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Nomenclature

A area, m?

Cp specific heat, J/(kgK)

C heat capacity rate, W/K

D hydraulic diameter, m; diameter, m
f friction factor

Fs fin spacing, m

G mass flux, kg/(mzs)

heat-transfer coefficient, W/(m? K); specific enthalpy,
Jkg™!
segment number

~.

j tube number

k thermal conductivity, W/(mK); row number
L length, m

m exponent parameter

m mass flow rate, kg/s

N total segment number

NTU number of transfer units

Nu Nusselt number

p pressure, Pa

P tube pitch

Pr Prandtl number

Q heat-transfer rate, W

r radius, m

R thermal resistance, K/W

Re Reynolds number

Repc Reynolds number based on tube collar diameter
Sh height of slit, m

Sn spacing in normal direction, m; number of slit
Sp spacing in parallel direction, m

Ss breadth of a slit in airflow direction, m

T temperature, K

u overall heat-transfer coefficient, W/ (m2K)
Ap pressure drop, Pa

x refrigerant flow direction

XL parameter

XM parameter

Greek letters

P density, kg/m3

U dynamic viscosity, Pas

€ effectiveness

n efficiency

0 thickness, m

Subscripts

a air

cal calculation

eq equivalent

f fin

i segment number

in inlet

I longitudinal
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max maximum
min minimum
mod modelling
n normal

P parallel
ref refrigerant
t transverse
out outlet

w wall
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