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Abstract

A 2-stroke boosted uniflow scavenged direct injection gasoline
(BUSDIG) engine was researched and developed at Brunel University
London to achieve higher power-to-mass ratio and thermal efficiency.
In the BUSDIG engine concept, the intake scavenge ports are
integrated to the cylinder liner and controlled by the movement of
piston top while exhaust valves are placed in the cylinder head.
Systematic studies on scavenging ports, intake plenum, piston design,
valve opening profiles and fuel injection strategies have been
performed to investigate and optimise the scavenging performance and
in-cylinder fuel/air mixing process for optimised combustion process.
In order to achieve superior power performance with higher thermal
efficiency, the evaluation and optimisation of the boost system for a
1.0 L 2-cylinder 2-stroke BUSDIG engine were performed in this
study using one dimensional (1D) engine simulations. The results
show that the engine exhaust valve opening (EVO) timing and exhaust
duration (ED) are key parameters affecting the engine performance
with the single-stage turbocharging (T). By using an earlier EVO
timing of 80 °CA and a longer ED of 140 °CA, a maximum brake
power of 130.7 kW could be achieved at 3200 rpm and peak torque
output of 488 N*m at 1600 rpm. Simulations were also performed to
evaluate the engine performance with combined boost systems with a
supercharger upstream the turbocharger (S-T) and a turbocharger
upstream the supercharger (T-S). The results indicate that the
combined boost systems increase both engine power and torque
compared to the single-stage turbocharging system. In particular, the
peak brake power and torque of the 1.0 L BUSDIG engine could reach
143.7 kW at 4000 rpm and 492 N*m at 800 rpm with the S-T setup.

Introduction

The combustion engines will continue to play an important role in a
range of applications including automotive, marine and aviation,
although the competition with the thrived battery electrical powertrain
and fuel cell systems becomes fiercer. It is expected that passenger cars
with a combustion engine will still account for over 90% of the global
production by 2030 [1]. Meanwhile, the demand for liquid fuels in
transport sector will continue to increase throughout 2040 [2]. As the
transport sector contributes more than 23% of the total CO2 emissions
globally and the adoption of the battery and fuel cell systems is gradual,
it is still vital to develop advanced engine technologies with higher
efficiency and lower emissions to meet the Paris Agreement and
improve the environment.
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The engine down-sizing and down-speeding technologies have been
widely researched to improve the efficiency of automotive engines. A
smaller engine displacement can effectively reduce engine size/weight,
heat transfer loss and friction loss, and more importantly expand the
high efficiency region which covers more engine operating points in a
real driving cycle, therefore contributing lower fuel consumptions. The
adoption of the 2-stroke operating has great potential to address the
challenges of severe abnormal combustion, such as knocking
combustion [3] and low speed pre-ignition [4] observed in the
downsized 4-stroke gasoline engines. As the 2-stroke engine [5, 6]
doubles firing frequency, it can effectively reduce the peak in-cylinder
pressure at the same torque output and increases engine power density.

In light of the advantages of the 2-stroke operation, a novel 2-stroke
Boosted Uniflow Scavenged Direct Injection Gasoline (BUSDIG)
engine has been designed and extensively researched at Brunel since
2015 [7]. Key designs of the proposed BUSDIG engine, including
engine bore/stroke ratio [8], scavenge ports [9-11], opening profiles of
scavenge ports and exhaust valves [12], intake plenum [13], injection
strategies [14, 15] and piston shape [16] have been systematically
studied to optimise the scavenging performance and charge
preparation of the BUSDIG engine.

As shown in Figure 1, the BUSDIG engine adopts the uniflow
scavenge method [17-21] to maximise the scavenging performance
and minimise the charge short-circuiting phenomenon in the 2-stroke
operation by using twelve evenly distributed scavenge ports on the
cylinder liner and on-head exhaust valves. The variable valve actuation
(VVA) system can be applied to the exhaust valves to assist the control
on the scavenging process. An intake plenum around the scavenge
ports were designed to connect the scavenge ports with the intake boost
system. The fuel short-circuiting can be completely avoided by
applying the direct injection (D) after the closure of scavenge ports
and exhaust valves.
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BUSDIG Engine Concept
Figure 1. schematic of the design of BUSDIG engine [7].

In order to achieve higher efficiency and power performance, the boost
system needs to be researched and optimized for a 2-stroke engine. At
first, the valve overlap between intake and exhaust valve profiles is
longer in a 2-stroke engine, and a positive scavenging process with
higher intake pressure is needed to obtain sufficient fresh charge to
meet the load demand. However, the relatively shorter period of gas
exchanging process for the 2-stroke operation also leads to much
earlier exhaust valve opening timing or scavenging port opening
timing in order to scavenge out the burned gas and induce sufficient
fresh gas. Therefore, there are much more exhaust energy that can be
recovered from a 2-stroke engine through a turbocharger system
compared to a 4-stroke counterpart. Furthermore, a well optimized
boost system is needed in order to pursuit higher power density, which
is one of the unique features of the 2-stroke engine compared to the 4-
stroke counterpart, and simultaneously retain high thermal efficiency.

In addition to the single stage turbocharger system, the combined boost
system with a turbocharger and a supercharger has been researched in
recent years. The combination has several advantages in terms of
efficiency due to the recovery of exhaust energy and improved torque
output and faster transient response with the supercharger [22]. The
arrangement of turbocharger and supercharger varies among studies.
Fu et al. [23] numerically studied the potential of external exhaust gas
recirculation and water injection to suppress knocking combustion and
improve fuel economy of a boosted 2-stroke gasoline engine with a
mechanical supercharger upstream the turbocharger at upper loads. In
contrary, Mattarelli [24] found that the 3-cylinder, 1.0 liter 2-stroke
engine with the mechanical supercharger downstream the turbocharger
can reach superior specific power up to 113 HP/I and has higher values
of torque at any speed compared to a 4-stroke counterpart. Mattarelli
and Rinaldini [25] further studied the 1.0 liter 2-stroke engine with an
electric supercharger downstream the turbocharger and found the
engine can achieve 95 kW at 4500 rpm, and 210 Nm at 1500 rpm at
full load conditions. Similar arrangement was found in 4-stroke
engines [26, 27].

In order to understand the impact of the arrangement of supercharger
and turbocharger, Baek et al. [28] performed 1D simulations to study
the impact of supercharging on the engine performance of a
turbocharged diesel engine. The results indicated that the engine
BMEP increased approximately 140.3% at 1000 rpm, 63.4% at 1250
rpm, and 17.3% at 1500 rpm through the use of the supercharger and
the air-fuel ratio control. In particular, they found that the increase of
the maximum BMEP at 1000 rpm and 1250 rpm is the greatest when
the supercharger is located at the front of the turbocharger. In contrast,
the effect of maximum BMEP is greatest at a higher engine speed of
1500 rpm when the supercharger is located at the rear of the
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turbocharger. In another study by Bassett et al [22], the electrical
supercharger located downstream of the main compressor shows more
potential to enable higher power density of a 1.2 liter 3-cylinder
engine. By placing the supercharger downstream the turbocharger, the
supercharger has a higher physical air mass flow (at the same non-
dimensional mass-flow rate), therefore effectively broadening the
mass-flow rate range over which the supercharger can be used on the
engine.

The literature shows that the design of the boost system has significant
impact on engine power performance and efficiency. However, the
impact and the optimal specifications could vary among different
engines. In order to explore the full potential of the proposed 2-stroke
BUSIDG engine concept, 1D simulations were performed in this study
on a 2-cylinder 1.0 liter BUSDIG engine to understand the impact by
different boost systems on the engine power performance and
efficiency for subsequent optimization work.

In the uniflow 2-stroke engine, the valve durations and timings show
strong impact on both scavenging and combustion process. Our
previous CFD analysis [10] have shown that the exhaust valve opening
(EVO) timing and exhaust duration (ED) show strong impact on the
scavenging performance, and proper optimisation will be needed in
order to achieve best scavenging performance. Meanwhile, the valve
parameters also show significant impact on the combustion process by
changing the effective expansion ratio/compression ratio of the 2-
stroke engine [29]. Therefore, in this study the simulations were
performed with single-stage turbocharger at first to understand the
impact of EVO timing and ED on engine performance. Then the
optimised EVO and ED were used to study the engine performance of
the combined boost systems with both supercharger and turbocharger.

Simulation setup
Engine simulation models

In order to evaluate different boost strategies on the engine
performance, the Ricardo WAVE software was used to establish the
1D engine simulation models. The simulation model of the baseline 2-
cylinder 1.0 L BUSDIG engine with the single-stage turbocharger was
shown in Figure 2. Table 1 shows the engine specifications. The flow
coefficients for the intake scavenge ports and exhaust valves in the 1D
engine model were calibrated against the corresponding mass flow
rates obtained from 3D CFD simulations. The scavenging curve, which
was used to calculate the in-cylinder exhaust gas fraction during the
scavenging process, was also calibrated by CFD simulation results.

Figure 2. Simulation model of the baseline 2-cylinder 1.0 L BUSDIG engine
with single stage turbocharger.

Table 1. Specifications of 1.0 liter 2-cylinder BUSDIG engine.



Displacement 0L
Number of cylinders 2

Bore 80 mm
Stroke 100 mm
Connecting rod 180 mm
Compression ratio 16:1

The spark ignition (SI) Wiebe heat release model was applied to
calculate the combustion process in BUSDIG engine. The SI Wiebe
function has been widely used to describe the fuel burning rate in Sl
engines and allows the independent input of function shape parameters
and of combustion duration. The combustion phasing (crank angle at
50% burned mass) and combustion duration (10%~90% of burned
mass) were swept to find optimal combustion performance of
BUSDIG engine at each operating point for each boosting strategy.
Therefore, the engine performance can be compared fairly among
different boosting strategies. In order to consider the knocking
combustion, the knock intensity normalized as a fraction of fuel
remaining at the time of knock event was predicted with a knock sub-
model [30]. In order to predict the friction loss in the BUSDIG engine,
the Chen-Flynn friction model [31] was applied and calibrated with the
experimental friction data [32].

The specifications (maps) of turbocharger and supercharger
significantly affect engine performance and need to be optimized for
specific applications [33]. In this study, the focus is to exploit the
impact of key engine parameters and boost strategies on the overall
engine performance. Therefore, the mapless approach [34, 35] was
applied in this study to model the turbine and compressor for both
supercharger and turbocharger. Specifically, the efficiency of the
compressor for both supercharger and turbocharger was set at 0.75 and
the efficiency of the turbine was set at 0.7. The effective nozzle area
of the turbine was controlled between 20 mm to 60 mm to maximise
the usage of the exhaust energy at each operating point. This was used
to represent the Variable Geometry Turbocharging (VGT) to maximise
the boot performance [36]. The shaft of turbocharger was balanced
with the power generated by the turbine and power consumed by the
compressor. While the power consumed by the supercharger was
provided by the engine itself.

It should be noted that the main objective of this study is to fairly
compare the engine performance with different boosting setups. The
predicted engine performance for a specific boosting setup highly
depends on the adopted assumptions and models (e.g. Wiebe model,
knock model, mapless turbine and compressor, etc), which may result
in uncertainty of the results. For example, the low speed engine power
performance would significantly depend on the accuracy of the knock
model and the real turbine and compressor efficiency.

Operation conditions

In this study, the direct injection timing was fixed at 90 °CA before top
dead centre (TDC) to avoid fuel short-circuiting. The combustion
duration in the SI Wiebe model was fixed at 25 °CA, while the
combustion phasing (CA50) was optimised between 0 to 30 °CA after
TDC with an interval of 0.2 °CA to ensure knock intensity below 0.1
for each operating point. Although the combustion phasing can be
postponed to mitigate knocking combustion, a late combustion phasing
could also increase exhaust temperature which would damage the
turbine. Therefore, the combustion phasing was controlled to ensure
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the pre-turbine exhaust temperature below 950 °C [36, 37]. Besides,
the in-cylinder peak pressure (PP) and peak pressure rise rate (PPRR)
were also monitored to ensure they were controlled under 160 bar and
10 bar/°CA, respectively.

The initial target of the boost was set at 3.5 bar but will be decreased
once the control parameters (e.g. knock intensity, pre-turbine
temperature, etc.) cannot be controlled below the threshold by tuning
the combustion phasing. This normally happens at high load high
speed conditions when the knocking intensity is higher than 0.1 but
delaying combustion phasing produces higher pre-turbine temperature
over the threshold 950 °C. In this case, the target boost will be reduced
to meet these criteria.

The highly downsized boosted engine is more prone to knocking
combustion as they run under much higher intake pressures. The direct
water injection was applied in simulations to minimise the knocking
combustion at the higher load boundary [38, 39]. In addition to
mitigating knocking combustion, water injection also helps to reduce
in-cylinder NOx emissions and pre-turbine temperature to protect the
turbine. The water to fuel ratio was kept at 1:1 throughout the
simulations. The fuel/air equivalence ratio was kept at stoichiometric
conditions.

The opening profiles of the scavenge ports and exhaust valves are
shown in Figure 3. In order to study the impact of the exhaust valve
profiles on the engine performance. The EVO timing was changed
from 60 to 100 °CA with fixed ED at 140 °CA. The ED was also studied
by changing from 140 to 100 °CA with fixed EVO timing at 80 °CA,
as shown in Figure 3.
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Figure 3. Normalized valve lift profiles used in simulations.
Boosting strategies

Three boost strategies were evaluated in this study and the schematics
are shown in Figure 4. For the baseline Turbocharging (T) setup, a
single-stage turbocharger was applied. The impact of the EVO and ED
was evaluated based on this setup. Then the optimal EVO and ED were
used for the subsequent study on the combined boost strategies. In the
Supercharging-Turbocharging (S-T) setup, the supercharger is placed
upstream the turbocharger. While, the supercharger is placed
downstream the supercharger in the Turbocharging-Supercharging (T-
S) setup. The simulations of the two combined boost strategies aim to
understand their potential of improving the BUSDIG engine
performance against the baseline turbocharger setup.
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Figure 4. Schematics of the boost strategies used in this study.
Results and discussion

Effect of Exhaust Valve Opening (EVO) on
Turbocharging BUSDIG engine

The effect of the EVO timing on the turbocharged BUSDIG engine
brake power is shown in Figure 5. The ED is fixed at 140 °CA for all
EVO timings. It is found that an EVO timing of 80 °CA after the
combustion TDC shows best power performance and the brake power
peaks at 130.7 kW at 3200 rpm. The further increase of the engine
speed reduces the power. The advancement of the EVO timing to 60
°CA produces much lower brake power at high engine speeds. The
peak brake power is only 102.8 kW at 2400 rpm. The increase in

engine speed beyond 2400 rpm leads to significant drop in brake power.

On the other hand, the further delay of the EVO timing to 100 °CA also
shows lower power output compared to the results with optimal EVO
at 80 °CA. It is noted that the reduction of the power curve with EVO
of 100 °CA is more significant at low engine speeds and the peak brake
power is 96.5 kW at 3200 rpm. However, the brake power is
maintained at its peak value with higher engine speeds, therefore
having higher power output than early EVO of 60 °CA.
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Figure 5. Effect of EVO on engine brake power with a turbocharger.

The effect of the EVO timing on engine brake torque is shown in
Figure 6. As the fire frequency doubles for the 2-stroke BUSDIG
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engine, the brake torque is significantly higher than the 4-stroke
counterpart. The low speed torque achieves ~290 N*m at 800 rpm for
all three EVO timings, and the brake torque peaks at 1600 rpm for all
cases. Specifically, the intermediate EVO timing of 80 °CA shows
highest torque output throughout the engine speeds and produces the
highest torque output of 488 N*m at 1600 rpm. The EVO timings of
60 °CA and 100 °CA produced similar peak toques of ~430 N*m at
1600 rpm. The increase in engine speeds drops the brake torque
gradually to the lowest value at 4800 rpm for all EVO timings.
However, the early EVO timing of 60 °CA clearly shows much faster
decline with the engine speed and produces lowest torque of 123 N*m
among cases at 4800 rpm.

600
500 s

= @\.”

2 400 4 B g

Z // AN\

v ., e

é 300 4 ﬁ/ n’\ ®

) i ®

5 200 s A

= —m— EVO=60 °CA S

M 1004 | —@— EVO=80°CA b
A EVO=100 °CA

0

800 1600 2400 3200 4000 4800
Engine speed (rpm)

Figure 6. Effect of EVO on engine brake torque with a turbocharger.

In order to understand the power performance with different EVO
timings, the airflow rate is compared in Figure 7. At lower engine
speed, the exhaust energy is limited, and the boost pressure can be
achieved through the turbocharger system is limited. As a result, the
mass flow rate shows lowest value for all three EVO timings and
gradually increases with the engine speed. For the latest EVO timing,
the expansion ratio is expected to be higher but the downside is the
shorter blowdown duration, i.e. the period between EVO and scavenge
port opening, therefore leading to poor scavenging performance and
lower intake airflow rate. On the other hand, an early EVVO timing also
possesses challenges as the reduction of the overlap between scavenge
ports and exhaust ports also reduces the scavenging period and
deteriorates the scavenging performance [10]. This becomes more
severe at higher engine speeds due to less time for scavenging. Overall,
the EVO timing of 80 °CA is an optimal setup to achieve highest
scavenging performance and airflow rate, therefore best power and
torque performance.
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Figure 7. Effect of EVO on engine mass airflow rate with a turbocharger.

The comparison of the brake thermal efficiency is shown in Figure 8
among different EVO timings. The latest EVO timing of 100 °CA
shows highest brake thermal efficiency at all engine speeds, mainly
attributing to larger expansion ratio. The thermal efficiency peaks at
45.1% at 800 rpm and gradually drops with engine speed due to
gradually increased friction loss. On the contrary, the earliest EVO
timing of 60 °CA has lowest expansion ratio, therefore much lower
thermal efficiency compared to later EVO timings. Furthermore, it is
found that the achievable boost pressure with early EVO of 60 °CA is
gradually reduced with the engine speed due to higher pre-turbine
temperature. As shown in Figure 9, the pre-turbine temperature is
higher with the earliest EVO timing and close to the 950 °C limit at
2400 rpm. Therefore, the target boost pressure was gradually reduced
with the increase of engine speed to ensure the pre-turbine temperature
below the threshold. As a result, the mass airflow rate, as well as power
and torque performances, and the thermal efficiency show much faster
drop with EVO of 60 °CA.
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Figure 8. Effect of EVO on engine brake thermal efficiency with a
turbocharger.
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Figure 9. Effect of EVO on turbine inlet temperature with a turbocharger.

Effect of Exhaust Duration (ED) on the turbocharging
BUSDIG engine

In last section, an intermediate EVO timing of 80 °CA is found to
produce best engine power performance. In this section, the impact of
the ED is analysed with EVO of 80 °CA. The impact on the engine
brake power, as shown in Figure 10, indicates the advantage of a longer
ED at high engine speeds. The results show that the peak brake power
is increased by 24% from 105.4 kW with ED of 120 °CA to 130.7 kW
with ED of 140 °CA. Furthermore, a shorter ED shows faster drop in
brake power with the increase in engine speed. The impact of ED on
engine brake torque shows similar trend that a longer ED of 140 °CA
produces higher torque output at high engine speeds, as shown in
Figure 11. The higher power and torque performances with a longer
ED are attributed to better scavenging process and higher intake
airflow rate. The mechanism is the same as the impact of the EVO
timings that the achievable boost pressure drops with a shorter ED to
ensure pre-turbine temperature below 950 °C limit. As shown in Figure
12, the turbine inlet temperature is higher with a shorter ED before
reaching the limit, which can be attributed to higher in-cylinder
residual gas fraction as well as in-cylinder temperature. In order to
control the pre-turbine temperature, the target boost was gradually
reduced at higher engine speeds, therefore producing lower intake
airflow rate.
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Figure 10. Effect of ED on engine brake power with a turbocharger.
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Figure 13 shows the brake thermal efficiency among different EDs.
The difference is much smaller compared to that of EVOs. Overall, a
longer ED shows slightly higher efficiency, which is attributed to
relatively lower fractions of the heat transfer loss and friction loss
against total fuel energy introduced.
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Figure 13. Effect of ED on engine brake thermal efficiency with a
turbocharger.
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Analysis of the performance with S-T setup

The boost pressure distribution between supercharger and
turbocharger affects engine performance. In this study, three boost
pressure distributions were studied for both S-T setup and T-S setup.
The EVO and ED were fixed at 80 °CA and 140 °CA, based on the
results in previous sections. Figure 14 shows the brake power
performance with different pressure distribution between supercharger
and turbocharger. The baseline result with the turbocharger (T) setup
is also marked in the figure for comparison. The detailed pressure
distribution is listed in Table 2. The case “S1.5-T3.5” indicates that the
target boost pressure through supercharger is 1.5 bar, and target boost
pressure through turbocharger is 3.5 bar, yielding pressure ratio of 1.5
for supercharger and 2.33 for turbocharger. The same nomenclature is
used for other two cases.

As shown in Figure 14, compared to the baseline turbocharger setup,
the S-T setup shows improvement of the brake power at low engine
speed of 800 rpm and high engine speeds beyond 2400 rpm. The
slightly lower power output with S-T setup at 1600 rpm is mainly
attributed to less usage of available exhaust energy through
turbocharger system. Regarding different pressure distributions, it is
noted that a lower pressure ratio of supercharger, i.e. S1.5-T3.5,
produced highest brake power of 41.2 kW at 800 rpm, which is almost
doubled compared to the power output (24.1 kW) with the
turbocharger setup. This is mainly attributed to the full use of the
exhaust energy and reduce the power consumption from supercharger
with a lower pressure ratio of supercharger. With the increasing of
engine speed, a higher pressure ratio of supercharger tends to have a
higher brake power output, and a pressure ratio of 1.87, i.e. S1.87-T3.5,
produces highest power output of 143.7 kW at 4800 rpm, which is 20.2%
higher than that with the baseline turbocharger setup at 4800 rpm
(119.6 kW) and 9.9% higher than the peak power with turbocharger
setup (130.7 kW at 3200 rpm).

Table 2. Boost pressure distribution between supercharger (S) and
turbocharger (T) for S-T setup.

Cases Boost (S) Boost (T) fargzs?sr; fargzs?.lr_';
S1.5-T35 1.5 bar 3.5 bar 15 2.33
S1.87-T3.5 1.87 bar 3.5 bar 1.87 1.87
S2.33-T3.5 2.33 bar 3.5 bar 2.33 15
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Figure 14. Effect of boost pressure distribution on brake power for the S-T
setup.

The improvement of the brake torque with the S-T setup is also
impressive, in particular at low engine speed region. The comparison
of brake torque in Figure 15 shows the S1.5-T3.5 produces highest
torque of 492 N*m at 800 rpm, which is 70.8% higher than that of
baseline turbocharger setup. At high engine speeds region, the pressure
distribution between supercharger and turbocharger shows less
difference and achieves similar torque output of ~290 N*m at 4800
rpm, which is 21.8% higher than that with turbocharger setup (238
N*m).
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Figure 15. Effect of boost pressure distribution on brake torque for the S-T
setup.

The improvement of the power performance is mainly attributed to the
contribution from supercharger, which significantly reduces the
exhaust pressure with the same intake boost pressure, as shown in
Figure 16. The enlarged pressure difference between intake and
exhaust enables stronger scavenging process and higher intake airflow
rate with the S-T setup. As a result, the overall power and torque
performances are improved with the S-T setup. However, the increase
usage of the supercharger (with higher pressure ratio of supercharger)
consumed more power from engine, offsetting the improved
scavenging performance with higher intake/exhaust pressure
difference. This is more significant at low engine speeds. Therefore,
the S2.33-T3.5 shows lowest power output although the pressure
difference and intake airflow rate are highest.
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Figure 16. Effect of boost pressure distribution on intake/exhaust pressure for
the S-T setup.

Although the power performance has been significantly improved, the
brake thermal efficiency with the S-T setup is less promising compared
to the baseline turbocharger setup, as shown in Figure 17. At low
engine speeds region, the drop of the thermal efficiency is most
significant. The thermal efficiency with S1.5-T3.5 is highest among
cases with S-T setup and achieve 35.1% at 800 rpm, which is still much
lower than that with turbocharger setup (40.2% at 800 rpm). The
increase in the pressure ratio of supercharger to 1.87 and 2.33 reduces
the usage of available exhaust energy, and further reduce the efficiency
to only 27.3% at 800 rpm. With the increase of engine speed, the brake
thermal efficiency with S-T setup becomes closer with that of
turbocharger setup and slightly exceeds at 4800 rpm.
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Figure 17. Effect of boost pressure distribution on brake thermal efficiency for
the S-T setup.

Analysis of the performance with T-S setup

Similarly, the boost pressure distribution between supercharger and
turbocharger was also studied with the T-S setup in which the
turbocharger is placed upstream the supercharger. The definition of the
pressure distribution is shown in Table 3. The brake power
performance among cases is shown in Figure 18, and shows quite
similar results with that of S-T setup. Specifically, the T-S setup shows
much higher power output at low engine speed (800 rpm) and high



engine speeds (beyond 2400 rpm) due to higher boost pressure
achieved with the assistance of supercharger. Higher usage of the
turbocharger to boost the intake pressure, i.e. T2.33-S3.5, again sees
highest power at 800 rpm. The direct comparison of the results with
same pressure ratios of supercharger and turbocharger in T-S and S-T
setup doesn’t show significant difference. For example, the power of
S1.5-T3.5 at 800 rpm is 41.2 kW, while it is 39.6 kW for the T2.33-
S3.5.

Table 3. Boost pressure distribution between turbocharger (T) and
supercharger (S) for T-S setup

Pressure Pressure
Cases Boost (T) Boost (S) ratio (T) ratio (S)
T1.5-S3.5 1.5 bar 3.5 bar 15 2.33
T1.87-S3.5 1.87 bar 3.5 bar 1.87 1.87
T2.33-S3.5 2.33 bar 3.5 bar 2.33 15
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Figure 18. Effect of boost pressure distribution on brake power for the T-S
setup.

The brake torque with different pressure distribution is shown in
Figure 19. Again, the inclusion of supercharger increases torque
performance at low engine speed (800 rpm) and high speeds (beyond
4000 rpm). However, the brake torque with same pressure distribution
differs between S-T and T-S setup. It is found that all three pressure
distributions with T-S setup at lower engine speeds (e.g. 800 rpm) is
lower than the counterpart with S-T setup. For example, with the
pressure ratio of 2.33 for turbocharger, the brake torque is 474 N*m
with T2.33-S3.5, while it is 492 N*m with S1.5-T3.5. This shows the
same trend for pressure ratio of 1.87 and 1.5 for turbocharger. The
results indicate an improved torque performance when placing the
supercharger upstream the turbocharger.

Page 8 of 11

600
5004
A " =
e - NS
g 4001 gL N
2 300+ Bae_
& n
]
$ 200 4 Baseline (T)
= —m—T1.5-S35
A 100 —@— T1.87-S3.5
A T2.33-S3.5
0

800 1600 2400 3200 4000 4800
Engine speed (rpm)

Figure 19. Effect of boost pressure distribution on brake torque for the T-S
setup.

The brake thermal efficiency also shows the same trend that a higher
efficiency of 35.1% at 800 rpm is found in Figure 17 for S1.5-T3.5
compared to 32.4% for T2.33-S3.5, as shown in Figure 20. The
relatively better power and efficiency improvement with the S-T setup
is mainly attributed to the less power consumption of supercharger, as
shown in Figure 21, due to lower inlet pressure and temperature by
placing the supercharger upstream the turbocharger.
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Figure 20. Effect of boost pressure distribution on brake thermal efficiency for
the T-S setup.

20
] n
/ \“-_
16 ./.. . n
[ - —_—
——— @ — -

4 —m—T1.5-83.5 §2.33-T3.5
—&@—T1.87-83.5 S1.87-T3.5
A—T2.33-835 ~-O-- §1.5-T3.5
0

Superercharger Power absorbed (kW)

T T T T T T
800 1600 2400 3200 4000 4800
Engine speed (rpm)

Figure 21. Power consumption by supercharger with S-T and T-S setups.



Conclusions

In this study, 1-D engine simulations were performed on a 1.0 L 2-
cylinder 2-stroke BUSDIG engine. Three different boost strategies,
including a turbocharger (T) and the combined boost systems with
supercharger upstream the turbocharger (S-T) and turbocharger
upstream the supercharger (T-S). The EVO and ED and different boost
strategies were analysed in detail to understand their impact on the
BUSDIG engine performances. The main conclusion can be
summarized as following:

1) An EVO timing of 80 °CA after the combustion TDC produces
the best engine performances with a single turbocharger, resulting
in a peak brake power of 130.7 kW at 3200 rpm and maximum
torque output of 488 N*m at 1600 rpm. However, a later EVO
timing at 100 °CA leads to the highest brake thermal efficiency
due to more optimised combustion with a larger expansion ratio.

2) A longer exhaust valve duration (ED) of 140 °CA produced
higher power and torque outputs as well as efficiency. A shorter
ED deteriorates the scavenging process and lowers the intake
boost pressure that could be obtained from the turbocharger due
to higher pre-turbine temperature.

3) The addition of a supercharger upstream the turbocharger (S-T)
significantly improves engine power performance. The peak
brake power is increased to 143.7 kW with the S-T setup, which
is 9.9% higher than that with turbocharger (T) setup. In addition,
compared to turbocharger setup, the S-T setup almost doubles the
power at 800 rpm, and increases the power by 20.2% at 4800 rpm.
The brake torque is increased to 492 N*m at 800 rpm when
adding a supercharger upstream the turbocharger, which is 70.8%
higher than that with a single turbocharger. The torque at higher
engine speed is also increased with the S-T setup. The
improvement is mainly attributed to larger pressure difference
between intake and exhaust due to the inclusion of supercharger.
However, the power consumption of the supercharger deteriorates
the brake thermal efficiency, in particular at lower engine speeds.

4) By placing the supercharger downstream the turbocharger (T-S),
both power and torque performances are improved compared to
the single turbocharger, but slightly deteriorated compared to the
S-T setup. This is more significant when comparing the brake
thermal efficiency at lower engine speeds. The S-T setup has an

efficiency of 35.1% at 800 rpm, while the efficiency is only 32.4%

with T-S setup. The deterioration of both power performance and
efficiency with the T-S setup is mainly attributed to the increased
power consumption of the supercharger.

The results from this study will be used to guide the selection of engine
parameters, e.g. EVO and ED, and boosting setup for different
applications with different requirements on power performances and
efficiency. However, in order to fully understand the potential of the
2-stroke BUSDIG engine, addition work need to be done in the future.

*  Global optimization. For example, the cross-parameter
optimisation of EVO and ED may be needed. Some other
parameters, e.g. intake scavenge port opening duration,
scavenging area, exhaust valve diameter and numbers, which also
play important roles in controlling scavenging process and engine
performances should also be studied.
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» Sizing of supercharger and turbocharger. In this study, the
mapless approach was used to understand the basic performance
of the adopted boost systems. The results will be used to guide
the selection of supercharger and turbocharger sizes to make use
of different boost strategies.

*  Analysis of potential with electrical supercharger. The potential
of using electric compressor for maximum efficiency and flexible
control for fast response, as demonstrated in [25, 28], should be
analysed in light of the wide adoption of 48 V system.
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