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Abstract

Concerns of limited fossil fuel reserves, environmental pollution from their extraction,
processing, and use, and health effects from localised tailpipe emissions are leading to a
transition of the transportation sector towards low-carbon and carbon-free alternative fu-
els for internal combustion engines. As an alternative fuel hydrogen has the potential to
significantly reduce tailpipe greenhouse gas emissions, and offers advantages in terms of
its combustion properties. To understand hydrogen combustion in an internal combustion
engine and the upper limit of efficiency, single- and two-zone combustion models exploiting
the second law of thermodynamics are developed to assess the origins of the exergy losses.
The single-zone model provides detailed analysis of the boosted operation strategy, showing
that thermal efficiency increases significantly for lean-burn hydrogen mixtures. Operating
hydrogen engines at high loads presents challenges arising from combustion abnormali-
ties as increasing intake air pressure raises in-cylinder temperature, significantly increas-
ing knock occurrence and nitric oxide emissions. However, low-temperature combustion
through lean-burn and water injection has potential to mitigate combustion abnormali-
ties and reduce nitric oxide emissions; the addition of water modulates the rate at which
combustion occurs. A newly developed laminar flame speed correlation for hydrogen-air
combustion accounts for water addition under engine-relevant conditions. The applicability
of this new correlation is demonstrated by incorporating this empirical correlation into a
two-zone combustion model to predict engine performance, combustion abnormalities and
nitric oxide emissions. The simulation of a water-diluted hydrogen engine indicates that
emission control and knock mitigation are achievable, but requires careful optimization to
avoid significant reducing thermal efficiency. The simulations allow the production of a
hydrogen operational map based on the indicated specific fuel consumption, nitric oxide,
thermal efficiency, equivalence ratio, and water addition. A comprehensive exergy analysis
of a hydrogen engine evaluates efficiency, irreversibility, and emissions, quantifying losses
for each engine condition: intake manifold air pressure, fuel mixture, compression ratio,
water addition, and spark timing. This enables a discussion of the compromises for design-
ing and managing hydrogen-fuelled SI engines at various operating conditions, including

equivalence ratios, spark timings, compression ratio, and boosted manifold air pressure.
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Chapter 1

Introduction

The internal combustion engine (ICE) has played a significant role in shaping the
modern world for almost a century and, for the foreseeable future, will remain the
most widely used engine for transportation. As the global energy demand increases
and oil reserves dwindle, the efficiency of ICEs must improve, and the emissions
reduce from where they stand today. The international community agreed to reduce
emissions due to human activity through the Paris Agreement [1| approved by 196
countries during the United Nations Climate Change Conference (COP21) in 2015.
The primary objective is to restrict the rise in the global temperature to below 2°C
above pre-industrial levels, later reduced to 1.5°C. To accomplish this, the agreement
calls for greenhouse gas (GHG) emissions to peak by 2025 and then decrease by 43%
by 2030, including emissions due to all forms of transport. The energy sector is the
greatest contributor to GHG emissions, accounting for more than three-quarters of
total GHG emissions [2].

In Europe, GHG emissions from the transportation sector increased steadily from
2013, accounting for approximately a quarter of the EU’s overall GHG emissions in
2023. Although measures are in place, it is projected that road transport emissions
will not decrease to the 1990 level until 2032 [3|. However, emissions from aviation
and maritime are expected to keep increasing [4]. Road vehicles account for over
two-thirds of EU transport-related emissions [5] and approximately 72% of the total
emissions in the transportation sector worldwide [6]. Vehicle tailpipe emissions

from directly combusting fossil fuels have health consequences |7]; therefore, using
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alternative fuels may offer additional benefits to society.

The efficiency of the ICE in its different forms and systems has improved steadily.
For stationary power plants, the efficiencies now exceed 60% [8], and by optimizing
the heat recovery steam generator and integrating gas turbine reheat, the efficiency
could exceed 65% [9]. Distributed power generation reduces grid losses while main-
taining efficiencies above 50% of the lower heating value. For transportation, ICEs
power approximately 99.8% globally, with around 95% of the energy delivered as
liquid fuels derived from petroleum [10]. ICEs are projected to remain the dominant
source of energy for transportation, accounting for 85-90% of the total transporta-
tion sector by 2040 [11].  The energy efficiency of road vehicle ICEs is relatively
low, typically around the low 40% range for spark-ignition engines and the low 50%
range for compression-ignition engines [12]. The higher thermal efficiency of the CI
engine compared to the SI engine is explained by the higher compression ratio of
the CI engine. The CI engine operates with direct injection, which eliminates throt-
tling losses [13]. Additionally, the diesel engine operates under lean burn conditions,
which improves the specific heat ratio. In contrast, the conventional port-injected SI
operating conditions are limited by combustion abnormalities, hence requiring lower
compression ratios, and may suffer from throttling losses [14]. These factors reducze
the engine thermal efficiency. However, hydrogen-fuelled SI engines can mitigate
some of these limitations. Hydrogen’s high flame speed allows for stable combustion
with lean burn mixtures, and its wide lammability limits enable throttling losses to
be reduced [15].

By using alternative fuel, it is claimed that ICEs may achieve efficiencies of up
to 50% [11]. Nevertheless, continuous advancements in hybrid systems and waste

heat recovery technologies may enhance these projected efficiencies.

1.1 Energy used in transportation

Worldwide, the transportation sector accounts for a fifth of total energy use and
carbon dioxide emissions. This is projected to remain constant until 2050, even

though the energy consumption is increasing each year, although the ratio of fossil
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Figure 1.1: World transportation energy consumption by source [3].

energy use in transportation is projected to decline from 96% in 2012 to 88% in
2040 [16]. The global transportation sector’s liquid fuel consumption is expected to
grow by 907.2 Mtoe from 2012 to 2040 (Figure 1.1) with motor gasoline (including
ethanol blends) as the largest source, followed by diesel (including biodiesel). Since
2010, energy consumption has increased: diesel by 327.6 Mtoe, jet fuel by 252.0
Mtoe, and motor gasoline by 226.8 [3].

A combination of increasing energy demand, rising costs, and environmental reg-
ulation has encouraged the development of electric vehicles (EV) and non-petroleum
fuels. However, battery EVs are not ‘clean’ unless the electricity sector is decar-
bonised using renewable energy sources [17]. EU sales of EVs have been growing
and in 2022 accounted for 21.6% of the total new car registrations [18]. However,
there is evidence that sales growth may be slowing as the resale value of EVs is
lower than projected. While electric and hybrid vehicles have shown some degree of
success, the electrification of vehicles is more suitable for light-duty operation due to
limitations in power density and low energy storage capacity [19]. An important bar-
rier to the widespread adoption of EVs in developing countries is the lack of reliable
and stable electricity supply [20]. Developing countries face significant infrastruc-

ture and finance obstacles when expanding their electric grid for basic provision,
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before the additional demand from EVs [21]|. Furthermore, even where electricity is
accessible, frequently it originates from fossil fuel power plants, thereby compromis-
ing the environmental advantages of EVs [22|. Electrification might be promising
for light-duty applications in developed countries, but other solutions could be more
suitable for countries with unstable electricity infrastructure and for heavy-duty ap-
plications. Therefore, developing non-fossil fuels for ICEs is important for reducing
tailpipe emissions and achieving greater efficiencies to meet the energy demands of

the transportation sector.

1.2 Alternative fuels

Some alternative fuels (Figure 1.2) are available in the market, with others still
at the development stage. Alternative fuels could improve energy sustainability
using renewable energy sources by reducing the use of fossil reserves [23]. Moreover,
some alternative fuels have superior chemical and physical properties compared to
traditional fossil fuels [24]. For example, biofuels derived from vegetable oil, corn,
or methanol could halve the GHG emissions on a well-to-wheel basis compared to
traditional petroleum-based fuels [25]. Currently, alternative ICE fuels account for
only 5% of the total transportation sector fuel demand. In the EU, the share of the
transportation sector’s energy consumption powered by renewable sources increased
from 2% in 2005 to 8.7% in 2022 [26]. This was because transportation energy
demand is projected to increase by 1.2% yearly [27]. According to the World Energy
Outlook 2023 [3], the total installed capacity of solar and wind energy available
worldwide by 2030 is estimated to be more than 4240 GW. It is expected that solar
alone could contribute more than 500 GW each year. China’s objective is to reach
a solar and wind capacity of more than 1450 GW by the year 2030. India aims to
achieve a non-fossil fuel capacity of 500 GW by 2030, with a substantial contribution
from solar and wind energy. The EU aims to achieve 50% of its new electricity
consumption through renewable sources, primarily by installing a minimum of 1,200
GW of solar and wind power capacity by 2030. As solar and wind are intermittent, it

is logical to generate so-called ‘green’ hydrogen by electrolysis when renewable energy
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1
-

production exceeds demand, which might decrease GHG emissions and dependence

on fossil fuels [28].

1.3 Hydrogen as a fuel

Hydrogen is the most abundant element in the universe, however, its use as the
main fuel for industrial applications, power generation, or vehicles is challenged by
the current production method [29]. Currently, hydrogen is produced using non-
renewable fuels and inefficient processes [30], and challenges exist for storage and
safe transportation [31]. However, several countries are making significant financial
commitments to hydrogen energy research. Since 2019, China has initiated more
than 30 projects focused on green hydrogen, and the EU has a target of achieving
a renewable hydrogen electrolyser capacity of 40 GW by 2030 (2022). There are
two paths through which hydrogen could be implemented into vehicles: 1) burning
hydrogen in ICEs, and 2) using hydrogen fuel cells [32]. Research has been invested
in both paths, but burning hydrogen in ICEs is considered more cost-effective cur-
rently as it can be implemented with minimal modifications. However, the hydrogen-
fuelled ICE has lower efficiency compared to fuel cells and still produces nitrogen
oxide emissions during combustion, raising concerns on the long-term environmental
benefits [33]. Hydrogen fuel cells offer higher energy conversion efficiency and zero
tailpipe emissions [32], but require an electric drivetrain making them competitors
to batteries and not a modified ICE. Fuel cell research is addressing production

costs, sensitivity to hydrogen purity, and limited durability in certain applications
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[34]. Any distribution infrastructure developed for hydrogen ICEs would also benefit
fuel cell vehicles if they become competitive in terms of performance, emissions, and
price when compared to traditional petroleum [35].

For hydrogen to be adopted as a fuel for ICEs, it needs to provide equivalent
durability, safety, and range as traditional hydrocarbon fuels [36]. To make hydrogen
vehicles economically viable, difficult problems in hydrogen generation, delivery, and
storage must be solved. Compared to traditional liquid fuels like gasoline, hydrogen
has unique qualities that make it an attractive fuel for ICE applications [37]. When
using hydrogen as a transport fuel, special consideration must be given to its low
density of 0.08 kg/m? at 300 K and 1 atm, its broad flammability limits of 4 to 75 vol
percent in the air, and its low minimum ignition energy of 0.02 mJ [38|. Because of
the wide range of flammability, the hydrogen engine suffers from severe combustion
abnormalities such as pre-ignition and backfire, leading to knock [39].

The use of a hydrogen /air mixture in ICEs started with Rivaz in 1806 [40]. Then,
Ricardo in 1924 investigated the effect of the equivalence ratio on the knock regions
of a hydrogen engine [41]. The first hydrogen engine was produced by the Erren
Engineering Company, where it was proposed to use slightly pressurized hydrogen
in the chamber instead of using a carburettor [42]. Since the energy crisis of 1973,
intense research programmes into alternative fuels, particularly hydrogen, have been
implemented in multiple countries [43].  Despite the considerable historical and
recent interest in hydrogen as a fuel, several research gaps remain. While hydrogen’s
combustion characteristics have been widely studied [44, 45, 46, 15, 47|, there is a
need for mapping the hydrogen SI engine performance and emissions over a wide
range of realistic operating conditions. Furthermore, as the product of burning
hydrogen is water, an empirical correlation that can be used in numerical combustion
models to capture the effect of water addition on hydrogen flame speed under engine-
relevant conditions does not exist. Moreover, a comprehensive exergy analysis of
hydrogen-fuelled engines investigating the fundamental origins of losses, the limits
to efficiency, and the engineering trade-offs required to reduce losses remains scarce.
These gaps underline the need for a comprehensive hydrogen combustion model

and exergy analysis to support the design and optimisation of hydrogen internal



Introduction

combustion engines.

1.4 Aim and objectives

The aim is to estimate the upper limit of efficiency for a hydrogen-fuelled ICE and
investigate the in-cylinder engine processes leading to losses. To achieve the aim,

the following objectives must be met:

e Develop a single-zone combustion model to comprehensively map the per-
formance, emissions, and combustion abnormalities of a hydrogen SI engine

under various operating conditions.

e Develop an empirical correlation to predict the laminar flame speed of hydrogen-
air combustion with water addition under lean mixture engine operating con-

ditions.

e Develop a two-zone combustion model and implement the new laminar flame

speed correlation .

e Conduct an exergy analysis to investigate how exergy splits between the vari-
ous engine processes and assess the maximum possible efficiency of a hydrogen

ICE.

1.5 Thesis outline
The thesis is structured as follows:

e Chapter 1 provides an overview of energy consumption and the role of ICEs
in the transportation sector. It highlights the importance of improving engine
efficiency and adopting better energy utilization strategies and sets out the

basis of hydrogen as an alternative fuel in ICEs.

e Chapter 2 provides an overview of hydrogen use in ICEs under different op-

erating conditions. The chapter reviews hydrogen operational strategies to
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improve performance, reduce emissions, and mitigate combustion abnormali-

ties.

e Chapter 3 details the methodology of hydrogen combustion engine modelling
processes and introduces new model components to advance the established
models. It also provides a detailed methodology for the application of the
second law of thermodynamics to hydrogen-fuelled SI engines under various

operating conditions.

e Chapter 4 presents a detailed analysis of boosted lean-burn strategies by ad-

vancing a single-zone hydrogen combustion model.

e Chapter 5 proposes a new correlation to predict the laminar flame speed of
hydrogen with and without water addition for engine-relevant operating con-

ditions.

e Chapter 6 applies the empirical correlation proposed in Chapter 5 to a two-zone
hydrogen combustion model. The chapter provides a comprehensive study of
the performance, combustion abnormalities, and NO emissions of a boosted

lean-burn hydrogen SI engine under a water injection environment.

e Chapter 7 investigates the exergy split between processes of a hydrogen-fuelled
SI engine across a wide range of real-world operating conditions. The chapter
addresses exergy management, discussing any compromises of a hydrogen-

fuelled SI engine.

e Chapter 8 summarises the outcomes, draws conclusions about the implications

of the results, and proposes future directions for this research.

1.6 Research contribution and novelty

This work applies the second law of thermodynamics to hydrogen combustion in
ICEs to estimate the limits to efficiency, emissions reductions, and develop strategies
for managing the initial energy supplied to the engine to minimise losses and max-

imise useful energy output. This could help develop advanced combustion strategies
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for ICEs in line with future emissions regulations. The single-zone combustion model
was advanced by implementing the laminar flame speed to predict the combustion
phasing of the hydrogen SI engine at various engine operating conditions. The two-
zone model captures information about in-cylinder turbulence or burned /unburned
gas separation and thus was suitable to study water addition and exergy analysis.
The two-zone model predicts performance, emissions, and combustion abnormalities,
and incorporates the new laminar flame speed correlation. Compared to computa-
tionally expensive 3D CFD models, the two-zone combustion model offered a faster
and more cost-effective approach, which was shown to be sufficient for investigating
hydrogen combustion and in-cylinder exergy analysis in hydrogen SI engines. This
work has yielded five research outputs — four journal papers and a fully refereed

conference paper:

1. Rrustemi DN, Ganippa LC, Axon CJ. Investigation of boost pressure and
spark timing on combustion and NO emissions under lean mixture operation
in hydrogen engines. Fuel 2023; 353:129192.
https://doi.org/10.1016/j.fuel.2023.129192.

2. Rrustemi DN, Ganippa LC, Megaritis T, Axon CJ. New laminar flame speed
correlation for lean mixtures of hydrogen combustion with water addition un-
der high-pressure conditions. Int J Hydrog Energy 2024; 63:609-17.
https://doi.org/10.1016/j.ijhydene.2024.03.177.

3. Rrustemi DN, Ganippa LC, Megaritis T, Axon CJ. Predicting engine per-
formance for hydrogen with water addition using a two-zone thermodynamic
model. Fuel 2025;386:134137.
https://doi.org/10.1016/j.fuel.2024.134137 .

4. Rrustemi DN, Ganippa LC, Axon CJ. Exergy analysis of lean-burn hydrogen-
fuelled engine. Energy 2025;314:134110.
https://doi.org/10.1016/j.energy.2024.134110 .

Paper 1 studies the performance of a boosted lean-burn hydrogen SI engine

under various spark timings, focusing on combustion characteristics, efficiency, fuel

9
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consumption, NO emissions, and knock regions. Paper 2 offers a newly developed
laminar flame speed correlation of hydrogen-air combustion to account for the effects
of water addition under engine-relevant conditions by using chemical kinetic laminar
flame speed values. The laminar flame speed correlation was derived for pressures
from 10 to 70 bar, temperatures from 400 to 800 K, equivalence ratios from 0.35
to 1, and water addition by mole from 0 to 20%. In Paper 3, a two-zone water-
diluted hydrogen combustion model was developed and extended for various engine
operating conditions based on the laminar flame speed correlation provided in Paper
2. Additionally, sub-models for engine knock and NO emissions were implemented
to provide a comprehensive study of the performance, combustion abnormalities,
and NO emissions of a boosted lean-burn hydrogen SI engine under injection water
environment. Paper 4 evaluates the hydrogen engine efficiency, irreversibility, as well
as the NO emissions based on the two-zone combustion model provided in Paper
3. Consequently, the exergy losses were quantified for each hydrogen engine sub-
condition, such as intake manifold air pressure, equivalence ratio, compression ratio,

and spark timing.
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Chapter 2

Literature review

This review examines the use of hydrogen in ICEs, emphasizing hydrogen com-
bustion properties, combustion modes, and strategies for enhancing the thermal
efficiency of hydrogen SI ICEs. Operational strategies — boosting, compression ra-
tio, lean-burn, and water injection — are discussed in the context of to increasing
engine performance, reducing emissions, and mitigating combustion abnormalities.
Finally, this review examines the application of the second law of thermodynamics
to the hydrogen ICE to quantify the potential for performance improvement and

emissions reductions.

2.1 Hydrogen use in engines

There are comprehensive reviews of hydrogen as a fuel for ICEs [43, 48|. The com-
bustion abnormalities are due to high hydrogen flame speed and wide flammability
range [49]; however, injection strategies might minimize or mitigate these problems
[50]. The direct injection of hydrogen has shown benefits, including preventing back-
fire, improving thermal efficiency, and achieving higher engine power output [51, 52,
53]. In 2007, BMW demonstrated a hydrogen SI engine [54], which was shown to
be the cleanest engine ever tested at the Argonne National Laboratory. Soon after,
the MAN Group demonstrated a bus engine that could run independently either
on hydrogen or gasoline. MAN conducted comprehensive investigations regarding

safety, and the vehicles were able to cover more than 10,000 km running without any
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Figure 2.1: Various hydrogen injection and ignition strategies.

safety or running issues [55]. The Ford Motor Company also designed, developed,
and demonstrated hydrogen engines for road vehicles [56]. Recently, most lead-
ing engine manufacturers or research institutions have invested in hydrogen engine
research, if not in the demonstration or production stage.

The hydrogen-fuelled ICE has been shown to be operable in the main combus-
tion modes (Figure 2.1). ICEs are divided into two categories based on the fuel
injection mechanism: port injection and direct injection. In port injection, the hy-
drogen/air mixture starts mixing outside the combustion chamber and is defined as
a premixed fuel. The port injection hydrogen ICE can be ignited using spark igni-
tion (SI), homogeneous charge compression ignition (HCCI), and pilot ignition [57].
Pilot ignition (Figure 2.1) refers to the strategy of initiating combustion by inject-
ing a small amount of high-cetane fuel to ignite the in-cylinder mixture.The direct
injection hydrogen engine allows premixed, partially premixed, and non-premixed
diffusion-controlled flames in the mixture formation of hydrogen, depending on the
injection strategy [58]. A characteristic that differentiates various direct-injection
modes is the fuel injection pressure [59]. The ignition strategies used in hydrogen

direct injection are pilot ignition, glow plug, and spark ignition [60].

2.1.1 Hydrogen port injection

A port injection hydrogen engine might suffer from abnormal combustion, such as
pre-ignition, knock, and backfire [61, 62, 63]. Additionally, hydrogen injection into
the air intake might limit the engine power density. The SI port-injection mode

is the most researched area, with the performance, control strategy, and emissions
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summarized by White et al. [43]. Hydrogen’s combustion properties allow it to
be used in an HCCI engine, where the premixed hydrogen/air charge is introduced
during the intake air stroke. Then, at the end of the compression process, the
charge auto-ignites due to the elevated in-cylinder pressures and temperatures. The
hydrogen HCCI combustion modes exploit the high flame speed of hydrogen [64].
Mixture formation is the most influential parameter on the performance and reliabil-
ity of a hydrogen HCCI engine [65]. However, the drawback is the narrow operating
ranges |64, 66]. Hydrogen engines can operate using the pilot injection strategy,
which might enhance combustion rates due to the high flame speed [67, 68, 69, 70].
Finally, different injection and control strategies can be implemented into port in-
jection hydrogen engines to mitigate NOx emissions and combustion abnormalities.
While hydrogen port injection might be the most straightforward technology and
could help with the fundamental understanding of hydrogen use in engines, the cost

is in power output.

2.1.2 Hydrogen direct injection

The performance of a hydrogen engine can be improved by injecting hydrogen di-
rectly into the combustion chamber [52]. In direct injection, the mixture forms
within the cylinder. Unlike port injection, direct injection allows the combination
of fully or partially premixed [71]. Another benefit of hydrogen direct injection is
the mitigation of combustion abnormalities such as pre-ignition and backfire [72].
Hydrogen pre-ignition is avoided using hydrogen direct injection by reducing the
hydrogen mixture’s exposure time to hot spots or fuel left from the previous cycle
[73]. Also, the direct injection strategy allows greater hydrogen fuel masses to be in-
jected, thereby increasing the load [74, 75]. Injection is performed at high pressures,
allowing a wide range of engine operating conditions. The air-to-fuel stratification,
apart from the injection pressure, is strongly influenced by the injection timing [65].

The SI hydrogen engine is well-established [48, 76|, and the performance of a
direct injection hydrogen engine is almost one-fifth greater than that of a standard
gasoline port-injected engine [52]. However, the wall heat losses are greater for the

hydrogen engine because of the smaller quenching distance |77]. The direct injection
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of fuel can use various ignition strategies such as a glow plug, spark plug, and pilot
ignition [78]. The glow plug is a heated surface placed inside the combustion cham-
ber; its implementation in the hydrogen engine could benefit cold start conditions
by increasing the in-cylinder charge temperature [50]. A glow plug is effective in
controlling the combustion characteristics of a hydrogen engine, but it may reduce
thermal efficiency by increasing the likelihood of pre-ignition [79] Also, the durability
of glow plugs in the higher combustion temperatures may be reduced. Furthermore,
improvements in volumetric efficiency and the high-pressure direct injection of hy-
drogen increases fuel efficiency by reducing the compression work required [80]. Even
though the load could be increased by the direct injection of hydrogen, the power
output remains inferior compared to that of a compression-ignited engine [81]. This
is mainly due to the limitation of the operating condition (compression ratio) caused
by combustion abnormalities. The emissions from a direct hydrogen injection engine

could be further reduced by injecting water [82| or exhaust gas recirculation [83].

2.2 Thermal efficiency

The thermal efficiency of the Otto cycle is influenced by the compression ratio CR
and specific heat ratio v [84], given by:

(2.1)

Figure 2.2 shows that enhancing thermal efficiency can be achieved via two paths:
1) by increasing the compression ratio, and 2) by increasing the specific heat ratio -,
which is strongly influenced by the air-to-fuel ratio [85]. Increasing the compression
ratio improves thermal efficiency but is usually limited by combustion abnormali-
ties [86]. However, increasing v via lean-burn conditions increases efficiency . For
traditional hydrocarbon fuels, increasing the air-to-fuel ratio was not preferred due
to slow and unstable combustion [87|. Hydrogen, however, offers superior com-
bustion characteristics such as high flame speed and wide range of flammability,
enabling the stable lean-burn operation [88|. The lean-burn hydrogen ICEs offer

greater thermal efficiency and lower engine-out emissions compared to traditional
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hydrocarbon-fuelled ICEs [89]. Additionally, boosting could further enhance the ef-
ficiency of hydrogen ICE by increasing power output [90]. The boosted lean-burn
hydrogen ICE could provide optimal thermal efficiency, emissions, and power output,

making hydrogen a promising solution for future sustainable transportation.
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Figure 2.2: Ideal thermal efficiency at various excess air ratios, gamma and com-

pression ratio.

2.2.1 Boosted hydrogen engine

The current limitations of pure hydrogen SI engines are low volumetric energy and
high levels of NOx emissions [43, 48, 61, 91|. The lower volumetric energy reduces
the performance of a naturally aspirated hydrogen SI engine, but this can be coun-
teracted by boosting the intake manifold air pressure (MAP). The increase of the
MAP could increase the load and thermal efficiency by:

e reducing engine friction by decreasing the engine size,
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e lowering heat transfer through the walls by reducing the combustion chamber

surface area,

e enhancing air-fuel mixing by increasing the mass flow rate across the inlet

valves,

e using a compressor to better exploit the exhaust enthalpy.

By charging the intake pressure of a hydrogen SI engine, the same level of per-
formance as a standard gasoline engine can be achieved at a very low level of fuel
consumption [44]. Hence, the only limitation to this approach is operating at sto-
ichiometric conditions due to the risk of backfire and pre-ignition [44|. Improve-
ments have been reported in thermal efficiency and indicated mean effective pres-
sure (IMEP) of up to 38.9% and 14.2%, respectively , by increasing the intake
charge density, which allowed more fuel to be added while maintaining an equiva-
lence ratio of 0.6, and still achieving relatively low NOx emissions [92]. The IMEP
of a lean burn (¢ = 0.6) hydrogen SI engine is able to surpass the stoichiometric
operation of gasoline IMEP at their corresponding MBT timings when the MAP
was boosted by 10 kPa (Figure 2.3). With the load increasing on a hydrogen engine,
backfire occurs, but it can be mitigated by varying the intake valve timing [93].
Also, hydrogen mixtures with an equivalence ratio up to 0.2 were able to be oper-
ated with stable combustion because of the boosting [94]. When the hydrogen/air
mixture was operated at ultra-lean burn operation, the temperature was reduced
below the threshold for NOx emission formation [95], hence suggesting the feasibil-
ity of achieving high-load hydrogen engines with no NOx emissions. Improvement
of load and thermal efficiency were observed when the intake MAP was increased
from the naturally aspirated condition up to 130 kPa [83]. Finally, the effect of su-
percharging hydrogen engines to improve performance has been demonstrated [63,
93, 96, 97, 98]. Although boosting intake air pressure enhances performance, this
increases the in-cylinder temperature which strongly influences the NOx formation
rate [99]. NOx formation in an ICE depends not only on the in-cylinder tempera-
ture but also on oxygen concentration and the residence time of the gases. Higher

in-cylinder temperatures are typically observed with richer hydrogen/air mixtures
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[100]. Therefore, reducing NOx emissions can be achieved by increasing the air—fuel
ratio (lean burn) or by using exhaust gas recirculation (EGR) to lower combustion
temperatures. Increasing the EGR ratio decreases the load due to the increase of
the combustion duration caused by the decrease of the flame speed with EGR rate
[83]. NOx emissions reduce by increasing the EGR rate by decreasing the com-
bustion energy (lower in-cylinder temperatures), and the effect of EGR had greater
significance at the greater loads [101]. To improve the thermal efficiency beyond
40%, reducing heat loss is essential. The effect of lean-burn on decreasing cooling
heat losses is greater than that of EGR [102], so higher thermal efficiency and lower
emissions are expected [37, 62, 103, 104, 47|.
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Figure 2.3: The IMEP of a lean-burn hydrogen engine at various MAP and the
IMEP of naturally aspirated stoichiometric A/F gasoline [92].

2.2.2 Lean-burn hydrogen engine

Higher thermal efficiency requires greater work output, eventually leading to higher

engine-out emissions. For traditional hydrocarbon fuels, the stoichiometric air-to-
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fuel ratio has been used for more than two decades to achieve greater loads [105].
However, due to the superior combustion properties of hydrogen, a compromise be-
tween engine load and thermal efficiency could be achieved by operating at lean-burn
mixtures. Lean-burn of an SI engine occurs when the relative air/fuel ratio (AFR)
is greater than unity. Moreover, the high laminar flame speed (LFS) of hydrogen
can be used to offset the slow burning tendencies of lean mixtures, offering greater
combustion speed and stability [104]. The highest thermal efficiency was achieved
when operating at an excess air ratio of 2, without significant power losses and rela-
tively low NOx emissions [106]. The power was able to be kept high with the help of
the engine speed and the boosting of the intake MAP. For lean burn mixtures, the
exhaust losses reduced thermal efficiency. However, at greater equivalence ratios,
the losses were mostly caused by the in-cylinder heat transfer because of the increase
in the in-cylinder temperature. Furthermore, studies of the combustion range and
the combustion regimes to maintain the engine at idling conditions show that the
excess air ratio of the hydrogen/air mixture could be kept at a range from unity
to 2.4 [107].  Experimental studies have demonstrated that hydrogen combustion
can maintain stable operation at idle conditions with excess air ratios approaching 3
[107]. The optimal hydrogen SI engine operating condition was found to be for the
excess air ratio from 1.8 to 2. Experiments on injection pressure and injection tim-
ing of a lean-burn turbocharged engine show that operating at ultra-lean mixtures
significantly improved thermal efficiency [53]. The optimum operating condition
was found to be at an excess air ratio of 2.3, resulting in a load of 10.9 bar with a

thermal efficiency of 42% with relatively low NOx emissions less than 150 ppm.

2.2.3 Hydrogen combustion abnormalities

Mitigating abnormal combustion in hydrogen engines has implications for mixture
formation, load control, and engine design. There are three main types of abnormal
hydrogen combustion: knock, pre-ignition, and backfire [108]. Knock is character-
ized by the autoignition of the end-gas mixture, pre-ignition is caused by uncon-
trolled ignition from a hot spot, while backfire occurs during the intake process and

is considered a premature form of pre-ignition [109]. The Ford Motor Company [106]
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showed that knock in hydrogen engines occurred only for richer mixtures \ < 1.3,
but this was not presented as an engine performance limiting factor. Whereas, Lee
et al. [110] showed that knock from the boosting pressure has an opposite relation-
ship with the equivalence ratio due to the drop of the in-cylinder gas temperature,
but knock did not occur once the mixture became leaner than an equivalence ratio of
0.6. By increasing boost pressure, the lean-burn limit increased up to an equivalence
ratio of 0.2 and the thermal efficiency could be increased up to 36.7%. Studies of the
knock-free regimes for a hydrogen engine at various excess air ratios, compression
ratios, and load provide evidence to justify the selected operating condition to avoid
hydrogen knock [111, 110, 112, 39, 73].

Hydrogen engine knock can be estimated in the same way as the existing gaso-
line knock models by using the appropriate modelling modifications [39]. The aim
of the knock model is to determine whether the engine knocks at a certain operating
condition or not. The most commonly used method describes knock occurrence as
a function of the autoignition delay [113]. Most of the knock models in the liter-
ature use the ignition delay coefficient method which was proposed by Livengood
and Wu [114]. The ignition delay coefficient method uses a single step Arrhenius
equation to predict the global ignition delay time of a mixture. However, because
hydrogen behaves significantly differently from traditional hydrocarbon fuels, the
available correlations cannot be used for hydrogen autoignition delay time predic-
tions. Currently, there is no correlation available in the literature which predicts the
hydrogen autoignition delay time at engine-relevant conditions. For various ranges
of temperature, pressure, and equivalence ratios, the autoignition delay time could
be calculated by simulating a closed homogeneous reactor using a chemical kinetic
solver.

Backfire is persistent in hydrogen engines, particularly during premixed oper-
ation [109]. Due to hydrogen’s low ignition energy and wide flammability range,
backfire can arise from hot spots caused by residual gas, exhaust valves, or spark
plugs [111]. Pre-ignition could also result from ignition energy that is not fully dis-
sipated due to hydrogen’s lower ion concentration [115]. Additionally, hydrogen’s

small quenching distance could allow combustion to propagate across the top of the
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piston, which can occur during the intake valve opening, thus igniting the fresh
charge [116]. Although hydrogen has low ignition energy, the autoignition temper-
ature is high. Hence, pre-ignition could be mitigated by retarding the spark timing
[106]. When the SI hydrogen engine is operating at boosted lean conditions, air di-
lution of the mixture significantly increases, which affects the combustion stability
and can lead to autoignition, misfire, or knock [117]. However, Nguyen et al. [62]
showed that the combustion remained stable without any backfire, misfire, or knock

for ultra-lean mixtures (A = 2.8) at part-load operation with a low engine speed.

2.2.4 Water injection

Water injection into the combustion chamber was discussed as early as 1920 by
Ricardo, but he noted several problems such as the quantity and quality of the water
[118]. For example, water injection is used in aircraft engines to control detonation
[119]. For road vehicle engines, water injection is considered an alternative method
to reduce emissions [120]. Water can be injected into the engine via direct or port
injection [121]|. Direct injection can be implemented using a fuel-like injector or
special water injectors in the cylinder head [122].

The main advantage of water injection is to allow the engine to operate at higher
loads due to the mitigation of abnormal combustion [82|. This is because water has
a higher heat of vaporization, reducing the in-cylinder temperature [123]. Subrama-
nian et al. [124] experimentally showed that injecting water into the intake manifold
of a hydrogen SI engine was an effective way to control knock, leading to reductions
of up to 80% in NOx emissions with relatively low losses in brake thermal efficiency.
Similarly, reductions of NOx emissions up to 87% were achieved with a 2% increase
in indicated specific fuel consumption, while the load was increased by 24% at the
same NOx emissions compared to conditions without water injection [125]. For a
fixed spark timing of 20° CA bTDC, the thermal efficiency of the hydrogen engine
increased with the addition of water (0 to 4.05 mg/cycle) at an excess air ratio of
1.15. Additionally, advancing the timing of water injection is beneficial for engine
performance [126]. Moreover, hydrogen allows for high rates of dilution with air,

exhaust gas, or water before combustion stability deteriorates due to hydrogen’s
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wide flammability limits [51]. A further reduction in NOx emissions was observed
as the level of water injection increased compared to the exhaust gas recirculation
method.

Moreover, water injection facilitates rapid dilution [127]. The quantity of water
direct injection is independent of the fuel and air flow and can be applied throughout
the entire operating range of a hydrogen engine [126]. Additionally, during boosted
manifold air pressure operation, water injection can serve as an alternative means of
delivering exhaust gas to the compressor under high load conditions in hydrogen SI
engines [128]. Despite the benefits of water injection in hydrogen engines, challenges
remain such as the potential for oil-related emission accumulation and the need to
supply the correct quantity of water while mitigating the risk of water freezing
in cold weather [122]. However, experiments show that sourcing water from air
conditioning condensate could address these challenges [129]. Equipping the supply
line with a damping volume system could prevent system damage caused by water
freezing [124]. Finally, since under EGR operation of a hydrogen engine, the water
content in the cylinder increases, it is important to study the effect of water addition

into a hydrogen engine.

2.3 Hydrogen combustion model

Thermodynamic methods provide fundamental understanding of the relationship
between mechanical, thermal, and chemical processes in an ICE [113]|. Engine mod-
els are divided into three types: zero-, one-, and multi-dimensional models [130].
The zero-dimensional models are computationally fast and inexpensive but do not
have any spatial in-cylinder information. However, if treated correctly, it may be
possible to obtain results comparable to multi-dimensional models [131].

In contrast the multi-dimensional CFD models use the Navier-Stokes equations
coupled with detailed chemical kinetic mechanism to capture the flame develop-
ment, turbulence with chemistry interaction and the emission species formation.
The fast chemistry combustion model (FCCM) which assumes the flamelet like in-
cylinder chemistry [132]. The extended coherent flame model (ECFM) captures the
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pre-mixed turbulence flame propagation [133]. The ECFM model was adapted for
hydrogen combustion by incorporating a specific laminar flame speed correlation
and modified flame thickness expressions to account for hydrogen’s high reactivity
and diffusivity. allowing improved prediction of flame propagation and NOx emis-
sions in hydrogen-fuelled SI engines|[46]. Similar to the ECFM, the SAGE detailed
chemistry solver and the G-equation enable the accurate simulation of the pre-
mixed and stratified hydrogen combustion, the hydrogen ignition dynamics, and the
flame-turbulence interactions [134|. The usefulness of these models is their ability
to predict the flame morphology [135, 136, 137] by simulating the detailed physics
and chemistry. However, their high computational cost and complexity limit their
practicality for wide-range parametric or optimization studies [138|. For applica-
tions focusing only on engine performance prediction, such as in-cylinder pressure
and temperature, there is no need to model detailed flame morphology or combus-
tion spatial information a zero-dimensional combustion model can provide sufficient
accuracy.

The zero-dimensional combustion models are categorized as single-, two-, and
multi-zone models, where the conservation of energy and the ideal gas laws are
applied to calculate parameters of the combustion process [139], for example the
mass fraction burned using the Wiebe function [140]. The Wiebe function is an S-
shaped curve starting from zero to unity, providing the mass fraction of burned gases
at any instant of the combustion process [113], with the parameters calculated using
the least squares fitting method based on experimental data [141]|. In recent years,
research has focused on the use of a multi-zone Wiebe function, with its parameters
predicted by machine learning techniques for a wide range of operating conditions
[142, 143, 144].

The first hydrogen numerical model [145] used a two-zone model with the in-
cylinder turbulence modeled using a semiempirical turbulent flame expression and
NO emissions using the extended Zeldovich mechanism. This methodology has been
used in other studies [146, 63]. Regarding hydrogen combustion, the specific heat
ratio has been replaced by a polytropic index appropriate for hydrogen—air mixtures

[147]. For zero-dimensional combustion modeling, the laminar flame speed (LFS)
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is the most influential input. An extended correlation for predicting hydrogen /air
LFS at lean-burn conditions was used to investigate the performance of the hy-
drogen port-injected engine [148|. Similarly, other correlations to predict the LFS
of hydrogen have been made [149, 150]. Simulations using a two-zone hydrogen
combustion model to study the effect of supercharging [151]| noted difficulties in cal-
culating stretch-free burning speeds, which have since been addressed [152]. Using
the chemical kinetic mechanism, the hydrogen propagating flame was modeled us-
ing turbulent burning velocity [153] and by dividing the combustion chamber into
three zones: unburned, flame, and burned. This showed good agreement between
simulation and experimental in-cylinder pressure across a wide range of equivalence

ratios, spark timings, and compression ratios.

2.3.1 Hydrogen laminar flame speed correlation

A notable difference between fuels is the laminar flame speed (LFS), an important
parameter for turbulent flame calculations. The LF'S is used to assess flame stability
and characterize the transition between deflagration and detonation [154]. Gener-
ating hydrogen LFS data from experiments or chemical kinetic simulations across a
wide range of operating conditions is time-consuming. Experimental data for hydro-
gen combustion at the elevated pressures of engine-relevant conditions are scarce, as
the flames are unstable [152].

Hydrogen /air flames, with or without EGR dilution, will not be stable in any
combustion application due to mechanisms such as hydrodynamic instability (Darrieus-
Landau), which is caused by the variation in density between the burned and un-
burned hydrogen/air mixture, or Rayleigh-Taylor instabilities initiated by gravi-
tational forces affecting the stability of the flames [155]. Flame instability is also
affected by unequal diffusivity as flame propagation is influenced by the system tem-
perature [156]. Heat transfer from the flame front into the unburned mixture and
from the unburned zone into the flame front impacts flame stability. There are three
main mechanisms for diffusion: 1) thermal diffusivity of the unburned mixture, 2)
deficient reactant diffusivity, and 3) excess reactant diffusivity. The hydrogen flames

at high pressure are more prone to Darrieus-Landau and thermo-diffusive instabili-
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ties. These cause the flame to wrinkle, increasing the burning velocity [157] due to
high turbulent burning velocity and laminar burning velocity ratios for lean burn
hydrogen flames [158, 159, 160, 57]. The decrease of the equivalence ratio, and
the unburned temperature, with increasing pressure causes the increase of intrin-
sic instability. The instability growth is associated with the expansion ratio or the
increase of Zeldovich number, and with a reduction of the effective Lewis number
[161].

The conditions for stable hydrogen flames can be predicted by using chemical
kinetics models [150] once the kinetic mechanism is validated. Most of the available
LFS correlations are fitted using a power law [162], where the influence of equivalence

ratio, pressure and temperature are independent,

a B
Si(¢, P, T, [) = Sio (%) (g) (2.2)

The LFS S; is a function of equivalence ratio ¢, unburned gas temperature 7,,
and pressure P at a reference pressure P, and temperature Ty. The terms Sy, o and
B represent the flame speed at a reference condition, and temperature and pressure
power coefficients, respectively. The power coefficients o and [ differ for each fuel
and can be determined from experimental or numerical approaches [163]. Most cor-
relations [149, 150] only express the power coefficients « and /3 as dependent on the
equivalence ratio. However, numerous experimental studies show [ varying with
both pressure and equivalence ratio [154, 163, 164|. Additionally, Verhelst et al.
[152] demonstrated a strong relationship between the effects of pressure and equiv-
alence ratio on the hydrogen LFS. To account for the observed nonlinear effects of
the pressure on the hydrogen LFS, integration of the coupled effects of the equiv-
alence ratio and pressure to calculate the reference flame speed Sjy and pressure
exponent /3 has been achieved [152]. The gasoline LF'S correlation using the power
law formulation [162] was unable to capture the non-power behaviors [165]. The
observed coupling of temperature-pressure dependence on the LFS was resolved by
incorporating a logarithmic dependence of the flame speed on the temperature and
pressure terms. For methane LFS fitting, it was proposed [164] to modify the power-

law [162| by incorporating the pressure effect on the temperature power coefficient
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and by incorporating the temperature effect into the pressure power coefficient at
various equivalence ratios [154]. Whereas, a temperature scaling factor at various
equivalence ratios was introduced to fit the LF'S of gasoline [166], and the same ap-
proach was used for fitting the LF'S for various sets of toluene reference fuels [167].
The hydrogen LFS could be correlated using the power law [162| and the effects of
the equivalence ratio and pressure coupled to calculate the reference flame speed S
and pressure exponent 8 [152]. The addition of water in hydrogen-air combustion
has three main effects on flame speed: 1) a dilution effect reducing the net reaction
rate, 2) a thermal-diffusion effect altering the thermodynamic and transport prop-
erties of the reactants, and 3) a chemical effect occurring due to the participation
of the diluent in elementary kinetic reactions [168]. The chemical effect alters the
reaction mechanisms not only by the presence of water in the elementary reactions,
but the presence of water vapor also facilitates the third-body stabilization reactions
[169]. Initial studies on hydrogen oxidation reactions established the basis for mod-
eling hydrogen LFS [163], and substantial improvements have been made in recent
decades in refining the reaction rates and mechanisms, all validated against various

pressures, temperatures, and equivalence ratios.

2.3.2 Heat transfer

The hydrogen engine experiences a greater heat flux compared to carbon-based
fuels. The heat transfer of an engine is commonly calculated using the correlations
proposed by Woschni [170], Annand [171], and Hohenberg [172]. The correlations of
Woschni and Annand are incapable of predicting the heat flux in a hydrogen engine
when comparing a multi-zone model’s maximum in-cylinder pressure and total heat
release results with experimental data across various compression ratios, equivalence
ratios, and spark timings [173], because the heat flux cannot be modeled with a
characteristic velocity [174]. In addition, hydrogen’s shorter quenching distance
allows the flame to propagate closer to the cylinder walls leading to increased wall
heat transfer. A hydrogen heat transfer model was proposed for specific operating
conditions, though it requires more detailed information about hydrogen combustion

[175]. Additionally, Shudo-Suzuki [176] developed a correlation for predicting heat
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transfer in a hydrogen engine, stating that the Woschni correlation underpredicts
the heat transfer due to increased heat flux compared to traditional hydrocarbon
fuels [174]. However, if the Woschni correlation coefficient is properly tuned, the
hydrogen heat transfer can be predicted accurately by multiplying the heat transfer
coefficient by a factor of 2.2. This enabled the correlation to capture the performance

of a hydrogen-fuelled ST engine under various operating conditions [177].

2.4 Exergy analysis of the ICE

Exergy is a useful concept for evaluating the performance of ICEs by identifying and
quantifying the thermodynamic inefficiencies (losses) of the underlying irreversible
processes [178, 179]. Exergy analysis can be conducted using experimental measure-
ments or modeling engine components and systems [180]. The early work applying
the second law to ICEs investigated the performance improvement of diesel [181]
and gasoline [182] engines by identifying the exergy destruction associated with ir-
reversibility.  Unlike energy analysis, exergy analysis accounts for the quality of
energy and captures the trade-offs between useful work output, combustion irre-
versibility, and the exergy carried away by exhaust gases. ICE exergy studies from
1960 to 2006 have been summarized [180, 183, while more recent studies focus on
combustion strategies [184, 185, 186], alternative fuels [187, 188], and waste recov-
ery systems [189, 190, 191]. Quantification of premixed and diffusion flames shows
the main cause of entropy generation is the chemical reaction in premixed flames,
whereas heat conduction was the primary cause in diffusion flames [192]. Previous
studies using diesel and gasoline have incorporated detailed numerical chemical anal-
yses into the combustion process to study the effect of operating conditions on exergy
destruction or the potential relationship between various engine operating conditions
[190, 193, 186]. Investigations of exergy destruction caused by the combustion pro-
cess for a range of initial reactant temperatures, pressures, and equivalence ratios
concluded that the initial reactants’ temperature had the highest impact compared
to other parameters [178|. Furthermore, the reactants’ temperature and equivalence

ratio were the most influential parameters regarding the exergy destruction [194,
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193].

These previous studies do not translate directly to hydrogen engines because the
physical and chemical properties of pure hydrogen differ significantly from hydro-
carbon fuels. Exergy and energy analyses of a hydrogen HCCI engine with EGR
concluded that engine speed had a smaller effect on exergy destruction compared to
other parameters [195]. Increasing the intake temperature reduces combustion losses
by reducing combustion-related entropy generation. Investigating the exergy split
of a hydrogen SI engine at various equivalence ratios and spark timings showed for
leaner fuel mixtures, exergy due to combustion irreversibility increased, mainly due
to the decreasing combustion temperature [196]. However, when the spark timing
was retarded, the exergy transfer to heat decreased, and the exergy carried by the
exhaust gases increased. For a turbocharged hydrogen engine the load was the main
influence on the exergy allocation [186]. Hydrogen as a combustion enhancer has

also been studied [197, 198, 199, 200].

2.5 Summarising the research gaps

From the literature, it can be seen that there are no single- or two-zone studies
correlating equivalence ratio, spark timing, compression ratio, and intake pressure
to investigate the combustion characteristics, NO emissions, and knocking regions
of a hydrogen SI engine with water addition. Water modulates the LFS in addi-
tion to its thermal and chemical effects on the reactive mixture, but no correlation
for hydrogen-air combustion exists to account for the effects under engine-relevant
conditions. Integrating this empirical correlation into a two-zone combustion model
for predicting the performance, abnormalities in combustion, and NO emissions of
a boosted lean-burn hydrogen SI engine operating in a water injection environment,
the applicability of a new LFS can be demonstrated. By using a two-zone hydrogen
combustion model, the indicated specific fuel consumption, NO, thermal efficiency,
equivalence ratio, and water addition can be used to create an operational map for
hydrogen. A comprehensive exergy analysis of hydrogen engines to assess efficiency

has not been conducted, but the literature indicates the second law of thermody-
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namics is well suited to studying the performance of ICE using alternative fuels.
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Chapter 3

Methodology

Combustion modelling is a useful tool for understanding and optimizing ICEs. By
accurately simulating the combustion process, the model can provide insights into
in-cylinder properties, emissions, and efficiency that might be difficult and time-
consuming to obtain experimentally. Developing and validating combustion and
emission models requires an understanding of the governing physics and chemistry.
This chapter describes the theoretical development and implementation of single and
two-zone combustion models to predict the performance, combustion abnormalities,
and NO emissions of a boosted lean burn hydrogen spark ignition engine at various
operating conditions. The operating conditions are described using equivalence ra-
tio, manifold air pressure, start of combustion, and water addition rate. A detailed
methodology of the second law of thermodynamics application to a hydrogen-fuelled
ICE is given. The single-zone thermodynamic model is modified by incorporating a
LFS sub-model. The two-zone hydrogen combustion model is advanced by incorpo-
rating an in-cylinder turbulence model based on input from advanced computational
fluid dynamics simulations. Both the single and two-zone hydrogen combustion mod-
els incorporate sub-models for: NO emission, hydrogen adapted heat transfer, and
knock integral prediction. The application is to study the nitric oxide emissions from
a hydrogen-fuelled SI engine under boosted and lean burn operating conditions with
and without water addition. The sub-models for LFS, heat transfer, NO emissions,
and knock are calibrated using published experimental data for the hydrogen-fuelled

SI engine.
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3.1 Single-zone combustion model

Single-zone engine combustion models are simple, but can yield useful results. The
zero-dimensional representation of the combustion process neglects the in-cylinder
spatial information and therefore the thermodynamic state of the in-cylinder mixture
is only given as a function of time or crank angle resolved. The combustion process
was modelled by using the Wiebe function, which provides the mass fraction burned
MFB as a function of the crank angle [113]. The function is written as:

0—0s0c

MFB=1— eia( Oaur

>m+1

(3.1)

where 6 is the instantaneous crank angle, 0, is start-of-combustion crank angle,
a and m are efficiency and form factors, respectively. The MFB in Equation (3.1) was
linked to pressure and temperature through the laminar flame speed. The pressure
and temperature are extracted from their motoring values at the start of combustion,
respectively, and used in an empirical correlation that accounts for equivalence ratio,
pressure, and temperature to calculate the flame speed. As, long as the hydrogen
combustion can be accurately phased with similar combustion duration and profile
as experimental data, the engine performance and emissions results will be reliable
[201]. Furthermore, the small changes in the combustion profile or duration would
only have a marginal effect on the in-cylinder pressure and could not invalidate the
proposed analytical combustion methodology. The Wiebe function parameters are
calibrated and validated with experimental data for each case presented (Chapters
4 and 6). Following the spark discharge it is assumed that flame grows spherically
with a speed close to LF'S. Then the LF'S correlation is used to estimate the influence
of the equivalence ratio, initial pressure, temperature and residual gas content upon
the total burn duration at various engine speed and compression ratios [202]. For
optimal performance, the CA50 location can be fixed at 8 *CA aTDC [140]. The
specific heat ratio is replaced by a polytropic index appropriate for hydrogen—air
mixtures [147]. The calculations are based on parametrising the Otto cycle con-
sidering spark advance and varying air-fuel ratios [203|. It is possible to describe

in-cylinder pressure as a function of intake manifold pressure, temperature, crank
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angle, air-fuel ratio, and spark timing [204]. The calculations include the processes
from the intake valve closing (IVC) to the exhaust valve opening (EVO). Firstly, the
compression and expansion processes are modelled using a polytropic relation, then
combustion will be obtained interpolating these two asymptotes using the Weibe
function. The compression is modelled using the polytropic relation. First, the
polytropic coefficient k and the reference point at IVC are needed. Equations 3.2

and 3.3 describe the compression pressure and temperature, respectively,

P.(6) = P, (%) (32)

T.(6) = T, (%) (33)

The initial pressure is the manifold pressure at the reference crank angle position.

Due to simplicity the pressure drop across the valves is neglected,

However, obtaining the initial temperature is challenging since it is influenced by
residual gases. Assuming no changes in the chemical composition of the charge, the
initial temperature can be calculated using a fraction of residual gases and intake
manifold temperature. Expansion is modelled as a polytropic process using the

polytropic coefficient k,

P.(0) = P, (%)k (3.5)

T.(0) = Ty (%)H (3.6)

values of P3 and T3 refer to the third state in the ideal Otto cycle and are obtained

from the temperature increase caused by combustion, expressed as:

(1 — 2,)Qnong(N)
A (F) + 1)
So, the temperature at state three is calculated using the temperature at the end

AT = (3.7)

of compression and the temperature increase during combustion:
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hence,
13
P.= P2 3.9
)= P (3.9)

The pressure and temperature during the combustion process are given by:

Peomy(0) = (1 = [(0)) Pe(6) + f(6) Pe(6) (3.10)

Teomn(0) = (1= f(0))T(0) + f(0)Te(6) (3.11)

3.2 Two-zone combustion model

In the two-zone combustion model, the mass inside the combustion chamber (in-
cylinder charge) is divided into two zones (Figure 3.1): 1) the burned products, and
2) the unburned reactants, where both of the control volumes are assumed to be
a mixture of ideal gases [112]. Later an entrained region is added to the two-zone
model. This will allow the calculation of the mass fraction burned.

The chemical composition of the unburned reactants is assumed to be known
throughout the simulation. The burned zone is classified in terms of the crank angle
position with respect to the flame front, rather than a specific chemical composi-
tion. Each of the control volumes is assumed to have uniform temperature with no
composition- or density-gradient occurring between the unburned and burned zones
at any time [205]. The mass was assumed to be exchanged between the zones with-
out mass loss due to blow-by. The cylinder chamber walls are assumed to have a
constant and uniform temperature throughout the cycle. The flame front is consid-
ered to be of zero thickness, allowing the assumption that the fuel mass is consumed
in the flame front in any instant [206]. Both the unburned and burned zones are
treated as ideal gases, and it is assumed that there is no heat transfer between the
two zones. Thus, the following equations would be applicable at any crank angle

position throughout the combustion process:
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V=V+V, (3.12)
m = my + m, (3.13)
PV, = muR.T, (3.14)
PVy = myp RyTy, (3.15)

where P and V' are the pressure and volume of each control volume, respectively.
The total in-cylinder mixture mass is the sum of the burned zone mass, m;, and the
unburned zone mass, m,,. R is the gas constant. Thus, the equation of state can be

written as:

or,

PV = mR,T, + my(RyTy — RuT,) (3.17)

Based on the assumptions and after rearranging the equation of state, the first
law, and the equation of mass conservation, the following first-order differential
equations are derived to model the combustion process. The subscript u refers to

the unburned zone and b refers to the burned zone, respectively:

i, 1 dP  dQ.
- (ve 1
4 o (V“ a0 ) (3-18)
a, 1 [V dmy R. (. dP dQ,\ - dP
 _ PL (R, — RT)E D (8 31
8~ ey |Dag ~ el BT = (Vu AT ) +Vd0} (319)
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Unburned ‘v’ /

Figure 3.1: Zonal division for the two-zone combustion model.
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Where T,, and T, are the temperatures of the unburned and burned zones, respec-
tively. @ is the crank angle, m, and m; are the masses of the unburned and burned
gases, and ¢, is the specific heat at constant pressure of the unburned mixture. Sim-
ilarly, c,, and c,; are the specific heat capacities at constant volume of the unburned
and burned gases, respectively. V,, refers to the volume of the unburned zone, while
V' is the volume of the combustion chamber. P is the in-cylinder pressure. R, and
Ry, are the gas constants of the unburned and burned gases, respectively. The terms

d(%“ and % represent the rates of heat transfer in the unburned zone and the total

heat transfer, respectively. The total heat transfer, assuming a zero-dimensional

heat flow, is given by:

aQ _dQ, , dQ,
do do do

(3.21)
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The two-zone combustion model was advanced by adding a third zone, usually
referred to as the entrainment model [89]. Describing the flame surface shape is triv-
ial using the entrainment model, since the turbulence cannot be spatially resolved.
The entrainment model divides the combustion chamber into three zones (Figure

3.2) as:

e The unburned zone ‘u’ consists of the homogeneous fresh mixture,
e The burned zone ‘b’ consists of the burned mixture after the complete reaction,

e The entrained zone ‘e’ consists of the entrained mass but not yet burned.

With this zonal division, the entrainment model is able to compute the in-
cylinder properties of the burned and unburned zones, and also offers the density
changes within the flame front in comparison with the two-zone combustion model.
The in-cylinder pressure and temperatures were calculated using the two-zone ap-
proach (Equations 3.18-3.20), and the mass fraction burned profile was calculated
using the entrainment model, which considers the delay of burning of the charge

with respect to the flame front.
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Figure 3.2: The zonal division for the entrained combustion model.

3.2.1 Mass fraction burned

An entrained region is needed to describe the effect of eddies generated inside the
chamber. The eddies are characterized by change in density and volume of the
combustion chamber. Eddies give rise to turbulence which has effect of increasing
the flame speed. Hence, the flame was assumed to be travelling at the local LFS
because the eddies generated during the intake process persist during combustion
[207]. As it is assumed that the charge is homogeneous, the combustion process
can be modelled as the propagation of a flame front with finite thickness. The
propagation rate is determined by the rate at which the eddies are entrained, u,.

[208]. The rate of the entrainment of the resting unburned gas is:

e = puArue = p Ar(Sp + ) (3.22)

where 1, is the entrained mass by the flame front, p, is the unburned mixture
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density, A is the flame front area, S7, is the LFS, and u' is the in-cylinder turbulence
intensity. The density of the reactants was calculated based on the volume and mass
of the unburned zone, while the burned zone density was calculated numerically by
differentiating the mass fraction burned. Note that the cylindrical flame front starts
at the centre of the spark plug and the flame front separates the zones. The rate at
which the mixture is burned for a given time step is:

Me — My,

my = ——— (3.23)
Th

The characteristic burning time, 7,, was obtained by taking the ratio of the
Taylor micro-scale length [, to the laminar flame speed u, corrected by a factor C..
le

T = Cﬁl (3.24)

The mass fraction burned is given by Equation 3.23. To calculate this:

1. Calculate the turbulence intensity.
2. Calculate the LFS.
3. Calculate the thermodynamic properties of the in-cylinder mixture.

4. Calculate the flame area.

Turbulence in the fuel mixture occurs in the entrained zone which are modelled
as eddies. The turbulence spans several length scales and is visualized in terms of
eddies. An eddy is characterized by its local turbulence scale (mathematically is
terms of wavelengths). Turbulent flows are dissipative, since turbulence is known
to be a cascade process. Turbulence decays from large eddies to smaller eddies
by transferring kinetic energy, with the smallest eddies dissipating as heat through
molecular viscosity [209]. Figure 3.3 is a graphical representation of the common
turbulence structures and length scales: integral length scale, Kolmogorov and Tay-
lor length scales. The largest eddies are defined by the integral length scale which
create velocity gradients resulting in turbulent stresses. These turbulent stresses

create smaller eddies measured by Taylor length scale continually forming smaller
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eddies measured by the Kolmogorov scale [210]. The energy transfer from large to
small scales is determined by the interaction of these turbulence structures, with

dissipation occurring at the smallest scales [211].

Taylor
microscale
Integral ~ (0.7mm
length scale
~ 2 mm

Kolmogorov
scale = 0.03mm

Figure 3.3: Typical length scales of turbulent structure during the intake process.

The largest scale (integral length scale) is a measure of the energy contained in
the eddies. In ICE processes, the integral length scale is limited by the geometry of
the cylinder. One of the accepted turbulent integral length scales [; approaches is

only associated with the cylinder geometry:
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1
. 3
I =C, (—chl”‘d“ ) (3.25)

‘/cylinder,mean

However, this approach does not accurately predict the global information of
in-cylinder turbulence integral length scale for a wide variety of engine operating
conditions, leading to a wrong Damkohler number and therefore uncertain turbulent
speeds. Hunzinger et al. (2006) accounted for the flow structures by limiting intake
valve lift L;, and turbulence developed after intake valve closure k. Therefore, the
integral turbulent length scale [; is determined to be proportional to the turbulent

kinetic energy (TKE):

krve
k

The variable k represents the in-cylinder turbulent kinetic energy, and the inte-

lr =LY%,

(3.26)

gral turbulent length scale was assumed to be proportional to k. The TKE produced
by shearing forces on complex charge motion and intake flow is addressed by incor-
porating 3D CFD results back into the quasi-dimensional model of TKE during
IVC. The main determinant of the combustion regime is described by the turbulent
Damkohler number. The Damkoéhler number Da is the ratio of the characteristic
turnover time 7; of the largest eddies in the flow to the characteristic transient time

71, through the laminar flame front:

The flame thickness d; does not create a sharp boundary between the burned
and unburned gases; instead, the species concentration, density, and temperature
gradually transition between the two zones. The turbulence model must provide
the velocity fluctuations ' from Reynolds’ decompositions and the turbulent length
scale L. A simple isotropic assumption can be used: v’ = \/g As per the laminar
flame thickness, the distance between the unburned and burned gases can be difficult
to quantify because the change between zones occurs gradually (over several mm).
Therefore, the laminar boundary layer thickness is defined as a characteristic length

for a given engine operational condition. In this study, the laminar layer thickness
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is defined as a hydrodynamic length 6, = S”—L where v is the kinematic viscosity.

The Damkdhler Da number is high when the flame front reaches the resting
unburned mixture before the turbulence distorts it, which can lead to less in-cylinder
turbulence with respect to laminar burning speed. When the (Da) number is low,
it indicates that the chemical reaction rate is slower than the time it takes for
turbulence to distort the flow. This means that turbulence has a greater influence on
the unburned mixture. In summary, in SI engine operations, the flame propagation
is dominated by the chemical reaction when the Da number is high, but dominated
by turbulence when the Da number is low.

An accurate turbulence model should be able to describe the turbulence at var-
ious engine operating conditions and geometries. Without spatial information, the
most commonly used approach for turbulence modeling is a combined k-e equation.
The calculation of the in-cylinder turbulent kinetic energy (TKE) is done using a
zero-dimensional k-e equation, where the source terms are turbulence production

and dissipation rate:

dk (dk‘)
— == —€ (3.28)
dt dt ) rod
TKE produced by means of compression and expansion is expressed as:
dk dk  2kd
(-) =8 2E (3.29)
dt ) ,.ea dt  3pdt

with:

de dedp €2
dt  3pdt Tk
The integral length scale [; is determined to be proportional to the TKE k, and

(3.30)

is calculated by:

k
Ir = Ly f; < (3.31)

where Ljy is the intake valve lift and kv is the TKE at IVC, determined
using a 3D CFD (Converge) tool. A steady discharge analysis for each operating

condition is performed. The in-cylinder turbulence is modeled by assuming that
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the turbulence is isotropic and no turbulence is produced by boundary layer flow or
diffusion.

In Figure 3.4, the zero-dimensional and three-dimensional TKE are compared for
manifold air pressures (MAPs) for a premixed hydrogen/air mixture, showing that
the zero-dimensional k-e turbulence model performed well at predicting in-cylinder

TKE compared to a 3D CFD simulation.
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Figure 3.4: Turbulent kinetic energy (TKE) with crank angle (MAP=100 kPa,
[VC=240 °CA, CR—=11.5).

If the flame propagation is assumed to be perfectly spherical and the centre of
the flame is fixed at a coordinate (independent of the real ignition coordinate), the
flame front can be expressed as a function of the sphere radius r, piston position

Spist, and flame centre r, [208]:

Ac = f(rs, SpistsTs) (3.32)

The LFS is calculated from an empirical correlation for hydrogen/air mixtures

at engine-relevant conditions. The LF'S correlation is given in the form of:
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Sp = S1o(9) (%)a (g)ﬂ (3.33)

where S, is the LE'S measured at ambient conditions at a given equivalence ratio
¢, when T, corresponds to ambient temperature T, and P corresponds to ambient
pressure P,, and a and [ are mixture strength-dependant constants. The empiri-
cal LFS correlation of hydrogen at various engine-relevant operating conditions is
discussed in Chapter 5.

Equation 3.32 requires the entrained flame area A, to be determined, and it is
computed using an approach proposed by Blizard and Keck [208] with the following

assumptions:

1. Perfectly spherical flame propagation.
2. Wall and flame contact are defined as ‘dead’ state.

3. The centre of flame ignition is defined as a fixed coordinate (independent from

the real position).

4. Flat piston geometry and pancake-shaped combustion chamber.

The flame surface sub-model calculates the flame radius corresponding to the
burned volume (see Figure 3.5). The flame surface area between the unburned
and burned zones, as well as the contact area with the chamber walls, was used
to calculate the heat transfer. Integrating the burned mass gives the mass fraction

burned.
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Figure 3.5: Tllustration of the flame sphere (top) and the flame geometry at a given

position z (bottom).

The radius of the flame at a position z is given by:

— 2 _ L2
r = Tf z

(3.34)

The angles «, 3, v, and 0 within the triangles constructed by the flame propa-

gation are given by:

s?2+r? — R?

a = arccos | ———
2sr

s2 4+ R?> — 72

[ = arccos | ——
2sr

s> +r?— R?

v = arccos [ ———
2sr

43

(3.35)

(3.36)

(3.37)



Methodology

s?+ R? —r?
0= _ 3.38
arccos ( 25l ) (3.38)
The flame front and entrained volume can be written as:
h
Ap = 277/ adz (3.39)
0

h

Vi = / (ar® + BR* — ryRsin ) dz (3.40)
0

3.3 Heat transfer

Hydrogen behaves completely differently from traditional hydrocarbon fuels due to
the increased heat flux inside the chamber for hydrogen combustion [175]. Since
most of the heat transfer models are based on traditional hydrocarbon fuel, various
heat transfer models are examined to find the most suitable for hydrogen [212]|. The
focus remains on the convective heat transfer because, for SI engines, the radiation
mode is not as significant as it would be for compression ignition engines [213]. All
heat transfer models assume that the heat transfer process occurring in the engine
is quasi steady-state. All of the common zero and quasi-dimensional heat transfer

models for wall heat flux are based on the Newtonian approach:

dQloss
dt

— aAT (3.41)

with « being the wall heat transfer coefficient and the temperature difference
between the in-cylinder mixture and the chamber walls. Then, from the first law of

thermodynamics, the heat release is given by:

dQun = dU + dW + dQoss (3.42)

where the change of energy during combustion equals the change of the internal
energy and the work done by the system. The derived heat release rate accounting

for heat loss was modelled as:
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dQ v dV 1 dp
o — t —— V= —dQpss 3.43
1P T =1 g @ (343)

In Equation 3.43, ~ is the specific heat ratio of the mixture, p is the in-cylinder
pressure, V' is the instantaneous volume, and d@);,s is the convective heat loss

modelled using the Woschni correlation [170] as:

he = C [b7 02 POET =020 (3.44)

where b is the cylinder bore, P is the in-cylinder pressure, 7' is the in-cylinder
temperature, and Uy is the average gas velocity. The average gas velocity is propor-
tional to the mean piston speed, and to capture the density variations, the average

gas velocity can be given as:

TrveVy

U, = |CiU, + C
tor *VivePrve

(P—P,) (3.45)

where V, is the displacement volume, P is the instantaneous pressure, Viyc,
Prye, and Trye are the cylinder volume, pressure, and temperature at a reference
point taken at IVC, and P,, is the monitored pressure at the same crank angle as
the piston instantaneous pressure p. U, is the mean piston speed, which shows the
distance traveled by the piston in one revolution per time required to complete the
revolution at a particular engine rotational speed N. Constants C; and Cs needed
to model the gas velocity for each process are given in Table 3.1. The mean velocity
is given as where the engine rotational speed is set to be 2000 revolutions per minute
[214].

The mean piston speed is given by:

2sN
U=

For the heat transfer sub-model to match the actual hydrogen heat release, the

(3.46)

heat transfer coefficient in the standard Woschni correlation is multiplied by a factor
of 2.2 [177]. This adjustment is due to the low quenching distance of hydrogen

and the high burning velocity, resulting in greater cooling losses. Additionally, for
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Table 3.1: Constants for gas velocity model for different processes.

Process Cy C,
Scavenging 6.18 0
Compression 228 0

Combustion and expansion 2.28 0.003 24

hydrogen /air mixtures, the constant specific heat ratio is replaced by a temperature-

dependent polytropic index that accounts for hydrogen-air mixtures [147].

3.4 Auto-ignition delay time and knock

Combustion abnormalities are the main factor limiting the thermal efficiency of SI
engines and are related to charge density, compression ratio, and early spark timing
[113]. Knock is defined as the autoignition of the unburned mixture at the end-
gas when temperature and pressure are high, governed by the time available for a
reactive mixture quicker than the autoignition delay time. Auto-ignition chemistry,
leading to the onset of knock, Tgneck, 18 determined by integrating the inverse of the
ignition delay time, 7 [114]. Knock occurs when the value of the knock integral, K1,

reaches unity:

T

Tknock dt
KI = / = (3.47)
0

Since an Arrhenius correlation for hydrogen combustion is not available for vary-
ing equivalence ratios, the autoignition delay time for a hydrogen-air mixture was
simulated using detailed chemical kinetics. The hydrogen autoignition delay time
T at various pressures, temperatures, equivalence ratios, and water addition was
evaluated numerically using the Converge software [215]. A constant volume ho-
mogeneous reactor model was used to solve the energy equations. The equivalence
ratio, pressure, and temperature were assumed to be spatially uniform throughout
the reactor. Hence, the purpose of the model was to estimate the progress of the
kinetic reactions as a function of time. The autoignition delay time values were gen-

erated using a reduced reaction kinetic mechanism [216]. The simulated data of the
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autoignition delay time at different unburned mixture temperatures, pressures, and
water additions were fitted using a least squares algorithm to obtain an expression
for each equivalence ratio considered.

The proposed knock model only captures the autoignition of the unburned mix-
ture at the end-gas. The presence of hot spots or emissions from unburned hydrogen
of the previous cycle can also cause pre-ignition [45]. In this study, pre-ignition was
not considered since the hot spots could not be identified for zero-dimensional mod-
els. However, the Arrhenius correlation presented in Equation 3.47 does not consider
the direct chemical effects of equivalence ratio as well as the residual burnt gas effects

on the autoignition delay time.

3.5 NO emissions

The major causes of nitrogen oxide emissions during combustion are the oxida-
tion of nitrogen-containing compounds in the fuel (also known as fuel-bound NO),
the production of NO in the flame zone, and the oxidation of nitrogen-containing
molecules in the post-flame zone (thermal NO). This study concentrates on post-
flame oxidation of NO because it is the primary cause of NO emissions from ICEs.
The formation of NO is highly dependent on in-cylinder temperatures, oxygen con-
centration, and residence time for the reaction to take place. It can be assumed
that, except for NO, all other species are in thermodynamic equilibrium due to fast
reaction rates.

NO is formed at temperatures usually above 1800 K, and its formation is driven
by the temperature of the burned gases. Therefore, eight non-linear equations based
on the equilibrium constant expressions for reactions, along with four linear equa-
tions obtained from the conservation of the atomic mass of O, H, N, and C, can
be written. Numerical solutions of these equations at an assumed corresponding
combustion temperature determine the equilibrium mole number of each product.
Then, the accuracy of the first law of thermodynamics is checked according to the
calculated composition and the corresponding temperature. If the balance of in-

ternal energy of the reactants and products is not achieved within the stipulated
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accuracy range, the combustion temperature is modified using the Newton-Raphson
method until a solution is achieved.

The formation of NO is rate-limited due to its high dependency on temperature.
Therefore, the extended Zeldovich mechanism has been used as the basic model for

non-equilibrium NO formation [217]:

O+ Ny;=NO+N
N+0O;=NO+O0

N+OH=NO+H (3.48)

The system of reactions can be simplified and calculated as a single differential

equation:

2
[NOJ
1— < [NOJ. )

d[NO]
— =2R, ~o (3.49)
i L+ ROl 7 17
where R; are equilibrium rates defined by rate constants as:
Ry = ki_ [O]e[NQ]e =ky [NO]G[N]e
Ry = k;[N]e[Oﬂe = k;[NO]e[O]e
R3 = kS [N].[OH]. = k5 [NOJ.[H]. (3.50)

3.6 Physical and chemical exergy

If a thermal system with the properties p, T, and Ny is interacting with its surround-
ings at Fy, Ty, and N;, the interaction between this system and its surroundings
occurs through the exchange of matter and heat, and the input or output of work,
as illustrated in Figure 3.6. To determine how much useful work can be extracted
from this system, it is assumed that the energy reservoir (the source) is large but
finite, such that the intensive properties during the interaction of the system with

the surroundings will not change.
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The second assumption is that the reservoir equilibrates quickly, meaning that

all the entropy is generated inside the system only.

Environment

(pﬂ; Tof Nf)

Thermal System

(p, T, Nk)

Mo s s s

eversible process

Figure 3.6: The thermal system with properties p, T, and N} interacts with its

surrounding environment characterized by Fy, Ty, and ;.

For such a system, the first law of thermodynamics takes the form:

dU = 6Q — 6Wy + Y xS Ny — 6W (3.51)
k

where the change in internal energy increases with heat transfer 6Q), and energy
transferred per chemical specie ), hi0 Ny, where hy, is the molar enthalpy and N,
is the number of moles of chemical species k, respectively. Internal energy decreases

due to boundary work dW, and work done outside the system dW.

To consider the entropy of the system, the second law of thermodynamics takes

the form:
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oQ _
dS = 7=+ Zk: 50Nk + 0Syen (3.52)

where the change of entropy for this specific system increases with heat transfer

with respect to the boundary temperature ‘;—?, and with matter exchange , 5,0 Nj.

The last term 0.5, expresses the entropy generated inside the system.

Rearranging Equation 3.51 to solve for 0Q):

0Q = dU + 6W, — Y hu Ny + 6W (3.53)
k

Now, substituting 6@ from Equation 3.53 into Equation 3.52:

AU + 8Wy — 3, hiS Ny + 6W

ds T + ZI; 5:0N; + 0Sen (3.54)
Multiplying through by Tj:
TodS = dU + 6W, — Y Ny + 6W + Ty > 5k6N; + TpdSyen (3.55)
k k

and solving for useful work (exergy) of the system §:

OW = —dU — PodV + TodS + Y (hi — ToSk)0Ny — To6Sgen (3.56)
k

where the final term 7,05, represents the destruction of the exergy and must
be > 0.

The chemical potential ji4 is used for measuring the energy available for work
when the particle number k& changes due to a chemical reaction. The py o can
be calculated as the partial derivative of Gibbs energy G with respect to k, at

temperature 7" and pressure P:

e
Hk,0 = (—) = hk — T()Sk (357)
dN, PT,Ny 4y,

where the Gibbs energy quantifies the maximum reversible work that could be
extracted by a system at constant 7" and P. The Gibbs energy is given by G =
H — TS, where H is the enthalpy, T is the temperature, and S is the entropy.
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The reversible work 0W,.., represents the maximum useful work that can be ex-
tracted from a system under reversible conditions. Moreover, reversible work is a
fundamental concept for calculating the exergy, which is a measure of the maximum
useful work potential that could be extracted from a system when it reaches equi-
librium with its environment. By assuming 6Sg., = 0 in Equation 3.56, the 0W,.,

can be formulated as:

Wrey = —dU — PodV + TodS + > pir 00 Ni (3.58)
k

Species k can be divided into environmental species ¢ and non-environmental

species 7. The general transformation reaction of species j can be formulated as:

'Uij — ZvijNi (359)

where v; is the stoichiometric value of species j, and v;; is the molecular transfer
from species j into species 7. If during species transfer, it is assumed that the
quantity of species ¢ is proportional to the change of species 7, it leads to the relation
> ; <%de>, scaled by the stoichiometric ratio Z—j Additionally, species ¢ can
also change independently, expressed as d/N;. Finally, the balance of environmental

species i and non-environmental species 7 can be formulated as:

ON; = dN; + Y (%dz\/ﬂ) (3.60)
J

J

Note that no entropy is considered to be generated from the species transforma-
tion. Substituting d N; from Equation 3.60 into Equation 3.58, the maximum useful

work (or reversible work) can be described using:

U. .
5WT€U - —dU - P dV T dS i dNZ 7 idN 36]_
AV T+ 3 +;u,o;(vj ) Goy
The right side of Equation 3.61 has exact differentials with constant coefficients,

so its integration is path independent; hence, it can be integrated using two paths:

1. At fixed composition to the thermo-mechanical dead state (restricted), with

no reaction or diffusion permitted.
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2. At fixed thermo-mechanical state, with reaction and diffusion permitted to the

environmental true dead state (unrestricted).

Thus:

Restricted dead state

X = (—dU — PydV + TydS)

Resource state

True dead state
+/° (—dU — PydV + TpdS)

Restricted dead state

i i j J

where the first integral is the thermo-mechanical exergy X7, and the second
integral is the chemical exergy Xcpy. Hence, the internal exergy of the resource
becomes X;,; = Xry + Xog. Adding the external exergy in the form of kinetic
energy K E and potential energy PE, the internal exergy gives the total exergy of
a resource X = Xry + Xog + KE + PE. Note that no reaction occurs for the

thermo-mechanical exergy Xr,,. Moreover, X7, can be rewritten as:

Restricted dead state
&M:/ (—dU — RydV + TydS)

Resource state

= (U — UTM) + P()(V — VTM) — T(](S — STM)

where the thermo-mechanical exergy is stated as the difference between the avail-
ability with Gibbs energy X7y, = A — Gy at the thermo-mechanical dead state
with fixed original chemical composition. The availability can be grouped in the

same way:

AP,T)=U + PV —TyS = H — TS (3.64)

where H and S are enthalpy and entropy, respectively. The availability A is
usually considered to be the same as exergy X. The difference is that availability

A is the system state evaluation with respect to initial conditions (P and Tp),
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whereas the exergy X relates between the system and its surroundings, concurrently
evaluating the availability change between two states.
The second term of Equation 3.62 represents the chemical exergy, which inte-

grates to:

Restricted dead state

True dead state B
Xon = / (—dU — PodV + TodS) + > piodNi + > prio Y (%?dzvj)
i j j J

7

= (Urp — Up) + Po(Vrar — Vo) — To(Star — So)
Uij
- Z ﬂi,o(Ni,TM - Ni,[)) - ;m,o ; (U_j(Ni,TM - Ni,O)) (3-65)
Cancelling the environmental intensive states with unknown extensive composi-

tion gives:

Vii
Xew = (Urn + PoViryr — ToStm) — E E 10 (ﬁNj) (3.66)
i j

where the chemical exergy Xopg is the chemical potential of the resource at
the thermo-mechanical dead state and the chemical potential of the environmental
species j formed from the species originally present in the system j at the true
dead state. The chemical exergy is defined as the difference between the chemical
potential (the Gibbs function) of the resource before and after it has reacted and

diffused to be part of the environment, all at the true dead state, thus:

Xen = Gru — Go (3.67)

Finally, the total exergy is formulated as:

X = XTM + XCH = (A — GTM) + (GTM — Go) =A-— Go (368)

Note that there are two references used in the previously derived equations: the
restricted dead state and the true dead state. The difference is that the composition
of the restricted dead state is fixed as the initial reservoir composition (no reaction
or diffusion), while the mixture composition of the true dead state is in equilibrium

with the environmental surroundings (Figure 3.7). Both the restricted and true
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dead states are at Fy and Tj. The transition to the true dead state with a typical
air composition would involve further interaction with the environment, in terms of
diffusion of the molecular species and chemical reactions [218]. The environmental
conditions are assumed to be the true dead state conditions. For ICEs applications,
the environmental pressure and temperature are mostly set to 1.01 bar and 298
K, respectively. The molar concentrations of the species are set to be: 20.35%
O,, 75.67% Ny, 0.03% CO., 3.03% H,0, and 0.92% other species [180]. For the
simulated cases of the hydrogen-fuelled engine, CO, was neglected in the chemical
exergy calculations. To calculate the exergy flow of the ICE, F,, Tj, and the true
dead state chemical molecular Ny composition are used.

The thermodynamic properties for each species are based on curve fitting of the
thermodynamic data [113]. The assumptions are that the unburned mixture has
unchanging composition and that the burned mixture is in equilibrium. The specific
heat, standard state enthalpy, standard state entropy, and specific internal energy
are calculated using the polynomials shown in Equations 3.69-3.71, to determine

unburned and burned mixture properties:

o(T)

7= ar + asT + asT? + a,T? + asT* (3.69)
h(T) . CLQT CL3T2 CL4T3 a5T4 Qg
T T? T3 T
s(T) =aInT + a,T + a32 + a43 + a54 +ar (3.71)

The internal energy is given by:

u=h—RT (3.72)

Values for coefficients a for Hy, O2, Ny, and HyO [113] are given for two tempera-
ture ranges. The first range, from 300 K to 1000 K, is appropriate for the unburned
mixture properties, and the range from 1000 K to 5000 K is used for the burned

mixture properties.
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Figure 3.7: Illustration of the system at a given state, restricted dead state, and
true dead state. To calculate the physical exergy, a process occurs which changes
the temperature and pressure of the system to the restricted dead state; however,
the system’s chemical composition is not changed by this process. To calculate the
chemical exergy of the system, another process occurs where the chemical compo-
sition changes, but the pressure and temperature of the system remain constant

(PTM = PO = 1bar and TTM = TO = 298.15 K)
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3.6.1 Exergy transfers

The exergy transfer to indicated work is:

dXWork o av
do =(P=Fh) do

where P is the instantaneous in-cylinder pressure, F, is the pressure at the

(3.73)

restricted dead state, and V' is the volume of the cylinder. The in-cylinder pressure
was taken from the two-zone hydrogen combustion model.
The exergy transfer to heat between the in-cylinder mixture and chamber wall

18:

dXHeat - (1= @ tht
do do

3.74
iy (371

where Ty and T are the initial and in-cylinder mixture temperatures, respectively.
The convective heat loss Qp; is modeled using the Woschni correlation [170)].

The hydrogen chemical exergy is:

Vii
Xenw = (Urm + PoVirr — ToStm) — Z Z,uz‘,o (U—UVJ-) (3.75)
i J

where the chemical exergy Xy is the chemical potential of the resource at
the thermo-mechanical dead state and the chemical potential of the environmental
species j formed from the species originally present in the system ¢ at the environ-
mental dead state.

The exergy destruction due to combustion irreversibility was calculated as a
function of the reaction rate and the difference between the chemical potential of

the reactants and products. The entropy generation is formulated as:

dXComb S dSGen - TO dmz

= — i0—— 3.76
df “ao T T &1 (3.76)

where the chemical potential y; is set to be Xcpep, for the fuel, and Gibbs energy
G, for other gases.

The exergy expelled by exhaust was calculated as the thermo-mechanical exergy

at the EVO:
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Figure 3.8: Schematic of the methodology for the exergy analysis where the symbols
have their usual meaning and NASA poly. are empirical correlations to calculate

mixture thermodynamic properties taken from [113].

Xezh = X(9=EVO0) (3.77)

The in-cylinder exergy was calculated using Equation 3.62 when the specific
internal energy, volume, and entropy of the gas are known.

The combustion and exergy models were developed in MATLAB (version 2021).
The code was run on a Dell Precision 3660 desktop with a 13th Gen Intel(R)
Core(TM) i7-13700K CPU running at 3.4 GHz, featuring 16 cores and 24 logi-
cal processors, supported by 32 GB of physical RAM. The simulations, which in-
volved solving ordinary differential equations using MATLAB’s ode45 solver, were
performed very quickly, with each run completing in seconds. A summary of the

modeling approach is outlined in Figure 3.8.

3.6.2 Combined top-down and bottom-up exergy approach

In the bottom-up approach, the irreversibility due to heat transfer, combustion, and
exhaust are summed. In contrast, the top-down approach calculates the total engine
irreversibility by taking the difference between the exergy input and the output. It
should be noted that the top-down approach is a global method that does not
identify or quantify losses; it solely depends on the exergy flow crossing the control

volume boundary. A combined bottom-up and top-down approach has been applied,
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where the inefficiencies of the hydrogen engine operating at various conditions were
identified and quantified using the bottom-up approach. However, the efficiency was
calculated using the top-down approach because unidentified exergy was present,

leading to the use of the lower engine efficiency.
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Chapter 4

Single-zone model of a hydrogen SI

engine

Single-zone engine combustion models are simple but can yield useful results as
a step in the design process for developing alternative fuel systems. The basic
single-zone thermodynamic model described in Section 3.1 of the methodology is
advanced by implementing a laminar flame speed (LFS) sub-model to investigate
combustion, an extended Zeldovich mechanism for NO emissions, and incorporating

the Livengood-Wu integral model for knock characteristics.

4.1 Incorporating the laminar flame speed sub-model

The single-zone model is modified by incorporating LFS to predict the combustion
duration with respect to the reference operating conditions by using the inverse
relative change in the LFS [202]. When the total combustion duration (Af) is linear
with burn duration (Afp), then:

Af = AHO gsr, = AQO gst (41)
gsrL,o

where the function g incorporates the influence of LFS on burn duration. The
determined combustion duration for each operating case is used in the Wiebe func-
tion (Equation 4.2), giving the gross energy released by the hydrogen-air mixture as

a function of crank angle:
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. m~+1
xr, =1 —exp [—a <9 AZSOC> ] (4.2)

where 6 is the instantaneous crank angle, 6,,. is the start-of-combustion crank

angle, a (set at 6.9) and m are efficiency and form factors, respectively, and A6 is
the combustion duration (Equation 4.1). The experimental data for the combustion
duration and shape factor m is fitted using the least-square method. The maxi-
mum error between the experimental and simulated value of m at various operating
conditions was found to be 12% (R? = 0.895).

A correlation of LFS for a hydrogen-air mixture as a function of equivalence

ratio, pressure, and temperature [162] is:

50 = S1a(0) (1) (g)ﬁ (13)

where Sy o is the LF'S measured at ambient conditions at a given equivalence ratio
¢ when T, corresponds to ambient temperature 7,, and P corresponds to ambient
pressure P,, and o and [ are mixture strength-dependent constants. Moreover,
P and T, are the pressure and temperature at the start of the combustion for each
operating condition and are obtained using the polytropic relation. The effect of
residual gases on the LF'S is not considered since it did not vary the ratio in Equa-
tion 4.1. Due to the flammability limits of hydrogen, the computation of LFS is
performed for a wide range of equivalence ratios to validate the model against the
available experimental studies [157, 219, 220, 221]. However, few studies are avail-
able at the relevant conditions [149, 150, 152|. The derived analytical correlations
of hydrogen LFS at elevated temperatures and pressures for equivalence ratios are
shown in Table 4.1, and are easily implemented into spark ignition engine simula-
tions [222]. The laminar flame speed empirical correlations are valid only within
their specified ranges presented in Table 4.1; using them outside those limits may
lead to inaccurate results due to the nature of polynomial fitting

Comparing the experimental data of LFS [157, 221, 219, 220| with predictive
calculations using the correlations of [149, 150, 223|, the laminar burning velocity

shows similar behavior for a range of equivalence ratios from 0.5 to 3.0, with peak
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Table 4.1: Hydrogen LFS correlations from various studies.

Reference Pressure Temperature Equivalence
(MPa) (K) Ratio (-)
Verhelst [223| 0.1-1.0 300-430 0.30-1.00
Verhelst et al. [152] 0.5-4.5 500-900 0.33-5.00
Ravi and Petersen [150]  0.1-3.0 270-620 0.50-5.00
Gerke et al. [149] 0.5-4.5 350-700 0.36-2.50
0.1-8.0 300-900 0.40-3.75

burning velocities located in the rich region from 1.4 to 2.0 with magnitudes between
2.5-3.0 m/s (Figure 4.1). The computational flame speed curve accurately predicts
the experimental data in the lean-burn region, but the maximum flame velocity is
underestimated with respect to the data of [219].

Thermo-diffusivity and hydrodynamic instabilities are likely to be prevalent un-
der engine operating conditions and can modulate the flame speed [157]. Thus, the
computed flame speed might underpredict the burning velocity at elevated pres-
sures. Nevertheless, the burning velocity of different mixture compositions will only
be used to calculate the change of combustion characteristics at various equivalence
ratios, spark timing, and intake pressure; hence it does not represent the laminar
flame propagation nor the turbulent burning velocity. However, there is a trade-off
between ease of use and the level of complexity of a model, and incorporating LFS
is a useful addition to the single-zone model. Figure 4.2 shows that, for the equiv-
alence ratio range used, the correlations [149, 152] are most useful due to extended
lean-burn limits at wider ranges of pressures and temperatures. The LFS correlation
of Verhelst et al. [152] can be incorporated in neat hydrogen spark ignition engine

simulations, and the correlation provided acceptable results [222].
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Figure 4.1: Hydrogen-air mixture laminar burning velocity as a function of equiv-
alence ratio at engine-relevant conditions (7, = 300K, P, = 1atm). Experimental
values [157, 221, 219, 220| are presented as symbols, while computational results are

presented as lines (Correlation 2 is used from Gerke et al. [149]).
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Figure 4.2: LFS of hydrogen at engine-relevant conditions for equivalence ratio at

Py = 0.5MPa, Ty = 350 K (Correlation 1 is used from Gerke et al. [149]).
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4.2 Validating the single-zone combustion model

The main purpose of incorporating the LFS into the single-zone model is not to
represent the laminar flame propagation or turbulent burning velocity, but to calcu-
late the variation in the combustion characteristics across various equivalence ratios,
spark timings, and intake pressures. Without the incorporation of the LFS, it is not
feasible to evaluate the global performance parameters using a less complex single-
zone model. The intention of this work is therefore to provide a simplified laminar
flame scaling approach, yet make a useful addition to the single-zone approach. The
scaling of the combustion duration with the LFS of hydrogen for varying engine
operating conditions has been effective in determining the main combustion param-
eters through the Wiebe equation for hydrogen engines. Table 4.2 below represents
the predicted shape factor m, CA50, and IMEP. It can be seen from the analysis
that the simulated results are not far from reality. The model is simple yet provides
accurate results for the lean-burn hydrogen SI engine. The model has been validated
with the available hydrogen data of Sementa et al. [47] and Giirbiiz and Akgay [92]

for various engine-relevant conditions.

Table 4.2: Simulated IMEP

A () ST (bTDC) IMEP (bar) m coefficient m simulated Simulated IMEP (bar) IMEP error

(%)
1.29 3.6 6.14 2.58 2.57 5.97 2
1.39 4.6 5.72 2.68 2.72 5.67 1
1.60 10 5.08 2.94 2.59 5.41 6
1.81 8.6 4.72 2.37 2.45 4.86 3
2.00 12.6 4.36 2.00 2.04 4.67 7
2.20 14.6 4.13 1.57 1.55 4.38 6
2.41 18.6 3.87 1.21 1.09 4.08 5
2.60 20.6 3.66 0.79 0.82 3.77 3

Additionally, to assess the single-zone model, the in-cylinder pressure at various
operating conditions was compared to two previously published experimental data
for a hydrogen-fuelled SI engine. For the baseline results, the equivalence ratio
and the Wiebe function parameters were adjusted to match the simulated results

with the available experimental engine data. The simulation results for in-cylinder
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pressure and heat release rate at different equivalence ratios, spark timings, and
engine speeds were validated using the published experimental data of Sementa et
al. [47]. The corresponding specifications of their single-cylinder engine are given
in Table 4.3. The effects of lean-burn operation and intake air pressure boosting on

engine performance were validated with the study of Giirbiiz and Akgay [92].

Table 4.3: SI engine specifications used in simulations.

Characteristic Sementa et al. [47] Giirbiiz and Akgay [92]
Bore x Stroke [mm)| 72.0 x 60.0 85.7 x 82.6
Displacement Volume [cm?] 244.3 476.5

Speed [rpm] 2000 1600
Compression Ratio [-| 11.5 8.0

The in-cylinder pressure data was selected to assess the effectiveness and relia-
bility of the numerical model. Figure 4.3 presents the experimental and numerical
results for the in-cylinder pressure and heat release rate variations at two lean op-
erating conditions (A = 1.30 and A = 2.00) at 2000 rpm and a compression ratio of
11.5. The model predictions were satisfactory during the compression and expan-
sion processes, but a difference of more than 20 was observed during the combustion
process. The simulated in-cylinder combustion pressure profile was under-predicted
due to the lack of detailed chemical reaction mechanisms, assuming that the burn-
ing velocity is laminar, and not accounting for the effect of thermal diffusivity and
pressure attributed to Darrieu-Landau instabilities [157]. The quantitative variation
between the experimental data and model results was evaluated, and the standard
error (¢) was found to be 3% for A = 1.30 and A = 2.00 conditions with a maxi-
mum deviation value d,., of 142 kPa. Moreover, the heat release rate for both lean
operating conditions at A = 1.30 and A = 2.00 was predicted satisfactorily by the

current model, which also accounts for heat loss.
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Figure 4.3: In-cylinder pressure and heat release rate of the hydrogen-air mixture;
experimental values [47] are presented as symbols, while computational results are
presented as a solid line (MAP = 84kPa, CR = 11, N = 2000rpm, ST)—13 =
3°CA bTDC, ST)—200 = 12°CA bTDC).

Figure 4.4 shows the validation of simulated indicated mean effective pressure
and maximum in-cylinder pressure at various spark timings from 30° bTDC to TDC
for different intake pressures. The simulation results were compared with the ex-
perimental work of Giirbiiz and Akgay [92]. The maximum error of the simulated
results was 3%, which is within the cycle-to-cycle variation of the experimental
conditions. The fuel mass flow rate was calculated based on the density changes
associated with increasing the intake MAP, and it has been validated with exper-
imental data as shown in Figure 4.5. Note that the density fuel mass flow rate in

the ITE calculations was incorporated.
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Figure 4.4: Experimental and simulated results for indicated mean effective pressure
and maximum in-cylinder pressure at an equivalence ratio of 0.6. Experimental
values [92] are presented with error bars, while computational results are presented
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4.3 Hydrogen SI engine combustion performance

The initial and boundary conditions for the numerical model are directly related
to the experimental data of a single-cylinder four-stroke hydrogen SI engine [47].
The values for boosted intake pressure, equivalence ratio, and spark timing on the
combustion and emission characteristics are given in Table 4.4. All the simulations

were carried out at a fixed compression ratio of 11.5 at an engine speed of 2000 rpm.

Table 4.4: Operating conditions used for the simulations. Data sources: [103, 37,

224, 47).

Parameters Values
Spark Timing (*CA bTDC) 30 to 0
Equivalence ratio (-) 0.385 to 0.770
MAP (kPa) 84 to 134

The operation of naturally aspirated hydrogen IC engines under lean mixture
conditions could lead to performance reduction; therefore, it is beneficial to boost the
manifold air pressure to achieve power comparable to existing gasoline engines [44].
The boost pressure supplied to the engine, either by a supercharger or turbocharger
at the inlet, is further amplified during compression, which is a function of the com-
pression ratio and temperature. The application of increased intake air pressure
affects the combustion characteristics. Figure 4.6 shows the variation of the simu-
lated in-cylinder pressure traces at different manifold air pressures (MAP = 84 kPa,
MAP = 114kPa, MAP = 134 kPa) and excess air ratios (A = 1.54, A = 2.00). The
simulation does not account for the mechanical losses incurred by the charger. In-
creasing the intake air pressure affects the in-cylinder pressure, where the pressure
at the end of compression changes from 1.39 MPa for a MAP of 84 kPa to 2.22 MPa
for the MAP of 134 kPa at A = 1.54 at 2000 rpm. This is mainly due to an increase
in volumetric efficiency caused by an increase in the amount of air compressed at
higher pressure, altering the combustion process. Hence, for A = 1.54 operation, the
peak in-cylinder pressure increased from 4.42 MPa to 57.52 MPa when the MAP

was increased from 84 kPa to 134 kPa. The observed increase in combustion per-
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formance from increasing the intake air pressure for A = 1.54 operation was not the
same for leaner mixtures due to an increase in the amount of air inside the cham-
ber. Operating conditions that correspond to mixtures leaner than A = 2.00 result
in a reduction in burning speeds; hence, the spark timing had to be advanced to
compensate for the longer combustion duration. The instantaneous heat release rate
shows the characteristics of the combustion process. The heat release rate decreased
significantly with much leaner mixtures due to the lower amount of fuel in the mix-
ture and slower combustion speed caused by the increase of air. Additionally, note
from the inset plot in Figure 4.6 that the peak heat release rate shifted slightly with
boosting pressure under A = 1.54 operating condition. However, under lean mixture
operation (A = 2.00), the peak heat release rate shifted significantly by 20 °*CA from
360 °CA to 380 °CA, and the peak magnitude also decreased from 31 J/°CA to 15
J/°CA. The total amount of heat release increased with increasing boosting pressure
at A = 1.54 due to the increased amount of fuel required to maintain constant . For
leaner mixtures (A = 2.00), the total magnitude of heat did not vary significantly
with higher boost pressures. This was due to the reduction of in-cylinder pressure
caused by the longer combustion duration due to the increased amount of leaner

mixture inside the chamber.
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Figure 4.6: Results for in-cylinder pressure and apparent heat release rate (AHRR)

curves with boosting pressures of 84 kPa, 114 kPa, and 134 kPa, and excess air

variation (A = 1.54, 2.00), to compare the effect of charging pressure at different

lean conditions (CR = 11.5, N = 2000 rpm, ST = 10°CA bTDC).

Figure 4.7 shows the simulated peak in-cylinder pressure for various A and MAP
cases for MBT timing at 2000 rpm. The peak cylinder pressure increases linearly
for A < 1.82 because of the increasing amount of hydrogen in the fuel-air mixture.
As the boost pressure increases, the energy supply increases, resulting in higher
peak in-cylinder pressure values, with a maximum observed at a MAP of 134 kPa
and A = 1.30 with a magnitude of 7.14 MPa. Furthermore, for A > 1.82, any
increase in the intake air pressure results in lower peak cylinder pressure due to the
lower burning speed caused by air dilution and the reduced amount of hydrogen in
the mixture. The simulated peak cylinder pressure of 7.14 MPa for the hydrogen
engine did not exceed the values found for a gasoline-fuelled SI engine under the
same operating conditions [225]. The maximum peak pressure rise can be controlled

by adjusting the spark timing, but the data correspond to MBT timing for each
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operating condition.

Maximum Pressure (MPa)

MAP (kPa)

Figure 4.7: Maximum in-cylinder pressure values for boosted pressures varying from
10 kPa to 50 kPa with 10 kPa increments at lean-burn conditions from A = 1.30 to
A =222 (CR =115, ST = MBT).

The mass fraction of fuel burned (MFB) and the location of end-gas autoignition
are required to determine the knocking intensity, i.e., the instantaneous mass fraction
burned per crank angle for each operating condition. Figure 4.8 shows the mass
fraction profile as a function of crank angle for each boosted condition for A = 1.82
at a fixed spark timing of 15° CA bTDC. The hydrogen-air mixture burns at a fast
rate after the spark discharge, peaks around halfway through combustion, and then
drops to near zero towards the end of combustion. Hence, the MFB period increases
with increasing intake pressure due to the increased amount of hydrogen-air mixture
[92]. As a result of added air intake pressure, the combustion duration is prolonged,

increasing the knocking tendency [226].
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Since combustion duration was found to be a good indicator of knock occurrence,
it is reasonable to use the mass fraction burned curves to characterize the combustion
stages by their duration in terms of crank angles. Combustion duration (CA10-90) is
the crank angle interval required to burn the bulk of the mixture, defined as the time
between the start of flame development (10% mass fraction burned) and the end of
flame propagation (90% mass fraction burned). Figure 4.9 shows the combustion
duration of the hydrogen-air mixture under varying MAP and A. A leaner mixture
results in an increase in CA10-90 due to slower burning velocity and increased flame
development angle (CA0-10). This is caused by the slower LFS due to the reducing
equivalence ratio [113|. This means that CA10-90 is not only a factor affecting
combustion efficiency, but the entire flame propagation depends on the flame kernel
initiation process.

In addition, the MAP has a greater impact on leaner mixture operation due to
the increased air volume. For a MAP of 134 kPa, the combustion duration increases
significantly up to 53° CA when the mixture was leaner than A = 2.22, and the
combustion duration increased by 60% when MAP was increased from 104 kPa to
134 kPa. Also, the crank angle at which 50% of fuel burned (CA50) must be located
between 8 to 10° CA aTDC for optimum performance [140, 227|.

Figure 4.10 shows that CA50 shifts away from the optimal location when the
mixture becomes leaner. For the naturally aspirated condition at a MAP of 84 kPa,
the CA50 location shifts significantly away from the optimal location for A > 2.22.
However, for higher boosted pressures, the increase of CA50 occurs after A = 2.00 for
the MAP of 104 kPa and 114 kPa, and just after A = 1.82 for the MAP of 134 kPa.
This is mainly due to less fuel in the mixture, hence slower flame speed resulting in
longer combustion durations. Therefore, the combustion location of CA50 could not
be centred at 8-10° CA after TDC. Furthermore, slower-burning mixtures require
increased spark advance to achieve the optimal indicated thermal efficiency.

Figure 4.11 shows how the load is affected by the CA50 point at different MAP
values. The load increases as the CA50 is positioned at the optimal location around
8-10° CA aTDC and reduces as the CA50 shifts away from the optimal position.

Increasing the intake pressure increases the in-cylinder temperature, which increases
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Figure 4.8: Results for mass fraction burned profile as a function of crank angle for

MAP at A = 1.82 (CR = 11.5, N = 2000 rpm, ST = 15°CA bTDC).

the burn rate. The discussion in this part pertains to an increase in the inducted
amount of leaner hydrogen-air charge caused by higher boost pressure, which results
in an increase in the burn duration. The increase in burn duration is reflected in a

relatively slower burn rate compared to lower boost pressure operating conditions.
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Figure 4.9: Combustion duration (CA10-90) for various A and MAP values at MBT

timing for each operating condition. The lines represent least-squares fits.
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each operating condition. The lines represent least-squares fits.
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Figure 4.11: Location of CA50 at different loads for various A and MAP values at

MBT timing for each operating condition. The lines represent least-squares fits.

4.4 Knock model

To evaluate the chemical effects on the autoignition delay time, the hydrogen reac-
tion mechanism of Li et al. [228] is solved using chemical kinetics, where a premixed
hydrogen-air mixture was maintained at different equivalence ratios and different
ambient temperature and pressure. In Figure 4.12(a), the simulated autoignition
time for a stoichiometric hydrogen-air mixture maintained at an ambient pressure
of 2 atm was compared with the available values from [229]. Comparison of the
newly calculated autoignition delay-time using chemical kinetic results with previ-
ous Arrhenius correlations (gasoline model), along with the simulation results of
Zhao et al. |230], is shown in Figures 4.12(a) and 4.12(b).

Figure 4.13(a) depicts the influence of pressure on the hydrogen autoignition

delay time while keeping the equivalence ratio constant. The results indicate that
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there is negligible variation in the autoignition delay time when the pressure was
increased from 30 to 50 atm. However, it was noticed in Figure 4.13(b) that for
different equivalence ratios there was an observable difference in the autoignition
delay time for different pressures. Nevertheless, for the engine operating conditions
of a fixed equivalence ratio, the pressure variation effect on the autoignition delay
time is negligible; therefore, a representative pressure was chosen to simulate the

autoignition delay time of all the conditions, as shown in Table 4.5.

Table 4.5: Representative pressures used for each operating condition.

A () 130 154 1.67 1.82 2.00 2.22
Pressure (atm) 60 50 44 38 30 26

A least-square fit was performed on the calculated chemical kinetic values to
determine the best-fit expression, which was then used to calculate the autoignition
delay time for the unburnt mixture temperatures T, relevant to engine operating
conditions. Therefore, the equivalence ratio was incorporated into the hydrogen
reaction simulations to enhance the accuracy of the autoignition delay time predic-
tions.

Using the operating conditions in Table 4.5 with the Livengood-Wu knock model,
Figure 4.14 shows the knock integral for various manifold air pressures and equiv-
alence ratios at MBT timing, 10° CA retardation, and advance from MBT timing.
It can be seen that knock did not pass unity at MBT timing conditions. This is in
agreement with the previous work of Lee et al. [110], which showed that knocking
did not occur for equivalence ratios lower than 0.6 (A > 1.67) for hydrogen-fuelled
SI engines. However, knocking was observed when the spark timing was advanced,
where the knock integral exceeded unity for the MAP of 134 kPa and A = 1.30. This
operating regime shows a tendency to knock due to the increasing charge density
caused by the additional air inducted into the engine. Figure 4.14 also shows a re-
duction in the tendency to knock when the spark timing was retarded, which could
reduce the end-gas temperature and lengthen the autoignition delay time. However,
retarding spark timing could lower thermal efficiency, hence knocking might prevent

the engine from running with the optimal spark timing.
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Figure 4.14: Knock integral (KI) for different operating conditions and spark tim-

ings, showing the tendency of knock occurrence.

4.5 Hydrogen engine load

The optimal spark timing of the engine is mainly determined by the nature of
the flame propagation within the combustion chamber, with important parameters
including engine speed, engine load, engine temperature, intake temperature, fuel
composition, and air excess ratio [113]. The spark timing is fixed at the minimum
spark advance for best torque (MBT) location and is evaluated as a function of
equivalence ratio and boosting pressure to ensure maximum thermal efficiency under
all operating conditions.

Therefore, MBT timing for the highest indicated mean effective pressure (IMEP)
is determined by varying spark timing for A\ = 1.82, and for boosting pressures
varying between 84 kPa and 134 kPa (Figure 4.15). For the naturally aspirated
conditions of MAP up to 114 kPa, the MBT timing was found to be at 15° CA
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bTDC, then it increases to 20° CA bTDC. With increasing intake air pressure, the
minimum advance for best torque shifts away from TDC due to increasing charge
density for higher manifold air pressures. For boosting pressures less than 114 kPa,
the MBT timing was not affected noticeably by increasing intake air pressure (ad-
vances <2° CA). As the intake pressure increases from 84 kPa to 114 kPa, the peak
value of IMEP initially increases by approximately 1.2 bar; thereafter, the IMEP
increases only marginally (by a 0.7 bar). Thus, the power increase is explained by
the additional charge inside the cylinder [231].

The MBT timing shifts from TDC when the charge becomes leaner (Figure
4.16). At A = 1.30, the MBT timing is at 10° CA bTDC, but under ultra-lean
conditions (A = 2.60), it is at 20° CA bTDC. This shift is explained by the increasing
combustion duration due to the decreasing burning velocity (less hydrogen in the
mixture). The IMEP was reduced by operating under leaner mixtures due to lower
burning speed. Figure 4.16 also shows that IMEP is reduced by up to 42% when
the excess air ratio is doubled from A = 1.30 to A = 2.60 at their respective MBT
timings under naturally aspirated operating conditions. The in-cylinder mixture
composition A was the most influential parameter on MBT timing, consistent with
previous work [224].

Figure 4.17 shows the calculated IMEP with respect to A and MAP at their
respective MBT spark timing. The maximum IMEP (0.81 MPa) is reached for
A = 1.30 and a MAP of 134 kPa due to increasing burning velocity. Operating
under very lean conditions (A > 2.22), the IMEP varied only by up to 6% when the
charge was boosted (MAP = 84-134 kPa). Under relatively lower excess air-ratio
operation (A = 1.30), IMEP varied by up to 32% when MAP was boosted from
84 kPa to 134 kPa, but when operating at very lean conditions, boosting had a
negligible effect on IMEP. This may be due to the reduction of the flame speed.
Furthermore, increasing charging pressures had little effect on IMEP for mixtures
leaner than A = 2.00. To achieve higher loads comparable to a gasoline engine, the
boosted hydrogen SI engine could be run at equivalence ratios closer to stoichiometric

operation with exhaust gas recirculation to mitigate knock and reduce NO emissions

[44].
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4.6 Indicated thermal efficiency and indicated spe-
cific fuel consumption

Indicated thermal efficiency (ITE) shows how effectively the chemical energy of the
fuel is converted into mechanical work. Figure 4.18 shows the effect of A and MAP
on ITE at the optimum spark timing for best torque at an engine speed of 2000
rpm. The ITE increases proportionally with boosted pressure, reaching about 39%
for A = 1.82 at a MAP of 84 kPa, whereas it reaches 42% with an increment of
intake pressure by 40 kPa. For boosting pressures less than 94 kPa, ITE increases
linearly with increasing A. For naturally aspirated conditions (MAP = 84 kPa), ITE
increases by approximately 21% with the excess air ratio increasing from A = 1.30
to A = 2.22. When the charging pressure increases beyond 114 kPa, the I'TE peaks
around A = 1.82. This is in agreement with Luo et al. (2019), where the highest
thermal efficiency was achieved for equivalence ratios between 0.65 and 0.80 (A =
1.53-1.25). Likewise, for mixtures leaner than A\ = 2.22, boosting pressure did not
increase ITE beyond boost pressure values of 94 kPa. The maximum simulated
ITE—approximately 42%—occurs at A = 1.82 at a MAP of 124 kPa. This study
does not include the effect of unburned hydrogen emissions, which might result in a

reduction of ITE [75].
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Figure 4.18: Indicated thermal efficiency at various MAP (84-134 kPa) and lean
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ent operating conditions (CR = 11.5, N = 2000 rpm).

Indicated specific fuel consumption (ISFC) evaluates how effectively the thermal
power of the fuel is converted to indicated power. Figure 4.19 shows that under
naturally aspirated conditions of 84 kPa MAP, the ISFC was reduced by 17% when
the engine operation was varied from A = 1.30 to A = 2.22. As for the boosting
effect, ISFC reduced as MAP increased for the naturally aspirated condition at
A = 1.30. For a MAP of 84 kPa, the ISFC increases as the mixture becomes
leaner than A = 2.22. Whereas for MAP values of 114 kPa and 134 kPa, the
ISFC increases when the mixture becomes leaner beyond A = 2.00 and A = 1.82,
respectively. These findings correlate well with the shift of CA50 and agree with
previous studies [96].Figure 4.20 depicts the spark timing effect on ISFC at various
A under naturally aspirated conditions (MAP = 84 kPa). The optimal ISFC value
occurs when the spark timing approaches MBT timing (the highest indicated power
output). In general, the increase in manifold air pressure reduces fuel consumption

for mixtures with A < 1.82 (Figure 4.21). This reduction in fuel consumption results
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from the changes in the mixture composition. As MAP increases from 84 kPa to 94
kPa, the ISFC decreases (except for A = 2.60), where the load was found to decrease
when the MAP was increased from 84 kPa to 94 kPa. This observation was due to
a significant increase in the combustion duration caused by increased air dilution at
boost pressures for lean-burn mixtures (A = 2.60). For A = 1.30 and A\ = 1.82, the
ISFC reduces by 13% and 7%, respectively, when MAP increases from 84 kPa to
134 kPa.

=
=

=
w

o
)

Indicated Specific Fuel Consumption (kg/kWh)
=)

0.1
® MAP=84kPa
0.09 | = MAP=104kPa|
¢ MAP=114kPa
A MAP=134kPa
0.08 ' ' ‘ ‘ ‘
12 14 16 18 2 22 24 26

Excess Air Ratio (-)

Figure 4.19: ISFC values at different A and MAP at MBT timing. The lines represent

least-squares fits.
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4.7 Nitric oxide emissions

This section explores a strategy to reduce NO emissions of hydrogen engines by oper-
ating under lean conditions. The simulated results of boost pressure (MAP) on NO
emissions at different A are shown in Figure 4.22. Boosting the intake pressure in-
creases NO emissions, and this effect is prominent when the engine is operated with
A < 2.00. The increase in NO emissions is explained by the in-cylinder temperature
rise caused by supercharging, as NO formation depends on high local temperature
and excess oxygen. Operating beyond A\ = 2.22, NO emissions reduce for higher
boosted pressures (MAP of 134 kPa) (Figure 4.22). This reduction occurs because
increasing A\ > 2.22 causes the temperature to decrease significantly, reducing NO
formation to nearly zero, which agrees with previous work [232]. Reductions in
NO emissions occur with increasing A for the corresponding MAP values (Figure
4.23).NO emissions are also reduced by retarding the spark timing with respect to
MBT timing (Figure 4.24), mainly due to reducing the global in-cylinder temper-
ature. For A = 1.82 and MAP of 134 kPa, NO emissions reduce by up to 68%
when the spark is retarded by 10° CA (from 15 to 5° CA bTDC). However, re-
tarding the spark timing marginally reduces ITE (Figure 4.25). For A = 1.82 and
MAP = 84kPa, NO emissions reduce by 55% and ITE reduces by 6% when spark
timing is retarded by 5° CA from MBT. Further retarding the spark timing by 10°
CA results in NO emissions dropping almost to zero and ITE reducing by 14%.
Figure 4.25 also shows that the reduction in NO emissions was more pronounced
by varying the mixture composition, as it influences the in-cylinder temperature
and inhibits the NO formation process to almost zero levels under ultra-lean-burn

operation of the SI hydrogen engine.

85



Single-zone model of a hydrogen SI engine

8000 .

® MAP=84kPa
7000 = MAP=104kPa
¢ MAP=134kPa

6000

5000 r

4000 r

3000

2000 1

NO emissions (ppm)

1000 -

-1000 ‘ ‘
1.2 1.4 1.6 1.8 2 2.2

Excess Air Ratio (-)

Figure 4.22: NO emissions (a) at various A and MAP at MBT timing. The lines

represent least-squares fits.

86



Single-zone model of a hydrogen SI engine

2.2 ' ' 1
2l F 1
2+ 4000 — 100p —_—
3 /
o 19} A0 2000 .
% / 2000
MO8 / 3000 1
” AS 0 T
- 0
< d * 2000 -
i 1.7 1 4000 7+
o l Q 4000 J
¥ 16 QQ QQG "
S P i / 500
l 00 / I
1.5 AQ 900
5
o 6000
o Q©
1 3 W &0 L /60 | L L T
90 100 110 120 130
MAP (kPa)
Figure 4.23: NO emissions at various A and MAP at MBT timing.
4500 ‘
® MAP-84kPa
| = MAP=94kPa ||
) ¢ MAD—104kPa
A MAP-114kPa
3500 - MAP=124kPal]
MAP=134kPa
— 3000 | -
a.
B0500 - -
§ 2000 F 1
g 1500 F -
C
1000 |- 1
500 - -
0 b |
_500 Il Il Il Il Il Il Il
30 25 20 -15 -10 e 0

Spark Timing (CA TDC)

Figure 4.24: NO emissions at A = 1.82 for different spark timings and MAP values.

The lines represent least-squares fits.
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at a MAP of 84 kPa (naturally aspirated) with different spark timings: MBT, 5°
CA, and 10° CA retardation with respect to MBT timing. The lines represent least-

squares fits.

4.8 Mapping hydrogen SI engine

The model and simulations described can be drawn together to describe how NO
emissions from a hydrogen ICE can be controlled using in-cylinder combustion pro-
cesses. The IMEP and NO emissions reduce while ITE increases (Figure 4.26), with
ITE peaking at around 42% for an absolute intake pressure of 124 kPa at A = 1.82.
By increasing the intake manifold air pressure further than 124 kPa, the engine op-
erates at higher loads, but the ITE reduces because the CA50 combustion location
cannot be centred on 8 CA aTDC due to the retardation of spark timing to miti-
gate knock.The IMEP and NO emission variation with spark timing (for A = 1.82,
Figure 4.27) shows that the highest ITE is achieved at the MBT timing for each
operating condition due to the highest power output. ITE and load vary propor-
tionally with spark timing; hence, NO emissions can be reduced by retarding spark

timing at a slightly reduced IMEP. This also mitigates knock (Figure 4.14). Figure

88



Single-zone model of a hydrogen SI engine

4.27 also shows that the reduction of NO emissions is more pronounced by varying
the mixture composition, as it influences the in-cylinder temperature and inhibits
the NO formation process to almost zero levels under ultra-lean-burn operation of

the SI hydrogen engine.
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Figure 4.26: The operation of hydrogen SI engines to control NO emissions for

various MAP, A\, and the knock region.
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Figure 4.27: The operation of hydrogen SI engines to control NO emissions for
various IMEP and spark timings at A=1.82. ITE is shown as a heat map and

contour lines, whilst the dashed white line represents IMEP.

4.9 Summary

Improvements to the single-zone combustion model include incorporating LFS to
investigate NO emissions and the knocking characteristics of boosted lean-burn hy-
drogen combustion. The simulated cylinder pressure, heat release rate, and peak
cylinder pressure are validated with experimental results, agreeing to within the
standard error of cycle-to-cycle fluctuations. The simulations show that a naturally
aspirated hydrogen-fuelled SI engine can operate at A = 1.30 to A = 2.60. However,
CA50 could not be centred at the optimal position for mixtures operating leaner
than A = 2.22, particularly when the boost pressure exceeds 114 kPa. This is be-
cause high dilution leads to a longer combustion duration. The simulations indicated
that boosted lean-burn operation improves the indicated thermal efficiency (ITE)
by up to 42% (at A = 1.82 under manifold air pressure of 124 kPa at a load of 6

bar IMEP). Once validated, the NO emissions model shows that emissions increase
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with boost pressure; however, optimizing the start of combustion and the excess air
ratio curtails this increase. For A = 1.82, the NO emissions reduce by 55%, almost
dropping to zero, but this reduction impacts ITE only marginally. Further exper-
imental work is required to substantiate the proposed boosted lean-burn hydrogen

SI engine technology.
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Chapter 5

Laminar flame speed correlation

Experimental data on hydrogen flame speed at elevated pressures are scarce due to
the instability of the flames. Nonetheless, the properties of stable hydrogen flames
can be predicted using chemical kinetics models. The injection of water could of-
fer several benefits to combustion and emissions performance as it modulates the
laminar flame speed (LFS) within the combustion chamber, but this effect has not
been completely understood. Currently, no correlation exists to predict the LFS of
hydrogen-air combustion with water addition under lean mixture engine operating
conditions. In this chapter, a new correlation will be developed to predict the LFS
of hydrogen-air with water addition under lean mixture engine operating conditions.
Preferential diffusion effects, particularly those associated with hydrogen’s high dif-
fusivity and low Lewis number, can influence flame propagation and combustion
characteristics in lean hydrogen—air mixtures. In this work, laminar flame speeds
were obtained from detailed chemical kinetic simulations using mixture-averaged
transport properties. While this approach does not fully capture multi-component
diffusion or Lewis number—dependent transport, it was sufficient to provide accurate
inputs for the zero-dimensional combustion models and to establish trends in the
effects of hydrogen content and excess air ratio on performance and emissions.

The developed hydrogen LFS with water addition will be used to develop a
two-zone combustion model to investigate the effect of water addition in a hydrogen
spark ignition (SI) engine in Chapter 6. The LFS is a physiochemical property of the

combustible mixture and is defined as the speed at which a premixed, steady, planar
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flame front propagates in a direction normal to the plane. A flame results from a
self-sustaining chemical reaction occurring within a space referred to as the flame
front, which heats the reactants and concurrently converts the unburned mixture
into products. The flame front consists of two regions:1. The preheated zone and
2. The reacting zone.In the preheated zone, the temperature of the reactants is
raised through heat conducted from the reacting zone. The temperature gradient
between the two zones is not considered significant, as no substantial energy release
or reaction occurs [113]. Hence, due to the combustible charge being burned, a
critical temperature will be reached, and an exothermic reaction will occur. Flames
will not be stable in any combustion application, and no experimental setup exists to
measure the perfectly planar propagating flame. Thus, for every measurement, the
approximation of the one-dimensional planar flame front is assumed by considering
the deviation from its planar flame geometry. Moreover, all experimental hydrogen
LF'S values used in this study are assumed to be stretch-free. The laminar burning
velocity is formulated as the mass burning rate per unit surface area of the unburned

mixture:

_1dm
- Ap, dt

where A is the flame front surface area, p, is the unburned mixture density, and

! (5.1)

% is the mass burning rate. It is necessary to distinguish between the laminar
flame speed and the burning velocity. The LFS refers to the flame propagating in a
fixed frame of reference, whereas the burning velocity refers to the flame spherically
growing from the spark or its specified ignition point. Hence, the flame speed is
equal to the sum of the burning velocities and the rate of expansion of the burned

gases.

5.1 Chemical kinetic simulations

The laminar premixed flame structure consists of two primary zones: the preheat
zone and the reaction zone. The preheat zone occupies most of the thermal flame

thickness, where the fresh hydrogen with air mixture is gradually heated by thermal
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diffusion and radical transport from the reaction zone. In this region, the reaction
rate is low, but the temperature and species gradients are steep. The reaction zone is
thinner in comparison and is the zone where the chemical reactions accelerate rapidly
which lead to the formation of intermediate radicals and combustion products. The
dominant reaction mechanisms include both bimolecular and chain-branching reac-
tions involving H, O, and OH radicals. The flame speed was determined by the
balance between thermal diffusion and chemical reaction rates across these zones.
The chemical kinetic mechanism of a freely propagating hydrogen flame, consisting
of 19 elementary reversible reaction mechanisms developed by Li et al.[233], was
used to calculate the laminar flame speed (LFS) of hydrogen-air combustion under
various pressures ranging from 10 bar to 70 bar, temperatures from 400 to 800 K,
equivalence ratios from 0.35 to 1, and for 0 to 20% molar fraction of water. More
than 5000 LF'S values were calculated through CONVERGE [215] in a well-stirred
reactor for the selected range of conditions. These data were used to develop a new
correlation capable of predicting the LFS of hydrogen-air combustion with water
addition in any practical power generation device.

The model by Li et al. [233| has been validated against published experimental
LFS data for hydrogen-air combustion for temperatures ranging from 298 to 3000
K, pressures from 0.3 to 87 atm, and equivalence ratios from 0.25 to 5. The exper-
imentally measured values of the LFS were obtained either through burner flame
stabilization [234| or spherical flame propagation in a chamber [221, 223]. The main
difference between these two techniques is that the burner flames did not consider
the stretch rate effect, resulting in higher values than those obtained through spher-
ical flame propagation, where the results were corrected based on the flame stretch
rate. A comparison of published experimental results of hydrogen burning speeds
[234, 235, 221, 236| with the calculated LFS from the Li et al. model at different
equivalence ratios is shown in Figure 5.1. The simulated values of LFS show good
agreement with the experimentally measured stretch-free burning velocities (221,
236| under lean operating regions of ¢ < 1.

The comparison of published experimental data of Koroll and Mulpuru [235]

and Lyu et al. [120] with simulations performed under 1 atm pressure and at a
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Figure 5.1: Laminar burning velocities at different equivalence ratios at P of 1 atm
and T of 300 K. The markers represent the experimental data values [234, 237, 221,
223|. The dashed line represents the hydrogen LFS calculated from the detailed

chemical kinetics with the mechanism of [228|.
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Figure 5.2: Laminar flame speed of hydrogen with 12% and 22% water addition at
various equivalence ratios (P=1 atm, T=373 K). The dashed line is the simulated
LFS using the Li et al. mechanism [233|, and the markers represent experimental

data [235, 120].

temperature of 373 K, with varied equivalence ratios of the hydrogen-air mixture
from 0.5 to 1.7 for steam dilutions at 12% and 22% by volume, are shown in Figure
5.2. Both the experimental and simulated LFS exhibit the similar global trend with
varying equivalence ratios. The simulated LFS results are within a maximum of
11% and 6% error margins when compared to the experimental data of Koroll and
Mulpuru [235] and Lyu et al. [120], respectively. The data presented in Figures
5.1 and 5.2 show that the hydrogen kinetic mechanism is in good agreement with
experimental data for neat hydrogen-air lean mixture combustion [221, 223|, and
for water addition under lean hydrogen combustion [235, 120]. Therefore, the Li et
al. [233] chemical kinetic model was used in this work as the basis to calculate the
lean-burn water-diluted hydrogen LF'S values under high pressure engine-relevant

operating conditions.
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5.2 LFS correlation

Generation of LF'S data from chemical kinetic models for different sets of operating
conditions is time-consuming. Therefore, it is useful to develop a correlation for
hydrogen that can predict the LFS under complex engine operating conditions with
a high degree of accuracy, particularly for water injection strategies favoring NOx
reduction [82]. The formulation [152]| used to fit the hydrogen with water addition
LFS is

Ty

a(¢,PTy)
0

Sl(¢7 P, TwX) = Slo(¢7 P, Tu) (

where the parameters Sy, «, and F were fitted using polynomials of least or-
der (R? = 0.99). A reference pressure (P, = 5 bar) and a reference temperature
(To = 600 K) were set to make the pressure and temperature non-dimensional. Ini-
tially, just over 2500 LFS data points were fitted using the Levenberg-Marquardt
algorithm for Sjy (Equation 5.2) at various pressures and equivalence ratios at a fixed
temperature of 600 K. The correlation was tested to ensure that no spurious values
were generated, confirmed by conducting a non-negative constrained multivariate
regression analysis. The Akaike Information Criterion (AIC) [238] was adopted to
explore different combinations of the predictors to determine the most optimized

fitting model:

S = a1¢* + a$” + azlog(¢) + ay log (—)

+ a5 exp(—¢) + agp log <—>

+ arlog(9) (Fo) + ag exp(—¢) (g) (5.3)

The corresponding fitting coefficients a; are shown in Table 5.1. Figure 5.3
shows the comparison of the calculated initial S;y values obtained from the chemical
kinetics model with the newly developed correlation (Equation 5.3). It can be seen
that the correlation predicted Sjy with good accuracy, where 98% of data fitted well

within 10% error. However, the inset plot in Fig. 5.3 shows that the values for the
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LFS lower than 0.3 m/s did not fit within the 10% error margin. This was due to
the weighting factor which could not be increased further since it tended to reduce

the correlation accuracy for the entire operating condition range.

Table 5.1: Coefficients a; to be used in Equation 5.3, coefficients b; to be used in
Equation 5.4, coefficients ¢; to be used in Equation 5.5, and coefficients d; to be used

in Equation 5.6, for conditions of Py = 5 bar and Ty = 600 K.

C. Value C. Value C. Value C. Value
a; 13.7528 by -1.2354 ¢ 9294 d;  4.9667
as -4.3159 by 0.0000345 ¢y -27.86 dy -3.0818
az -1.2832 b3  0.10518 ¢35 30.70 ds 0.4600
ay, 1.0261 by -0.5332 ¢4 -14.76 dy -0.2508
as -3.4574 by 4.3181 c5; 2.853 d; 0.4331

ag  -3.7039  bg 1.8539 dg  3.2483
a; 0.1490 b7  -0.5166 d; -3.0087
ag 0.2545 by -0.6528 ds -8.5907

bg 3.2115 dg 0.1448

To explore the dependence of pressure, temperature, and equivalence ratio on
the exponent term «, a polynomial was developed for «(P, ¢, T') by fitting it with a
set of 2000 hydrogen LFS data generated at different conditions. Most of the avail-
able LF'S correlations [149, 150] considered the exponent « only to be dependent on
equivalence ratio. Figure 5.4 shows the power coefficient « calculated from Equation
5.2 once the S;g was known from Equation 5.3. It can be seen that « is not only
dependent on ¢ but also influenced by pressure and temperature; all three parame-
ters are intercoupled. Due to the power coefficient a being completely dependent on
pressure, temperature, and equivalence ratio, o in Equation 5.2 has been expressed
to account for the effects of pressure and equivalence ratio. Then the temperature
effect on the hydrogen LFS was accounted for by including an exponential term
that relates to temperature and equivalence ratio through the exponent 3, which
was previously considered to be solely dependent on the equivalence ratio. This

third order polynomial of o consisting of 9 coefficients b; was fitted (R? = 0.99).
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Figure 5.3: Chemical kinetic values of Sjy compared to correlation Sjy values using
Equation (3), with lines of 10% and 20% deviation (P=10-70 bar, ¢ = 0.35 — 1,
T=600 K, and x = 0).

The attained polynomial expression for « is shown in Equation 5.4, and the fitting

coefficients for b; are presented in Table 5.1.

P\°® P P
_ 3 - 3 _
Oé—(bl(b +Z)2 <P0) +b3¢ (PO) +b410g (P0>

+bs exp(—¢) + bso log (g) + b7 log(¢) (g)

0
+bg exp(—o) (g) + bop exp (—%))

(1) o

where S is dependent only on the equivalence ratio, and it is given in the form

of

B=ci¢* + c20® + c30° + cup + c5 (5.5)
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Figure 5.4: Alpha at various equivalence ratios and pressures for temperatures of

400 K and 800 K for hydrogen.

The accuracy of the o term in Equation 5.3 due to the inclusion of the tem-
perature effect on the hydrogen-air LFS was compared with the chemical kinetic
model [233] for 3000 data points (Figure 5.5). The improvement in accuracy for the
hydrogen-air flames through the incorporation of the term exp (%) in o (Equation
5.4, black markers) is compared with the fitting accuracy without the proposed term
exp (%) (red markers). The accuracy improved significantly for LFS values greater

than 3 m/s; furthermore, most of the data points are within a +£10% margin.

5.3 LFS correlation with water addition

Injecting water into the intake manifold of the hydrogen-fuelled engine modulates
the LFS and the local equivalence ratio within the combustion chamber. The new
LFS correlation of hydrogen-air combustion (Eqgs. 5.2 and 5.4) can now be extended

to include the effects of the molar fraction of water on hydrogen combustion under
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Figure 5.5: Chemical kinetic values of LFS compared to the new correlation LFS
values with 10% and 20% uncertainty bands. Black markers show LFS values by
calculating a (Eq. 4), and the red markers are the LFS values without using the

new term.

engine-relevant conditions. The residual volume fraction term F' in the hydrogen
flame speed correlation combines the effects of pressure and equivalence ratio in the
correction term [152].

In this work, the water addition was incorporated into the flame speed correlation
by including the molar fraction of water y in the term F' in Equation 5.2. Note
that the equivalence ratios used in this study only considered fuel and air, and not
the global equivalence ratio that is affected by the dilution of the reactive mixture
by water vapor. The term F was fitted dependently on pressure, temperature,

equivalence ratio, and water addition:
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Ty (%) e (g) (5.6)

where the coefficients d; are given in Table 5.1. The comparison of values ob-
tained from the correlation and the chemical kinetic model at different pressures,
temperatures, and equivalence ratios with water addition ranging from 0 to 20% mo-
lar fraction is shown in Figure 5.6. About 84% of data fitted within 10% and around
97% of data fitted within the 20% error margin. These data points correspond to

the operating conditions used in this study.
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5.4 Hydrogen with water addition LFS at engine-
relevant conditions

Figure 5.7 shows the hydrogen LFS values obtained from the new correlation com-
pared with the calculated chemical kinetic flame speed values. This comparison was
made for equivalence ratios ranging from 0.35 to 1 with 0 to 20% (at 5% increment)
of water addition, whilst the whole mixture was maintained at pressures of 30 and
50 bar, and temperatures between 400 and 800 K. The correlation was accurate for
all cases (Figures 5.7 (a-c) and 5.7 (e-h)) except for the 20% water addition case. In
the 20% water addition case, particularly for equivalence ratios greater than 0.8 and
at a pressure of 30 bar and a temperature of 400 K (Figure 5.7 (h)), the correlation
underpredicted the LFS values. For pressures of 30 bar and 50 bar, at a tempera-
ture of 600 K, and with 20% water addition at equivalence ratios less than 0.7, the
correlation slightly overpredicted the LFS values, with the largest deviation being
within 13% and 18%, respectively (Figure 5.7 (d)). Figures 5.7 (a-d) also reveal that
the LFS predicted by the correlation decreased with an increase in water addition
from 0 to 20%. The pure hydrogen LFS decreased by 67% and 72% for 20% water
addition at 30 and 50 bar, respectively. For a pressure of 30 bar at ambient reactive
mixture temperatures of 400 K and 800 K, the LFS decreased by 60% and 74%,
respectively. Figures 5.7 (a-d) show that by increasing the pressure from 10 to 30
bar, the LFS decreased by 27%, 29%, 32%, and 35% for water additions of 0%, 5%,
10%, and 20%, respectively. Whereas, when the temperature was increased from
400 to 800 K (Figures 5.7 (e-h)), the LFS increased significantly by 313%, 467%,
525%, and 685% for water additions of 0%, 5%, 10%, and 20%, respectively. It is
clear that the new correlation preserves the global trend of the chemical kinetic LF'S

values at all operating conditions presented in Figure 5.7.

5.5 Effect of water addition on LFS correlation

Figure 5.8 shows the effect of water addition on the LFS correlation at various

pressures and equivalence ratios, and it can be seen that the LFS reduces with
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Figure 5.7: Comparison of the chemical kinetic hydrogen laminar flame speed values

with correlation values at various operating conditions.
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increasing pressure. This is in agreement with previous work [239], where it was
shown that at water addition of less than 20% by mole fraction, the LF'S of hydrogen
initially increased and then decreased with increasing pressure. The inflection point
occurred at a pressure of 10 atm. Since this study focuses on engine-relevant higher-
pressure operating conditions, pressures less than 10 bar were not simulated; hence
only a monotonic reduction of the LFS with an increase in pressure was observed.
The observed monotonic reduction in flame speeds with pressure could be associated
with the reaction order n being less than two due to steam being considered as a
third-body in the reaction, hence S; ~ P2~ causes the flame speed to reduce
with higher pressures, as discussed in [240]. For neat hydrogen, the LFS decreased by
73%, 66%, and 58% when the pressure was varied from 10 to 70 bar for equivalence
ratios of 0.6, 0.8, and 1, respectively (Figures 5.8 (a — ¢)). The new correlation and
its analysis revealed that pressure has a more pronounced effect on LFS for leaner
hydrogen mixtures due to relatively lower energy content in the reactive mixture,
which was insufficient to counteract the effect of increased pressure. It is interesting
to note that for higher percentages of water addition, specifically at 20% by mole,
the LF'S was not significantly affected by pressure at levels above 40 bar for mixtures
leaner than 0.8 (Figures 5.8 (a-b)). This phenomenon occurs due to the reduction in
global temperature resulting from increased dilution and higher heat capacity of the
charge; hence, the dissociation reactions were not initiated under higher percentages
of water addition. It has been shown experimentally [120] that water addition
controls the reaction, which causes deflagration of the hydrogen flame at various
equivalence ratios, as well as slowing the rise in pressure. The new correlation
predicts this behavior (Figure 5.8) under all pressures and equivalence ratios, due
to an increase in heat capacity of the mixture caused by steam dilution [241]. The
equivalence ratio effect on the LFS was consistently seen in all the presented data.
Under leaner mixture conditions, both with and without water addition, an increase
in the equivalence ratio caused the LF'S to increase (Figures 5.8 (a —¢)). For the case
of pure hydrogen at a pressure of 30 bar and a temperature of 700 K, the hydrogen
LFS increased by 94% and 201% when the equivalence ratio was raised from 0.6 to

0.8 and 1, respectively. Whereas for water addition of 20% at the same conditions,
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the LFS increased by 179% and 457% when the equivalence ratio was raised from 0.6
to 0.8 and 1, respectively. Though the LFS increases significantly with an increase
in equivalence ratio for 20% water addition relative to neat hydrogen combustion, on
an absolute scale, the magnitude of the hydrogen LFS with water addition is much
lower than that of neat hydrogen combustion. Additionally, the new correlation
provides LFS values very close to those predicted by chemical kinetics, except for an
equivalence ratio of 0.6, where the correlation slightly overpredicts the LF'S values
(Figure 5.8 (a)) with the greatest deviation of approximately 11%. However, as the
equivalence ratio increased beyond 0.6, the accuracy of the correlation also improved.
This is attributable to the higher magnitudes of LF'S associated with the equivalence
ratio.

Figure 5.9 shows that the LF'S decreases linearly with increasing water addition
for all pressures and temperatures, but the rate of decrease of the LFS of hydrogen
is more pronounced at higher ambient temperatures of the reactive mixture. The
correlation also reveals that the linear rate of decrease of LFS is evident even at
lower ambient mixture temperatures of 400 K and an equivalence ratio & = 1 (Fig-
ures 5.9 (c-d)). However, the rate of decrease of flame speed is not significant at
® < 1 at the same lower ambient mixture temperatures of 400 K (Figures 5.9 (a-b)).
The new correlation closely matches chemical kinetic LFS values, with exceptions
at an equivalence ratio of 0.5 and pressures of 30 bar and 50 bar (Figures 5.9 (a-b)),
respectively. In these cases, the new correlation slightly overpredicts the LFS values,
with the greatest deviation being approximately 13% (Figure 5.9 (b)). However, as
the equivalence ratio increases to the stoichiometric condition, the accuracy of the
new correlation improves for various temperatures, pressures, and water additions
(Figures 5.9 (c-d)). The linear decrease in the rate of the LFS is noted with the ad-
dition of water, but there appears to be a limit to the amount of water addition for
effective control of hydrogen combustion, beyond which it tends to be detrimental
to engine performance. This is due to a decrease in the global reaction tempera-
ture caused by the high heat capacity of the water vapor in the reactive mixture
[242]. The LFS values increase with increasing temperature, a trend captured by

the power « used in the correlation (Equation 5.2). As explained in subsection 5.2.2,
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« captures not only the effect of temperature but also the influence of the equiva-
lence ratio and the coupled effect of pressure and temperature on the hydrogen LF'S.
The new correlation for hydrogen LFS, with a reduced order of polynomial and a
reduced number of coefficients, shows that more than 97% of data are within the
20% accuracy level across various temperatures, pressures, equivalence ratios, and
water addition conditions. The new correlation is sufficiently sensitive to predict
variations of LF'S under different conditions of pressure, temperature, equivalence

ratio, and water additions. Error analysis of this correlation is discussed in the next

section.
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Figure 5.8: Laminar flame speed values for various water additions (0 - 20%) at
different pressures: (a) at an equivalence ratio of 0.6; (b) at an equivalence ratio
of 0.8; and (c) at an equivalence ratio of 1 at a temperature of 700 K. Solid lines

represent correlation values and markers denote the chemical kinetic values.
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Figure 5.9: Laminar flame speed values of hydrogen with various water additions
at different temperatures, pressures, and equivalence ratios. Solid lines represent

correlation values, and markers denote the chemical kinetic values.

5.6 Residual analysis

Figure 5.10 (a) illustrates the LFS error across a wide range of pressures from 10
to 70 bar, temperatures from 400 to 800 K, and equivalence ratios from 0.35 to 1.
The accuracy of the pure hydrogen LFS values predicted from the new correlation
is consistent with previous studies [150, 152|, as more than 99% of the data are
within a 20% error margin. Furthermore, around 87% of the data were within a 10%
deviation. To quantify the relative error, residuals between the chemical kinetics and
the correlation flame speed values were calculated for selected operating conditions.
The average mean error was within 5% for water additions of 5% and 10%, within 4%
for water addition of 15%, and within 7% for water addition of 20%. A comparison
was also made between the LFS values obtained from Equation 5.4 with and without
the term exp (?rl) as shown in Figure 5.10. A significant number of data points

0
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had their residuals reduced significantly by incorporating the temperature-pressure
coupling effect term into the new LFS correlation. Without the inclusion of the
new term in o (Equation 5.4), the LFS values would be underestimated, leading
to residuals shifting to higher values. The addition of the temperature-pressure
coupling term successfully refined the power o, minimizing the value of the residuals.
These residuals were used to generate a histogram for various operating conditions
of hydrogen with water addition (Figure 5.11), and were found to be unimodal,
with the accuracy assessed using the mean and standard deviation. For each level
of water addition, the histogram shape remained unimodal for all concentrations of
water additions, with a peak at zero. The absolute values of mean residual were
0.1033, 0.1002, 0.0665, and 0.0887 m/s for 5%, 10%, 15%, and 20% water addition,
respectively. When the molar fraction of water in the mixture increased, the residual
magnitudes were reduced, correlating well with the decrease in LFS values due to
the water addition, as shown in Figures 5.8 and 5.9. Note that bars with less than
4 data points have not been included in Figures 5.10 and 5.11.
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Figure 5.10: (a) The standard error for the new LE'S correlation at various operating
conditions (¢ = 0.35—1, P = 10— 70 bar, and 7" = 400 — 800 K); (b) The histogram
of the residuals with and without the exp (%) term.
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Figure 5.11: The histogram of the residuals calculated as the difference between

chemical kinetics and correlation LFS values (m/s) against the number of data

points at different water additions (1-20%) and operating conditions (¢ = 0.35 — 1,
P =10 — 70 bar, and T’ = 400 — 800 K).
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5.7 Summary

The LFS is important for modeling internal combustion engines (ICEs), but gen-
erating these from experiments or chemical kinetic simulations can be costly and
time-consuming. A new correlation accurately predicting LFS with water addition
at engine-relevant operating conditions has been developed. The LFS correlation
was validated for pressure ranges from 10 to 70 bar, temperature ranges from 400 to
800 K, equivalence ratio ranges from 0.35 to 1, and water addition by mole from 0 to
20%. The LFS of hydrogen-air mixtures, with and without water addition, were sim-
ulated using an accepted chemical kinetic model. Polynomial expressions of reduced
order and number of terms were developed with optimized values of coefficients to
predict the LFS under lean mixture operation and high-pressure conditions. The
variation between the simulated values from the chemical kinetic model and the pre-
dicted values from the new correlations of reduced order resulted in an R? of 0.99. A
new term was added to the power term « in the correlation to capture the coupled
effects of pressure, equivalence ratio, and temperature on LF'S under engine-relevant

lean-burn, water-diluted operating conditions.
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Chapter 6

An improved and extended two-zone
model to study the effect of water

dilution

The injection of water modulates hydrogen combustion, but there are trade-offs to
be optimized between the amount of water used and engine performance, emission
reduction, and knocking regions. This new validated two-zone combustion model
predicts the performance of a boosted lean-burn hydrogen SI engine with water
addition. The thermodynamic model incorporates water-diluted hydrogen LF'S, an
extended Zeldovich mechanism for nitric oxide emissions, and the Livengood-Wu

integral model for knock characteristics based on advanced chemical kinetics.

6.1 Model validation

The results for in-cylinder pressure at different equivalence ratios and spark timings
are validated using published data [47]. Both the simulated and experimental in-
cylinder pressures exhibit similar trends as the crank angle increases from 340 to 410
°CA. This alignment is illustrated in Figure 6.1, which compares the experimental
data (shown as markers) with the simulation results (shown by lines). In Figure
6.1, the blue markers and line represent the data for an equivalence ratio ¢ = 0.77,

while the red markers and line correspond to ¢ = 0.50. The in-cylinder pressure
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Figure 6.1: The simulated in-cylinder pressure compared to experimental values
of [47) (MAP = 84 kPa, CR = 11.5, N = 2000 rpm, STy_o7r = 3°CA bTDC,
ST¢:0.50 = 1QOCA bTDC)

peaks observed in the experimental hydrogen data are captured by the simulation
using the two-zone hydrogen combustion model, to assess the accuracy of the hy-
drogen numerical model compared to experimental values. The in-cylinder pressure
shows that as the equivalence ratio decreases from 0.77 to 0.50, there is a significant
reduction in the peak in-cylinder pressure as well as a shift in the crank angle cor-
responding to the peak in-cylinder pressure away from top dead centre. This was
mainly caused by the reduction of the hydrogen flame speed for greater air-diluted
mixtures. At ¢ = 0.77, the peak pressure reaches approximately 4600 kPa, whereas
at ¢ = 0.50, the peak pressure is around 3300 kPa. This reduction in peak pressure
with decreasing equivalence ratio is consistent between the experimental hydrogen
values and the simulated values. For both equivalence ratios, the pressure starts
rising sharply around 350 °CA, peaks between 360 and 370 °CA, and then decreases
as the crank angle approaches 410 °CA. This is due to the initiation of the spark
event at 10 °CA bTDC and demonstrates that the two-zone hydrogen combustion

model predicts the in-cylinder pressure well at various fuel-to-air ratios.
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Figure 6.2: The simulated in-cylinder pressure compared to experimental values of
[47] for different heat transfer coefficients (MAP = 84 kPa, CR = 11.5, N = 2000
Irpm, ST¢:0.77 = 10°CA bTDC)

Due to significant differences in properties of hydrogen compared to that of petrol
and diesel, it is necessary to choose an appropriate heat transfer model to accurately
predict the performance of the engine. The in-cylinder heat flux is greater for hy-
drogen in comparison with a carbon-based fuel. In addition, the analysis of the heat
transfer model in an engine is typically conducted using the correlations suggested
by Woschni [170]. However, it has been shown [177] that by multiplying the heat
transfer coefficient in the Woschni correlation by a factor of 2.2, the correlation was
able to predict the performance accurately under different operating conditions. In
Figure 6.2, the in-cylinder pressure is shown for an equivalence ratio of 0.77 at a
spark timing of 3 “CA bTDC at different heat transfer multipliers, demonstrating
the multiplier of 2.2 to be the most accurate for an equivalence ratio of 0.77. This
comparison illustrates the importance of selecting an appropriate hydrogen heat

transfer model.
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6.1.1 Comparing the performance of the single- and two-zone

models

The models were assessed by comparing the in-cylinder pressure and mass fraction
burned profiles since all other results derive from these two parameters. Figure 6.3
shows that the two-zone combustion model predicted the experimental data with
greater accuracy, mainly due to the inclusion of the turbulence sub-model. Turbu-
lence was calculated using the k-epsilon model. The initial turbulent kinetic energy
was calculated using an analytical fitting created by the turbulent kinetic energy
values simulated using a three-dimensional computational fluid dynamic model at
the crank angle position of intake valve closing. This difference affected the mass
fraction profile between the single-zone and two-zone hydrogen combustion models.

Empirical correlations can provide the flame speed of the mixture under different
engine operating conditions, but this requires knowing the unburned pressure and
temperature, as well as the chemical composition. Given that the flame was pre-
sumed to be moving at the speed of the local laminar flame and considering that the
eddies produced during the intake process continue to exist during combustion, it
is assumed that the charge is uniform. The combustion process can be represented
as the movement of a flame front with a limited thickness. The propagation rate
is determined by the entrainment rate of the eddies. Additionally, the flame front
was previously taken to be of zero thickness, leading to the assumption that the
fuel mass is consumed instantaneously within the flame front. At greater loads, it is
expected that the eddies result in higher in-cylinder pressures. To achieve the same
load or in-cylinder pressure from the two models, it is required that the combustion
duration be shorter or the flame speed be increased at a particular fuel mixture at
a particular equivalence ratio, temperature, pressure, and exhaust gas recirculation
ratio.

The two-zone model provides a slightly higher level of accuracy when predicting
the engine performance because of the greater capability of capturing the water effect
on the hydrogen combustion. The addition of water in hydrogen-air combustion

has three primary impacts: 1) the dilution effect, which decreases the LFS, and
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Figure 6.3: Simulated in-cylinder pressure using single zone (SZ) and two zone (TZ)

hydrogen combustion models compared to experimental data of [47].

the 2) thermal-diffusion effect, which modifies the thermodynamic and transport
characteristics of the reactive in-cylinder mixture. The single-zone model captures
only the first effect, whereas the two-zone model captures both water effects on the
hydrogen combustion. Nevertheless, the single-zone model is effective at predicting
the pure hydrogen combustion at various spark timings, equivalence ratios, and

manifold air pressures with good accuracy.

6.2 Hydrogen engine model performance

The two-zone model integrates sub-models for NO emissions and knock integral
prediction to study the NO emissions from a boosted lean-burn hydrogen-fuelled SI
engine with water addition. The combustion performance was investigated under
the operating conditions shown in Table 6.1 by analysing the in-cylinder pressure

and load. The numerical initial and boundary conditions are verified and validated
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with experimental conditions [47]. The simulations were conducted with a constant
compression ratio of 11.5 and an engine speed of 2000 rpm. The two-zone model
performance is evaluated by considering the LFS and in-cylinder characteristics at

engine-relevant conditions.

Table 6.1: Conditions used in the hydrogen engine numerical model.

Parameters Values
Spark Timing (°CA bTDC) 20 to 0
Equivalence ratio (-) 0.5 to 0.9
MAP (kPa) 80 to 120
Compression ratio (-) 11.5

Water addition (% by volume) 0 to 8

6.2.1 Laminar flame speed at engine relevant conditions

Laminar flame speed is the most influential parameter for engine numerical mod-
elling. The water-diluted hydrogen LFS correlation was calculated based on the
empirical correlation proposed in Chapter 4. Figure 6.4 shows the hydrogen LFS
values at different temperatures and equivalence ratios at a pressure of 3 MPa (Fig-
ure 6.4a), 5 MPa (Figure 6.4b), and 7 MPa (Figure 6.4c). It can be seen that the
LFS decreases significantly with decreasing equivalence ratio. At a pressure of 5
MPa and a temperature of 600 K, the hydrogen laminar flame speed decreased by
47%, 58%, and 84% when the equivalence ratio was decreased from 0.9 to 0.7, 0.65,
and 0.5, respectively. This was due to the reduction of the energy content when the
mixture became leaner. Additionally, Figures 6.4(a-c) show that the LFS decreases
with increasing pressure for the equivalence ratios used. For an equivalence ratio of
0.9 at a temperature of 700 K, the LFS decreased by 24% and 40% when the pres-
sure was increased from 3 MPa to 5 MPa and 7 MPa, respectively. This reduction
is explained by the reaction order n being less than two, given as S; ~ P51,

This was in agreement with previous studies [239]. Conversely, it can be seen from

Figures 6.4(a-c) that the LFS increased monotonically with increasing temperature
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Figure 6.4: Hydrogen laminar flame speed values at different temperature, pressure,
and equivalence ratio. Calculated using the hydrogen laminar flame speed empirical

correlation proposed in Chapter 4.

under all presented equivalence ratios and pressures. For a pressure of 5 MPa and
an equivalence ratio of 0.9, the LFS increased by more than six times when the
temperature was increased from 400 K to 800 K. This was because the rate of the
chemical reactions increases exponentially with increasing temperature based on the
Arrhenius equation [113]. Figure 6.5 shows the LFS values of water-diluted hydrogen
at various water additions and temperatures at an equivalence ratio of 0.5 (Figure
6.5a), 0.65 (Figure 6.5b), 0.7 (Figure 6.5¢), and 0.9 (Figure 6.5d). It can be seen
that the addition of water reduces the LFS. For an equivalence ratio of 0.9 at a
pressure of 40 bar, the LFS was reduced by 4%, 13%, 21%, and 33% when 1%, 3%,
5%, and 8% water was added, respectively. This was mainly due to the reduction of
the global temperature and increased heat capacity of the mixture with the added

water [120].
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Figure 6.5: Hydrogen LFS values at various equivalence ratios, temperature, and
water addition (P=4 MPa) calculated using the new hydrogen laminar flame speed

empirical correlation.

6.2.2 In-cylinder characteristics

Figure 6.6 shows that the peak in-cylinder pressure and total apparent heat release
rate (AHRR) decrease with increasing water addition, and that the crank angle
associated with peak in-cylinder pressure shifted marginally away from the top dead
centre (TDC). For an equivalence ratio of 0.9, the crank angle corresponding to
the maximum in-cylinder pressure shifted around 3 °CA away from TDC for 8%
water addition compared to the pure hydrogen operation, and the magnitude of the
peak also decreased from 5.52 MPa to 4.92 MPa. This decrease in the in-cylinder
magnitude and the shift of the corresponding peak crank angle location were caused
by the reduction of the flame speed. The water addition causes the deflagration of
lean-burn hydrogen flames, eventually reducing the pressure rise [120].

For the same reason, Figure 6.6 also shows that the AHRR peak decreased with
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Figure 6.6: Simulated hydrogen engine in-cylinder pressure and AHRR for various

¢ at different water additions.

increasing air dilution; the peak AHRR decreased by 48% when the ¢ was decreased
from 0.9 to 0.5. Similarly, for ¢ = 0.9, the peak AHRR decreased by 5% and 16%
when 3% and 8% water were added, respectively. Furthermore, the peak AHRR
location shifted away from TDC with water addition by 2°CA and 3°CA when 3%
and 8% water were added, respectively.

It can also be noted from the inset plot in Figure 6.6 that the total AHRR
decreased with decreasing equivalence ratio. For pure hydrogen operation, the total
AHRR decreased when the ¢ was decreased from 0.9 to 0.5 because of the reduction
in flame speed for leaner hydrogen mixtures. The total AHRR also decreased with
water addition. For ¢ = 0.9, the total AHRR decreased by 1% and 7% when 3%
and 8% water were added, respectively. This was because of the reduced flame
speed combined with the increase of the in-cylinder charge heat capacity with water
addition.

Figure 6.7 shows that the maximum in-cylinder pressure reduces monotonically
with increasing water addition for any given equivalence ratio. For an equivalence
ratio of 0.9, the maximum in-cylinder pressure reduced by 1%, 4%, 6%, and 10%

when 1%, 3%, 5%, and 8% water were added, respectively. Whereas, the maximum
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Figure 6.7: The maximum in-cylinder pressure at various ¢ and water additions at

naturally aspirated condition, MAP = 80 kPa.

in-cylinder pressure increases with increasing equivalence ratio under all simulated
cases of water addition, which was due to the increased in-cylinder energy content
from the higher concentration of hydrogen present in the mixture. For pure hydrogen
operation, the maximum in-cylinder pressure increased by 27%, 45%, and 55% when
the equivalence ratio shifted from 0.5 to 0.65, 0.77, and 0.9, respectively.

Similarly, Figure 6.8 shows that the maximum in-cylinder combustion pressure
increases with an increase in the manifold absolute pressure (MAP) due to the
increased in-cylinder charge density. For an equivalence ratio of 0.9, the maximum
in-cylinder pressure increased by 8% and 16% when MAP was increased from 80
kPa to 100 kPa and 120 kPa, respectively. The peak in-cylinder pressure magnitude
of 6 MPa was found under an equivalence ratio of 0.9 for 40 kPa boosting.

The optimal location of spark timing in an engine is mainly determined by the
characteristics of the flame propagation within the combustion chamber and the

associated engine parameters such as load, fuel composition, intake pressure, intake
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Figure 6.8: The maximum in-cylinder pressure of pure hydrogen at various ¢ and

MAP (ST = MBT, CR = 11.5).

temperature, and engine speed. The spark timing was fixed at the minimum spark
advance for the best torque (MBT) location to ensure maximum thermal efficiency
under all operating conditions. Therefore, the MBT timing at the highest indicated
mean effective pressure (IMEP) was determined by varying the spark timing for
naturally aspirated (MAP = 80 kPa) condition at various equivalence ratios (Figure
6.9a). The MBT shifts away from the TDC when the mixture becomes leaner. At
¢ = 0.9, the MBT timing was at 4 “CA bTDC, whereas, for ¢ = 0.5, it was at 10
°CA bTDC. This can be explained by an increase in combustion duration due to the
reduction of flame speed for leaner mixtures.

Figure 6.9a also shows that the IMEP was reduced by 41% when the ¢ was re-
duced from 0.9 to 0.5 at their respective MBT timings under the naturally aspirated
condition. Figure 6.9b shows the variation of load at different MAP for different
spark timing under ¢ = 0.77. As MAP increased, the MBT timing shifted towards
TDC due to the increase of the charge density at higher MAP values. When the
MAP increased from 80 kPa to 100 kPa and 120 kPa, the IMEP at MBT timing

increased by an order of 5 and 10 bar, respectively. The power increase is explained
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Figure 6.9: a) Simulated IMEP at different spark timings for various equivalence
ratios (MAP = 80 kPa) and b) simulated IMEP at different spark timings for various

manifold air pressures (¢ = 0.77).

by an increase in in-cylinder charge density for higher intake manifold air pressures
[30].

In Figure 6.10, the IMEP for different water additions under various spark tim-
ings for the ¢ = 0.77 shows that by adding water into the hydrogen reactive mixture,
the MBT timing was advanced. For pure hydrogen under ¢ = 0.77 the MBT timing
was found to be at 6 °“CA bTDC, whereas, when 3% and 8% water was added, the
MBT shifted marginally to 7 and 8 *CA bTDC, respectively. This was caused by
the increase in combustion duration with water addition, due to the reduction in
the flame speed.

The instantaneous mass fraction burned per crank angle for various equivalence
ratios at a fixed spark timing of 5 “CA bTDC under naturally aspirated conditions
are shown in Figure 6.11a. As air dilution in the hydrogen/air mixture increases,
so does the combustion duration. The mass fraction burned is a good indicator
of engine performance. It is reasonable to use the mass fraction burned curves
to characterize the combustion stages as a function of crank angles. The crank
angle location for 50% (CA50) mass burn fraction shifted by 1, 2, and 6 *CA away

with respect to ¢ = 0.9 condition, when the mixture tends to become leaner for
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Figure 6.10: Simulated IMEP at different spark timings for various percentages of
water additions under ¢ = 0.77 under naturally aspirated condition (MAP = 80
kPa).

equivalence ratios of 0.77, 0.65, and 0.5, respectively. In general, the CA50 location
shifted away from TDC for leaner mixtures. This was caused by the slower burning
flame velocity at increased air dilution and the increased flame development angle.
The effect of the water addition on the hydrogen mass fraction burned has been
shown in Figure 6.11b. It can be seen that when water was added under naturally
aspirated conditions at ¢ = 0.77, the combustion duration only marginally increased.
The water addition reduces the flame speed, mostly due to the high heat capacity
of water, hence greater amounts of heat were absorbed by the water species inside
the chamber. Therefore, the CA50 location shifted only by 3 °“CA when 8% water
was added into the mixture. The water addition effect in the two-zone hydrogen
combustion model was captured not only by the flame speed effect, but also from

the thermal property variation caused by water addition.
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Figure 6.11: Simulated mass fraction burned profile for various equivalence ratios at
MAP = 80 kPa (CR = 11.5, N = 2000 rpm, ST = 5 °CA bTDC) and b) Simulated
mass fraction burned profile for various water additions at MAP = 80 kPa (CR =
11.5, N = 2000 rpm, ST = 5 °CA bTDC).

6.3 IMEP and ITE

The IMEP of the lean-burn hydrogen engine at various MAP and ¢ are given in
Figure 6.12a and show that boosting is effective by increasing the IMEP under all
presented ¢ values. For ¢ = 0.9, the IMEP increases by 6% and 13% when MAP
increases from 80 kPa to 100 kPa and 120 kPa, respectively. For ¢ = 0.45, when
the MAP increases from 80 kPa to 100 kPa, the IMEP increases by approximately
4 bar. When the MAP was further increased to 120 kPa from 100 kPa, the IMEP
increased by approximately 5 bar. Figure 6.12b shows the addition of water caused
the lean-burn hydrogen engine load to decrease monotonically for all the presented
equivalence ratios. This is due to the reduction in the flame speed with water addi-
tion, which increases the combustion duration, leading to lower in-cylinder pressures.
This effect was captured in the new two-zone combustion model only by incorpo-
rating a water-diluted hydrogen LFS correlation. In Figure 6.12b the rate of IMEP
reduction with water addition is predominant for greater equivalence ratio values.
For ¢ = 0.9, the IMEP was reduced by 2%, 6%, 10%, and 15% when 1%, 3%,
5%, and 8% water was added, respectively. For the leaner ¢ value of 0.45, IMEP
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was affected less by the water addition; the IMEP was reduced by 1%, 3%, 5%,
and 10% when 1%, 3%, 5%, and 8% water was added, respectively. This decrease
can be explained by the reduction of the global reaction temperature caused by
the increase in heat capacity due to water vapor addition to the reactive mixture
[242|. Additionally, the results also captured the lean-burn hydrogen-specific heat
capacity variations caused by water addition through incorporating thermodynamic
data [113]. The engine load reduction with water addition also indicates a limit
on the amount of water dilution on the stability of hydrogen combustion for leaner
mixtures.

Quantifying thermal energy conversion into mechanical work is done using the
indicated thermal efficiency (ITE). The range of ITE for various MAP and ¢ in
Figure 6.13a shows that ITE increases with increasing air dilution in the hydrogen
engine. Under naturally aspirated conditions, the ITE increases by 4%, 6%, and
8% when ¢ varies from 0.9 to 0.77, 0.65, and 0.5, respectively. The increase in ITE
with decreasing fuel/air ratio is due to the greater expansion of leaner mixtures
caused by the variation of the specific heat ratio [47|. Figure 6.13a also shows
that the ITE of lean-burn hydrogen SI engines increases with MAP boosting. For
¢ = 0.9, the ITE increases by 3% and 7% when MAP was increased from naturally
aspirated condition to 100 kPa and 120 kPa, respectively. This increase relates to
the load increase with boosting (Figure 6.10). The peak ITE of almost 42% occurs
at ¢ = 0.5 and 40 kPa boosting, and is in agreement with other studies [92, 93,
96, 97]. In Figure 6.13b, it can be seen that water addition reduces ITE because
of the reduction in load caused by the higher heat capacity of water combined with
the prolonged combustion duration due to the reduced flame speed. For ¢ = 0.9,
ITE reduces by 1%, 4%, 6%, and 10% when 1%, 3%, 5%, and 8% water is added,

respectively.
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Figure 6.12: a) IMEP at various MAP and ¢, and b) IMEP at various water additions
and ¢ at naturally aspirated condition (CR = 11.5, MAP = 80 kPa, ST = MBT).

The lines represent least-squares fits.
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Figure 6.13: a) ITE at various MAP and ¢, and b) ITE at various water additions
and ¢ at naturally aspirated condition (CR = 11.5, MAP = 80 kPa, ST = MBT).

The lines represent least-squares fits.

128



An improved and extended two-zone model to study the effect of water dilution

6.4 Indicated specific fuel consumption and NO emis-
sions

The indicated specific fuel consumption (ISFC) measures the effectiveness of the
thermal fuel conversion to indicated power. Figure 6.14a shows that operating the
hydrogen engine leaner reduces the ISFC. This is because of the reduction of the
amount of hydrogen in the in-cylinder mixture. Furthermore, increasing the MAP
reduces the ISFC. For ¢ = 0.9, the ISFC reduced by 3% and 8% when the MAP
was increased from 80 to 100 and 120, respectively. The reduction in ISFC with
boosting MAP is due to an increase in indicated power at higher values of MAP,
which also increases the in-cylinder charge density [231]. This is in agreement with
boosted lean-burn hydrogen SI engine experimental data [92|. In Figure 6.14b, it can
be seen that water addition under naturally aspirated conditions increases the ISFC
monotonically under all presented equivalence ratios. This is explained by the engine
load decreasing with water addition, due to higher heat capacity and reduction of the
flame speed introduced by the water addition [242]. Boosting decreases the ISFC,
but increases NO emissions. Under ¢ = 0.9, NO emissions increase by 5% and 23%
when the MAP was increased from 80 kPa to 100 kPa and 120 kPa, respectively. The
increase in NO emissions with boosting is due to an increase in the in-cylinder charge
density brought by greater energy content for higher MAP values at a given ¢ [62].
Hence, when the in-cylinder energy content reduces by decreasing the equivalence
ratio, for a given MAP, significant reductions in NO emission were observed (Figure
15a). For naturally aspirated conditions of 80 kPa, NO emissions reduce by 39%,
55%, and 83% when the ¢ varies from 0.9 to 0.77, 0.65, and 0.5, respectively.
Additionally, for the lean-burn hydrogen engine the addition of water increases
ISFC but NO emissions reduce. This can be seen from Figure 6.15b, where the
NO emission decreases with decreasing values of ¢ and increasing values of water
addition. For ¢ = 0.9, NO emissions reduce by 6%, 16%, 26%, and 38% when 1%,
3%, 5%, and 8% water is added, respectively. This is mainly due to reducing the
global in-cylinder temperature with the water addition [126]. With current hydrogen

SI engine technology, a compromise of load and NO emissions could be possible with
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Figure 6.14: a) ISFC at various MAP and ¢, and b) ISFC at various water additions
and ¢ at naturally aspirated condition (CR = 11.5, MAP = 80 kPa, ST = MBT).

The lines represent least-squares fits.

the introduction of water into the combustion chamber.

6.5 Knock prediction

The autoignition delay time is important for modelling combustion abnormalities.
For the premixed fuel and oxidizer mixture, the ignition delay time is defined as the
time from the start of spark to the initiation of chain-branching reactions [243]. The
ignition delay time in engines depends on equivalence ratio, pressure, temperature,
and in-cylinder mixture concentration. The autoignition causes a rapid rise in the
cylinder pressure, and this abnormal combustion is termed as knock [113]. In Figure
6.16, the knock integral for lean-burn hydrogen operation was calculated for various
MAP and ¢ using the Livengood-Wu integral [114]. No end gas autoignition was
observed for the operating conditions shown in Table 1, as none of the values ex-
ceeded unity and this was in agreement with experimental studies [110, 112, 62, 39,
73]. It is clear that when MAP is boosted, the knock integral increases significantly

due to increasing charge density as additional air is inducted into the combustion
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Figure 6.15: a) NO emissions at various MAP and ¢, and b) NO emissions at various
water additions and ¢ at naturally aspirated condition (CR = 11.5, MAP = 80 kPa,
ST = MBT). The lines represent least-squares fits.

chamber. Additionally, knock can be mitigated by increasing air dilution [112]|. In
Figure 6.16, under MAP of 120 kPa, the knock integral reduces by 8%, 16%, and
27% when ¢ varies from 0.9 to 0.77, 0.65, and 0.5, respectively. This reduction of
the knock integral is caused by the increase of the hydrogen autoignition delay time
(Figure 6.17). The autoignition delay time increases for higher levels of air-diluted
hydrogen mixtures due to the reduction of the available energy in a reactive mixture.

The knock integral also decreases monotonically with water dilution (Figure 6.18)
under all presented equivalence ratios for MAP of 120 kPa. For ¢ of 0.9, the knock
integral reduces by 2%, 6%, 9%, and 14% when 1%, 3%, 5%, and 8% water is added,
respectively. A slightly lower reduction was observed for a leaner mixture; for ¢ of
0.5, the knock integral reduces by 2%, 4%, 6%, and 10% when 1%, 3%, 5%, and
8% water is added, respectively. The increasing autoignition delay time as water is
added influences the knock integral reduction (Figure 6.19). The autoignition delay
time increases because of the increasing absorption of heat due to the high heat

capacity of water. Nevertheless, knocking and NO emissions in hydrogen-fuelled
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Figure 6.16: Knock integral, KI, at various MAP and ¢ for a hydrogen-fuelled SI
engine at MBT timing (N=2000 rpm, CR=11.5).
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Figure 6.17: Hydrogen autoignition delay time at various unburned gas temperatures

and ¢ (P=4 MPa).
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Figure 6.18: Knock integral, KI, at various water additions and ¢ for a hydrogen-
fuelled SI engine at MBT timing for naturally aspirated condition (CR=11.5,
MAP=120 kPa).

engines could be reduced, but at the cost of performance. For a ¢ of 0.9 under
a MAP of 120 kPa, if 1% water was added, the knock integral and NO emissions
reduce by 2% and 5%, respectively, while ITE reduces by 2%.
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Figure 6.19: Hydrogen autoignition delay time at various unburned gas temperatures

and water additions (P=4 MPa, $=0.9).

6.6 Hydrogen operating regimes

Drawing together the outcomes from the new two-zone hydrogen combustion model
with water addition describes the engine performance, emissions, and combustion
abnormalities. Figure 6.20 illustrates the interaction between NO emissions, ISFC,
IMEP, and the equivalence ratio of a hydrogen engine with different levels of water
addition at a MAP of 120 kPa (Figure 6.20) and a MAP of 80 kPa (Figure 6.21).
Both maps show that NO emissions and ISFC have an inversely proportional re-
lationship when water is added. This is because thermal efficiency reduces due to
the decrease in flame speed and an increase in the heat capacity of the in-cylinder
charge. As the percentage level of water addition increases, the NO emissions de-
crease significantly, a trend evident at all equivalence ratios.

Under ¢ of 0.9 at a MAP of 120 kPa (Figure 6.20), the NO emissions reduce from
4102 ppm to 2646 ppm with an 8% water addition. This was because of the cool-
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ing effect due to water addition, lowering the in-cylinder combustion temperature,
thereby reducing the formation of NO emissions. However, reducing NO emissions
with water addition comes at the cost of increasing ISFC due to the reduction of
the ITE, indicated by the dashed horizontal white lines in Figures 6.20 and 6.21.
This reduction of thermal efficiency is due to lower combustion efficiency caused by
higher values of specific heat capacity of the in-cylinder charge resulting from water
addition and slower flame speeds.

The trade-off between ISFC and NO emissions is more pronounced for richer
mixtures, and it can be seen from the operational maps that the relationship be-
tween ISFC and NO becomes linear as the hydrogen mixture becomes leaner. The
colour map (Figures 6.20 and 6.21) represents the IMEP; higher IMEP values are
associated with higher equivalence ratios, MAP, and lower percentages of water ad-
dition, whereas ITE increases with decreasing equivalence ratio. In Figures 6.20 and
6.21, the condition at which the knock integral exceeds unity is highlighted as the
knocking region. In Figure 6.20, the Livengood knock integral values show that the
knocking tendency increases with increasing equivalence ratio and load, whereas it
decreases with water addition under all operating conditions. This is mainly due to
the increase in hydrogen autoignition delay time as water is added.

Hence, water injection could benefit the hydrogen engine by expanding the knock-
free operating conditions at higher loads by reducing the knock tendency, but it
comes with the trade-off of reduced thermal efficiency, thereby increasing the ISFC.
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Figure 6.20: Plots for the operation of a boosted lean-burn hydrogen SI engine with
water addition at MAP of 120 kPa. IMEP is shown as a heat map, symbols with
the value on top represent the water addition percentage, the white dashed lines

represent I'TE, and the solid lines represent knock integral values.
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Figure 6.21: Plots for the operation of a boosted lean burn hydrogen SI engine with
water addition at MAP of 80 kPa. IMEP is shown as a heat map, symbols with
the value on top represent the water addition percentage, the white dashed lines

represent I'TE, and the solid lines represent knock integral values.

6.7 Summary

The thermodynamic model was advanced by incorporating water-diluted hydro-
gen LFS, an extended Zeldovich mechanism for nitric oxide emissions, and the
Livengood-Wu integral model for knock characteristics based on advanced chemical
kinetics. A comprehensive analysis of a hydrogen-fuelled engine at various manifold

air pressures, equivalence ratios, and water addition was undertaken. Finally, the
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chapter underlines the importance of optimizing the water injection amount to bal-
ance the trade-offs between engine performance, emission reduction, and knocking

regions.
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Chapter 7

Exergy analysis of the lean-burn

hydrogen SI engine

Exergy analysis is a method for investigating the fundamental origins of losses,
the limits to efficiency, and the engineering trade-offs required to reduce losses.
Using the improved two-zone model (Chapter 6), this comprehensive exergy analysis

investigates the processes of exergy destruction under real-world conditions.

7.1 Entropy generation

Hydrogen allows for high dilution rates with air or exhaust-gas recirculation (EGR).
Although reducing NOx emissions [75], this also reduces engine power output and
potentially limits hydrogen use in high-density powered applications. Moreover, the
lower power of lean-burn hydrogen operation reduces the in-cylinder temperature,
increasing the combustion irreversibility ratio. This increase in irreversibility—the
destruction of available energy—is directly proportional to the rate of entropy gen-
eration. Entropy can be generated by processes such as unrestrained chemical re-
actions, friction, heat transfer across different temperature zones, and mixing of
different gases [192], but exergy transfer does not necessarily mean exergy destruc-
tion. Entropy generation (exergy destruction) must be reduced to improve the fuel
conversion efficiency.

The entropy generation (Sgen = Sproducts — Sreactants) at various operating condi-
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tions is calculated by assuming adiabatic, constant volume, and closed combustion
chamber conditions. As mixtures become leaner (¢ of 0.90 to 0.45), entropy gener-
ation increases (Figure 7.1) because the lean combustion with excess air provides a
greater quantity of product species, leading to an increase in the chemical compo-
nent of entropy. The entropy generation increases significantly when the /phi was
reduced from 0.90 to 0.45.

In agreement with previous work using hydrocarbon fuels [194], increasing the
reactant temperature monotonically reduces entropy generation. For ¢ of 0.90 un-
der a pressure of 30 bar, entropy generation was reduced by 61% and 86% at a
temperature of 1800 K when the reactant temperature was increased from 300 K
to 500 K and 900 K, respectively. This is explained by the reduction of the differ-
ence between the reactant and product temperatures, directly reducing combustion
entropy generation. This entropy reduction could reduce combustion irreversibility
if it were possible to keep the reactant temperature as close as possible to product
temperatures just before combustion starts. This could be achieved by high com-
pression of the fresh charge [197|, but raising the reactant temperature increases the
likelihood of combustion abnormalities and NOx emissions.

In Figure 7.1, the reactant pressure has a modest effect on entropy generation
for constant internal energy-volume combustion, mainly due to the suppression of
product dissociation [194]|. However, the pressure influence on entropy generation
was more noticeable when the pressure rose from 10 to 30 bar, but less significant

for engine-relevant combustion pressures (>30 bar).
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Figure 7.1: Entropy generated by combustion at various pressures and temperatures

in a hydrogen-fuelled SI engine for equivalence ratios a) 0.45, and b) 0.90.

Water addition to a hydrogen SI engine reduces NO emissions and mitigates
knock, allowing the engine to operate at higher loads (Chapter 6). Therefore, it
is logical to assess the effect of diluents on entropy generation of hydrogen com-
bustion. Increasing the diluent ratio (e.g., nitrogen, oxygen, and water) increases
combustion-generated entropy due to the reduction in reactant entropy caused by
the decreased fuel amount (Figure 7.2). Water addition has the greatest effect on

entropy generation, while nitrogen has the least influence.
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Figure 7.2: Entropy generated by combustion at diluent additions at an ¢ of 0.9
(P=30 bar, T=300 K).

7.1.1 Hydrogen SI engine exergy

The exergy is destined for either work, heat, irreversibility, or exhaust, and the
proportions of this ‘exergy split’ are a function of crank angle (Figure 7.3). The
initial and boundary conditions for the numerical model are directly related to the
experimental data of a single cylinder four stroke hydrogen SI engine [47]|. The values
for boosted intake pressure, equivalence ratio and spark timing on the combustion
and emission characteristics are given in Table 6.1. All the simulations were carried
at a fixed compression ratio of 11.5 at an engine speed of 2000 rpm. At the intake
valve closure (IVC) at 240°CA, the total input exergy equals the chemical exergy
with a small addition from the thermo-mechanical exergy. During the compression

process, work is supplied by the piston to the mixture (negative work exergy values):

e the in-cylinder pressure and temperature increase, thus the in-cylinder thermo-

mechanical exergy increases,
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e the exergy transfer to heat is negligible, and

e the pressure and temperature of the premixed hydrogen/air charge is not suf-

ficient to start the oxidation; therefore, the chemical exergy is constant.

In Figure 7.3a, the start of combustion is at 4°CA bTDC, after which the chem-
ical exergy drops rapidly as the fuel burns, while the thermo-mechanical exergy
increases due to the significant rise in in-cylinder pressure and temperature. During
combustion, expansion occurs, and exergy transfers to work and heat, eventually
decreasing the total in-cylinder exergy. After the end of combustion as the piston
approaches bottom dead centre (BDC), the total in-cylinder exergy continues de-
creasing because of the exergy transfer to heat, work, and combustion-related exergy
destruction. The remaining exergy of the in-cylinder mixture at the end of the ex-
pansion process is defined as the exergy expelled by the exhaust gases because the
pressure and temperature at the instant of exhaust valve opening (EVO) are greater
than those of the dead state.

At leaner conditions of ¢ of 0.45 (Figure 7.3b), the chemical exergy at IVC de-
creases due to the reduced quantity of fuel. This reduction in hydrogen significantly
lowers the exergy transfer to work and heat, as it reduces the in-cylinder pressure and
temperature. However, combustion-related irreversibility increases with the leaner

mixture, primarily due to the reduction in reactant entropy.
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The destinations of exergy — work, heat, combustion, and exhaust — for a
boosted lean-burn hydrogen SI engine at MBT timing are shown in Figure 7.4. The
largest proportion of exergy was associated with reversible work, under all operating
conditions. Moreover, the proportion of reversible work increases with increasing
dilution ratios. When ¢ reduces from 0.90 to 0.45, the useful work ratio increases
by 4%. This increase was mainly due to the exhaust enthalpy being diverted into
reversible work, which eventually increases the efficiency due to a better expansion
ratio. The exergy transfer to work correlates with the ITE. Conversely, the exergy
to heat transfer and exhaust reduces by 35% and 64% when ¢ reduces from 0.90 to
0.45, respectively.
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Figure 7.4: Exergy split to work, heat, irreversibility, and exhaust NO emissions at

MBT timing for various equivalence ratios (MAP=80 kPa, CR=11.5).

The reduction in exergy transfer to heat results from reducing the difference
between the mixture and chamber wall temperatures for leaner hydrogen mixtures.
This study does not account for any unburned hydrogen residuals which might

reduce thermal efficiency [48]. Furthermore, for ¢ of 0.90 the exergy transfer to heat

145



Exergy analysis of the lean-burn hydrogen SI engine

accounted for 36% of the exergy input. This was because of the greater difference
between the in-cylinder temperature and the combustion chamber wall. In cases
where exergy transfer to heat was dominant, heat reduction technologies such as the
low heat rejection method [244| might improve hydrogen-fuelled engine performance.
However, this approach might be less beneficial for leaner mixtures (¢ < 0.50), where
the exergy to heat transfer was not as significant. For ¢ of 0.45, the exergy transfer
to heat accounts for 23%. The exhaust exergy available represents the in-cylinder
available exergy at EVO. Once the exhaust exergy is transferred to the environment,
it is destroyed as it equilibrates with the environment. Increasing the air dilution
rates reduces exhaust exergy.

The exergy destruction of combustion increases for leaner hydrogen /air mixtures
since the difference between the reactant and product entropy increases due to the
reduced amount of hydrogen in higher air-diluted mixtures. Additionally, the com-
bustion reaction generates more entropy because of the lower burn temperatures for
leaner hydrogen mixtures (see Section 7.1). The efficiency of ultra-lean hydrogen
mixtures (¢ < 0.50) may be limited due to the increase of the combustion-related
irreversibility. The increased air ratio reduces the exhaust exergy by increasing com-
bustion exergy destruction rather than using the exhaust to benefit work output.
However, the fact that lean burn hydrogen results in lower NO emissions cannot be
overlooked. Lower temperatures lead to less NO formation, and if the temperature
remains below 1800 K, NO emissions would be significantly reduced. From Figure
7.4, it is evident that for the naturally aspirated hydrogen engine, NO emissions were
reduced by 30% and 87% when ¢ shifted from 0.90 to 0.77 and from 0.77 to 0.45,
respectively. This reduction is attributed to the significant decrease in in-cylinder

temperature at higher air dilution rates.

7.1.2 Effect of spark timing on exergetic processes

For ¢ of 0.77 and 0.9, Figures 7.5a and 7.5b show that the exergy associated with heat
transfer decreases, but that the exhaust exergy increases as the spark timing shifts
away from MBT timing. However, the magnitudes of exergy transfer associated

with heat and exhaust are greater for ¢ of 0.90 compared to the leaner case ¢ of
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0.77. The difference between energy and exergy analyses of exhaust is the inability
of energy analysis to distinguish useful exhaust energy which could be recovered,
from irreversibility which cannot (only minimized). As the spark timing shifts away
from MBT timing, the exergy associated with heat transfer and work transfer is
reduced due to reductions in the hydrogen engine IMEP. Reducing exergy transfer
to work and heat causes increases in the exergy expelled by the exhaust gases and is
commensurate with the second law of thermodynamics which states that the system
rejects the unused exergy and generated entropy. Therefore, reducing the exergy
transfer to work and heat necessitates that the remaining exergy be expelled at the
exhaust. When ¢ was 0.77, the exergy expelled at EVO doubled when the spark
timing was advanced by 10° CA from the corresponding MBT timing. However, the
exergy associated with combustion irreversibility did not vary significantly (< 2%)
with spark timing, as combustion-related irreversibility is influenced most by mixture
composition. Figures 7.5a and 7.5b show that NO emissions were reduced when the
spark timing was advanced or retarded from the corresponding MBT timing, which

is due to the reduction of the in-cylinder temperature.
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Figure 7.5: The exergy split to work, heat, irreversibility, and exhaust and NO
emissions for various spark timings for ¢ of 0.77 and 0.90 (MAP=80 kPa, CR=11.5,
N=2000 rpm).
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7.1.3 MAP effect on the exergy split

The hydrogen SI engine requires an increase in MAP to compete with the load
capabilities of a gasoline engine [44]|. Figure 7.6 shows that at MBT timing, the
exergy transfer to reversible work increases with increasing MAP. For ¢ of 0.90,
the exergy to work transfer increases by 7% when MAP increases from 80 to 100
and 120 kPa. This increase is caused by the greater charge density associated with
boosting, resulting in a larger difference between the in-cylinder temperature and
combustion chamber walls, as indicated by the increase in exergy associated with
heat transfer. For ¢ of 0.90 (Figure 7.6c), the exergy associated with heat transfer
increases by 8% as MAP rises from 80 to 120 kPa. In contrast, the exergy expelled
at exhaust decreases as MAP increases because of the increase in exergy transferred
to work and heat. Specifically, exhaust exergy reduces by 70% and 22% as MAP
increases from 80 to 120 kPa for ¢ of 0.45 (Figure 7.6a) and ¢ of 0.90 (Figure 7.6¢),
respectively.

Meanwhile, the exergy associated with combustion irreversibility slightly reduces
with increasing MAP but is not significantly affected, suggesting the exergy trans-
fer to combustion irreversibility mainly depends on the equivalence ratio. When ¢
shifts from 0.45 to 0.90 for the naturally aspirated condition (MAP of 80 kPa), ex-
ergy due to irreversibility reduces by 72% because the combustion product entropy
reduces as ¢ becomes richer. This is coupled with increasing in-cylinder tempera-
ture. The exergy transfer to work increases with increasing MAP mainly because of
the significant exhaust exergy losses and some contribution from reductions in com-
bustion irreversibility. Consequently, the increase in efficiency and the reduction of
the exhaust exergy with increasing MAP are promising; however, these benefits are
counteracted by an increase in NO emissions (Figures 7.6(a-c)). For all modelled ¢,
NO emissions increase when MAP shifts from 80 to 120 kPa, highlighting a trade-off

between improving engine performance and managing emissions.
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rpm).

7.1.4 Compression ratio effect on the exergy split

Increasing the compression ratio raises the reactant temperature, influencing entropy
generation, hence potentially reducing the irreversibility losses associated with com-
bustion. Whether this rise in reactant temperature is sufficient to influence the
exergy due to combustion irreversibility of a hydrogen-fuelled engine is not under-
stood. Increasing the compression ratio also increases the likelihood of combustion
abnormalities occurring [228|, but these are not modelled in this study. In Figure
7.7, the effect of increasing the compression ratio from 11.5 to 13.0 shows exergy
transfer to work increases by 9%, 7%, 6%, 4%, and 3% for ¢ of 0.45, 0.50, 0.65, 0.77,
and 0.90, respectively. The peak exergy transfer to work (44%) occurs at ¢ of 0.45.
The load increase with compression ratio is explained by the increase in pressure and
temperature during compression, which increases the flame speed and decreases the

combustion duration. The exergy associated with combustion irreversibility did not
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vary significantly with the increase of the energy state (by increasing the compres-
sion ratio). For ¢ of 0.90 under naturally aspirated conditions, exergy associated
with combustion irreversibility plateaus around 7%, even though the energy state
increases with increasing compression ratio or by reducing heat loss (see Section
7.2.4). Whereas, for ¢ of 0.45, exergy transfer to combustion-related irreversibility
could not be reduced by more than 25%.

However, increasing the compression ratio is more effective at reducing the ex-
ergy at exhaust compared to combustion-related losses. Exhaust exergy reduces by
88%, 41%, and 37% when the compression ratio increases (from 11.5 to 13.0) for ¢
of 0.45, 0.77, and 0.90, respectively. Concurrently, the increase of the in-cylinder
energy state increases the NO emissions by 229% and 36% for ¢ of 0.45 and 0.90,
respectively. This illustrates the trade-off where enhancements in performance may

increase emissions.
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Figure 7.7: Compression ratio effect on the exergy split to work, heat, irreversibility,
and exhaust for MAP=80 kPa NO emissions at MBT timing for various equivalence

ratios. The lines represent least-squares fits.
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7.1.5 Low heat rejection effect on the exergy split

To better understand the coupling of the exergy contributors, reductions in heat
transfer were studied to understand which needs to be minimized to improve engine
performance. It is important to distinguish between an adiabatic and a no-heat-
transfer engine. An adiabatic engine does not have heat transfer (which is impossible
based on the definition), whereas a no-heat-transfer engine allows balanced heat
transfer in and out of the gas [113]. While there will be no net heat transfer,
exergy destruction occurs due to the temperature difference between the burned and
unburned mixture [178]. Reductions in heat transfer could be feasible by improving
the insulation of the combustion chamber walls, and is known as a low heat rejection
(LHR) engine [244].

The heat from the burned mixture could be used to increase the expansion work,
thus increasing engine power output. For ¢ of 0.45 (Figure 7.8a), work efficiency
increases by 37%, 24%, and 9% for 50%, 60%, and 80% heat-loss reductions, re-
spectively. However, it also increases exergy transfer to the exhaust where the
expelled exergy increases by 60%, 42%, and 28% for 50%, 60%, and 80% heat-loss
reductions, respectively. This trend is observed for all ¢ (Figures 7.8(a-c)) and is
consistent with the second law of thermodynamics, which states that a steady-state
system must reject the input and generated entropy. Therefore, reducing entropy
generated by heat transfer by reducing heat-loss, requires the entropy to be rejected
at exhaust. Without mechanical modifications, the reduction of heat-loss increases
exergy transfer to the exhaust, increasing the exhaust temperature and therefore
the temperature difference with the environment. However, the work and efficiency
increase. From Figure 7.8, it can be seen that the combustion-related irreversibility
reduces with decreasing heat-loss. This was mainly due to increasing in-cylinder

temperature caused by raising the energy state by reducing the heat-loss.

151



Exergy analysis of the lean-burn hydrogen SI engine

=0.45 =(.77
a) ¢ b) =0
0.6 0.6
~ 04 < 0.4
& 7
% 2
M 02 M 0.2
0 0
0.5 0.6 0.8 1 0.5 0.6 0.8 1
Of heat loss (-) $=0.9 Of heat loss (-)
C) 0.6 ‘ I I ‘ | (X to work
’ X to heat
X to irreversibility
G X to exhaust
£
8
»
€2

0.5 0.6 0.8 1
Of heat loss (-) |

Figure 7.8: The exergy split to work, heat, irreversibility, and exhaust for various ¢

and heat-loss percentages (MAP=80 kPa, ST=MBT, CR=11.5, N=2000 rpm).

7.1.6 Effect of water addition on the exergy split

The addition of water to hydrogen alters the specific heat capacity of the combustible
mixture, affecting its thermodynamic behaviour. The inset plot of Figure 7.9 shows
water increases the chemical exergy due to its chemical potential. However, after
combustion begins at 5 *“CA bTDC, the chemical exergy decreases. This drop is less
pronounced with higher water additions, primarily due to water’s high specific heat
capacity. The high specific heat capacity of water also reduces exergy transfer to
work (Figure 7.10a), leading to lower engine power output. Similarly, exergy transfer
to heat decreases significantly (Figure 7.10b), suggesting a potential approach to
managing exergy loss to heat. However, Figure 7.10c shows that combustion-related
exergy destruction increases with water addition, mainly due to the reduction in

in-cylinder temperature caused by the added water.
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Figure 7.11 presents the exergy transfer to work, heat, irreversibility, and exhaust
for a hydrogen-fuelled SI engine at various equivalence ratios (¢) and water addition
levels. As water addition increases, exergy transfer to work decreases due to reduced
in-cylinder pressure. For a ¢ of 0.45 (Figure 11a), the exergy transfer to work
decreases by 9%, 11%, 12%, and 14% with 1%, 3%, 5%, and 8% water addition,
respectively. Similarly, as water addition increases, exergy transfer to heat decreases
due to the drop in in-cylinder temperature, with reductions of 2%, 5%, 7%, and 11%
for the same levels of water addition. Conversely, exergy destroyed by combustion-
related irreversibility increases with water addition. This is attributed to the rise
in product entropy and the decrease of in-cylinder temperature. Exergy-loss to
irreversibility increases by 1%, 2%, and 4% with 3%, 5%, and 8% water addition,
respectively. As exergy transfers to work and heat decrease, the remaining exergy
must be expelled through the exhaust. For ¢ of 0.45, the exergy expelled by the
exhaust gases increases by 18%, 51%, 81%, and 121% with 1%, 3%, 5%, and 8%
water addition, respectively. This suggests a potential for using exergy in the exhaust

of water-diluted hydrogen SI engines.
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7.2 Combined top-down and bottom-up approach

The efficiency of a hydrogen-fuelled engine at a ¢ of 0.90 is calculated using two
approaches: 1) the bottom-up approach, and 2) the top-down approach (Table 7.1).

In the bottom-up approach, the irreversibility due to heat transfer, combustion,
and exhaust are summed. Whereas, the top-down approach calculates the total
engine irreversibility by taking the difference between the exergy input and output.
The top-down approach is a global method that does not identify or quantify losses,
but depends solely on the exergy flows crossing the control volume boundary. The
bottom-up and top-down exergy methods differ by approximately 11 J in the total
irreversibility, which is defined as unaccounted exergy. This unaccounted exergy

could be due to mechanical friction [178].

Table 7.1: Exergy balance for the case of ¢ of 0.90 under the naturally aspirated
condition MAP=80 kPa (CR=11.5, N=2000 rpm, ST=4 °“CA bTDC).

Process Description Bottom-Up (J) Top-Down (J)
Exergy input Fuel Chemical Exergy 465 465
Irreversibility Heat Transfer 170 170
Combustion 33 33
Exhaust 79 79
Exergy output Reversible Work 172 172
Exergy input - Exergy output 292 292
Total Irreversibility 282 293
Efficiency (%) 1 — Irreversibility /Exergy input 39% 37%

7.3 Summary

This chapter offers a comprehensive exergy analysis of a boosted lean-burn hydro-
gen spark-ignition engine, investigating the processes involving exergy destruction
under real-world conditions. Using an improved two-zone engine model to study in-
cylinder processes, the results indicate that increasing air dilution enhances exergy
transfer to work, due mainly to diverting exhaust exergy into reversible work. How-

ever, increasing air dilution also increases combustion-related exergy destruction due
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to greater entropy generation for leaner mixtures, but reducing heat loss decreases
combustion-related irreversibility. Higher manifold air pressures and compression ra-
tios increase the quantity of exergy directed to work and heat, while reducing exergy
expelled to exhaust. Gaining an understanding of the thermodynamic mechanisms
of the routes by which the work potential is lost potentially assists in engineering

improvements to minimize exergy losses, and to increase efficiency and work output.
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Chapter 8

Conclusions and future work

Hydrogen has the potential to replace fossil fuels to significantly reduce tailpipe
emissions, so improving air quality. Hydrogen also has the potential to reduce well-
to-wheel GHG emissions, if carbon-free production can be achieved. The motivation
for this work is to advance the efficiency of the ICE to meet future emissions targets
set for automotive manufacturers in many nations. Hydrogen may also offer advan-
tages in combustion properties compared to traditional fossil fuels, so understanding
in detail the end-to-end processes for its combustion in an ICE is an important step
to improving engine design. A general point is that due to hydrogen’s low charge
density, the operation of naturally aspirated hydrogen ICEs might produce lower
loads than standard gasoline ICEs. The hydrogen ICE load can be increased by
boosting the manifold air pressure (MAP), which can be done using a turbocharger
or supercharger at the inlet. Experiments are costly and time-consuming, so mod-
elling these processes under realistic conditions is a useful contribution. This work
focuses on improving the quality and performance of models for the hydrogen-fuelled
spark-ignition ICE to understand advanced combustion strategies. Hydrogen com-
bustion was analysed using improved single- and two-zone combustion models, and
by exploiting the second law of thermodynamics to understand the exergy losses.
The single- and two-zone hydrogen combustion models were validated for premixed
spark-ignition engine operation across equivalence ratios from 0.4 to 1.0 and mani-
fold air pressures ranging from 80 to 140 kPa. Validation was performed by compar-

ing simulated in-cylinder pressure, IMEP, and thermal efficiency against published
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experimental data under varying spark timings and intake conditions.

8.1 Single-zone model

Single-zone combustion models underpredict the burning velocity at elevated pres-
sures due to thermo-diffusivity and hydrodynamic instabilities at realistic engine
operating conditions. The single-zone combustion model was advanced by incor-
porating the laminar flame speed (LFS) to predict the combustion duration with
respect to the reference operating conditions. This was implemented by using the
inverse relative change in the LFS. There is a trade-off between ease of use and
the level of complexity of a model, but incorporating LFS is a useful addition to
the single-zone model. The burning velocity of different mixture compositions was
only used to calculate the change of combustion characteristics at various equiva-
lence ratios, spark timings, and intake pressures, hence it does not represent the
laminar flame propagation nor the turbulent burning velocity. The new single-zone
model was assessed by comparing the in-cylinder pressure at various operating con-
ditions to previously published experimental data. For the baseline results, the
equivalence ratio and the Wiebe function parameters were adjusted to match the
simulated results with the available experimental engine data. Satisfactory accuracy
was achieved between the simulation and experimental values for various equivalence
ratios, manifold air pressures, and spark timings.

The results indicate that increasing the intake MAP improves thermal efficiency,
primarily due to enhanced volumetric efficiency from increased compressed air at
higher pressures. For an equivalence ratio of 0.65, the indicated mean effective pres-
sure (IMEP) increased by one-third when the MAP was raised from 84 kPa to 134
kPa. However, this IMEP increase with rising MAP is less pronounced for mixtures
leaner than 0.65 due to the greater amount of air in the combustion chamber. For
equivalence ratios below 0.5, the effect of increasing MAP diminishes because the
significant increase in air inside the combustion chamber reduces the LFS, resulting
in longer combustion durations. To offset the longer combustion durations, the spark

timing has to be advanced. For instance, the minimum spark timing for best torque
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(MBT) for an equivalence ratio of 0.77 was at 10 *CA bTDC, whereas it shifted
to 20 °CA bTDC for ultra-lean mixtures (¢<0.5). Thus, in hydrogen SI engines,
the spark timing event should be adjusted for varying charge densities and burning
velocities to maintain high efficiency. For ultra-lean mixtures (¢ < 0.5), the combus-
tion location could not be centred at the optimal position of 8-10 *CA aTDC due to
the slow burning speed of the hydrogen/air mixture. Furthermore, the hydrogen SI
engine peak thermal efficiency up to 42%, was reached at an equivalence ratio of 0.55
and a manifold air pressure of 124 kPa. Further increases in thermal efficiency were
limited by the tendency for knocking and nitric oxide emissions at higher manifold
air pressures. The Livengood-Wu integral indicates the knocking tendency for MAP
values greater than 124 kPa at an equivalence ratio of 0.77. However, knock was
mitigated by retarding spark timing which reduces the end-gas temperature and
lengthened the auto-ignition delay time. However, retarding spark timing lowers
thermal efficiency, hence knocking might prevent the engine from running with the
optimal spark timing. Varying the mixture composition changes the NO emissions,
as composition influences the in-cylinder temperature. But, when boosting is ap-
plied in the hydrogen SI engine, particularly for mixtures richer than 0.5, it leads
to higher NO emissions due to increase in-cylinder temperatures. Additionally, NO
emissions can be reduced by retarding spark timing; at an equivalence ratio of 0.55
and a MAP of 134 kPa, retarding spark timing by 10 *CA reduces NO emissions by
68%. Under naturally aspirated conditions (MAP = 84 kPa), a 5 °CA spark timing
retardation results in a 55% reduction in NO emissions, with a 6% decrease in in-
dicated thermal efficiency. The results indicate that NO emissions are significantly
influenced by varying the equivalence ratio, as it affects the in-cylinder tempera-
ture substantially and inhibits NO formation to nearly zero under ultra-lean-burn

operation of the SI hydrogen engine.

8.2 Laminar flame speed correlation

There are other strategies for mitigating combustion abnormalities and reducing ni-

tric oxide emissions, such as low-temperature combustion through lean burn with
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water injection. In this case, as the exhaust composition contains significant levels
of water vapour, it was reasonable to study the effect of water addition on hydrogen
combustion. Besides the thermal and chemical effects of water on the reactive mix-
ture, it modulates the LF'S, which is one of the most important inputs to numerical
combustion models. Experimental data on hydrogen LFS at elevated pressures are
scarce because of the instability of the flames. Nevertheless, the stable hydrogen
flame speed could be predicted using chemical kinetic models. Generating the LFS
data from chemical kinetic models for different sets of operating conditions could
be time-consuming. Moreover, since no correlation exists in the literature to pre-
dict the LFS of hydrogen-air combustion with water addition under lean mixture
engine operating conditions, this thesis offers a newly developed LF'S correlation for
hydrogen-air combustion extended to account for the effects of water addition under
engine-relevant conditions by calculating the chemical kinetic LF'S values. The LFS
correlation was validated for pressure ranges from 10 to 70 bar, temperature ranges
from 400 to 800 K, equivalence ratio ranges from 0.35 to 1, and water addition by
mole from 0 to 20%. Polynomial expressions of reduced order and number of terms
were developed with optimized values of coefficients to predict the LFS under lean
mixture operation and high-pressure conditions. For creating the LFS correlation,
a reference pressure of 5 bar and a reference temperature of 600 K were set to make
pressure and temperature non-dimensional. Firstly, over 2500 hydrogen LFS data
points were fitted using the Levenberg-Marquardt algorithm at various pressures
and equivalence ratios at a fixed temperature of 600 K. A non-negative constrained
multivariate regression analysis was performed to avoid spurious values. The Akaike
Information Criterion (AIC) was used to find the most optimized combination of
the predictors for the correlation. For the fixed temperature of 600 K, the LFS
correlation showed good accuracy, where 98% of the data fitted within a 10% error
margin. However, the correlation did not meet the 10% error criteria for LFS values
smaller than 0.3 m/s, as the weighting factor could not improve the accuracy for
these smaller LFS values, as it would reduce the accuracy of the overall operating
condition range.

To explore the dependence of pressure, temperature, and equivalence ratio on
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the temperature-dependent exponent, «, 2000 hydrogen LFS data points at various
operating conditions were used. The power exponent o was shown to be dependent
on pressure, temperature, and equivalence ratio. These effects were captured by
including an exponential term that relates to temperature and equivalence ratio
through the exponent [, which was previously in literature considered to be solely
dependent on the equivalence ratio. The results show that the incorporation of
the temperature-dependent exponential term in the exponential power improves the
accuracy of the hydrogen LFS prediction when compared to the chemical kinetic
model across 3000 data points. The improvement was more notable for LE'S values
above 3 m/s, where most of the data points fell within a +10% error margin. The
variation between the simulated values from the chemical kinetic model and the
predicted values from the new correlations of reduced order resulted in an R? of 0.99.
The newly developed hydrogen LFS correlation was extended to incorporate the
effects of water addition, to allow accurate prediction of hydrogen combustion under
engine-relevant conditions. This extended correlation showed strong accuracy, with
84% of data points fitting within a 10% error margin and 97% within a 20% error
margin when compared to a chemical kinetic model, covering a range of pressures,
temperatures, equivalence ratios, and up to 20% water addition.

The new correlation revealed that pressure has a more pronounced effect on hy-
drogen LFS for leaner hydrogen mixtures due to relatively lower energy content in
the reactive mixture, which was insufficient to counteract the effect of increased pres-
sure. For higher percentages of water addition, specifically at 20% by mole, the LFS
was not significantly affected by pressure at levels above 40 bar for mixtures leaner
than 0.8. This was because of the reduction in global temperature from increased
dilution and higher heat capacity of the charge, hence the dissociation reactions were
not initiated under higher percentages of water addition. Though the LFS increased
significantly with an increase in equivalence ratio for 20% water addition relative
to neat hydrogen combustion, on an absolute scale, the magnitude of the hydrogen
LFS with water addition is much lower than neat hydrogen combustion. The LFS
decreases linearly with increasing water addition for all pressures and temperatures,

but the rate of decrease of the LFS of hydrogen was more pronounced at higher
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ambient temperatures of the reactive mixture. The linear decrease in the rate of
the LF'S was noted with the addition of water, but there appears to be a limit to
the amount of water addition for effective control of hydrogen combustion, beyond

which it tends to be detrimental to engine performance.

8.3 Two-zone model

The applicability of the newly developed LFS empirical correlation was proven by
incorporating it into a two-zone combustion model to predict the performance, com-
bustion abnormalities, and nitric oxide emissions of a boosted lean-burn hydrogen
SI engine under a water injection environment. The injection of water modulates
hydrogen combustion, but there are trade-offs to be optimized between the amount
of water used and engine and emission performance. The model showed that water
addition extended the combustion duration by reducing the LFS. Adding 8% water
at an equivalence ratio of 0.7 shifted CA50 by 3°CA, showing that the two-zone
model captures the effect of LF'S reduction. The reduction of in-cylinder pressure
with water addition could cause reductions in indicated thermal efficiency (ITE)
and IMEP. At an equivalence ratio of 0.9, the IMEP decreased by 2%, 6%, 10%,
and 15% with 1%, 3%, 5%, and 8% water addition, respectively, highlighting a more
significant impact on richer hydrogen mixtures. Whereas, at an equivalence ratio
of 0.9, the ITE reduced by 1%, 4%, 6%, and 10% with 1%, 3%, 5%, and 8% water
addition, respectively, due to increased heat capacity and slower rate of combustion.
Conversely, increasing the MAP and equivalence ratio increased the in-cylinder pres-
sure. However, the reduction in ITE and IMEP could become an advantage since
water addition allows the engine to operate at higher MAP and compression ratios,
so mitigating combustion abnormalities and NO emissions. As increasing MAP
raises NO emissions, for an equivalence ratio of 0.9, the NO emissions increased by
5% and 23% as MAP increased from 80 to 120 kPa. Lower equivalence ratios lead
to significant NO reductions, with naturally aspirated NO emissions decreasing by
up to 83% when the equivalence ratio decreased from 0.9 to 0.5. Water addition

further reduces NO emissions; for an equivalence ratio of 0.9, adding 8% water re-
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duced NO by 38% due to lower global in-cylinder temperatures. Autoignition delay
time is critical to modelling combustion abnormalities because it determines when
chain-branching reactions occur, which can lead to knock. The autoignition delay
time is influenced by equivalence ratio, pressure, temperature, and mixture concen-
tration. The results show that the Livengood-Wu integral increases significantly
with increasing MAP due to higher charge density, though air dilution mitigates
this effect. For instance, under MAP of 120 kPa, the knock integral reduces by 8%,
16%, and 27% as ¢ decreases from 0.9 to 0.5. Water addition also lowers the knock
integral by increasing the autoignition delay time through heat absorption. At ¢
= 0.9 and MAP = 120 kPa, 8% water addition reduces the knock integral by 14%,
with slightly smaller reductions for leaner mixtures. Thus, optimized water addi-
tion could mitigate NO emissions and combustion abnormalities while maintaining
a reasonable engine load in lean-burn hydrogen engines due by increasing MAP and
compression ratio. For a ¢ of 0.9 under a MAP of 120 kPa, the addition of 1% water
caused the knock integral and NO emissions to reduce by 2% and 5%, respectively,
while ITE was reduced by 2%. Thus, water addition could benefit hydrogen engine
emission control and knock mitigation, but careful optimization is required to avoid
significantly reducing thermal efficiency. The engine operation map based on ISFC,
NO, ITE, ¢, and water addition obtained through this new two-zone model has the

potential to advance combustion strategies in hydrogen ICEs.

8.4 Understanding the fundamentals of ICE energy
losses

With the completion of the improved two-zone model, it is possible to investigate
the origins of the losses by undertaking exergy analysis and to examine the resulting
trade-offs. Since the physical and chemical properties of pure hydrogen differ signifi-
cantly from those of hydrocarbon fuels, it is beneficial to understand the exergy split
into work, heat, irreversibility, and exhaust of hydrogen combustion under realistic
engine operating conditions. Due to hydrogen’s higher burning speed compared to

that of hydrocarbon fuels the exergy transfer to work and heat might be greater than
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that of hydrocarbon fuels. Meanwhile, the exergy destroyed by combustion-related
irreversible processes could be lower than that for hydrocarbon fuels, due to lower
reactant and product entropy changes. Lower entropy generation for hydrogen is at-
tributed to its simpler combustion pathway compared to that of hydrocarbon fuels.
Also, compared to hydrocarbon fuels hydrogen allows high dilution rates, reducing
NO emissions, this also reduces engine power output. Moreover, the lower power
of lean-burn hydrogen operation reduces the in-cylinder temperature, increasing the
combustion irreversibility ratio. This increase in irreversibility—the destruction of
available energy—is directly proportional to the rate of entropy generation. Entropy
generation increased significantly with leaner mixtures; for ¢ = 0.45, the generation
rose due to the increased product entropy from excess air. Increasing the reactant
temperature reduces entropy generation significantly, showing a 61% and 86% reduc-
tion when the temperature increases from 300 K to 500 K and 900 K, respectively.
At leaner equivalence ratios, the exergy transfer to work increases as the exhaust
enthalpy is redirected into reversible work. At ¢ = 0.45, work exergy transfer in-
creased by 4%, while heat and exhaust exergy transfers reduced by 35% and 64%,
respectively. For ¢ = 0.9, 36% of the exergy input is transferred to heat. Increasing
MAP boosts the exergy transfer to work, with a 7% increase observed when MAP
rises from 80 kPa to 120 kPa at ¢ = 0.9. The exhaust exergy decreases by 70% and
22% for ¢ = 0.45 and 0.9, respectively, with MAP increase. Raising the compression
ratio from 11.5 to 13 increases exergy transfer to work by up to 9%, peaking at 44%
for ¢ = 0.45. However, exhaust exergy reduces by 88%, 41%, and 37% for ¢ of 0.45,
0.77, and 0.9, respectively. Reducing heat loss by 50-80% increases work efficiency
by 9-37% but also raises exhaust exergy by 28-60%. For ¢ = 0.45, reducing heat-
loss enhances work efficiency but increases exhaust exergy due to higher in-cylinder
temperatures. The amount of exergy transferred to work increases with decreasing
equivalence ratio, as the exhaust enthalpy is diverted into reversible work. However,
the combustion-related irreversibility rate increases due to the reactant and prod-
uct entropy difference arising from the reduced amount of hydrogen fuel. When the
spark timing shifts away from the corresponding MBT timing, the exergy associated

with work and heat decreases because of the reducing IMEP. Reductions in exergy
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transfer to work and heat cause the exergy expelled by the exhaust gases to increase.
Additionally, increasing the MAP or compression ratio reduces the exergy expelled
at exhaust, as the exergy used for work and heat transfer leave less exergy to be
expelled. This is consistent with the second law of thermodynamics which states
that a steady-state system must reject the input and generated entropy. Therefore,
reducing the entropy generated by heat transfer by reducing heat loss requires the
entropy to be rejected by the exhaust stage of the cycle. Without mechanical modi-
fications, reducing heat loss increases exergy transfer to the exhaust, increasing the
exhaust temperature and therefore the temperature difference with the environment.
In contrast, exergy associated with combustion irreversibility was not significantly
affected by spark timing, MAP, or compression ratio. However, it was caused by
the equivalence ratio because of the difference between the reactant and product en-
tropy. For a¢ of 0.45, approximately 26% of the incoming exergy was lost due to the
irreversibility of the combustion reaction, limiting the maximum possible efficiency
of the hydrogen-fuelled SI engine to 74%. While this theoretical approach showed
potential benefits for hydrogen engine efficiency, the improvements in exhaust en-
thalpy must be further addressed to maximize the benefit from entropy reductions
by reducing heat loss. Improvements to using or converting exhaust heat into useful

energy may enhance the overall engine performance and efficiency.

8.5 Limitations and future work

The results presented provide support for developing hydrogen-fuelled ICEs. How-
ever, experimental work is required to substantiate the proposed boosted lean-burn
hydrogen SI engine strategies. Boosting intake air pressure enhances thermal effi-
ciency but increases the likelihood of combustion abnormalities. The proposed knock
model only captures the autoignition of the unburned mixture at the end-gas, but
hot spots or emissions from unburned hydrogen from the previous cycle can cause
pre-ignition. Pre-ignition was not considered since the hot spots could not be iden-
tified using a zero-dimensional combustion model. Therefore, future work should

investigate the formation of hot spots in hydrogen-fuelled SI engines to reduce nitric
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oxide emissions without significantly compromising thermal efficiency. The combus-
tion abnormalities in hydrogen ICEs could be controlled by the injection system.
Higher hydrogen injection pressures allow for shorter injection durations, improving
mixing and atomization. This could improve engine load and mitigate emissions
and combustion abnormalities, making it a reasonable topic for future investigation
using a suitable numerical model. The two-zone model does not consider heat trans-
fer between the burned and unburned zones, which may lead to overprediction of
unburned zone temperatures and underestimation of heat loss. Additionally, model
validation was constrained to limited operating conditions due to experimental data
availability, which may affect the generalizability of the results across broader en-
gine regimes. The single- and two-zone combustion models could be extended to
predict the performance of other fuels in ICEs once the thermodynamic properties,
laminar flame speed, and autoignition delay time are remodelled for the specific
fuel. Although developed for hydrogen, the models are built on a framework that
combines energy and exergy analysis making the methodology suitable for future
work on strategy development and optimization of alternative-fuelled SI engines.The
single-zone and two-zone combustion models used in this study do not incorporate a
dedicated ignition model. Ignition is assumed to occur instantaneously or is initiated
based on empirical correlations or predefined spark timing, and therefore the models
do not resolve the detailed physics of ignition delay. The empirical correlation to
predict the LFS of hydrogen was developed using chemical kinetics. It would be
interesting to investigate whether a machine learning technique could develop the
correlation based on experimental values, bypassing chemical kinetic simulations.
Regarding water addition to hydrogen engines, it would be interesting to investigate
the spatial effect of water addition on the mixing of the reactive in-cylinder mixture,
which could not be done using the methodology applied in this work. The exergy
analysis considered work, heat, combustion irreversibility, and exhaust to indicate
the relative size and importance. There is a space for a more detailed examination of
the physics and chemistry processes, however, moving beyond the zero-dimensional
engine model would be a significant, but difficult step. Furthermore, there are many

advantages of using less complex model. One way forward would be to use fluid
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dynamics simulations to provide deeper insights into the loss mechanisms within
engine processes and components, offering a clearer path to minimize exergy losses
and enhance overall engine performance. Since the physical and chemical properties
of traditional hydrocarbon fuels differ significantly from those of hydrogen, it would
be beneficial to understand their exergy split into work, heat, irreversibility, and ex-
haust. As each fuel has its own thermodynamic properties and chemical structure,
this could affect the exergy split into work, heat, irreversibility, and exhaust. As the
exergy analysis across various fuels could reveal areas where ICE efficiency might
be improved, it could thereby propose design and optimization strategies. Further
research should also explore the application of second law-based control strategies
in various engine configurations, incorporating advanced predictive control methods
and neural network approximations for real-time implementation in hardware-in-
the-loop setups. The benefits of incorporating exergy into control algorithms could

pave the way for next generation ICE technologies.
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Appendix A: Pseudocode for combustion models

The pseudocode for single-zone and two-zone combustion models are presented in

Table A1 and Table A2, respectively.

Table Al: Pseudocode for single-zone combustion model.

START

INPUT

Engine geometry: bore, stroke, rod length, compression ratio

Operating conditions: intake pressure, boost pressure, intake temperature, engine
speed, equivalence ratio, start of combustion crank angle

CALCULATE

Crank angle array, displaced volume and clearance volume

FOR each crank angle

Calculate instantaneous cylinder volume and area

END FOR

FOR each crank angle

Calculate the motoring pressure and temperature

END FOR

CALCULATE

Reactant species: hydrogen, oxygen, nitrogen and product species: water, nitrogen,
and oxygen

FOR each species

Calculate gas constant, specific heats, enthalpy and internal energy

END FOR

FOR each crank angle after start of combustion

Calculate laminar flame speed

Calculate combustion duration and mass fraction burned using Wiebe function
Calculate pressure and temperature by interpolating between compression and ex-
pansion pressure and temperature.

END FOR

Continued on next page
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Table A1 — continued from previous page

FOR each crank angle

Calculate indicated mean effective pressure by integrating pressure and volume,
indicated power, thermal efficiency, and indicated specific fuel consumption
Calculate nitric oxide formation rate using extended Zeldovich mechanism

END FOR

OUTPUT RESULTS

Mass fraction burned, pressure, mean temperature, indicated mean effective pres-
sure, efficiency, indicated specific fuel consumption, and nitric oxide emissions

END

Table A2: Pseudocode for two-zone combustion model.

START

INPUT

Engine geometry: bore, stroke, rod length, compression ratio

Operating conditions: intake pressure, boost pressure, intake temperature, engine
speed, equivalence ratio, start of combustion crank angle

CALCULATE

Crank angle array, displaced volume and clearance volume

FOR each crank angle

Calculate instantaneous cylinder volume and area

END FOR

FOR each crank angle

Calculate the motoring pressure and temperature

END FOR

CALCULATE

Reactant species: hydrogen, oxygen, nitrogen, and water and product species: water,
nitrogen, and oxygen

FOR each species

Continued on next page
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Table A2 — continued from previous page

Calculate gas constant, specific heats, enthalpy and internal energy

END FOR

FOR each crank angle after start of combustion

Calculate laminar flame speed, turbulence intensity and characteristic eddy burning
time

Calculate entrained mass fraction and burned mass fraction

Use ODEA45 to integrate burned and unburned zones then calculate pressure, un-
burned temperature, and burned temperature

END FOR

FOR each crank angle

Calculate indicated mean effective pressure by integrating pressure and volume,
indicated power, thermal efficiency, and indicated specific fuel consumption
Calculate nitric oxide formation rate using extended Zeldovich mechanism

END FOR

OUTPUT RESULTS

Mass fraction burned, pressure, unburned temperature, burned temperature, indi-
cated mean effective pressure, efficiency, indicated specific fuel consumption, and
nitric oxide emissions

END
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