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Abstract

This thesis presents an experimental investigation into dual-fuel combustion strategies aimed
at decarbonising heavy-duty engines through the use of low- and zero-carbon gaseous fuels.
A single-cylinder research engine and its fuelling system were upgraded for dual-fuel
operations with hythane and hydrogen. Systematic experiments were performed at a constant
engine speed of 1200 rpm and loads of 0.6, 1.2, and 1.8 MPa IMEP, corresponding to 25%,
50%, and 75% of full engine load. The study explored both conventional and advanced
combustion strategies by varying effective compression ratio and diesel injection timing to

maximise thermal efficiency and minimise engine-out emissions.

The diesel-hythane dual-fuel system demonstrated strong potential for short-term
decarbonisation. An advanced combustion strategy using early diesel injection combined with
Miller cycle delivered significant improvements in thermal efficiency by up to 4% at low load
and reduced CO; emissions by up to 40% relative to conventional diesel combustion. Total
GHG emissions were lowered by approximately 25%, and NOx and soot emissions were

reduced by as much as 89% and 69%, respectively, compared to diesel-only operation.

The diesel-hydrogen system, while facing limitations in diesel substitution due to combustion
phasing constraints, achieved the highest CO, and GHG reductions — by up to 56% — when
operated with a lower effective compression ratio. Although NOx levels increased under the
baseline configuration, mitigation strategies such as external EGR, water injection, and leaner
mixtures were shown to effectively reduce NOx without compromising efficiency. Notably,
green hydrogen use allowed the diesel-hydrogen powertrain to exceed the EU’s 2030 CO,

reduction target.

A comparative assessment across diesel-CNG, diesel-hythane, and diesel-hydrogen systems
confirmed that while methane-based fuels offer substantial NOx reduction, their GHG benefits
are limited by methane slip. Hythane emerged as the best short-term solution due to its
balance of efficiency and emissions performance, while green hydrogen showed the greatest
promise for long-term decarbonisation, provided that NOx control strategies and injection

optimisation are fully implemented.

Overall, this research confirms that dual-fuel combustion with hythane and hydrogen — when
paired with advanced engine strategies — can significantly lower the carbon and pollutant
emissions of heavy-duty diesel engines. The findings provide a solid foundation for the further
development of clean, efficient dual-fuel systems aligned with upcoming emissions regulations

and climate targets.
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Nomenclature

1D: one-dimensional

2EVO: exhaust valve re-opening
21VO: intake valve re-opening

Tey1i- Mmean in-cylinder gas temperature
ADF: advanced dual-fuel combustion
AFRg0ich: Stoichiometric air-fuel ratio
ATDC: after top dead centre

ATS: aftertreatment system

BDC: bottom dead centre

BOC: British Oxygen Company
CA10: crank angle of 10% cumulative
heat release

CA10-CA90: combustion duration
CA50: combustion phasing or crank
angle of 50% cumulative heat release
CA90: crank angle of 90% cumulative
heat release

CAD: crank angle degree

CBM: compressed biomethane

CCS: carbon capture and storage
CDC: conventional diesel combustion
CDF: conventional dual-fuel combustion
CE: combustion efficiency

Cl: compression ignition

CNG: compressed natural gas

CO: carbon monoxide

CO2: carbon dioxide

COz2¢q: carbon dioxide equivalent

CO2;pake- CONCeNtration of CO2 in the

intake manifold

VI

CO2,, pause- CONCentration of COz in the

exhaust manifold

COP: Conference of the Parties
COVmep: coefficient of variation of IMEP
DAQ: data acquisition

DEF: diesel exhaust fluid

DF: dual-fuel

DOC: diesel oxidation catalyst

DPF: diesel particulate filter

ECE: Engine Control Electronics GmbH
ECR: effective compression ratio

ECU: engine control unit

EER: effective expansion ratio

EF: energy fraction

eEGR: external exhaust gas recirculation
EGR: exhaust gas recirculation

EGT: exhaust gas temperature

EIVC: early intake valve closing

EU: European Union

EVC: exhaust valve closing

EVO: exhaust valve opening

FGT: fixed geometry turbocharger

FID: flame ionisation detector

FSN: filter smoke number

GDCI: gasoline direct injection
compression ignition

GHG: greenhouse gas

GCP: Glasgow Climate Pact

GWP: global warming potential

H20: water



H,: intake air humidity

HC: hydrocarbons

HCCI: homogeneous charge
compression ignition

HCLD: heated chemiluminescence

HD: heavy-duty

HDV: heavy-duty vehicle

HEF: hythane energy fraction

H2EF: hydrogen energy fraction

ICCT: International Council on Clean
Transportation

ICE: internal combustion engine

iIEGR: internal exhaust gas recirculation
IMEP: net indicated mean effective
pressure

IMEPgross: gross indicated mean effective
pressure

IPCC: intergovernmental panel on
climate change

ISCHa: net indicated specific emissions
of methane

ISCO: net indicated specific emissions of
carbon monoxide

ISCO2: net indicated specific emissions
of carbon dioxide

ISFC¢q: net indicated specific fuel
consumption equivalent

ISH2: net indicated specific emissions of
unburned hydrogen

ISN20: net indicated specific emissions
of nitrous oxides

ISNMHC: net indicated specific

emissions of non-methane hydrocarbons

VI

ISNOXx: net indicated specific emissions
of nitrogen oxides

ISsoot: net indicated specific emissions
of soot

ISTHC: net indicated specific emissions
of total unburned hydrocarbons

ITE: net indicated thermal efficiency
IVC: intake valve closing

IVO: intake valve opening

k;: fuel specific factor of wet exhaust
k;,: humidity correction factor for nitrogen
oxides

k,,: dry/wet correction factor for the raw
exhaust gas

LNG: liquified natural gas

LPG: liquified petroleum gas

LTC: low temperature combustion

LHV: lower heating value

LHV.,: lower heating value of carbon
monoxide

LHVyE: lower heating value of the in-
cylinder fuel mixture

LHV i05e1: lower heating value of diesel
LHVyyarogen: lOwer heating value of
hydrogen

LHVyythane- lower heating value of
hythane

;- mass flow rate of fresh air
My;eser- Mass flow rate of diesel

Mgy qir- Mass flow rate of dry air

m,,,: Mmass flow rate of exhaust gas
Mggs ruer- Mass flow rate of hydrogen /

hythane



Mpyarogen: Mass flow rate of hydrogen
Mpyehane- Mass flow rate of hythane
Mpymigity- Mass flow rate of humidity
my,o: mass flow rate of water

mcy,: Mass flow rate of methane

m¢o: mass flow rate of carbon monoxide
mcp,: mass flow rate of carbon dioxide
my,. Mass flow rate of nitrogen oxides
mg,,:: Mass flow rate of soot

myyc: mass flow rate of total unburned
hydrocarbons

myy,: flow rate of unburned hydrogen
mg;,-- mass of intake fresh air per cycle
mg,.;: mass of fuel injected per cycle
m,.,: mass of residual gas trapped at
exhaust valve closing

mgp: Mass (burned and unburned) per
mole of Oz in the mixture

Myoeq- total in-cylinder mass per cycle
M,: molecular weight of the burned gas
Mgry air- Molar mass of dry air

My, o: molar mass of water

My, : molar mass of nitrogen

M,,: molar mass of oxygen

MF: mass fraction

MFB: mass fraction burned

MK: modulated kinetics

MOC: methane oxidation catalyst
MPA: magneto-pneumatic detector
M2: passenger vehicles

M3: larger passenger vehicles, buses
and coaches

n,: number of moles of burned gas

N2: nitrogen

N20: nitrous oxide

NG: natural gas

NDIR: non-dispersive infrared detector
NHs: ammonia

NMHC: non-methane hydrocarbons
NO: nitrogen monoxide

NOz2: nitrogen dioxide

NOx: nitrogen oxides

NZE: net-zero emissions

N2: medium goods vehicles

N3: heavy goods vehicles

O2: oxygen

Os: ozone

p: pressure

Pamp- @mbient air pressure

Pevc: in-cylinder gas pressure at exhaust
valve closing

Pvapour- Partial pressure of water vapour
in the air

Psq:: Saturation pressure of water vapour
Pihq: Net indicated power

PCCI: premixed charge compression
ignition

PFI: port fuel injection

Pl: positive ignition

PLC: programmable logic controller
PMEP: pumping mean effective pressure
PPC: partially premixed combustion
PPCI: partially premixed charge
compression ignition

ppm: parts per million



PRR: pressure rise rate

Q¢n: chemical energy release

Qpt: heat transfer

Qe Net heat release

R: universal gas constant

RCCI: reactivity-controlled compression
ignition

REF: trigger signal

RGF: residual gas fraction

RH: relative humidity

SCR: selective catalytic reduction

SOC: start of combustion

SOI: start of injection

SOI_1: start of first diesel injection or
pre-injection

SOI_2: start of second diesel injection or
main injection

SMR: steam methane reforming

STP: standard temperature and pressure
T,mp: @ambient temperature

TDC: top dead centre

THC: total unburned hydrocarbons
TTW: Tank-to-Wheel

ucys. Methane to exhaust gas density
ratio

Uco: carbon monoxide to exhaust gas
density ratio

Ucp,: carbon dioxide to exhaust gas
density ratio

Ugqs: €Xhaust gas density ratio

Ugqs, pr- €Xhaust gas density ratio for the

dual-fuel combustion

uyc: hydrocarbon to exhaust gas density
ratio

Uy 0. Nitrogen oxides to exhaust gas
density ratio

Ug,,¢. SOOt to exhaust gas density ratio
UNFCCC: United Nations Framework
Convention on Climate Change
UNIBUS: uniform bulky combustion
system

US: United States of America

VGT: variable geometry turbocharger
VVA: variable valve actuation

v/v: volume basis

V: volume

V.: clearance volume

Vy4: displaced volume

Veve: in-cylinder volume at exhaust valve
closing

W.inq: Net indicated work per cycle
WHSC: World Harmonised Stationary
Cycle

WHTC: World Harmonised Transient
Cycle

WTW: Well-to-Wheel

WTT: Well-to-Tank

ZEV: zero-emission vehicle

x: molar carbon to carbon ratio

y: molar hydrogen to carbon ratio

z: molar oxygen to carbon ratio

[CH4]: concentration of unburned
methane in the exhaust gas

[CQO]: concentration of carbon monoxide

in the exhaust gas



[COz2]: concentration of carbon dioxide in
the exhaust gas

[H2]: concentration of unburned
hydrogen in the exhaust gas

[NOx]: concentration of nitrogen oxides
in the exhaust gas

[soot]: concentration of soot in the

exhaust gas

Xl

[THC]: concentration of total unburned
hydrocarbons in the exhaust gas

y: ratio of specific heats (c,/c,)

0: crank angle position

A: relative air-fuel ratio

Pexn: €Xhaust gas density
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Chapter 1

Introduction

1.1 Preface

Internal combustion engines (ICE), which originated in the 19th century [1] have
become one of the most efficient and dependable sources of power generation
globally. With advancements in technology and increasing environmental regulations
on energy consumption, there has been significant progress in understanding engine
processes and fuel properties. The global rise in concerns about air pollution,
increasing carbon dioxide (COz2) emissions, and their impact on human health and
climate has led to the implementation of fuel efficiency and exhaust emission
standards for the transportation sector. These regulations have driven extensive
research and development efforts aimed at producing cleaner, more efficient ICEs and

fuels.

Innovations such as the use of alternative fuels and improved aftertreatment systems
(ATS) have played a key role in enhancing fuel conversion efficiency and reducing
pollutants. By combining low-carbon fuels with high-efficiency ICE, it is possible to
decrease human-induced greenhouse gas emissions, which contribute to global

warming.

Heavy-duty vehicles, which typically use compression ignition (Cl) diesel engines, are
major contributors to global CO2 emissions from the transport sector. However, to
meet recent stringent carbon reduction targets, replacing a portion of diesel with lower
or zero-carbon fuels such as methane or hydrogen can help reduce the greenhouse

gas (GHG) emissions intensity of these vehicles in the short term [2, 3].

Most dual-fuel engines operate on the principle of using a high-reactivity fuel, such as
diesel, with direct injection, alongside a low-reactivity fuel like gasoline, natural gas,
methanol, or hydrogen, which is injected through port fuel injection. The energy

substitution of each fuel used in the engine depends on the operating conditions.



Dual-fuel engines face significant challenges, including low fuel conversion efficiency
at low loads due to incomplete combustion, and high levels of combustion noise at
high loads caused by rapid burn rates. These issues restrict the premixed fuel energy
fraction to lower levels. To mitigate these challenges, alternative combustion control
strategies must be developed. In this regard, an experimental study was conducted to
examine two distinct dual-fuel combustion approaches: one using a diesel with
hydrogen-methane blend and the other using diesel with pure hydrogen. The aim was

to optimise engine performance and emissions in a heavy-duty engine context.

1.2 Research objectives

The primary aim of this research is to investigate the use of hydrogen-based gaseous
fuels as partial substitutes for diesel in heavy-duty compression ignition engines, with
the goal of achieving significant reductions in GHG emissions while maintaining high
thermal efficiency across a wide range of engine loads. To achieve this aim, the study

focused on the following specific objectives:

- To address the limitations of conventional dual-fuel combustion by
implementing and evaluating advanced in-cylinder control strategies, including
early and multiple diesel injections, introduction of Miller cycle via late intake
valve closing, and intake enhancement techniques such as exhaust gas

recirculation and water injection.

- To maximise diesel substitution through the use of low- and zero-carbon
gaseous fuels, and assess the trade-offs between fuel efficiency, emissions,

and combustion stability in dual-fuel operation.

- To perform a comprehensive Well-to-Wheel assessment of each dual-fuel
configuration using different fuel sourcing pathways, in order to quantify the full

climate impact and decarbonisation potential of each strategy.

- To identify the most viable short- and medium-term decarbonisation pathways
for heavy-duty transport applications based on technical feasibility, emissions

performance, and fuel availability.



1.3 Thesis outline

The thesis is organised into six chapters. Chapter 1 provides an introduction, defining
the scope and objectives of the thesis. Chapter 2 presents a review of the literature
relevant to this research, which aided supporting the methodology employed and the

discussion of results.

Topics such as GHG emissions, climate change, and regulatory standards are
assessed. Technologies implemented in the transportation sector, especially for
heavy-duty vehicles, are described. Potential in-cylinder control strategies, ATS, and
alternative fuels are explored. The limitations faced by current dual-fuel engines are

discussed.

Chapter 3 presents the research engine and test cell facilities. The equations
employed and methodology utilised for acquisition and analysis of engine data are

also described.

Chapters 4 and 5 explore means of improving the efficiency and minimising exhaust
emissions of dual-fuel combustion at different engine loads. Chapter 4 focuses on
diesel-hythane dual-fuel, investigating the impact of advanced diesel injection
strategies, internal and external exhaust gas recirculation, and maximising hythane
energy fraction. Chapter 5 examines diesel-hydrogen dual-fuel, assessing the effect

of hydrogen energy fraction, relative air-fuel ratio, external EGR, and water injection.

Chapter 6 presents a comparative assessment of all dual-fuel strategies tested,
including diesel-CNG, diesel-hythane, and diesel-hydrogen, evaluated under
consistent operating conditions. The analysis focuses on thermal efficiency, carbon
dioxide and total greenhouse gas emissions, nitrogen oxides formation, and Well-to-
Wheel climate impact, offering a broader perspective on the strengths and limitations

of each fuel pathway.

Finally, Chapter 7 concludes by summarising the principal findings of this research

and providing recommendations for future research.



Chapter 2

Literature Review

2.1 Introduction

The transportation sector currently represents around 20% of global energy use, and
projections suggest this figure could increase by over 30% between 2021 and 2050
[4], as shown in Figure 2.1. This anticipated growth is largely attributed to expanding
economic development and the rising demand for goods and services, particularly in
emerging economies. As a result, commercial transport activity is expected to surge,
with heavy-duty (HD) transportation showing the most pronounced increase, as

illustrated in Figure 2.2.
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Figure 2.1 — Global energy demand by sector and source. Adapted from [4].
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Figure 2.2 — Fuel demand by transportation sector. Adapted from [5]

Additionally, oil remains essential for transportation, with commercial transportation
still relying on fossil fuels to meet more than 80% of demand by 2050 [5]. According
to the Intergovernmental Panel on Climate Change (IPCC) [6], the combustion of fossil
fuels has greatly affected the atmospheric concentration of greenhouse gases (GHG).
Those GHG emissions are constituted by methane (CHa4), nitrous oxide (N20), and
mostly carbon dioxide (CO2). In particular, CO2 have risen since the Industrial
revolution, has now reached the highest atmospheric concentration in at least the past
800,000 years, as depicted in Figure 2.3 [7]. Since mid-1950, the majority of that CO2

generation has come from the use of fossil fuels [8], as demonstrated by Figure 2.4.

Scientists are observing changes in the Earth’s climate in every region and across the
whole climate system, according to the 2023 IPCC Synthesis Report [6]. Many of the
changes observed in the climate are unprecedented in thousands, if not hundreds of
thousands of years, and some of the changes already set in motion, such as continued

sea level rise, which are irreversible over hundreds to thousands of years [6].

The report finds that unless there are immediate, rapid and large-scale reductions in
greenhouse gas emissions, there is more than 50% chance that global temperature
rise will reach or exceed 1.5°C between 2021 and 2040. In some high-emissions
pathway scenarios, the world may hit this threshold even sooner — between 2018 and
2037 [6].
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Figure 2.3 — Atmospheric carbon dioxide concentration in parts per million for the
past 800,000 years based on ice-core data (light purple line) compared to 2023
concentration (bright purple dot). Adapted from [7].
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In 2021, nearly 200 parties of the United Nations Framework Convention on Climate
Change (UNFCCC) agreed the Glasgow Climate Pact (GCP) [9] during the
Conference of the Parties (COP) 26. The goal of this agreement was to maintain the
target of limiting global warming to 1.5°C alive, which was previously established in
the Paris Agreement [10] in 2015. More recently, during the last 2023 COP28 in Dubai,
the United Arab Emirates, nations agreed the “beginning of the end” of the fossil fuel
era by laying the ground for a swift, just and equitable transition to renewable energy

sources [11].

For the aforementioned reasons, the introduction of measures to reduce energy use
and decarbonise the supply as well as revisit and strengthen current emissions targets
is fundamental in every major sector, particularly in transportation. The European
Green Deal [12], approved in 2019 and codified into European Climate Law [13] in
2021, was the first pact including policy initiatives to reduce GHG emissions by at least

55% by 2030 compared to 1990 levels, and to achieve climate neutrality by 2050.

Until 2019, GHG emissions from transportation continued increasing steadily in
European Union (EU) and United States of America (US), a trend that diverges
significantly from those in other sectors. In particular, there was an increase of 18% in
car transport and 22% in freight transport between 2000 and 2019 in the EU [14].
Despite a 13.5% drop verified in 2020 caused by the Covid-19 pandemic, which
disrupted transport demands, GHG emissions have rebounded by 8.6% in 2021 and
2.7% in 2022 [15]. It was anticipated that pre-pandemic levels would be reached by
2024.

This sector is a major contributor to these emissions, representing 26% of total GHG
emissions in the EU, and 28% in the US in 2022 [15, 16]. As seen in Figure 2.5, heavy-
duty vehicles (HDV) are responsible for more than a quarter (27%) of the road
transport GHG emissions. This is equivalent to about 6% of the global GHG emissions.
This considerable environmental impact is highlighted by the fact that HDV represents
only 11% of the motor vehicles in the world [17].

A study conducted by the International Council on Clean Transportation (ICCT) [18]
focused on zero-emissions vehicles (ZEV) shown in Figure 2.6 predicts that CO2



emissions from global road transport will increase by 32% in the next three decades
in the case of absence of new policy action. Moreover, emissions must stabilise by
2030, decrease by 29% by 2040, and fall further, by 60%, by 2050, to avoid a global
temperature increase above 2°C. Hewing to a 1.5°C compatible pathway is still
tougher. In any scenario, HDVs account for about half of the emission reduction.
Therefore, transitioning new HDV to ZEV is not, by itself, sufficient to align with the
1.5°C pathway, which for this, additional measures would be required, such as

maximising fuel efficiency of existing internal combustion engine vehicles.
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Figure 2.5 — GHG emissions from economic sectors in 2022. Adapted from [15]
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Thus, it is imperative to conduct further studies on emissions and fuel efficiency of
HDV in order to mitigate GHG emissions and reduce the sector's disproportionate
contribution to climate change. Advancing the use of renewable fuels alongside the
development of novel engine technologies offers a viable pathway to lowering oll

dependency while supporting the achievement of stringent emissions reduction goals.

2.2 Emission and fuel efficiency regulations

The aforementioned concerns about the environmental impacts have led in the
implementation of stringent fuel efficiency and emission regulations. These regulations
aim to mitigate the GHG emissions generation into the atmosphere as well as other
pollutants. These pollutants can be carbon emissions, specifically carbon monoxide
(CO) and hydrocarbons (HC), or other pollutants such as nitrogen oxides (NOx) and
particulate matter (PM). The latter two are linked to millions of premature deaths
caused by cardiovascular and respiratory diseases, and the loss of healthy years of
life resulting in significant health care costs [19] as well as harmful effect on climate
[20].

Regulating fuel consumption and emissions within the HD vehicle sector poses greater
challenges compared to the light-duty segment, largely due to the wide variety of
vehicles encompassed in this category. Emissions certification for heavy-duty vehicles
(HDV) is typically carried out using an engine dynamometer on a test bench, with
results expressed as the mass of pollutants emitted per unit of brake power output
(g/kWh) [21, 22]]. This approach facilitates standardised comparisons across various

engine types and operating conditions.

In the European Union, the governing emissions standard for on-road HDVs is the
Euro VI regulation. This framework was initially established under Regulation (EC) No
595/2009 [23] and later implemented through Regulation (EU) No 582/2011 [24]. Since
2013, new engine types have been required to comply with Euro VI-A, with full
compliance for all vehicles mandated from 2014 onward. The regulation has
undergone several updates, with the current phase referred to as Euro VI-E. Specific

provisions for dual-fuel (DF) engines were introduced under Regulation (EU) No
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133/2014 [25], which outlined type-approval requirements for DF engines starting from
the Euro VI-B phase.

Emission limits for both compression ignition (Cl) and positive ignition (PIl) engines
must be demonstrated under two standardized testing procedures: the World
Harmonised Transient Driving Cycle (WHTC) and the World Harmonised Stationary
Cycle (WHSC), as defined in Regulation No. 49 [21]. Additionally, limits on ammonia
(NHs) emissions were introduced to prevent overuse of aqueous urea in SCR systems,

which are commonly used to reduce NOx emissions.

Nevertheless, the European Parliament and the Council of the EU has approved the
Regulation (EU) 2024/1257 [26]. This regulation enforces the implementation of the
new Euro 7 standards, which will come into force in 2028 for new vehicles models and
2029 for all new vehicles. The Euro 7 regulation will replace the previously separate
regulations for light- and heavy-duty vehicles. It sets new rules for passenger transport
vehicles, namely categories M2 and Ms which apply to medium- and heavy-duty sizes,
and for vehicles used for carrying goods, with categories N2 and Nz indicating medium-
and heavy-duty specs. These new emission standards will impose more stringent
tailpipe emission limits applied for the WHSC and WHTC, particularly targeting NOx
and PM emissions, as seen in Figure 2.7, but also for non-methane hydrocarbons
(NMHC) and CO.
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J Fu{o i B -
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Figure 2.7 — Development of European HD legislated emissions limits for NOx and
PM. Source [27]
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Additionally, new limits on NHs as well as non-CO2 GHG emissions such as N20 and
CHa4 will be introduced. This is a result of the high global warming potential (GWP) of
CH4 and N20, which are equivalent to 27 and 273 times that of CO2 over a 100-year
lifetime, respectively [28]. N20O emissions can be produced in urea SCR systems
during warm-up procedures [29] More information about Euro VI and Euro 7, and its
test cycles — World Harmonised Stationary Cycle (WHSC) and World Harmonised
Transient Cycle (WHTC) — can be found in Table 2.1. It is worth noting that Euro 7 is
only focused on standard EU vehicle categories, such as passenger vehicles (M2),
large passenger vehicles, buses and coaches (M3), medium goods vehicles (N2), and

heavy goods vehicles (N3).

Table 2.1 — Euro VI for Type 2B HD DF engines [21, 25] and Euro 7 tailpipe emission
limits for HDV of categories M2, M3, N2, and N3 [26].

WHSC WHTC
Change Change
Pollutant  Euro VI Euro 7 Euro VI Euro 7
[mg/kWh] [mg/kWh] compared [mg/kWh] [mg/kWh] compared
to Euro VI to Euro VI
NOx 400 200 -50% 460 200 -56%
PM 10 8 -20% 10 8 -20%
CO 1500 1500 No change 4000 1500 -62%
NMHC 130 80 -38% 1602 80 -50%
NH3 - 60 New - 60 New
CHa4 - 500 New 5002 500 No change
N20 - 200 New - 200 New

a Only for gas engines

In terms of CO2 emissions control, the EU issued Regulation (EU) 2019/1242 [30] in
2019, introducing the first-ever CO2 emission standards for new HDVs. With the initial
goal of lowering CO2 levels by 15% in 2025 and 30% in 2030 compared to a 2019
baseline, the EU updated to align with the EU’s climate objectives [12] for 2030 and
beyond. The Regulation (EU) 2024/1610 [31] maintains the existing 2025 target of
15% emissions reduction, revised the 2030 target to 45% CO:2 reduction, and

introduced new targets for 2035 and 2040 of 65% and 90% emission reduction,
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respectively, based to a 2019 baseline. These targets will apply to medium- and

heavy-duty trucks weighing over 7.5 tonnes and coaches.

Figure 2.8 briefly summarises the evolution of the EU’s emission regulations over the
years, which includes the multiple phases of Euro VI, the new Euro 7, and CO2

reduction targets.

2016 2018 2020 2022 2024 2026 2028 2030 2035 2040
Implementation g
et IR _

' CO, reduction targets of -90% and -100% apply to urban buses from 2030 and 2035 respectively

Figure 2.8 — Evolution of heavy-duty emissions standards in the EU. Source: [27]

2.3 Heavy-duty diesel engine emissions

Diesel engines have historically served as the dominant powertrain in the HD transport
sector due to their ability to deliver high torque and achieve superior thermal efficiency
[32]. In an ideal scenario, the conversion of diesel's chemical energy into mechanical
work would yield only carbon dioxide (CO2) and water vapour (H20) [33]. These
products result from the combustion reaction, where carbon in the fuel reacts with

oxygen (Oz2) to form COz2, and hydrogen atoms combine with oxygen to produce H20.

In practice, however, conventional diesel combustion —illustrated in Figure 2.9 — leads
to the formation of several harmful emissions beyond CO2 and Hz0, including carbon
monoxide (CO), unburned hydrocarbons (such as CH4 and NMHC), particulate matter
(PM), and nitrogen oxides (NOx). CO, HC, and PM are primarily by-products of
incomplete combustion and insufficient air-fuel mixing. In contrast, NOx emissions are
mainly attributed to the presence of high-temperature zones and local fuel-rich regions

resulting from the diffusion-controlled, non-premixed combustion process [34].
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Mitigating these pollutants is critically important due to their impact on both
environmental and human health [33, 35]. Therefore, it is essential to investigate the
in-cylinder combustion behaviour and air-fuel interaction in greater detail to better
understand and control the formation of these emissions.

N2 = 67 % CO:2=12%

H0=11%

0:=9%

Pollutant Emissions = 1%
CO| HC |[NOx| SO: PM

ol 2 2@ o
6|07 2

Figure 2.9 — The composition of diesel exhaust gas. Source: [36].

Carbon monoxide (CO) is primarily generated when combustion is incomplete,
meaning the oxidation of carbon in the fuel does not fully convert to carbon dioxide
(CO2). The extent of CO formation is closely tied to the availability of oxygen in the
intake charge [37], and its concentration increases significantly when the relative air-
fuel ratio (1) falls below 1.0, indicating a fuel-rich mixture [38]. Such conditions
commonly occur during engine cold starts and sudden acceleration events, where
richer mixtures are required. Under these oxygen-deficient conditions, not all carbon
atoms are fully oxidised to COz2, leading to increased CO formation. While CO is
predominantly produced in rich conditions, a smaller amount may also be emitted

under lean operation (1 > 1) due to specific chemical kinetic limitations [39].

Hydrocarbon (HC) emissions consist of unburned fuel resulting from regions within the
combustion chamber that fail to reach sufficient temperatures, particularly near the
cylinder walls where thermal gradients are significant [40]. Other contributors to HC
emissions include lubricant oil combustion and flame quenching effects [41]. In diesel
engines, these emissions are typically referred to as total hydrocarbons (THC),

comprising both non-methane hydrocarbons (NMHC) and methane (CH4), and are
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more pronounced at low engine loads [36]. One of the main drivers of HC formation at
low loads is lean combustion, where low flame propagation speeds may cause
incomplete combustion during the expansion stroke—or in some cases, combustion
may not occur at all — resulting in elevated HC levels [42]. However, if the exhaust
temperature exceeds 600°C and sufficient oxygen is present, unburned hydrocarbons
may undergo post-oxidation in the exhaust system, reducing the amount of HC emitted

from the tailpipe [39].

Particulate matter (PM) in diesel exhaust is a byproduct of incomplete combustion,
involving both the fuel and engine oil [36]. PM formation depends on various factors,
including the combustion and expansion processes, the quality and quantity of fuel
and oil used, combustion temperature, and the degree of exhaust gas cooling [43]. As
shown in Figure 2.10, PM emissions primarily consist of dry carbon, commonly
referred to as soot. In addition, they contain aggregates of fine particles formed from
partially combusted fuel and lubricant, ash residues, sulfates, and condensed water
vapour [44, 45].

Particulate matter (PM) in diesel exhaust is a by-product of incomplete combustion,
involving both the fuel and engine oil [36]. PM formation depends on various factors,
including the combustion and expansion processes, the quality and quantity of fuel
and oil used, combustion temperature, and the degree of exhaust gas cooling [43]. As
shown in Figure 2.10, PM emissions primarily consist of dry carbon, commonly
referred to as soot. In addition, they contain aggregates of fine particles formed from
partially combusted fuel and lubricant, ash residues, sulfates, and condensed water
vapour [44, 45].
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Figure 2.10 — Typical particular matter emissions composition from a heavy-duty

diesel engine. Source: [45].
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NOx emissions in the exhaust primarily consist of nitrogen monoxide (NO) and
nitrogen dioxide (NOz2), with NO typically accounting for 85-95% of the total and NO2
comprising the remaining 5-15% [36]. The formation of NOx is influenced by several
key factors, including peak in-cylinder temperature and the availability of oxygen —
known as Zeldovich mechanism — and the duration for which these conditions are
sustained [46]. The majority of NOx generation occurs in the early phase of
combustion, particularly when the piston is near top dead centre (TDC) at the end of
the compression stroke. At this point, flame temperatures are at their highest,

promoting NOx formation.

Under ideal combustion conditions, nitrogen (N2) from the intake air remains inert and
exits the engine unaltered. However, when combustion temperatures exceed
approximately 1600°C, N2 begins to react with Oz, resulting in the production of NOx
compounds [36]. Understanding the mechanisms behind NOx formation is essential
due to their considerable environmental and public health implications. These
emissions are linked to several harmful effects, including acid rain, ground-level ozone
(Os) generation, nutrient pollution, and photochemical smog — issues commonly

associated with air quality degradation in urban environments [47].

2.4 Heavy-duty diesel engine emissions control

technologies

To meet GHG reduction goals and comply with increasingly stringent pollutant
emission regulations, manufacturers have implemented a range of advanced engine
design features and in-cylinder strategies. In HD diesel engines, notable examples
include flexible diesel injection timing and pressure control for optimising combustion,
high-efficiency turbocharging, cooled exhaust gas recirculation (EGR), variable valve
actuation (VVA), and water injection. Alongside these internal measures, significant
effort has also been directed toward developing effective ATS to minimise emissions.

When applied in combination, measures such as high-pressure fuel injection,

enhanced air handling, and EGR can offer simultaneous benefits—reducing emissions
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and increasing thermal efficiency by improving air-fuel mixing and moderating
combustion temperatures. However, future HD engine efficiency targets raise
concerns due to the persistent trade-off between reducing fuel consumption and
controlling engine-out NOx emissions. For example, achieving just a 1% gain in fuel
efficiency could result in a rise in NOx emissions from 10 to 14 g/kWh. Conversely,
strategies aimed at aggressively minimising NOx may impair overall engine
performance and increase PM emissions (such as soot), due to differing formation

pathways.

2.4.1 Alternative combustion strategies

The development of alternative combustion strategies has become a crucial focus in
response to increasingly stringent emissions regulations and rising fuel costs.
Conventional diesel combustion (CDC) typically operates with excess air, resulting in
a lean engine operation. However, this process leads to significant local variations in
relative air-fuel ratios (A) and temperatures within the combustion chamber [48], which
can promote the formation of NOx in high-temperature regions near the diffusion flame

[49] and soot in fuel-rich zones within the spray [32].

In light of these challenges, several innovative combustion technologies have been
developed to optimise the combustion process while reducing the need for costly ATSs
[50]. These strategies generally focus on lowering the local relative air-fuel ratios and
reducing combustion temperatures to mitigate NOx and soot formation. This approach,
often referred to as Low Temperature Combustion (LTC), aims to enhance fuel

efficiency and reduce harmful emissions [51].

Among the various LTC strategies, Homogeneous Charge Compression Ignition
(HCCI) stands out, characterised by early fuel injections that promote a fully premixed
charge and longer ignition delays. While HCCI offers significant emissions benefits,
such as reduced NOx and soot, it suffers from challenges such as difficulty in
controlling ignition timing and combustion phasing, especially under transient
conditions. Additionally, HCCI tends to result in higher combustion losses and noise
[52, 53].
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To overcome these limitations, other combustion concepts have been developed,
including Premixed Charge Compression Ignition (PCCI) [54, 55], Partially Premixed
Charge Compression Ignition (PPCI) [49], Modulated Kinetics (MK) [56], and the
Uniform Bulky Combustion System (UNIBUS) [57]. These strategies provide a greater
degree of control over combustion phasing at light and medium engine loads while
keeping NOx and soot emissions low. However, they often result in lower engine
efficiency, increased unburnt HC and CO emissions, and a limited operating range

due to high EGR and boost requirements.
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Figure 2.11. Local equivalence ratio versus temperature map for the classification of

combustion strategies. Adapted from [58].

Gasoline Direct Injection Compression Ignition (GDCI) [59, 60] and Partially Premixed
Combustion (PPC) [61, 62] are also considered as alternatives to diesel LTC. These
strategies are capable of expanding the high-efficiency operating window and
achieving very low NOx emissions even at full load. However, their reliance on
gasoline rather than renewable fuels and the need for significant engine hardware

modifications limit their application in reducing dependence on liquid fossil fuels [62].

Recent developments in PPC combustion with renewable fuels have demonstrated
promising improvements in thermal efficiency and soot reduction [63, 64]. However,

these approaches also face challenges such as increased acoustic noise and higher
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peak heat release rates, requiring adjustments like lower intake air pressures and

larger amounts of EGR, which can negatively impact combustion efficiency.

The dual-fuel combustion strategy has emerged as a promising solution to address
the challenges posed by the aforementioned combustion concepts. It offers a more
effective means of utilising low-carbon fuels, such as hydrogen and methane, in
conventional diesel engines. By combining diesel with alternative fuels, dual-fuel
combustion has the potential to mitigate the issues of high emissions and poor

efficiency commonly associated with conventional diesel combustion [32].

2.4.2 Boosting technology

Turbocharger systems have an essential role of enhancing engine performance and
combustion efficiency, which contributes to the mitigation of exhaust emissions. It
permits to increase the amount of air (oxygen) entering the combustion chamber,
which enables for a more complete combustion of the fuel, resulting in reduction of
unburned THC, PM, and CO. The improvement of fuel efficiency also mitigates the
CO2 emission generation. Turbocharger systems can also help managing in-cylinder
gas temperatures by optimising the air fuel ratio as well as the EGR systems, which

can lead in minimising NOx formation.

A conventional turbocharger consists of a turbine section integrated into the engine’s
exhaust stream and a compressor section located in the intake system. This
configuration increases intake pressure, thereby enhancing the in-cylinder air charge.
The turbine generates power by expanding exhaust gases across a stator or nozzle
ring and a rotating turbine wheel. The level of intake air compression achieved
depends on specific characteristics of the turbine stage—primarily its swallowing
capacity and isentropic efficiency. The swallowing capacity determines the degree of
flow restriction across the turbine, while the isentropic efficiency indicates how

effectively the turbine converts exhaust energy into mechanical power [65].

The fixed geometry turbocharger (FGT) was the first type widely adopted in diesel
engine applications. It operates using a wastegate that controls boost pressure by
allowing exhaust gases to bypass the turbine when necessary. At low engine speeds,

closing the wastegate increases boost by directing more exhaust flow through the
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turbine. At higher speeds, the wastegate opens to prevent over-boost conditions [66].
However, FGT systems face two main limitations: turbo-lag at low engine speeds and
transient conditions, and limited EGR introduction capabilities across the full range of

engine operation without compromising fuel efficiency [66].

To overcome these drawbacks, variable geometry turbochargers (VGTs) have been
introduced. VGTs allow real-time adjustment of the turbine's flow characteristics
without bypassing exhaust gases, thereby improving transient response and overall
efficiency [65]. These systems serve multiple functions, including optimizing airflow for
torque delivery and engine performance, controlling EGR flow, enabling Miller cycle
operation, supporting engine braking, and assisting in exhaust aftertreatment system

regeneration [67, 68].

2.4.3 Exhaust gas recirculation

One of the primary contributors to NOx formation in combustion engines is the peak
temperature reached during the combustion process, often referred to as the flame
temperature. Therefore, reducing this temperature is critical for effective NOx control,
and several combustion control strategies have been developed to achieve this.
Among them, exhaust gas recirculation (EGR) has proven particularly effective at

lowering flame temperatures.

There are two main approaches to introducing exhaust gases back into the cylinder:
external EGR (eEGR) and internal EGR (iEGR). The eEGR method is a well-
established in-cylinder technique capable of significantly reducing NOx emissions—
potentially eliminating them almost entirely when used at high rates. This system
operates by extracting exhaust gases from the exhaust manifold and rerouting them
into the intake system through a metering valve (EGR valve) and a heat exchanger
(EGR cooler). The presence of exhaust gases in the intake mixture lowers the oxygen
concentration and increases the inert content, thereby reducing combustion
temperature and, as a result, NOx formation, as illustrated in Figure 2.12. Additionally,
CO, and H,0 contribute to this reduction through their thermal properties, though their

impact is secondary [69].
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The EGR cooler plays a crucial role by lowering the temperature of the recirculated
gases, helping to prevent excessive thermal stress on engine components, further
reduce NOx, and support high engine power density. This configuration is typically

referred to as high-pressure loop EGR.

To enable exhaust gases to flow from the exhaust manifold back into the intake
system, the system must maintain a pressure differential — meaning the average
exhaust pressure must exceed intake pressure. This is usually achieved with an
exhaust throttle or a variable geometry turbocharger (VGT), as described earlier in
Section 2.4.2. However, maintaining this pressure difference introduces additional
challenges. It can reduce engine efficiency and, at high loads, demands significantly
elevated intake pressure to preserve the air-fuel ratio and prevent excessive smoke or
PM emissions. These demands place added stress on the turbocharging system and

are constrained by limits on peak in-cylinder pressures.

Moreover, the use of high EGR rates — typically above 30% - introduces additional
drawbacks. These include increased pumping losses and fuel consumption, greater
heat rejection requirements, and the potential for condensation-related corrosion in

engine components.
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Figure 2.12 — Impact of intake oxygen concentration on NOx reduction. Source: [65]

The iEGR method utilises a VVA system to retain exhaust gases within the cylinder.

This can be achieved by reopening the intake valve during the exhaust stroke (2IVO)
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[70] or by reopening the exhaust valve during the intake stroke (2EVO) [71]. Among
these options, 2IVO has demonstrated greater effectiveness in improving fuel

efficiency and reducing smoke emissions [72, 73].

Compared to eEGR, IEGR offers multiple advantages, including a more compact
design, reduced maintenance requirements, improved reliability, and enhanced cycle-
by-cycle control of the retained exhaust gas fraction [74]. When implemented with
increased exhaust back pressure, IEGR has also been shown to reduce THC and CO
levels [71] and elevate EGT at low engine loads [75]. This rise in EGT is beneficial

under low enthalpy conditions, supporting the effectiveness of ATS [76, 77].

However, iEGR does not allow for cooling of the recirculated gas due to the limited
time available for temperature reduction. As a result, hot and low-density EGR gases
are reintroduced into the cylinder, which increases in-cylinder temperatures. This can
lead to elevated NOx emissions and reduced thermal efficiency, as the lower gas mass
requires higher fuel input to maintain performance [70]. The drop in efficiency becomes
especially apparent at high load, often causing a loss in engine power. For this reason,

iIEGR is usually disabled during high-load operation [74, 78].

2.4.4 Miller cycle

Engine processes are classified as over-expansion cycles when the effective
expansion ratio (EER) exceeds the effective compression ratio (ECR). The Atkinson
cycle, introduced by British engineer James Atkinson in the 1880s [79, 80], was the
first engine concept to achieve this condition. It utilised a mechanically complex crank

and linkage arrangement to produce a longer expansion than compression stroke.

On the other hand, Miller cycle engine, patented by an American engineer Ralph Miller
in 1950s [81, 82, 83], is another type of over-expansion cycle engine. However, this
one could achieve a differential between expansion and compression ratios by means
of adjusting valve timing to control ECR, either by an early intake valve closing (EIVC)

strategy or late intake valve closing (LIVC) strategy. Therefore, the usage of Miller
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cycle in modern diesel engines are associated essentially to effectively improve the

engine efficiency and exhaust emissions trade-off [84, 85].

By shortening the effective compression stroke while allowing a full expansion stroke,
the Miller cycle reduces in-cylinder temperatures at the end of compression and during
combustion, which directly lowers peak combustion temperatures. Since NOx
formation is highly dependent on temperature, as discussed in Section 2.3, this
approach can reduce NOx emissions. However, the drawback is a potential decrease
in engine output and increased fuel consumption, which can result in higher CO2

emissions [86].

Several studies [86, 87, 88] have shown that implementing the Miller cycle alone can
reduce NOx emissions by 15-30%, but this often comes at the cost of reduced thermal
efficiency. Moreover, the effectiveness of the Miller cycle for NOx control in diesel
engines is limited under low-load conditions, as the reduction in peak in-cylinder
temperature is relatively modest. Nevertheless, eEGR has proven highly effective for
NOx mitigation, and when combined with the Miller cycle, the two approaches can
yield more substantial reductions than either method alone. For instance, research by
Verschaeren et al. [89] reported a 70% decrease in NOx emissions across various
load conditions using a medium-speed HD diesel engine, alongside reductions in HC
emissions — at the expense of increased CO and PM emissions and slightly reduced
engine efficiency. The drop in HC was attributed to higher exhaust temperatures,

which enhanced the oxidation of unburned hydrocarbons during the expansion phase.

The reduction in the volume of air during the compression stroke also results in lower
peak in-cylinder pressure [90, 91]. Although this lower pressure delays the start of
combustion, which can lead to a potentially penalty in engine performance and
efficiency, it can also offer advantages in combustion control. A slower and more
stable combustion process reduces the tendency for knocking or pre-ignition, as
temperature and pressure spikes are less severe, particularly under varying load
conditions. This, in turn, enables a more flexible engine operating window, allowing for
more advanced diesel injection timings, higher fuel injection pressures, and increased

boost pressures to recover or even enhance efficiency [90]. Additionally, the lower
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peak in-cylinder pressure may lead to higher EGT [92], which can influence the

performance and durability of ATSs.

2.4.5 Water injection

Injecting water into a Cl engine has proven to be one of the most effective techniques
for lowering in-cylinder temperatures in research context. This approach works by
cooling potential ignition sources and decreasing the rate of chemical reactions during
combustion [93, 94, 95]. Water's high heat absorption capacity — especially at elevated
temperatures — allows it to extract significant thermal energy from the combustion
process, thereby reducing the temperature of the combustion gases. This cooling
effect can facilitate greater substitution of alternative fuels in Cl engines by mitigating
thermal limitations [96]. Additionally, water injection can decrease the likelihood of

backfiring and reduce the engine’s tendency to knock [97].

2.4.6 Aftertreatment technologies

High-cost ATSs are widely implemented in modern HD engines to comply with strict
emissions regulations while balancing pollutant control with fuel efficiency. These
systems are typically integrated alongside in-cylinder combustion control strategies to
effectively mitigate emissions present in the exhaust stream. However, the
performance of ATS is highly sensitive to exhaust gas temperature (EGT). For
effective activation — commonly referred to as catalyst light-off — a minimum EGT of
around 200°C is necessary. Achieving this threshold becomes particularly difficult at
low engine loads, where EGT tends to be insufficient for effective emissions treatment.
As a result, it is essential to apply appropriate control strategies that can elevate EGT

without compromising overall engine efficiency under such conditions [41].

Among the principal ATS technologies found in HD diesel engines are the diesel
oxidation catalyst (DOC), diesel particulate filter (DPF), and selective catalytic
reduction (SCR) system. Figure 2.13 provides a schematic overview of a typical ATS

configuration used in current HDVs.
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Figure 2.13 — Aftertreatment system configuration of a modern HD diesel engine.
Adapted from [65].

The main function of the DOC, as illustrated in Figure 2.14, is to catalyse the oxidation
of HCs, CO, and the volatile components of PM that result from incomplete combustion
and from fuel intentionally injected during active DPF regeneration events [98, 99].
This catalyst system has been shown to reduce HC and CO emissions by
approximately 60—-90% [36]. Since the exhaust gas typically contains between 2% and
17% oxygen by volume [100], the DOC can also support additional oxidation
processes beyond HC and CO removal. For example, it can convert NO into NO2,
thereby increasing the NO2/NOx ratio, which is advantageous for passive DPF
regeneration. An increased NO2 concentration in the exhaust stream improves the
performance of both DPF and SCR systems [101, 102].
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Figure 2.14 — Diesel oxidation catalyst. Source: [36].

Furthermore, the DOC can function as a catalytic heat source. The exothermic
oxidation of HC and CO, along with post-injection of fuel into the exhaust stream,
generates thermal energy that raises EGT downstream of the DOC. This temperature
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increase is critical for achieving the light-off conditions required by the DPF and SCR
units, especially under low-load operating conditions, ensuring optimal conversion

efficiency [36].

The DPF reduces particulate matter in the exhaust by capturing soot particles through
a wall-flow filtration process, where the soot is trapped within the porous structure of
a ceramic honeycomb monolith. To prevent clogging, the filter must undergo either
passive or active regeneration to remove the accumulated soot [103]. Passive
regeneration occurs at relatively low temperatures — starting around 250°C — and relies
on NOz, which is typically produced in the DOC, to oxidise the soot. In contrast, active
regeneration requires higher temperatures, generally above 500°C, and involves the
oxidation of fuel that has been injected into the exhaust stream, reacting with available
Oz [65]. Inadequate or failed regeneration can result in various issues, including higher
fuel consumption, potential engine damage, and excessive thermal and mechanical

stress on the filter material [36].

The SCR system is composed of a SCR catalyst, a reduction agent injection system,
NOx and NHs sensors, and an ammonia slip reduction (ASC) [104]. This is a
technology used to reduce NOx emissions by using ammonia as the reductant.
However, due to the toxic effects of NHs and to prevent its burning in the warm
atmosphere before the reaction, NHs is directly injected into the exhaust stream by
means of an aqueous urea solution. This reductant agent, also known as AdBlue in
Europe or diesel exhaust fluid (DEF) in the US, is a 33% solution of high purity urea
(CO(NH2)2) in deionised water. Through the processes of thermolysis and hydrolysis,
the aqueous urea is decomposed into NHs and COz2, upstream of the SCR catalyst at

temperatures above 300°C [105] via Equation (2.1).

Within the SCR catalyst, NH3 reacts with NOx to produce harmless nitrogen (N2) and
water (H20). While this process is effective, the use of aqueous urea presents certain
challenges, particularly the potential for deposit formation when exhaust temperatures
fall below approximately 200°C [65]. For optimal performance, the injected amount of
urea must correspond closely to the NH3 required to match the NOx concentration and

the catalyst’'s conversion efficiency under specific operating conditions.If the NHs
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supply is insufficient, some of the NOx will remain untreated, resulting in a drop in
overall conversion efficiency. Conversely, excess NHs that exceeds the catalyst’s
capacity to convert it may lead to ammonia slip. In some cases, this excess NH3 can
be re-oxidised to NO, reducing the net NOx reduction achieved. To manage excess
ammonia, an Ammonia Slip Catalyst (ASC) is employed downstream of the SCR. The
ASC facilitates the oxidation of surplus NH; into NO, N,O, and N, thereby minimising

emissions of unreacted ammonia and supporting compliance with emission limits [65].

Therefore, the consumption of aqueous urea solution is an important aspect since it
accounts for the total fuel consumption, often resulting in an increase ranging from 2%
and 5% [65, 103, 106], thus affecting the total cost of ownership. SCR systems with
open loop control of agueous urea solution achieve a considerable NOx conversion
efficiency, regularly exceeding 80% when the EGT is higher than 250°C, and reaching
94% between 250°C and 350°C [65, 103]. An optimised closed loop control of urea

injection can obtain a higher efficiency of 97% [65].

Moreover, the balance between in-cylinder control of NOx using cooled EGR and
aftertreatment control of NOx using SCR have been studied in order to reduce the
engine running cost by minimising aqueous urea solution consumption and reduce the

NOx conversion efficiency requirements [65, 107].

2.5 Dual-fuel combustion

Despite ongoing advancements in alternative powertrains, Cl engines continue to play
a central role in HD transportation due to their superior thermal efficiency and fuel
economy. However, their reliance on diesel fuel poses a major challenge in the context
of global efforts to reduce GHG emissions. With diesel combustion being a significant
source of CO2 and other pollutants, strategies to lower the carbon intensity of CI
engines are increasingly being explored. Among these, dual-fuel operation has gained
attention as a practical transitional solution, offering a way to partially substitute diesel
with lower-carbon or carbon-neutral fuels — without the need for extensive

modifications to the engine hardware [108, 109].



27

Dual-fuel operation is typically implemented by integrating a cost-effective port fuel
injection (PFI) system into the intake manifold, enabling the introduction of a low-
reactivity fuel — such as CNG, hydrogen, or ethanol — into the intake air stream [110,
111]. This setup allows for the preservation of the engine's original diesel injection and
combustion systems. In this configuration, as shown in Figure 2.15, diesel fuel is
directly injected and acts as the ignition source for the premixed air-fuel mixture [111].
Once sufficient in-cylinder pressure and temperature are reached during compression,
the diesel ignites and initiates combustion, which then propagates through the charge,
generally moving from higher to lower reactivity regions [32], as illustrated by Figure
2.16 The combustion process, emissions, and overall efficiency can be influenced by
the fuel properties, the timing of diesel injection, and the energy fraction of each fuel

(substitution ratio).

Gas fuel injection Diesel fuel injection

Figure 2.15. Use of diesel and gas fuels in a Cl engine under dual-fuel technology.
Adapted from [112].
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2.5.1 Low- and zero-carbon fuels

In pursuit of decarbonising internal combustion engines, dual-fuel strategies
increasingly rely on low- and zero-carbon fuels as partial replacements for diesel.
Among these, methane and hydrogen have emerged as key candidates due to their
potential to reduce CO2 and overall GHG emissions. Methane, as the main component
of natural gas (NG), is widely available and compatible with existing infrastructure.
Hydrogen, in contrast, is carbon-free and offers superior combustion properties.
Additionally, blending hydrogen with methane offers a compromise between
availability, safety, and combustion enhancement. This section reviews the
characteristics and implications of using methane, hydrogen, and their blends in dual-

fuel diesel engines.

Natural gas (NG), primarily composed of methane, is a widely distributed fossil fuel
extracted from underground reserves. Among all hydrocarbons, methane has the
highest hydrogen-to-carbon ratio, making it a relatively low-carbon fuel [110]. It is
commonly supplied in the form of compressed natural gas (CNG) or liquified natural
gas (LNG). In dual-fuel diesel engines, methane achieves higher diesel replacement
levels than other low-reactivity fuels such as liquified petroleum gas (LPG) due to its

higher resistance to knock and the higher calorific value of CNG [114].

Methane readily forms homogeneous mixtures with air and has high autoignition
resistance. However, its high activation energy leads to lower laminar flame speeds,

particularly at low to medium engine loads, which can limit combustion efficiency [111].

Hydrogen, a carbon-free fuel, has gained attention in recent years for its potential to
reduce GHG emissions in dual-fuel applications. Compared to hydrocarbon fuels,
hydrogen exhibits a significantly faster burning rate — at least six times higher than
methane under standard conditions and approximately eight times under the
temperature and pressure ranges typical in internal combustion engines. Hydrogen
also features a much wider flammability range and higher diffusivity, which enhances

air—fuel mixing and promotes more complete combustion [115].

Blending hydrogen with methane can address the combustion limitations of methane

by accelerating flame propagation and reducing combustion duration [114]. This
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combination leads to faster heat release and sharper pressure rise rates (PRR),
ultimately improving indicated thermal efficiency (ITE), as demonstrated in multiple
studies [115, 116, 117]. Moreover, methane in the blend acts as a buffer, helping
suppress abnormal combustion phenomena such as knock and flashback that are

more common in pure hydrogen combustion.

Hydrogen'’s higher calorific value contributes further to performance improvements. Its
wide flammability, together with its rapid combustion, can extend the lean burn
capability of the mixture, reducing peak temperatures and associated heat transfer
losses, thereby enhancing overall engine efficiency [116]. As a result, hydrogen-
enriched methane fuels present a promising pathway to achieve both higher efficiency

and lower GHG emissions in dual-fuel engines [118].

Despite its advantages, the widespread use of hydrogen is currently constrained by
limited availability and distribution infrastructure. Unlike natural gas, which is
accessible in most countries, hydrogen is available in only a few locations. A practical
workaround to this issue is the use of premixed methane-hydrogen fuels, which can
be distributed through existing natural gas networks [111]. These blends allow

hydrogen to be co-distributed without requiring major changes to infrastructure.

In Europe and Asia, these mixtures are commonly referred to as HCNG, while in the
USA, the term Hythane is more frequently used. Regulatory standards vary by region;
in many European countries, hydrogen content in HCNG is limited to around 9% by
energy—mirroring the allowable hydrogen content in transmission-grade natural gas.
In contrast, Hythane in the USA typically contains approximately 20% hydrogen by
volume. Distributing blends with higher hydrogen content remains technically
challenging due to hydrogen’s embrittlement effects on steel, which can compromise

the integrity of pipelines, storage tanks, and engine components [111].

2.5.2 Potential and limitations of the dual-fuel combustion

An advanced low-temperature combustion (LTC) strategy known as Reactivity

Controlled Compression Ignition (RCCI) has demonstrated strong potential for
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significantly reducing NOx and soot emissions while enhancing engine efficiency [48,
110]. RCCI works by blending fuels of differing reactivities directly within the cylinder,
creating a spatial gradient in fuel reactivity that enables precise control over
combustion timing [119]. This is commonly implemented using early injection of the

high-reactivity fuel — such as diesel — and high levels of EGR.

Despite its benefits, RCCI is highly sensitive to variations in intake air temperature and
pressure due to its premixed and kinetics-driven combustion characteristics [79]. In
the context of dual-fuel combustion, applying RCCI principles can offer a promising

route to improving both performance and emissions.

For example, Pedrozo et al. [120] demonstrated that using RCCI mode in a diesel-
CNG dual-fuel combustion with an 80% CNG energy fraction — combined with a Miller
cycle via LIVC — enabled approximately 20% reduction in CO2 emissions while
maintaining diesel-equivalent thermal efficiency. This high substitution rate also
provided a favourable balance among NOx emissions, peak in-cylinder pressure,
PRR, and overall efficiency. Such findings suggest that adapting RCCI strategies in
dual-fuel systems could be a key enabler for cleaner and more efficient heavy-duty

engine technologies.

Extensive research has been conducted on diesel-natural gas dual-fuel combustion,
particularly with CNG [109, 121, 122, 123, 124]. Natural gas, predominantly methane,
enables significant carbon-based emissions reduction. However, natural gas dual-fuel
operation faces challenges, such as increased CO and HC emissions, particularly
under low-load conditions [125]. These are often attributed to incomplete combustion
due to poor mixture reactivity. The pilot diesel amount plays a key role in ensuring

stable ignition; insufficient pilot can lead to misfiring and combustion inefficiencies.

Although less studied than pure hydrogen or natural gas, hythane — typically a blend
of 70-90% methane and 10-30% hydrogen — serves as an effective intermediate
between natural gas and hydrogen. By combining the stable ignition properties of
methane with the high flame speed of hydrogen, hythane offers a promising solution
to address some of the limitations observed in natural gas dual-fuel systems. As the
hydrogen fraction in hythane increases, the combustion characteristics start to
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resemble those of hydrogen, providing a smooth transition toward higher hydrogen

fractions in dual-fuel operations [126].

In comparative tests by Zhou et al. [125], diesel-hythane operation consistently
reduced PM emissions compared to diesel-only operation. When assessing emission
trends, higher hydrogen content (e.g., 70% hydrogen, 30% methane) was favorable
for reducing CO and HC at low- and medium-loads. However, this same composition
increased NOx emissions at higher loads. In contrast, a lower hydrogen fraction (e.g.,
H30-M70) was deemed more effective for reducing NOx and fuel consumption.
Mansor et al. [127] also noted that NOx emissions rise with increasing hydrogen
concentration in the hythane mixture, due to elevated in-cylinder temperatures,
suggesting an optimal composition of H70-M30 for balancing performance and

emissions.

However, due to incomplete or knocking combustion, this technology has a limited
engine operation window, mostly at lower and higher loads [128]. Also, methane-
based dual-fuel combustion may produce unburned CH4 emissions [120], often known

as methane slip, which can offset the GHG emissions.

On the other hand, conventional diesel engines to operate on a diesel-hydrogen dual-
fuel mode typically allows for a hydrogen energy fraction of 30—40% under low- and
medium-load conditions [129, 130], and between 6—25% at full-load without significant
sacrifices in performance parameters such as power and efficiency [131, 132, 133].
These figures, however, are considerably lower compared to the substitution ratio
achievable with methane-based dual-fuel operations. The introduction of high
amounts of hydrogen into Cl engines under dual-fuel operation introduces several
challenges, including excessive PRR, which increases the risk of knocking [134, 130],
and higher in-cylinder temperatures. This may lead to auto-ignition of the premixed
hydrogen-air mixture, as well as a loss of available work due to advanced combustion
timing [135, 136].

Research suggests that these challenges can be mitigated through LTC strategies,
such as Homogeneous Charge Compression Ignition (HCCI) or Partial HCCI (PHCCI),

water injection, reduced compression ratio, retarded diesel injection timing, intake air
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cooling, and EGR [137, 138, 139]. These strategies enhance the hydrogen energy

fraction while minimising NOx emissions.

When hydrogen is added to a Cl engine, the in-cylinder pressure tends to rise at higher
loads but decreases at lower loads. A reduction in diesel fuel, which serves as the
ignition source, negatively impacts engine performance at low loads more than at high
and medium loads. The findings of Santoso et al. [140] found that lower amounts of
diesel fuel resulted in later combustion onset and lower in-cylinder pressure. As the
hydrogen energy share increases from 50% to 97%, the in-cylinder pressure
decreases substantially due to fewer ignition centres being formed by the smaller
amount of diesel fuel, combined with poor spray characteristics and inefficient diesel

fuel-air mixing.

At medium and high loads, however, these trends are reversed. The higher burning
velocity of hydrogen contributes to a rapid and complete oxidation of the air-fuel
charge, significantly increasing in-cylinder pressure [141, 137]. Liew et al. [141]
reported that a substantial increase in peak cylinder pressure occurred when hydrogen
was added at 70% load. It was also emphasised that, for safety and mechanical
durability reasons, hydrogen should be limited at high loads to control the peak

cylinder pressure [137].

From these studies, a clear pattern emerges: in a dual-fuel engine using hydrogen, in-

cylinder pressure rises with increasing load but decreases at lower loads.

Regarding the combustion process, a diesel-hydrogen dual-fuel engine experiences
poorer performance at low loads as the gaseous fuel fraction increases or the pilot
diesel quantity decreases. The degree of performance degradation at low load
depends significantly on the pilot fuel amount, the type of gaseous fuel, operating
conditions, and the engine type [138]. At low load, both the ignition delay and
incomplete combustion are exacerbated with the addition of gaseous fuels [138, 142],
strongly affecting the combustion efficiency [141]. In contrast, at higher loads, the
energy released mainly from the combustion of the gaseous fuel-air mixture reduces
such issues, as the heat is predominantly derived from the gaseous fuel rather than
the pilot diesel zones.
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Studies have also shown that the addition of hydrogen at 70% load significantly
shortens combustion duration and increases the peak heat release rate observed
during diffusion combustion [141]. The fast-turbulent combustion of hydrogen,
combined with diesel’s diffusion combustion, leads to an increase in the heat release
rate (HRR) [143].

In terms of overall performance, it has been reported that thermal efficiency improves
at medium and high loads with increasing hydrogen fraction but decreases at low loads
[144]. Likewise, NOx formation generally rises with the addition of hydrogen, while
N20 emissions are typically higher at lean conditions and significantly lower for rich
mixtures [145]. However, research into the specific effects of hydrogen on N20
emissions in dual-fuel engines remains limited. Additionally, carbon-based emissions
such as soot, HC, CO, and CO:2 can be substantially reduced, usually by over 50%
when the hydrogen substitution rate reaches 40% [146, 147, 130], owing to the
enhanced homogeneity of the hydrogen-air mixture and faster combustion compared
to CDC [134].

For instance, Monemian et al. [148] demonstrated that with a 35% hydrogen energy
fraction in a 2.0 L single-cylinder heavy-duty diesel engine operating under medium
load conditions (1.2 MPa IMEP), indicated efficiency increased by 2.4%, and CO2, CO,
and PM emissions were reduced by 27%, 45%, and 71%, respectively. However, NOx
emissions increased by 56%, although the engine was still expected to meet Euro VI
NOx limits with a 90% conversion rate after NOx aftertreatment. Under low-load
conditions (0.3 MPa IMEP), a hydrogen energy fraction of 65% resulted in a 4.6%
improvement in indicated efficiency, with CO2, CO, and PM reductions of 58%, 83%,

and 58%, respectively, while NOx emissions increased by 26%.

Contrary to some of the above studies, Saravanan et al. [149] reported that NOx
emissions could be reduced if the hydrogen energy fraction exceeds 30%, attributing

this to a reduction in peak combustion temperatures.

To tackle the NOx issue, Kumar et al. [2] proposed using EGR to dilute the air-fuel
charge and reduce the oxygen concentration, thus lowering peak combustion
temperatures. While EGR reduces volumetric efficiency by approximately 15%, it has
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been shown to increase particulate emissions. The use of EGR also leads to an

increase in unburned HC, CO, and COz2 emissions.

Similarly, Karagoz et al. [150] conducted tests on a 0.8 L diesel engine under full-load
conditions and found that, despite reductions in CO2, CO, and PM emissions, and a
consequent rise in NOx emissions, thermal efficiency dropped by 8.1% and 15.5%
with 25% and 50% hydrogen energy fractions, respectively. This reduction can partly
be explained by the decrease in volumetric efficiency of the naturally aspirated engine

as hydrogen energy fraction increased, as well as a notable drop in output power.

Research exploring the influence of compression ratio on hydrogen substitution in
diesel-hydrogen dual-fuel engines remains relatively limited. Nonetheless, existing
studies indicate that a higher compression ratio can enhance engine performance
under certain conditions [142, 151, 152]. On the other hand, lowering the compression
ratio has been proposed as a method to increase the hydrogen energy fraction by
reducing in-cylinder temperatures and improving the engine’s resistance to knocking
[152].

In a comparative study, Chintala et al. [153, 137] reported a substantial rise in
hydrogen energy contribution — from approximately 19% at a compression ratio of 19.5
to 59% at a reduced ratio of 16.5. Meanwhile, Masood et al. [151] found that, at full
engine load, higher compression ratios led to significant increases in peak in-cylinder
pressure (by 42%), thermal efficiency (by 27%), and NOx emissions (by 38%),

accompanied by reductions of around 20% in HC, CO, and PM emissions.

The combination of reduced compression ratios with water injection has also shown
promise in further boosting hydrogen substitution levels in Cl dual-fuel configurations.
Chintala et al. [154] investigated this approach and observed a notable improvement
in hydrogen energy fraction when water injection was applied in conjunction with a
lower compression setting. The optimal configuration required a water consumption
rate of about 340 g/kWh.

Water injection in Cl engines has also been studied for its role in NOx mitigation
through the reduction of localized high temperatures. Tesfa et al. [96] employed

manifold water injection to address NOx emissions from a biodiesel-fuelled Cl engine,
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reporting a 50% NOx reduction with a water injection rate of 3 kg/h, without
compromising engine efficiency—attributed to a decrease in premixed combustion
temperature. However, increasing the water-to-air ratio was associated with elevated
emissions of HC, CO, and soot [155, 153, 156]. Gonca [93] also documented a 34%
reduction in NO emissions with the optimal steam injection rate, equivalent to 20% of

the fuel mass, in a 13 kW direct injection diesel engine.

From the literature, it is emerged that water addition into a diesel engine could increase
hydrogen energy fraction and decrease the NOx emission drastically due to

occurrence of low temperature combustion [142].

Despite the promising characteristics of diesel-hythane and diesel-hydrogen dual-fuel

combustion, several key research gaps remain.

In the case of diesel-hythane, most existing studies concentrate on combustion
characteristics and emission metrics — particularly NOx, CO, and HC — while offering
limited insights into overall CO2 performance or the full GHG profile. In particular, there
is a lack of comprehensive analyses that quantify methane slip alongside CO:2
emissions, which is critical for evaluating the true climate impact of methane-rich fuels.
Furthermore, well-to-wheel (WTW) assessment that consider different hythane
production pathways are virtually absent in the current literature, despite their
importance in determining the long-term sustainability of this fuel. While studies often
report the hydrogen-to-methane ratio within hythane, they rarely provide the total
hythane energy fraction relative to the overall fuel input—an essential parameter for
understanding energy substitution effectiveness and real-world scalability.
Additionally, limited research is available on the application of RCCI strategies using
hythane as a fuel, despite its potential to improve combustion efficiency and reduce

emissions, which represents a key area for future exploration.

For diesel-hydrogen dual-fuel systems, inconsistencies in reported thermal efficiency
trends, particularly at high hydrogen substitution levels and full-load operation, which
calls for systematic experimental validation. Additionally, most studies to date have
achieved relatively low hydrogen energy substitution across the entire load range,
highlighting the need for improved engine strategies to enable higher and more stable
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hydrogen integration. Likewise diesel-hythane, the current literature is primarily
focused on combustion characteristics, with limited consideration of full-cycle
environmental impacts. As a result, comprehensive analyses of GHG emissions are
lacking — particularly with respect to N2O — and there is a clear absence of WTW
assessments that consider different hydrogen production pathways. A detailed
evaluation of hydrogen’s climate impact is essential to accurately quantify its potential
in decarbonising the heavy-duty engine sector. Lastly, targeted engine optimisation
for NOx reduction remains a priority, as increased hydrogen content typically elevates

combustion temperatures and NOx formation.

As a result, addressing these gaps will be critical to advancing the viability of hythane

and hydrogen as sustainable fuels in compression ignition engines.

2.6 Summary

This chapter highlights the need for a cleaner and more sustainable transport sector
in response to climate change and increasing levels of air pollution. The transition to
high-efficiency vehicles and the use of low- and zero-carbon fuels, such as methane-
based mixtures like hythane, and hydrogen, represent significant steps towards
achieving these goals. In this context, heavy-duty diesel engines and vehicle
technologies are crucial to meeting stringent exhaust emission regulations. Various
alternative combustion strategies that aim to simultaneously reduce exhaust

emissions and improve fuel conversion efficiency have been presented.

The key advantages and challenges associated with dual-fuel engines have been
explored. While diesel-hydrogen and diesel-hythane dual-fuel systems show promise
for reducing carbon-based emissions from the transport sector and decreasing
dependency on petroleum, further research is required to optimise engine control
techniques and the combustion process. This is essential to address the unique
challenges presented by these fuel types, such as increased NOx emissions and
potential engine knocking issues. Future investigations should also focus on Well-to-
Wheel assessments to quantify the climate impact of these fuels, offering a clearer

understanding of their role in reducing the carbon footprint of heavy-duty engines.
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Chapter 3

Experimental methodology

3.1 Introduction

This dual-fuel study was carried out using a single-cylinder HD diesel engine
configured with separate port-fuel injection systems for hythane and hydrogen,
coupled to an eddy current dynamometer. Section 3.2 provides a detailed overview of
the engine setup and the test cell infrastructure used throughout the experiments. The
procedures for data analysis are outlined in Section 3.3, and the engine testing

methodology is described in Section 3.4.

3.2 Experimental setup

Figure 3.1 presents a schematic layout of the engine test bench used in this study,
while Figure 3.2 shows a photograph of the test cell setup. The test bench incorporated
a range of components, including a single-cylinder HD diesel engine fitted with a
hydraulic lost-motion VVA system on the intake camshaft, a dynamometer, a closed-
loop controlled external boosting system, a high-pressure loop (HPL) cooled EGR
circuit, and separate port fuel injection systems for hythane and hydrogen, enabling
dual-fuel operation. Emission analysers, along with data acquisition (DAQ) and control

systems, were also integrated into the setup.

Engine coolant and lubrication oil were supplied from external sources, and their
temperatures — along with those of the intake air and EGR — were regulated using

water-cooled heat exchangers.

Prior to testing, all equipment within the test cell was calibrated. Additionally, daily
system checks were performed before each test session. The detailed specifications
of the measurement instruments are provided in Appendix A.
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Figure 3.1 — Schematic diagram of the engine experimental setup.
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3.2.1 Engine specifications

The experimental setup was based on a single-cylinder HD diesel engine,
representative of modern heavy-duty vehicle powertrains. The combustion chamber
featured a 4-valve swirl-enhancing cylinder head paired with a stepped-lip piston bowl,
adapted from the Yuchai YC-6K six-cylinder engine architecture. The lower engine
assembly was developed by AVL and included dual counter-rotating balance shafts to

reduce vibration. Key specifications of the engine hardware are provided in Table 3.1.

Table 3.1 — Specification of the research engine.

Parameter Value
Displaced volume 2026 cm?
Clearance volume 128 cm?3

Bore x Stroke 129 x 155 mm
Connecting rod length 256 mm
Geometric compression ratio 16.8
Maximum in-cylinder pressure 18 MPa
Piston type Stepped-lip bowl
Number of valves 4

Intake valve diameter 43.9 mm
Exhaust valve diameter 40.4 mm
Intake valve opening/closing (IVO/IVC) Variable

Exhaust valve opening/closing (EVO/EVC)
Maximum intake/exhaust valve lift

Engine coolant

Engine oil

Maximum engine speed

144/360 CAD ATDC (0.5mm valve lift)
12/14 mm

50% of water / 50% of ethylene-glycol
Comma TransFlow SD 15W-40

1900 rpm

3.2.2 Variable valve actuation system

A prototype lost-motion variable valve actuation (VVA) system, developed by Jacobs
Vehicle Systems, was implemented on the intake camshaft to enable hydraulic control

of the intake valve lift profile. This control was achieved through a high-speed solenoid
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valve assembly that remained normally open, paired with a specially designed
camshaft profile. The mechanism featured a hydraulic collapsing tappet located on the
valve side of the rocker arm [157], as illustrated in Figure 3.3. Actuation was managed
using engine oil as the hydraulic medium and triggered by a calibrated TTL signal
generated from an in-house control platform developed in MATLAB.

High-Speed
Solenoid Valve

=t

Rocker

N\
Return Refill 3 I \
Spring Check N /
Accumulator Valve s 20T
Camshaft
Tappet with
Valve Catch

Assembly Body Valves

Figure 3.3 — Lost-motion intake VVA system with collapsing tappet on the valve side

of the rocker arm [157].

Figure 3.4 illustrates the intake valve lift variability enabled by the VVA system,
alongside the constant profile of the exhaust valve lift. By postponing the IVC, the
system allows for control over the ECR. Furthermore, it provides the capability to

implement a 2IVO strategy to enhance iEGR functionality.
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Figure 3.4 — Overview of variable intake valve lift and fixed exhaust valve lift curves.
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The main intake valve opening (IVO) event was set at 369 CAD ATDC, as determined
at 0.5 mm valve lift. This was essential to minimise the positive overlap period between
the intake and exhaust processes in order to prevent any premixed fuel from
bypassing the combustion chamber and being directly released through the exhaust.
A LORD MicroStrain S-DVRT-24 displacement sensor was installed on the top of the

intake valve spring retainer and was employed to measure the intake valve lift.

3.2.3 Dynamometer

A Froude Hofmann AG150 eddy current dynamometer was employed to absorb the
engine’s output power. This unit had a power rating of 150 kW and a maximum torque
capacity of 500 Nm. Engine start-up was facilitated by an electric starter motor
integrated into the dynamometer, powered by a 12V battery. Engine load, also known
as indicated mean effective pressure (IMEP) was controlled using a Texcel V4-EC
controller, which regulated the magnetic field strength within the coils. The induced
eddy currents generated a resistive force against the engine’s rotation, converting
kinetic energy into heat, which was then dissipated through an external water-based

cooling system.

3.2.4 Intake and exhaust systems

Fresh air supply to the test cell could be configured either through natural aspiration
or boosted operation using an AVL 515 sliding vane compressor, which featured
closed-loop control for maintaining the desired boost pressure. This compressor was
capable of delivering air flow rates up to 300 m3/h at an absolute pressure of 320 kPa,
with pressure accuracy controlled within £1.5 kPa. A throttle valve positioned upstream
of a 24 dm? surge tank allowed precise regulation of intake manifold pressure. The
intake air flow rate was measured using an Endress+Hauser Proline t-mass 65F
thermal mass flow meter. This device operates based on the cooling effect exerted by
the flowing air on a heated transducer. A PT100 temperature sensor provided a
reference measurement of the gas temperature, while a second, heated sensor
maintained a fixed temperature offset under zero flow conditions. As airflow increased,
the resulting cooling effect required a greater electric current to maintain this
differential, enabling accurate flow quantification.
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In addition, a water (H20) injection system was coupled on the intake line downstream
of the surge tank. It was composed of a Bosch gasoline injector. The H20 mass flow
rate (m,,terr) Was controlled by adjusting the SOI and the injection pulse width using
an NI-9751 Injector Driver Module from National Instruments. Figure 3.5 represents
the water injection system. The water was stored in a 24-litre tank, which is pressured
by an external compressed air line to a pressure of 0.6 MPa. The water was fed into
an Endress+Hauser Proline Promass 80A Coriolis flow meter using a flexible PVC
hose, and then delivered to the injector.

External
compressed

air supply

Pressure

gauge

A

Purge
valve el Water Flow meter Bosch
Tank Endress+Hauser 0280156280
Proline promass Injector
Valve 83A DNO2 s
[: :1] o \ > l))}\ i J ,)

Figure 3.5 — Water injection system.

To regulate exhaust manifold pressure, the system incorporated an electronically
controlled butterfly valve positioned downstream of a 54 dm?® surge tank. This surge
tank acted as a pressure stabiliser, reducing fluctuations in the exhaust stream prior
to EGR extraction. For exhaust gas recirculation, a high-pressure loop configuration
was employed, in which cooled exhaust gases were redirected to the intake path. This
flow was managed by a pulse-width-modulated EGR valve, which leveraged the
pressure differential between the intake and exhaust manifolds to maintain controlled

recirculation.

3.2.5 Fuel systems and proprieties

The main properties of the fuels used in this study — diesel, hythane, and hydrogen —

are summarised in Table 3.2, with additional details provided in Appendices

The research engine was equipped with independent fuel systems for diesel, hythane,

and hydrogen, allowing for flexible dual-fuel operation with adjustable ratios between
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diesel and the gaseous fuels. In dual-fuel mode, the majority of the fuel energy was
provided by port-injected hythane or hydrogen, which was ignited by a pilot injection
of directly injected diesel. Full diesel operation remained possible, supported by
appropriately sized diesel injectors. This indicates that the engine was not a dedicated
dual-fuel design, which typically requires modified piston geometry and reduced-

capacity diesel injectors. A detailed description of the fuel delivery systems is provided

in the following sections.

Table 3.2 — Fuel proprieties.

Property Diesel Hythane Hydrogen
Supplier Speedy Fuels BOC* BOC*

and Lubricants
Product specification BS 2869 Class

A2
Liquid density STP 0.827 kg/dm? - -
Gas density STP - 0.562 kg/m?3
Cetane number > 45 <5 <5
Research octane number 30 120 130
Lower heating value (LHV) 42.9 MJ/kg 52.1 MJ/kg 120 MJ/kg
Mixture (mole fraction) - 20% hydrogen 100% hydrogen

80% methane

Stoichiometric air-fuel ratio  14.5:1 17.1:1 34.3:1
Carbon mass fraction 86.6% 72.6% -
Hydrogen mass fraction 13.2% 27.4% 100%
Oxygen mass fraction 0.2% - -
Normalised molecular CH1.82500.0014 CHa.492 H2

composition

* British Oxygen Company

e Diesel

Diesel fuel was supplied to the engine through an 8-hole direct injection Bosch piezo-

actuated injector connected to a high-pressure common rail system. Fuel
pressurisation was handled by a Bosch CP4-S2 high-pressure pump driven by an ABB

electric motor, delivering pressures ranging from 25 to 220 MPa. An independent low-
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pressure circuit fed diesel to the high-pressure pump through a pressure regulator and

a Bowman heat exchanger, which helped maintain stable fuel temperatures.

Injection parameters — including injection pressure, start of injection (SOI), and the
number of injection events (up to three per cycle) — were managed by an engine
control unit (ECU) provided by Engine Control Electronics (ECE) GmbH.
Communication with the ECU was facilitated using ECE’s AP 2.0 software and a USB-
CAN interface.

Table 3.3 outlines the technical specifications of the diesel injector, while Figure 3.6
provides a schematic of the diesel injection system. Diesel mass flow rate mg;.s.; was
measured using two Endress+Hauser Promass 83A Coriolis flow meters. These were
placed to monitor the fuel supplied to and returned from the high-pressure pump and
injector, a configuration that minimised suction line pressure drop and improved

measurement stability.

Table 3.3 — Specifications of diesel injector.

Parameter Value
Injector Bosch CRIN3-22 (0446B00482)
Number of hole / Hole diameter 8 holes / 176 pm
Type Solenoid, mini-sac hole, ks
Included spray angle 150 degrees
Operating rail pressure 25-220 MPa
Static flow meter 1600 cm®min at 10 MPa
e B o B e e
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Proline promass

‘ 83ADNO2

Pressure

Flow meter gauge
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Figure 3.6 — Diesel fuel injection system.
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e Hythane

Hythane was introduced upstream of the intake surge tank using an injector block
assembly. Originally designed for natural gas applications, the assembly was
machined from billet aluminium and featured mounting points for two Clean Air Power
SP010 natural gas injectors, along with integrated temperature and pressure sensors.
Injection timing and duration were managed by a dedicated gas ECU supplied by G-

Volution, which enabled precise control of the hythane mass flow rate (m,y¢nane)- This

setup allowed the engine to operate across a range of hythane energy fractions (EFs).

Figure 3.7 presents a schematic representation of the hythane fuel injection system.
The hythane was stored externally to the engine test cell in a rack comprising six
interconnected cylinders, each pressurised to 20 MPa. To ensure safe handling, the
fuel was delivered through CNG-rated hoses featuring a conductive nylon core
designed to dissipate static electricity. From the storage rack, the gas passed through
two pneumatically actuated safety valves, a high-pressure filter, and a pressure
regulator that reduced the supply pressure to 1 MPa. The regulator was thermally
stabilised using heated engine coolant to counteract the cooling effect associated with
gas expansion. After pressure reduction, the hythane entered the test cell and flowed
through an Endress + Hauser Promass 80A Coriolis flow meter for accurate mass flow
measurement. Downstream of the flow meter, the system included a low-pressure filter
regulator, a purge/pressure regulator that set the final delivery pressure to 0.8 MPa,
and an emergency solenoid valve. The gas was then routed to the injector block via a

flexible hose for controlled delivery into the engine intake.
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Figure 3.7 — Hythane fuel injection system.
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e Hydrogen

Hydrogen fuel was supplied in the intake line immediately prior to the inlet manifold
using a Clean Air Power prototype SP-010 hydrogen injector. Similarly to hythane fuel,

the hydrogen mass flow rate (rhyq4r04en) Was controlled by adjusting the injection pulse
using the same dedicated gas ECU. This allowed the engine to operate at different

hydrogen energy fractions.

Figure 3.8 illustrates a schematic diagram of the hydrogen fuel injection system. Due
to safety reasons, all supply line accessories with the exception of the injector were
located outside the test cell. This arrangement restricts the number of connections,
mitigating the potential risk of hydrogen leakage within the test cell. Therefore,
hydrogen fuel was stored outside the engine test cell in a rack of four interconnected
15 MPa bottles. From the interconnected manifold bottles, hydrogen was fed into a
first-stage control panel. This panel contained a pressure regulator, which reduced
hydrogen pressure to 4 MPa, a high-pressure sensor, a hydrogen flow meter and a
solenoid valve. The flow meter was positioned downstream of the initial stage in order
to mitigate any pressure drop that could potentially impact on the final pressure
delivered to the injector. Hydrogen was then directed to a second stage control panel,
where another pressure regulator was employed to reduce hydrogen pressure to the
injection pressure of 0.8 MPa. This panel also included an additional pressure sensor
and a safety solenoid valve, which serve the function of isolating the line and reducing
the amount of hydrogen in the pipe line in case of event of a leak. After flowing through

the second stage panel, hydrogen was fed into the test cell directly to the injector.

Furthermore, as depicted in Figure 3.1, the test cell was outfitted with an additional
ATEX extraction system that featured a flexible hood and multiple air grilles in order
to maximise air ventilation. A hydrogen sensor was installed under the hood extractor,
and another was mounted in the crankcase ventilation system. The first sensor
detected hydrogen concentration in the test cell’s extracted air, while the second
sensor measured the hydrogen concentration in the engine crankcase to prevent the
potential accumulation of hydrogen. These sensors were connected to an automated
shutdown programmable logic controller (PLC) system. This system was designed to

automatically shut off the supply line by closing both solenoid valves if the hydrogen
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level exceeded 3%. A thermal fuse was also installed in the intake manifold to activate
the automated PLC when the intake temperature exceeded 130°C in case of severe

backfire during hydrogen PFI operation.
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Figure 3.8 — Hydrogen fuel injection system.

3.2.6 Exhaust emissions measurement

The engine-out emissions — namely NOx, CO, CO2, THC, CH4, and O2 — as well as
the estimated eEGR rate, were monitored using a Horiba MEXA 7170-DEGR
emissions analyser. A high-pressure sampling module enabled extraction of exhaust
gases directly after the exhaust manifold, positioned upstream of the back-pressure
valve. A heated line maintained the gas temperature at approximately 464 K to avoid
condensation. Data transmission between the analyser and the data acquisition

system was facilitated through Ethernet connectivity.

Carbon monoxide and carbon dioxide concentrations were quantified on a dry basis
(excluding water vapour) using a non-dispersive infrared (NDIR) analyser. This
technique operates by detecting the absorption of specific infrared wavelengths by the
target gases [160]. The CO and CO2 detection ranges were configured to 0—-120,000
ppm and 0—200,000 ppm (v/v), respectively.
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Total unburned hydrocarbons were measured on a wet basis (including water vapour)
using a flame ionisation detector (FID) equipped with a heated sampling line. The
detection range was set from 0 to 50,000 ppm (v/v). In this method, the gas sample is
combusted with a hydrogen-helium mixture and purified air. The resulting combustion
of hydrocarbons produces positively charged ions and electrons, which are detected
as an electrical current. This current is directly proportional to the number of carbon

atoms present in the exhaust gas.

NOx levels were determined by combining the concentrations of NO and NOg,
measured using a heated chemiluminescence detector (HCLD) operating on a dry
basis with a range up to 10,000 ppm (v/v). As the device can only directly measure
NO, a catalyst was employed to convert NO, into NO. The measurement principle
involves a chemical reaction between NO and ozone (O3s), forming excited NO:2
molecules that emit red light. The intensity of this light correlates with the NO content

in the sample.

Oxygen levels were assessed using a magneto-pneumatic analyser (MPA) operating
within a 0-250,000 ppm (v/v) range on a dry basis. This method relies on a nonuniform
magnetic field applied to a gas cell, where oxygen accumulates at one magnetic pole.

A microphone detects the pressure difference caused by this accumulation.

To calculate the eEGR rate, the Horiba system was also connected to an AlA-722
NDIR analyser, which measured the CO2 concentration in the intake manifold. The
eEGR rate was then derived as the ratio of CO2 concentration in the intake air to that

in the exhaust gases.

CO,,
eEGR rate = ——1take s 100% (3.1)

2exhaust

In addition, engine-out soot emissions were assessed using an AVL Smoke Meter
415SE. The sampling point was positioned downstream of the exhaust back-pressure
valve, following the exhaust surge tank. This placement ensured a more uniform and
stable exhaust gas flow. A 30-second sampling period was used to collect 5 dm? of
exhaust gas, which was drawn through a filter paper. Soot presence was evaluated

based on the degree of blackening on the paper, as measured by an optical
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reflectometer. A Filter Smoke Number (FSN) of 10 indicated complete blackening (no

light reflection), while an FSN of O corresponded to an unused, clean filter paper.

The concentration of unburned hydrogen was determined using a VF HSense
emissions analyser. This analyser operates based on electron impact ionisation,
wherein the gas sample is ionised, the ions are focused and subsequently separated
by a magnetic field, allowing for accurate measurement of hydrogen content. A heated
sampling line was employed to minimise condensation. As with the Horiba MEXA
system, data transfer between the VF HSense analyser and the data acquisition

system was facilitated via Ethernet communication.

3.2.7 Data acquisition and control

The data acquisition and control infrastructure consisted mainly of a dynamometer

controller, two ECUs, a VVA control unit, two DAQ cards, and a pair of computers.

Engine loading and unloading were managed in real time by the TEXCEL V4
dynamometer controller. The diesel ECU governed key injection parameters, including
injection pressure, SOl and the number of injection events. Fuel delivery at a given
load condition was automatically regulated by the ECU based on a speed governor
mechanism. If the engine speed dropped below the target value, additional fuel was
injected to restore it; conversely, less fuel was supplied if the speed exceeded the

setpoint.

Under dual-fuel operating mode, the supply of gaseous fuels — hythane and hydrogen
— was managed by a separate gas ECU. This unit adjusted gas delivery based on
input pulse width, which indirectly reduced diesel injection through the same speed-
governing logic. Communication between the ECUs and the computer system was

enabled using a USB-to-CAN interface along with dedicated software.

To capture signals from the various sensors and instruments, two National Instruments
DAQ cards were employed alongside a host computer. High-speed data were handled
by a USB-6251 DAQ card, capable of sampling at up to 1.25 mega samples per

second (MS/s), while slower engine operating parameters were collected using a USB-
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6210 DAQ card with a 0.25 MS/s capacity. These data streams were processed in real
time using a transient combustion analysis application developed by Dr. Yan Zhang

[158], and visualised through the software interface as shown in Figure 3.9. Each data

set displayed represented 100 engine cycles.
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Figure 3.9 — DAQ transient combustion analyser software.

Engine speed was recorded using the dynamometer’s electromagnetic pulse pickup
system in conjunction with a toothed wheel mounted on the shaft half-coupling hub.
Engine load measurements were performed using a Thames Side Sensor U4000
Universal tension load cell attached to the dynamometer. Crank angle position was
determined by a high-resolution EB58 optical encoder installed on the engine
crankshaft, featuring 1440 pulses per revolution and a resolution of 0.25 crank angle
degrees (CAD).

In-cylinder pressure, used to calculate the indicated mean effective pressure (IMEP),
was captured by a Kistler 6125C piezoelectric pressure sensor. This sensor was
capable of measuring pressures up to 30 MPa, with a charge sensitivity of -0.3122
pC/kPa. The generated charge signal was converted into a voltage signal via an AVL
FI Piezo charge amplifier. The amplifier was operated in cyclic drift compensation

mode with a 100 kHz filter setting to minimise zero drift and phase shift errors. Since
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the piezoelectric sensor measures only pressure fluctuations, absolute in-cylinder
pressures were pegged to the average intake manifold pressure at bottom dead centre
(BDC) during the intake stroke across all cycles. A reference (REF) trigger signal was
used to synchronise the TDC position, ensuring that the motored peak cylinder

pressure was phased between -1.0 and -0.5 CAD after TDC.

Intake and exhaust manifold pressures were recorded using Kistler 4049A water-
cooled piezoresistive absolute pressure sensors, each connected to a Kistler 4622A
signal amplifier. Engine oil pressure was measured by a GE UNIK 5000 pressure
transducer. K-type thermocouples and pressure transducers were installed at key

locations to monitor various temperatures and pressures throughout the system.

Intake valve timing was controlled through the DAQ software, which communicated
with the VVA control unit via an analog output channel from the high-speed DAQ card.
Real-time valve lift data was collected using an S-DVRT-24 displacement sensor
connected to a LORD MicroStrain DEMOD-DVRT temperature-compensated signal
conditioner. The intake valve lift curve was post-processed with a timing delay of 0.56
ms, corresponding to 4 CAD at 1200 rpm. IVO and IVC events were identified at a

valve lift threshold of 0.5 mm.

Fuel injection pressure was monitored by a Bosch RDS4.5 high-pressure sensor
mounted on the common rail. Additionally, diesel injector current signals were acquired

using an LEM PR30 current probe.

3.3 Data analysis

For each engine operating condition, the DAQ software recorded two consecutive sets
of 100 cycles, resulting in a total of 200 continuous cycles per test point. The recorded
data were subsequently exported to an Excel spreadsheet for post-processing of
parameters not calculated in real-time, including thermal efficiencies, fuel
consumption, and specific emissions. Detailed descriptions of the relevant equations
and data processing steps are provided within this section. To enhance readability, all
variables and abbreviations are defined in the notation section, with values expressed

in Sl units unless otherwise indicated.
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3.3.1 Heat release rate

Several key metrics, including the heat release rate (HRR), can be derived from the
measured in-cylinder pressure and crankshaft position data. To estimate these values,
a single-zone heat release model was applied, assuming homogeneous internal
energy distribution between reactants and combustion products within the chamber.
Under this assumption, the net chemical energy released by the fuel is directly related
to the changes in in-cylinder pressure. Consequently, the combustion process was
modelled using an energy balance equation, shown in Equation (3.2), which is based

on an adaptation of the first law of thermodynamics.
dQ,p = AW + dU, + dQp, + z hydm, (3.2)

In this context, Q., denotes the chemical energy released by the fuel, W refers to the
work performed by the combustion gases on the piston, and U represents the change
in internal energy of the cylinder contents resulting from the combustion reaction. The
term Q. accounts for heat transfer to the combustion chamber walls. The mass flux
component h;dm; captures mass exchange across the system boundaries, such as
fuel injection or gas movement from crevice volumes. It is assumed that the
temperature within the cylinder charge remains spatially uniform, allowing the
universal gas constant (R) in the ideal gas law (pV = mRT) to remain constant. These
simplifications lead to the derivation of Equation (3.3), following the approach
described in [34].

dQun = (%) Vdp+ (% + 1) p AV + dQpe + (her — u + c,T)dme, (3.3)
Equation (3.3) can be further simplified by combining the chemical energy release term
with the contributions from heat transfer and mass flux. This simplification leads to a
focus solely on the work performed by the gases on the piston and the change in
sensible internal energy, resulting in what is referred to as the apparent net heat

release, (Q,.:)- Additionally, by differentiating Equation (3.3) with respect to crank

angle position and assuming semi-perfect gas behaviour, the ratio (%V) can be

expressed as (ﬁ) yielding the simplified form presented in Equation (3.4).
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d0pee 1 _dp 1 av
HRR = - Vb oy~
0 y—1do y—1Pdp

(3.4)

where d6 is the crank angle of 0.25 CAD as set by the encoder resolution, y is the ratio
of specific heats, while p and V are the in-cylinder pressure and volume at any crank
angle position 6. The ratio of specific heats was assumed constant at 1.33 throughout
the entire engine cycle as suggested by [159], although it is known that this value may
change with the mixture composition and temperature. The in-cylinder V at any crank

angle position was given by
2
— sin? 9] (3.5)

The mass fraction burned (MFB) was calculated by integrating Equation (3.4) and
referencing the maximum cumulative heat release. Combustion phasing (CA50) was
defined as the crank angle at which 50% of the fuel mass had been burned. The
combustion duration (CA10-CA90) was identified as the interval between the crank
angles corresponding to 10% and 90% cumulative heat release. Ignition delay was
measured as the time interval between the start of injection (SOl or SOI_2) and the
start of combustion (SOC), which was defined as the crank angle at 2% MFB of the

average cycle.

The pressure rise rate (PRR) serves as a key indicator of combustion-induced noise,
as it reflects the rate at which heat release occurs. Expressed in MPa per crank angle
degree (MPa/CAD), the PRR was determined by averaging the peak pressure
gradients across 200 engine cycles and relating them to the corresponding crank

angle positions, as shown in Equation (3.6).

200 200 d
PRR = z PRR, 0 /1 = Z (—p )/n (3.6)
- - dtmax
n=1 n=1

The average in-cylinder pressure and HRR curves were post-processed using a third-
order Savitzky-Golay filter with a five-point window to reduce signal noise.
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3.3.2 Overall engine parameters

The net indicated work exerted on the piston throughout the complete engine cycle
(W¢ing) Was calculated using Equation (3.7), with the zero crank angle position
referenced to the firing TDC. This calculation involved integrating the in-cylinder
pressure over the corresponding cylinder volume across the full four-stroke cycle.

540

Weina = f p;dV (3.7)
~180

The net indicated power (P;,q), given in kilowatts, was defined as the rate at which net

indicated work is converted from the in-cylinder gas to the piston, as described in [34].

P. , = . X 3.8
ind 2 X 60 10 ( )

At a given operating condition, engine load was characterised by the net indicated
mean effective pressure (IMEP), expressed in MPa. IMEP serves as a useful
comparative metric for engine performance, particularly across engines of varying
displacement sizes. It was calculated as the ratio of W, ;,4 over the full four-stroke
cycle to the engine’s swept volume (Vy4), as presented in Equation (3.9). It is worth
noting that when the W ;,4 is evaluated over only the compression and expansion
strokes, the result is referred to as gross indicated mean effective pressure (IMEPyss),

as shown in Equation (3.10) [34].

540
IMEP = f-w;ﬂ (3.9)
d
[ reoPidV
IMERyross = =Hm— (3.10)

The pumping mean effective pressure (PMEP) represents the net work exchanged
between the piston and the in-cylinder gas during the intake and exhaust strokes, as
defined in Equation (3.11). PMEP is generally negative, indicating pumping losses
associated with gas exchange. However, as intake and exhaust flow losses are
reduced and the gas exchange process becomes more efficient, the magnitude of
PMEP decreases (i.e., it becomes less negative, reflecting reduced pumping work.

PMEP = IMEP — IMEP, (3.11)
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Combustion and in-cylinder flow stability were assessed on a cycle-by-cycle basis
using the coefficient of variation of IMEP (COV\mer), calculated over the 200 recorded

cycles as follows:

IME Py

avyg

The net indicated thermal efficiency (ITE) was defined as the ratio of the net indicated
work to the rate of fuel energy supplied to the engine. This metric is particularly
valuable for comparing relative engine performance, as it excludes mechanical losses.
It is important to note that in Equations (3.13), (3.14), and (3.15), the gas fuel
component refers to either hythane or hydrogen, depending on the specific dual-fuel

combustion mode examined in the corresponding chapters.

3.6 Py
ITE = |— : (3.13)
(mdiesel LHVdiesel) + (mgas fuel LHVgas fuel)

In combustion systems utilising multiple fuels, the net indicated specific fuel

consumption equivalent (ISFC.q) is defined by Equation (3.14), and expressed in

grams per kilowatt-hour (g/kWh) [160, 161].

N . e
diesel gas fuel LHVdiesel (314)

I ind

ISFCoq =

A key metric in dual-fuel operation was the energy fraction of hythane or hydrogen,
defined as the ratio of the energy contribution from the gaseous fuel to the total fuel

energy supplied to the engine.

mgas fuel LHVgas fuel

EF = — -
(mdiesel LHVdiesel) + (mgas fuel LHVgaS fuel)

(3.15)

Additionally, the mass fraction of hythane or hydrogen was defined as the ratio of the

gas fuel mass to the total mass of fuel injected, as shown in Equation (3.16).

MF = mgas fuel

(3.16)

Myjesel T mgas fuel



56
3.3.3 Mean in-cylinder gas temperature

The mean in-cylinder gas temperature at a specific crank angle position 6 was

estimated using the ideal gas law, as described in [34], and expressed as:

_piVi My

Teyri = (3.17)

Meotal R

where R is the universal gas constant, valued at 8.31432 J/mol.K [34], and M,
represents the molecular weight of the burned gas in g/mol, which was determined
using the following expression:

m
M, = —= (3.18)

Ny
where mgp denotes the mass (including both burned and unburned components) per
mole of Oz in the mixture, and n,, represents the number of moles of burned gas. These

parameters were calculated using Equations (3.19), (3.20), and (3.21), as outlined in
Heywood [34].

8 4z
Mmpp=32+4d¢ (1+m)+28.16x3.773( (1_8+2y> (3.19)

4 A
n,,=<p¢(1——4+y)+1+3.7735(1—8+2y> (3.20)
7= 2
5 _44+zy o) (3.21)

The term m,., in Equation (3.17) represents the total in-cylinder mass per cycle and

is defined as:
Meotal = Myryel + Mg + Myg (322)

where my, is the mass of injected fuel per cycle (e.g. diesel, hythane, hydrogen, etc.),

and m,;, is the mass of intake fresh air per cycle. m,, is the mass of residual gas
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trapped at IVC, which can be calculated using Equation (3.23) for cases without

positive valve overlap.

Peve Veve My
== =7 v 3.23
Mrg EGT R (3.23)

where pgyc is the in-cylinder gas pressure at exhaust valve closing (EVC), Vgyc is the
corresponding in-cylinder volume, and EGT denotes the average exhaust gas

temperature, measured using a K-type thermocouple.

It is important to note that for engine tests employing the 2IVO strategy, a correlated
one-dimensional (1D) engine model was required to estimate m,,. This approach was
necessary due to the complex gas flow dynamics in which residual gases are expelled
into the intake port during the exhaust stroke and subsequently drawn back into the

cylinder during the intake stroke.

3.3.4 Engine-out exhaust emissions

The exhaust emissions data obtained from the Horiba analyser were initially captured
by the DAQ system in ppm. To enable performance-based comparisons, these values
were converted into specific emissions, expressed in grams per kilowatt-hour (g/kWh).
The conversion followed the procedure specified in Regulation No. 49 of the United
Nations Economic Commission for Europe [21]. Using this methodology, Equations
(3.24) to (3.29) were applied to determine the net indicated specific emissions for NOXx,
CO, COz2, THC, CHa4, non-methane hydrocarbons (NMHC), H2, and N20.

mNOx — UNOx [NOX] mexh kw kh

ISNOx = (3.24)
ind Pind
1SCO = Mo _ Uco [CO] Mexn Ky (3.25)
ind Pind
ISCO, = Mco2 _ Ucoz [CO2] Megxn (3.26)

P ind P ind



m
ISTHC =

NrHC _ Uyc [THC] Meyp

P ind

ISCH, =

ISNMHC = ISTHC — ISCH,

mUHZ _ [HZ] mexh

ISHZ =

ISN,0 =

mNZO — [NZO] mexh

Mcps  Ucha [CHy) mhexn

Pina
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(3.27)

(3.28)

(3.29)

(3.30)

(3.31)

where g, represents the mass flow rate of a given exhaust component in g/h, [gas]

s the concentration of that component in the exhaust, measured in ppm by the

emissions analyser, and m.,;, denotes the exhaust mass flow rate per cycle in kg/h,

as defined by Equation (3.32).

Mexn = Mgir + Majeser T Myas fuel

(3.32)

The term uy,s representing the raw exhaust gas quantity of a given component is

defined as the ratio between the component concentration and the density of the

exhaust gas, which varies depending on the type of fuel used, as outlined in Table 3.4.

Table 3.4 — Raw exhaust gas for diesel, hythane and hydrogen [21, 162].

Raw exhaust gas Ugas, diesel Ugas, hythane(®) Ugas, hydrogen
Upnox 0.001586 0.001624 0.001729
Uco 0.000966 0.000989 0.001053
Ucos 0.001517 0.001554 0.001654
Uyc 0.000482 0.000514 0.000075
Ucia 0.000553 0.000566 0.000603

(*) The characteristics for hythane fuel were derived from CNG and adjusted for a 20%

hydrogen 80% methane blend v/v.
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In dual-fuel operation, the raw exhaust gas contribution was estimated based on the
proportion of gas fuel in the total in-cylinder fuel mixture, as illustrated in Equation
(3.33).

Mgiesel ugas, diesel + mgas fuel ugas, gas fuel

(3.33)

u =
gas DF . 5
Myjesel + mgas fuel

As detailed in Subsection 3.2.6, the emissions analyser reported NOx and CO
concentrations on a dry basis. To convert these values to a wet basis, a dry-to-wet
correction factor was applied. This factor accounted for various influences, including
ambient conditions — recorded daily using a laboratory barometer and thermometer —
and changes in the composition of the in-cylinder fuel mixture. The correction method

was adapted from [21] and is presented as follows:

Myieser + M
1.2442 Ha +111.19 %C ( dlese.l gas fuel)

mdry air

k, =1.008 |1— T (3.34)
773.4 + 1.2442 H, + 1000 k; ( sl f”el)
mdry air
where K is a fuel specific factor of wet exhaust calculated by
ks = 0.055594 %H + 0.0070046 %0 (3.35)

The estimation of the in-cylinder fuel mixture components were described in
Equations (3.36), (3.37), and (3.38).

(mdiesel %Cdiesel) + (mgas fuel %Cgas fuel)

%Cpr = : . (3.36)
bF Myiesel + mgas fuel

%H _ (mdiesel %Hdiesel) + (mgas fuel %Hgas fuel) (3 37)
bF mdiesel + mgas fuel

%ODF _ (mdiesel %Odiesel) + (mgas fuel %Ogas fuel) (338)

Myjesel T mgas fuel

The term H, in Equation (3.34) represents the air intake humidity, expressed in

gwater/kgdry air, as follow
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H. = ( MHZO > pvapour
“ Mdry air (pamb - pvapour)

x 103 (3.39)

where My, is the molar mass of water equal to 18.01534 g/mol [21], Mg,y ,ir is the
molar mass of dry air equal to 28.965 g/mol [21], and p,,, represents the ambient air
pressure. pyapour IS the partial pressure of water vapour in the air derived from the

relative humidity in ambient air (RH) and it is obtained by

RH

Pvapour = Psat m (340)

where pg,; is the saturation pressure of water vapour expressed in Pa and calculated

from the formulation developed by Wexler [163].

psat — eF(7) ln(Tamb)+Z]6'=0 F(j)(Tamb)(j_z) (341 )

where T, 1, is the ambient air temperature in K, and F(j) are constants and their values

are given as follow:

Table 3.5 — Constant values for calculation of saturation pressure of water vapour
[163].

Constant Value
F(0) -0.29912729 x 104
F(1) -0.60170128 x 104
F(2) 0.1887643854 x 102
F(3) -0.28354721 x 10"
F(4) 0.17838301 x 104
F(5) -0.84150417 x 10°°
F(6) 0.44412543 x 1012
F(7) 0.28584870 x 10"

The term g,y ;- in Equation (3.34) denotes the intake air mass flow rate on a dry

basis. It was calculated by subtracting the moisture content from the total measured

intake air flow rate, as shown below:
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. . . . mdry air Ha Mair
Mary air = Mair — Maumidity = Mair — 1000 - (1+H, x1073)
a

(3.42)
Finally, the term k, in Equation (3.24) refers to the humidity correction factor applied
to NOx emissions for compression-ignition engines [21], and it is calculated as outlined
in Equation (3.43)

_ 15.698 H,

=227 Ta . 3.43
0 oo+ 0832 (3.43)

On the other hand, the calculation of the net indicated specific emission of soot

(ISsoot) was described as:

soot|m
ISsoot = 1000 X lsoot] exn (3.44)
Pexh Pind

where [soot] is the concentration of soot, expressed in mg/m3, was derived from the
FSN-based smoke measurements and adjusted to a standard temperature of 237.15

K using the correlation provided by AVL [164].

298
_ 0.3062 [FSN] 3.45
x 5.32 [FSN] e X 5= (3.43)

1
[soot] = 5755

The term pq, present in Equation (3.44) corresponds to the exhaust gas density

calculated using Equation (3.46) based on the Regulation number 49 [21].

Myiesel + mgas fuel)

1000 + H, + 1000 (
mdry air

Pexn = (346)

Myjesel T mgas fuel)

773.4 + 1.2434 H, + 1000 k¢ ( m
dry air

Finally, combustion efficiency (CE) was evaluated after converting all measured
exhaust gas species and soot emissions into net indicated specific emission values.
The efficiency calculation was based on the presence of unburned combustion
products in the exhaust. For CDC and diesel-hythane dual-fuel modes, the primary
unburned components were THC and CO, as reflected in Equation (3.47). In the case
of diesel-hydrogen dual-fuel operation, unburned hydrogen was also taken into

account, as shown in Equation (3.48).
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CE = — Qcn - — MrycLHVprp +. MmeoLHVeo (3.47)
mfuelLHVfuel (mdieselLHVdiesel) + (mhythane LHVhythane)
CE =1 mTHCLHVDF + mCOLHVCO + mUHZLHVhydrogen (348)

(mdieselLHVdiesel) + (mhydrogenLHVhydrogen)

where LHV, is the lower heating value of CO, given by 10.1 MJ/kg [34], myy, is the
mass flow rate of unburned hydrogen in the exhaust in kg/h, and LHVpg is the lower
heating value of the in-cylinder fuel mixture present in DF operation, which was

estimated as

LHVDF _ (mdieselLHVdiesel) + (mgas fuelLHVgas fuel) (3.49)

Myjesel + mgas fuel

3.3.5 Combustion stoichiometry

The calculation of the molar carbon to carbon ratio (x), molar hydrogen to carbon ratio
(y), and molar oxygen to carbon ratio (z) for a given gas fuel mass fraction. This was
based on the conservation of mass of each chemical element in the reactants
described in Equation (3.50) [34], and the normalised molecular composition of
hythane (CH,,,), hydrogen (H,), and diesel (CH; 5,500 0014)-

y Zz y

y Z
CcH, 0, + (x o E) (0, + 3.773N,) = xC0, + 5 H,0 + 3773 (x o E) N,  (3.50)

where C,H, 0, is the normalised molecular composition of the in-cylinder fuel mixture.

The obtention of x, y, and z for the in-cylinder fuel mixture enabled for the estimation

of the stoichiometric air-fuel ratio (AF Rstpicn)-

Z
(x+%=3%) (Mo, +3.773My,)
12.011x 4+ 1.008y + 15.999z

AFRgtoich = (351)
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where Mg, is the molar mass of oxygen of 31.9988 g/mol [21] and My, is the molar

mass of nitrogen of 28.011 g/mol [21].
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Figure 3.10 — Molar H/C and O/C ratios for the in-cylinder fuel mixture as a function
of the hythane MF
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Figure 3.11 — Molar H/C and O/C ratios for the in-cylinder fuel mixture as a function
of the hydrogen MF.

The AFRg,,.n for diesel-hythane and diesel-hydrogen dual-fuel operations was
validated using the AFR;,;., for diesel (14.5) and hythane (17.1) fuels in Equation
(3.52), and diesel (14.5) and hydrogen (34.3) fuels in Equation (3.53).
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mdiesel mhythane
AFRgtpicn = 14.5= - +17.1—= - 3.52
stotch Myjesel + mhythane Mgiesel + mhythane ( )
AFR i = 14.5— diesel + 343 drogen (3.53)
Mgiesel + mhydrogen Mgiesel + mhydrogen
The excess of fuel in the exhaust was given by the relative air-fuel ratio (7).
__ Mair
Mgiesel + mgas fuel
A= 3.54
AFRstoich ( )
Finally, the premixed gas fuel-air equivalence ratio (®) is given by
d = AFRstoich
T Mg (3.555)
mgas fuel

3.4 Engine testing

The experiments were conducted at a constant engine speed of 1200 rpm and three
load conditions corresponding to 0.6, 1.2, and 1.8 MPa IMEP, representing
approximately 25%, 50%, and 75% of the engine's full load capacity.

These operating points reflect high residency regions typical of a heavy-duty vehicle
drive cycle, such as the WHSC cycle [21], as illustrated in Figure 3.12. The selected
speed was aligned with the characteristic speed at which maximum power is achieved,

based on the engine's full load curve [21, 165].

In the figure, the size of each circle denotes the weighting factor, with larger circles

indicating a greater contribution of that operating condition to the overall cycle.
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Figure 3.12 - The selected test points and the WHSC [21] test cycle points over the

experimental HD engine speed-load map.

3.5 Summary

This chapter provides a description of the research engine and test cell facilities that
were utilised, as well as the specifications of the measurement devices. An overview
was given on the hythane and hydrogen port fuel injection systems. Moreover, it
presented the methodology employed for collecting, processing, and analysing data.
This included the description of the data acquisition system and explanation of both
real-time and post-processing analysis, namely the combustion heat release, engine
performance, and exhaust emissions. Finally, the selected engine speed and loads for
the dual-fuel investigations were described and compared with one of the primary

modern heavy-duty engine test cycles.
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Chapter 4
Characterisation of diesel-hythane dual-

fuel combustion

4.1 Introduction

This chapter experimentally investigates the performance and emissions of a diesel-
hythane dual-fuel combustion system across three engine loads, from low to high.
Various diesel injection strategies were examined to optimise engine efficiency and
minimise emissions at each load condition. The study encompasses a detailed
analysis on the quantification of engine-out emissions with a particular focus on the
reduction of greenhouse gas (GHG) emissions. A well-to-wheel analysis is also
presented to evaluate the overall environmental impact of the dual-fuel system, along
with a comprehensive cost-benefit analysis that includes qualitatively evaluating

operational costs associated with dual-fuel engine operation.

Moreover, at low engine loads, strategies such as the combination of internal and
external exhaust gas recirculation (IEGR and eEGR) were explored to improve
exhaust gas temperature (EGT), combustion efficiency, and reduce carbon monoxide
(CO) and unburnt methane emissions. The potential benefits of these strategies were
carefully assessed to enhance fuel conversion efficiency while maintaining emission
standards. At medium and high engine loads, the introduction of external eEGR was
investigated to further optimise combustion characteristics and reduce NOx emissions

under more demanding operating conditions.

Finally, an optimal dual-fuel engine map is provided, outlining the highest energy
fraction for various dual-fuel combustion strategies (conventional and advanced)
across different engine loads. A matrix will be provided in order to guide the selection
of the most suitable combustion strategies to achieve the desired performance and

emission targets.
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4.2 Evaluation of the optimum diesel injection

strategy

Experiments were conducted to demonstrate the effect of different diesel injection
strategies on the dual-fuel operations at low, medium, and high engine loads. The

effective compression ratio (ECR) was optimised for the dual-fuel combustion process.
4.2.1 Experimental test procedure

Engine tests were carried out at engine loads of 0.6, 1.2, and 1.8 MPa IMEP at a
constant speed of 1200 rpm. The limits of the peak in-cylinder pressure and the
maximum PRR were set to 18 MPa and 2.0 MPa/CAD, respectively, while COVvep
lower than 3% was used to determine stable engine operation. Table 4.1 summarises

the overall engine operating conditions used for this study.

Table 4.1. Engine operating conditions for optimum diesel injection experiment.

Parameter Unit Lowload Mediumload High load
Engine load (IMEP) MPa 0.6 1.2 1.8
Engine speed rpm 1200 1200 1200
Hythane energy fraction (HEF) % 76 £ 1 76 £ 1 76 £ 1
ECR - Sweep Sweep Sweep
Intake air temperature °C 41 42 43
Intake air pressure kPa 125 190 260
Exhaust air pressure kPa 135 200 270
eEGR % 0 0 0
iIEGR % 0 0 0
Diesel injection pressure MPa 100 130 160

The intake and exhaust air pressure set-points from Euro V compliant multi-cylinder
HD diesel engine were used in order to provide a sensible starting point, since an
external boosting system was used in place of a turbocharger. The exhaust pressures
were adjusted to provide a constant pressure differential across the cylinder of 10 kPa.
This differential between intake and exhaust pressures was used to simulate the
pumping losses typically related to turbocharger. Intake air temperatures were

maintained constant at 41°C, 42°C and 43°C throughout the experiments at low,
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medium and high loads, respectively, by using an air-to-water cooler and intake air
heater. The study was performed without external exhaust gas recirculation (EGR) in

order to simplify the experimental investigation.

The selected diesel injection strategies are depicted in Table 4.2. Conventional diesel
combustion (CDC) and conventional dual-fuel combustion (CDF) operations at the
baseline ECR of 16.8 were compared against an advanced dual-fuel combustion

(ADF) at a lower ECR of 14.8 using alternative diesel injection strategy.

Table 4.2. Diesel injection strategies for different combustion modes.

Mode Type ECR Low load Medium load High load
Late split (pilot  Late split (pilot  Late split (pilot
and main and main and main
Non- injection): 1/99  injection): 1/99  injection): 1/99
CDC premixed 16.8 SOI_1@ -17 SOL1@ -15 SOlL1@-9
combustion CAD ATDC CAD ATDC CAD ATDC
SOL2@-10 SOl 2@ -8 SOl 2@ -2
CAD ATDC CAD ATDC CAD ATDC
Late split (pilot  Late split (pilot  Late split (pilot
and main and main and main
Non- injection): 3/97  injection): 3/97 injection): 5/97
CDF premixed 16.8 SOI_1@-17 SOLL1@ -15 SO_1@-9
combustion CAD ATDC CAD ATDC CAD ATDC
SOl 2@ -10 SOlL 2@ -8 SOl 2@ -2
CAD ATDC CAD ATDC CAD ATDC
Split (early and  Split (early and
) late injection): late injection):
Early single:
50/50 20/80
Premixed 100/0
ADF 14.8 SOlL_1@ -60 SOlL_1 @ -60
combustion SOI_1 @ 42
CAD ATDC CAD ATDC
CAD ATDC
SOl 2@ +4 SOl 2@ +10
CAD ATDC CAD ATDC

Regarding CDC and CDF, both operations were categorised as non-premixed
combustion due to a late split injection near TDC. A diesel first/pilot injection (SOI_1)
was set to be between 1% and 3% of the total diesel injected at CDC and CDF,
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respectively, with a constant delay time of 1ms (7.2 CAD at 1200 rpm) before diesel
second/main injection (SOI_2). The pilot injection was employed in order to reduce the
level of PRR. Such a split injection procedure has been generally adopted to

commercial diesel engines [166].

The ADF operations were combined with a LIVC strategy in order to adjust the in-
cylinder lambda and the charge reactivity, with the goal of increasing combustion
efficiency and EGT. The ECR of 14.8 represented the latest LIVC that could be used
without compromising the combustion stability. The ADF has been characterised as
fully or partially premixed combustion, depending on the engine load operation. At low
engine load, an early single injection was employed, resulting in fully premixed
combustion, also known as RCCI, whereas at medium and high load conditions, a split
injection (early SOI_1 and late SOI_2) was applied, leading to partially premixed
combustion. The diesel fuel supplied to the engine during SOI_1 had to be lowered as
the engine load increased, in the case of split injection strategy. This was essential in
order to keep the combustion process within the engine hardware limitations (PRR
and Pmax). As a result, the maximum percentage diesel split ratio obtained between

SOls for medium and high loads was 50/50 and 20/80, respectively.

The engine calibrations were achieved via a long optimisation process that focused
on diesel SOI and diesel split ratio, targeting to lowest COzeq emissions. It should be
noted, however, that throughout this optimisation, the hythane supply was kept
constant for each engine load while diesel SOI_2 was automatically adjusted by the
ECU to maintain IMEP constant, resulting in a small hythane energy fraction (HEF)

variation (around 2%).

Taking combustion stability (PRR and COVimep) into consideration, the HEF was
limited at 76% for all operation modes because that was the highest possible value at
CDF at low load, resulting in an overall combustion mixture of 23% diesel, 16%
hydrogen, and 61% methane. In order to provide a fair comparison at different engine
loads between combustion strategies.

Additionally, to avoid uncontrollable combustion (e.g. exponential rise of PRR and
COViver) when switching from CDF to ADF mode, extra attention is required. The
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hythane injector pulse width, which controls 7,,nane, @and the resulting HEF must be

reduced before adding diesel fuel via an early single/split injection.
4.2.2 Overview of the dual-fuel operation and combustion characteristics

For the investigated dual-fuel combustion operations at a constant HEF of 76% for
25%, 50% and 75% of full engine load, Figure 4.2 compares the measured in-cylinder
average pressure and temperature, heat release rate and diesel SOIl, while
combustion characteristics, such as SOC, ignition delay (SOC-SOI_1), CA50,
combustion duration and some more additional combustion parameters are depicted

in Figure 4.1.

The employment of the Miller cycle via a LIVC strategy reduced compression
pressures in ADF mode at all engine loads, as illustrated in the in-cylinder pressure
graphs in Figure 4.2, which may decrease the amount of hythane fuel pushed into
these crevice volumes. This reduction in pressures and temperatures enabled more
stable and flexible combustion control (lower COVimer) compared to CDF, allowing for
a larger diesel percentage amount at SOI_1 in the case of medium and high load
conditions. Furthermore, adopting a lower ECR increased the global fuel-air
equivalence ratio, that is lower A due to a reduction in the intake air mass flow rate.
Nevertheless, it also decreases in-cylinder heat capacity during the combustion event,
which resulted in higher average in-cylinder combustion temperatures [167, 168], as

shown in Figure 4.2.

As discussed in previous investigation [169], ADF regime is dependent on premixed
charge reactivity and homogeneity. And at low engine load, the single early diesel
injection allowed ADF mode to increase the reactivity of the mixture, since the longer
ignition delay allowed for more significant dilution of the high reactivity fuel (diesel) into
the well-premixed charge (air + hythane). As a result, more advanced SOC and CA50
were obtained, as displayed in Figure 4.1, leading to a shorter combustion duration
around TDC, and thus, significantly higher HRR peak than CDF, similar to CDC mode.
The main drawback of this operation mode, however, is associated to increased
maximum in-cylinder pressure verified in Figure 4.2, which was controlled by the lower
ECR via LIVC strategy.
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At medium engine load, ADF demonstrated to be the best combustion regime. The
split diesel injection with an early SOI helped to enhance reactivity, in which 50% of
the diesel quantity controlled the ignition of the premixed charge and the other 50%
controlled the main heat release process (CA50). As a result, the combustion duration
was significantly shorter than any other combustion mode, as observed in Figure 4.1.
More premixed injection, however, was not possible since it would increase the
reactivity of the mixture, resulting in fast combustion and premature advance of the
CAb50, resulting in excessive PRR. In the case of ADF, lower ECR led to slightly longer
ignition delay, in other words, more time for mixture preparation before autoignition,
due to worse thermodynamic conditions (lower in-cylinder temperature and pressure),
and hence higher degree of premixed mixture [76] than CDF. On the other hand, the
richer fuel-air ratio (lower lambda) noticed in Figure 4.1 caused by lower mass air flow
rate for the same fuel injected (diesel and hythane) generated a slightly more
advanced CAS50, resulting in shorter combustion duration and higher peak HRR when

compared to CDF mode, as seen in Figure 4.2.

At high engine load, however, although early injection of ADF increased the reactivity
of the premixed charge, it was less effective when compared to other engine loads
because only 20% of the total diesel was used in first injection. Therefore, it only
improved the initial combustion, resulting in significantly more advanced SOC and
CA50 than any other operation mode, as displayed in Figure 4.1. As a result, the peak
in-cylinder pressure was obtained earlier (approximately 3 CAD), as depicted in Figure
4.2, making the pressure rise event more sensitive and limiting the flexibility of this
combustion mode. Nonetheless, the reduced diesel quantity of SOI_1 led to a smaller
release of thermal energy closer to TDC, resulting in lower peak HRR and in-cylinder
temperature as can be seen in Figure 4.2. In addition, because 80% of the total diesel
was still injected in the SOI_2, the combustion process was similarly characterised as
CDC, mainly driven by the main injection. Due to the fact that this SOl occurred after
CAS0, a second and later peak HRR was created, as displayed in Figure 4.2, resulting
in an extended combustion duration noticed in Figure 4.1. The limitation of diesel split
ratio between injection events by the reactivity of the mixture was more evident than
at medium load, because the thermodynamic conditions at 75% of full engine load are
closer to the engine hardware limits, making this combustion mode extremely

challenging, and a small change in the mixture reactivity could contribute to a
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significant rise in the peak in-cylinder pressure and PRR, generating knocking
combustion. Similar to the medium load operation, the utilisation of reduced ECR via
LIVC strategy was essential for controlling combustion stability, resulting in an

improvement of the premixed charge reactivity (higher diesel split ratio).

Additionally, it can be observed in Figure 4.2 a small peak of heat release rate before
SOC, in all dual-fuel regimes at all engine loads. This can be further explained by the
increased reactivity of the fuel mixture on enhance the low temperature reaction of the
diesel fuel [169]. Therefore, ADF displayed a faster and shorter combustion process
at low and medium loads, resulting in a more efficient heat release process around
TDC.
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Figure 4.1. The effect of combustion mode on combustion characteristics and
stability.
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4.2.3 Engine performance

The impact of the different combustion mode on combustion and indicated thermal
efficiencies, exhaust gas temperature (EGT) and indicated equivalent specific fuel

consumption are depicted in Figure 4.3.
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It can be seen from Figure 4.3 that EGT increased linearly with the increase in engine
load, independently on the combustion mode. Moreover, all dual-fuel modes depicted
higher EGT than CDC, which can be explained in part by the presence of hydrogen
and methane, which have a higher flame temperature [170]. However, at each load,
the EGT increased similarly for the ADF operation, when comparing to CDF, as
observed in Figure 4.3. This is related to the decrease in the relative air-fuel ratio due
to the lower ECR. Therefore, the effect of combustion mode on EGT is mainly related
to the difference in ECR via the application of LIVC. In addition, it is worth noticing in
Figure 4.3 that although ADF increased by approximately 40°C the EGT when
comparing to CDF regime, the level of temperature reached (about 366°C) is still
below the methane oxidation catalyst (MOC) light-off temperature of 400°C for high
CHa4 conversion efficiency [171]. Thus, the combination of LIVC with internal exhaust
gas recirculation (iEGR), which is an effective strategy to improve exhaust thermal
management as a result of hot residuals trapped from previous cycle [76, 172], has
the potential to generate even higher EGTs and improve CH4 conversion efficiency in

MOCs at low engine loads.

As described in the 4.2.2, the ADF mode displayed in Figure 4.1 the fastest and
shortest combustion processes at 0.6 and 1.2 MPa IMEP, respectively, providing the
thermodynamic advantage of releasing thermal energy closer to TDC and thus
improving work during the expansion stroke [173]. This resulted in a 15% savings in
the indicated equivalent specific fuel consumption when compared to CDF at low load,
and a 3% and 1% savings when compared to CDF, at medium load, as observed in
Figure 4.3. As a consequence, the ADF operation produced an ITE of 46.4% at 0.6
MPa IMEP and 46.6% at 1.2 MPa IMEP, respectively. This is equivalent to a 17%
increase at low engine load and 2.5% and 0.7% increases when compared to CDF
mode at medium load, respectively. Nonetheless, the ADF combustion limitations at
1.8 MPa IMEP described in the previous subsection, result in a 0.6% increase in
ISFCeq and as a consequence, a 0.6% decrease in ITE when compared to CDF and

ADF operations.

The combustion efficiency of dual-fuel operations demonstrated in Figure 4.3 a trend
of linear overall increase with the increase of engine load. This can be explained by

the natural improvement of thermodynamic conditions present at higher engine load
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conditions. The significant difference on combustion efficiency noticed in Figure 4.3
between ADF and CDF operations is mainly related to the enhance reactivity of the
premixed charge provided by the injection strategy of ADF, contributing to a more
complete combustion, as it improved fuel conversion efficiency with lower levels of
unburned CH4 and CO emissions, as discussed further in the following section. In
contrast to medium load operation, the CE of ADF regime depicted in Figure 4.3
identical results at high load. This was a result of limited reactivity improvement
provided by the SOI_1 of ADF, limited by hardware constrains, as discussed

previously.

When compared to other dual-fuel operations, ADF combustion displayed significant
performance improvement. However, at 75% of full engine load, advanced dual-fuel
combustion operations maintained a similar ITE to CDC, with ADF mode indicating a

3.6% improvement at low engine load.
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Figure 4.3. The effect of combustion mode on engine performance.

4.2.4 Engine-out emissions

Exhaust emissions in the form of net indicated specific values for the 3 combustion

modes are depicted in Figure 4.4.
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Figure 4.4. The effect of combustion mode on engine-out emissions.

¢ NOXx emissions

NOx is formed in larger amount with high peak in-cylinder combustion temperatures,
high oxygen concentrations and long residence time [174]. ADF mode is, as displayed
in Figure 4.4, the combustion mode with the lowest NOx emissions, although having
achieved significantly higher in-cylinder temperatures than CDC and CDF, as seen in
Figure 4.2. This phenomenon is most likely explained by the fact that the majority of
the fuel is burned under lean premixed conditions as a consequence of early diesel
injection, resulting in reduced local temperature [169, 174]. As engine load increases,
the diesel SOI_1 quantity injected on ADF mode gradually decreased, causing a
decrease in fuel amount burned under lean premixed conditions, consequently
increasing NOx emissions. However, these NOXx levels remain considerably lower than
those observed under non-premixed combustion regimes (CDC and CDF), as

demonstrated in Figure 4.4. In comparison to CDC and CDF operations, ADF can
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reduce NOx levels by 89% and 87% at low load, 62% and 57% at medium load, and
48% and 44% at high load, respectively. However, it is feasible to obtain even greater
reductions by using: more advanced diesel SOI_1, which promotes leaner and more
homogenous premixed conditions; and more retarded SOI_2, which reduces
temperature peaks. Furthermore, alternative combustion strategies, such as EGR
dilution could also be considered to further reduce NOx levels, particularly at higher
engine loads by decreasing combustion temperature and in-cylinder oxygen

concentration.

e soot emissions

Soot is primarily formed in rich fuel-air equivalence ratio regions of the combustion
chamber at elevated temperatures. WWhen compared to conventional diesel mode,
dual-fuel operations significantly decreased soot emissions, as shown in Figure 4 4.
One reason for this is that diesel fuel only accounts for 23% of the total mixture, with
hythane fuel being the major compound of all dual-fuel combustions, which is
composed of hydrogen and methane, having no carbon-carbon bond, a lower C/H,
and lower soot tendencies [175]. Moreover, the port injected hythane fuel has sufficient
time to form a well-premixed charge before combustion. Despite this, the utilisation of
higher boost pressures and more retarded diesel SOls results in a slight reduction in
the ignition delay duration at higher engine loads, as can be seen in Figure 4.1. As a
result, more fuel participates in the diffusion combustion process, leading to the

increase in soot emissions.

During ADF operation, the use of diesel early single injection at low load enhanced the
mixing time, thereby improving the premixed charge and contributing to a substantial
decrease in soot levels, namely 69% when compared to CDC and 36% more
decrease than CDF mode. However, at higherloads, this reduction gradually
decreased, particularly when compared to CDF mode as observed in Figure 4.4,
because the diesel split ratio had to be adjusted, as previously described, leading in
more diesel fuel amount being injected later in the cycle, resulting in reduced mixing
timing. Ultimately, under high engine load, ADF produced 68% lower soot than CDC
and 15% lower than CDF mode, as shown in Figure 4.4. It is worth to note that ADF

operation fully met Euro VI and Euro VIl standards at all engine conditions.



78

e CO emissions

The rate of CO formation is a function of the unburned gaseous fuel availability and
mixture temperature, both of which control the rate of fuel decomposition and oxidation
[34, 176]. It can be clearly noticed that CO emission with dual-fuel operations is always
higher than with CDC. This is because dual-fuel mode suffers from a poor fuel
conversion that leads to incomplete combustion, as reflected by the CE in Figure 4.3,
and high unburned fuel (NMHC and CH4 emissions). As engine load is increased, the
combustion process improves, resulting in lower CO emissions due to increased fuel

conversion efficiency.

With regards to ADF mode, it displayed reduced CO levels compared to CDF
combustion. This is explained by the previously reported improvement in the
combustion process with Miller cycle utilisation. Furthermore, when compared to CDF,
ADF has more complete combustion, as demonstrated by the CE in Figure 4.3,
resulting in higher CO oxidation. As a result, as compared to CDF, ADF can reduce
CO levels by 72% at low load, 75% and 48% at medium load, and 59% and 29% at
high load. Therefore, it can be stated with a degree of confidence that ADF can fully
meet Euro VI standards at medium and high engine loads without the use of an ATS.
At low load condition, however, an optimisation should be undertaken to further
minimise CO levels, such as the employing of iEGR combined with LIVC strategy,
which has the potential to improve in-cylinder temperatures at part-load conditions, as

demonstrated by Guan et al. [76].

¢ Unburned total hydrocarbons emissions

The variation in the amount of total hydrocarbons in exhaust, which corresponds to
the sum of NMHC and CH4 emissions, complies with the combustion process quality
[34, 176]. It is evident in Figure 4.4 that dual-fuel modes suffer from significant
methane slip, especially at low load conditions. This is explained by the high HEF
used, as hythane fuel is mainly composed of methane, resulting in an inevitable
increase in unburned CH4 levels in the exhaust pipe when poor fuel utilisation
efficiency is attained, especially during part load conditions, as shown in the ISFCeq

graph in Figure 4.3. The increase in mixture reactivity and improvement in fuel
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conversion efficiency induce an important decrease observed in Figure 4.4 in both
unburned NMHC and CHa4 at higher load conditions, although its value remains higher
than that of CDC.

As previously reported for CO emissions, the improved reactivity of the mixture
enabled ADF to lower fuel consumption even further, particularly at low load, as seen
previously in Figure 4.3, results in a nearly 80% reduction in methane slip compared
to CDF mode at all engine loads. The best ADF mode results, however, are still
above the 0.50 and 0.35 g/kWh imposed by Euro VI and Euro VI, respectively, forcing
the use of a MOC to oxidise the remaining unburned methane. In-cylinder CH4 control,
such as the use of iIEGR combined with the LIVC strategy, is another way to reduce
methane slip, particularly at low engine load, for the same reasons as discussed for

CO emission.

e CO2 emissions

It can be seen in Figure 4.4 that dual-fuel modes generate considerably lower COz2
emission, compared with conventional diesel mode. This can be explained in part by
the addition of hydrogen into the combustion, because hythane fuel has a lower C/H
in comparison to diesel fuel, as depicted in Table 3.2. The other reason can be the
THC emission of dual-fuel regimes and the incomplete combustion, as revealed by the
high CO emission, particularly at low load. At higher loads, however, the improvement
in the combustion process causes CO2 emissions to increase, although its values
remain considerably lower than to that of conventional diesel combustion, as displayed
in Figure 4.4. Thus, when analysed alongside CDC, ADF mode was able to cut CO2
emissions by 242, 186, and 183 g/kWh at low, medium, and high load conditions,
corresponding to reductions of 37%, 31%, and 30%, respectively. When comparing to
CDF combustion, ADF indicated an improvement in 13%, 2% and 1% over CDF
combustion at low, medium and high engine loads. The gradually decreasing CO2
reduction benefit of ADF over CDF mode is owed to the improvement in fuel

conversion efficiency displayed by CDF operation, as illustrated in Figure 4.3.
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4.2.5 GHG emissions estimation

Hythane is considered a lower carbon fuel for ICEs, since it is composed of hydrogen,
a potential carbon-free fuel, and methane, which has a lower carbon content than
diesel. And as discussed previously, hythane fuel can considerably reduce CO:
emissions, independent of the combustion mode selected. However, hythane
combustion in dual-fuel mode generates unburned methane, which is one of the
challenges of hythane- or CNG-fuelled engines. Furthermore, CHs4 is recognised have
higher Global Warming Potential (GWP) of 27 that of CO2 over a 100-year lifetime
[28]. Hence, a small amount of CH4 emission can offset the benefits of reduced CO2

in the diesel-hythane DF engine.

On the other hand, although hydrogen is not a GHG itself, hydrogen leakage may
influence the atmospheric concentrations of other GHGs, such as methane and ozone,
and thus may be associated to a GWP [177, 178, 179]. Nevertheless, hydrogen GWP
will not be considered in this section because hydrogen emissions were not measured

at the exhaust line of diesel-hythane dual-fuel combustion experiments.

Therefore, it is essential to estimate the total CO2-equivalent (CO2eq) of both GHGs
investigated. In order to find a single value of COz2eq, the level of emissions of a GHG

have to be multiplied by its GWP and combine all GHG together, as shown below.

ISCO,,, = ISCO, * 1+ ISCH, * 27 (4.1)

Figure 4.5 depicts the GHG emissions for the combustion modes investigated at low,
medium, and high engine loads. GHG levels are expressed in grams of COzeq
emissions per kWh of power generated. When CO2 and CHas levels are taken into
account, ADF mode was the combustion strategy that revealed the lowest CO2eq
levels, suggesting an average reduction in GHG emissions of 25% across all engine
operation conditions when compared to the conventional diesel baseline. Despite this,
methane slip affected the GHG reduction, especially at low load, where the
achieved 37% CO:2 drop was offset by unburned CHa (reflected by light blue bar in
Figure 4.5), resulting in a still considerable 24% GHG emission reduction. As a result,
there is still potential for higher GHG reduction on ADF regime, particularly by methane

control at low engine conditions. However, that offset was more pronounced in the
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non-premixed dual-fuel combustion modes, mainly CDF, as shown in Figure 4.5,
where methane slip resulted in a considerable rise in GHG emissions compared to the
CDC baseline under part- and mid-load conditions, highlighting the importance of

unburned methane control in diesel-hythane dual-fuel combustion.
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As a result of this analysis, one key conclusion is that reducing GHG emissions is
dependent not only on fuel type, but also on the combustion process, where diesel

injection strategy and ECR play critical roles.

4.2.6 NOx emissions mitigation and additional practical considerations

Additional practical aspects for diesel-hythane dual-fuel operation were assessed in
order to evaluate whether these combustion modes can be a viable alternative and

successfully utilised in the most recent Euro VIl emission standard.

As previously concluded, the in-cylinder measures studied in this work did not entirely
meet the emissions requirements limits. Although the majority of the emissions
produced by the dual-fuel combustion, such as CO and NMHC emissions can be
removed by a diesel oxidation catalyst [36], extremely high CH4 conversion efficiency
in the methane oxidation catalyst will be necessary to comply the stringent tailpipe
unburnt CH4 emission of 0.5 g/kWh. CHa4 can be significantly minimised by optimising
dual-fuel operation, such as the case of ADF mode with a lower ECR in order to

increase the EGT, which leads to an improvement in methane conversion in an ATS.

Similarly, despite soot levels were below the standard limits, they can be further
reduced with higher diesel injection pressures. With the generation of very low levels
of soot via ADF mode, typical particulate filters employed in HD diesel applications for
smoke control purposes can be avoided. This will enable this application to avoid
traditional fuel consumption penalty from associated higher backpressure and periodic

regenerations issue caused by this ATS [180].

Considering that NOx emissions remain to be a significant concern, since Euro VII will
set even tighter limits, NOx control will play a critical part in total cost of ownership.
That being said, NOx levels are controlled through in-cylinder control (e.g. ADF mode,
EGR utilisation) and aftertreatment control by use of a SCR. The latter is dependent
on the engine calibration due to limited conversion efficiency of the SCR and/or high
aqueous urea solution usage (e.g. increased engine operational cost). The NOx
conversion efficiency of SCR ATS (SCR Conv.Eff) typically ranges between 80% and
90% [181, 182].
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Figure 4.6 compares the estimated SCR-out NOx levels obtained with various SCR
conversion efficiencies when the engine is operated in CDC, CDF, and ADF regimes.

ISNOx levels downstream of the SCR system were calculated as

SCR_yyue ISNOx = ISNOx — (ISNOx * SCR Conv.Eff) (4.2)
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Figure 4.6. Estimated ISNOx levels for different SCR conversion efficiencies.

The use of high HEF in CDF mode, as conventional diesel combustion, resulted in
estimated SCR-out ISNOXx higher than the less stringent emission standard limit of 0.4
g/kWh, regardless of NOx conversion efficiency. Later diesel injection timings are likely
to be required, which would negatively affect soot emissions and ITE. Also, the

addition of EGR can allow for NOx emissions compliance. Using a high hythane
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percentage in an ADF regime with a NOx conversion efficiency of 90%, on the other
hand, can achieve an estimated SCR-out ISNOx of 0.09 g/kWh at low engine load,
which is in line with both the Euro VI and Euro VII, without any ATS usage.
Nevertheless, none of the dual-fuel combustion mode could meet NOx requirement,

even with an SCR conversion efficiency of 90%.

A reduction in NOx levels provided by ADF mode enables for operational cost savings
due to lower aqueous urea solution consumption (m,,..,) in the SCR system in order
to meet Euro VIl limits. Furthermore, optimising the ADF operation by means of more
advanced diesel SOI (in-cylinder NOx control) may have the ability to further reduce
NOx levels, thus potentially eliminating the need for an SCR system at low engine

loads, as can be seen in Figure 4.7.
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Figure 4.7. Diesel SOI as a NOx generation control at low engine load.

As a result, significant total cost of ownership savings, including SCR operational
running costs, can be achieved. Even so, it is worth mentioning that other engine in-
cylinder NOx control such as EGR can also further improve NOx reduction, including

at higher engine loads.

To determine the effectiveness of the ADF combustion in terms of running costs, the
Myreq eQuired to reduce the NOx levels to the Euro VII emissions standard limit was

calculated as

LH Vhythane)

murea = 0.01(151\/036 - ISNOxEuroVII) (mdiesel + mhythane
LHVdiesel

(4.3)
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where m,,., is estimated at 1% of the diesel equivalent fuel flow rate per g/kWh
reduction in NOx emissions [183, 107, 184]. By adding the estimated m,,., to the
measured diesel fuel flow rate allowed for the calculation of the SCR corrected

indicated thermal efficiency (ITE SCRcorr), which was defined as

P;
ITE SCR = - - -
cor mhythaneLHVhythane + (mdiesel + murea)LHVdiesel (44)

Figure 4.8 depicts the difference between the ITE with and without SCR correction for
the three investigated combustion modes. Due to increasing urea use, CDC and CDF
operations resulted in a significant fall in SCR corrected indicated thermal efficiency.
The ADF mode with a high hythane percentage reduced NOx emissions and
consequently the my,.., required. This enabled higher ITE SCRcorr, which effectively
translates into lower operational costs. The ADF mode with high hythane percentage

significantly decreased NOx emissions and thus the .., required.
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The estimated .., combined with ;.5 @nd myypane generated the total fluid
consumption in kg/h, as shown in Figure 4.9. ADF regime demonstrated potential
reduction of up to 25%, 20% and 16% of total fluid consumption for low-, mid-, and
high-loads, respectively, when compared to the conventional diesel combustion, which
is significantly higher than what the conventional dual-fuel mode can achieve,
particularly at low engine load. Given the global variability in the pricing of diesel and
aqueous urea solution, it is common in simulations to assume that the cost and
properties of urea are equivalent to those of diesel fuel [107]. Under the assumption
that hythane is priced similarly to diesel, the ADF combustion mode would offer the
lowest operational cost due to its reduced overall fluid consumption. Consequently,
the long-term sustainability of this strategy is closely linked to the market price — or

more precisely, the demand — of hythane.
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Therefore, the ADF combustion has the potential to substantially reduce engine-out
NOx emissions while delivering the lowest total fluid consumption and, as a direct
consequence, the highest SCR corrected indicated thermal efficiency, resulting in
significantly lower operational costs. In addition, ADF regime at low engine load with
no ATS may be able to meet NOx emissions limits, taking into account of the Euro VI

regulation.

4.3 The combination of internal EGR and external

EGR at low engine load

The impact of internal exhaust gas recirculation (iIEGR) on combustion characteristics,
engine efficiency, and emissions was investigated under dual-fuel operation at a fixed
engine speed of 1200 rpm and a low-load condition of 0.6 MPa IMEP. iEGR was
implemented through intake valve re-opening (21VO) using the variable valve actuation
(VVA) system. The strategy involved retaining hot residual gases within the cylinder
to enhance fuel-air mixing and promote earlier autoignition in regions of higher
reactivity. A one-dimensional (1D) engine simulation was used to predict both the

residual gas fraction (RGF) and the average in-cylinder gas temperature.

It is important to note that this experiment was limited to low engine loads, as iIEGR

led to a decrease in ITE and increased knock tendency at higher engine loads.
4.3.1 Experimental test procedure

Table 4.3 summarises the engine operating condition. In this experiment, the diesel
SOl was swept at a constant injection pressure of 100 MPa in order to determine the
CAS50 which achieved the highest ITE. The my,ynqr. Was adjusted in function of the
diesel SOI in order to maintain a HEF of 84% constant throughout the entire

experiment. PRR and COVivep were limited to 2.0 MPa/CAD and 3%, respectively.

The intake valve events were defined with an opening (IVO) at 369 CAD ATDC and a
closing (IVC) at -105 CAD ATDC, using the 0.5 mm valve lif. The maximum lift of the

intake valve reached 14 mm. For the implementation of the 2IVO strategy, the intake
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valve was reopened during the exhaust phase, with its peak lift occurring around 195
CAD ATDC. When this strategy was employed, the earliest and latest valve re-opening
positions were set at 145 and 230 CAD ATDC, respectively. This configuration
enabled a peak secondary lift of 2 mm and achieved the highest RGF attainable based

on the geometry of the intake cam profile.

Table 4.3. Engine operating conditions for the iIEGR evaluation.

Parameter Unit ADF
IMEP MPa 0.6
Engine speed rpm 1200
HEF % 84 +1
ECR - 14.8
Intake air temperature °C 41 £1
Intake air pressure kPa 125
Exhaust air pressure kPa 135
Diesel injection strategy - Early single injection
Diesel SOI_1 CAD ATDC Sweep [-46 to -36]
Diesel injection pressure MPa 100

Table 4.4 describes the three advanced dual-fuel testing modes explored: baseline
(case 1), IEGR (case 2), and iIEGR combined with eEGR (case 3). The baseline
represents the same ADF mode studied in Section 4.2. The iEGR consists in the
baseline advanced dual-fuel combustion combined with the 2IVO strategy to achieve
internal exhaust gas recirculation. The case 3 is the combination of ADF with iIEGR
strategy and external EGR operated with 20% recirculation. The intake manifold air
pressure was held constant at 125 kPa. Similarly, the exhaust pressure was
maintained constantly 10 kPa higher than the intake in order to generate back

pressure, allowing to deploy eEGR and achieve higher RGF.

Table 4.4. The testing modes matrix.

Testing modes  Case number iIEGR eEGR
Baseline 1 NO NO
iIEGR 2 YES NO

iIEGR + eEGR 3 YES YES (20%)
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4.3.2 Engine modelling

To predict residual gas fraction (RGF) and average in-cylinder gas temperature under
various intake camshaft configurations, a one-dimensional engine model was
constructed using Ricardo WaveBuild simulation software. This tool applies the finite
difference method to solve transient compressible flow equations based on
conservation laws for mass, momentum, and energy. The model incorporates detailed
thermodynamic properties, including equilibrium calculations for combustion products,
and accurately represents the unsteady flow dynamics typical in internal combustion
engines. Through this approach, the RGF can be estimated by analysing valve mass

flow behaviour in conjunction with fuel injection dynamics.

Figure 4.10 provides a representation of the single-cylinder engine model. The inlet
and exhaust pipelines were precisely measured from the engine test cell and
simulated accordingly. Oscilloscopes were positioned in the corresponding locations
as the experimental in-cylinder, intake, and exhaust pressure transducers. The
geometric data of the cylinder head was acquired from the computer-aided design
model supplied by Yuchai. Experimental data, including temperatures, initial intake
and exhaust pressures, fuel flow rates, injection locations and timings, and heat
release profiles, were incorporated into the model. Hythane was introduced
homogeneously at the boosted air, whereas diesel was directly injected into the

cylinder.
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Figure 4.10. 1D model of the single cylinder HD engine
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The coefficients evaluate the real airflow rate via the poppet valves in relation to the
performance of theoretical ports free of constraints. The calculation of the CFs
employs the ideal gas velocity and the cross-sectional area of the valve throat. The
reference diameters (D), which were taken from [185], were measured from the inner
seats of the valves, yielding 39.2 mm for the intake side and 35.8 mm for the exhaust

side.

The engine heat transfer sub-model employed a detailed thermal network,
incorporating components such as the piston, cylinder liner, cylinder head, intake and
exhaust valves, valve seats, and associated ports. Initial surface temperatures on the
gas side were set at default values — 385 K on the intake side and 500 K on the exhaust
side. A coolant temperature of 380 K was applied to key regions including the piston,
liner, and head, using heat transfer coefficients adapted from a multi-cylinder diesel

engine case provided within the simulation software’s library.

The combustion modelling was based on empirical approaches embedded within the
1D simulation platform and corresponded to empirical relationships developed in [186].
For dual-fuel operation, a specialized Wiebe-based sub-model was applied, allowing
for the use of multiple fuel types and components. This configuration employed up to
four overlapping Wiebe functions to better replicate the mass fraction burned (MFB)

profiles observed in experimental pressure data.

Figure 4.11 presents the result of combining three Wiebe curves, calibrated to match
the experimentally measured burn rate under dual-fuel conditions. Each curve was
defined by parameters including the crank angle at which 50% of the mass was
burned, burn duration, curve shape exponent, and the proportional fuel mass
associated with it. The aggregate burn rate was adjusted based on experimentally

determined combustion efficiency to account for incomplete combustion phenomena.

For heat transfer calculations, the Woschni correlation was implemented to estimate
heat exchange between the working gas and the cylinder walls. The model assumed
a consistent convective heat transfer coefficient and uniform flow velocity over all
combustion chamber surfaces. A correction factor was included to compensate for
engine load, which influenced the characteristic gas velocity and, consequently, the
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calculated heat transfer coefficient. This factor accounted for both the mean piston
speed and combustion-induced velocity changes, which were tied to in-cylinder

pressure.

To simplify dual-fuel modelling, diesel was assumed to be fully premixed at the start
of combustion, with timing and quantity set according to the injection schedule. This
simplification influenced the calculated post-combustion gas temperatures, which

were excluded from the scope of this study.

The simulation was configured to run for 80 engine cycles or until a convergence
threshold of 0.1% was met. If the model met this convergence requirement before

completing all cycles, an additional cycle would be simulated to ensure stability.
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4.3.3 Validation of the 1D engine model

The intake air mass flow and the maximum in-cylinder gas pressure (Pmax) were
validated to within 1% of the experimental data. Figure 4.12 shows a strong correlation
between experimental and numerical intake average mass air flow rate (rh;,), while
Figure 4.13 shows excellent alignment in in-cylinder pressure during compression and

expansion strokes, permitting the 1D model to estimate RGF and mean in-cylinder gas

temperature.
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4.3.4 Overview of the iEGR and combustion characteristics

Figure 4.14 compares the measured in-cylinder average pressure, heat release rate
for a constant diesel SOl. Combustion characteristics, including SOC, ignition delay
(SOC-SOI_1), combustion duration, and other combustion parameters, are illustrated
versus CA50 in Figure 4.15, enabling the identification of the optimal CA50 for the
studied cases. Figure 4.16 depicts the simulated mean in-cylinder gas temperature

and residual gas fraction.
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Relatively later diesel injections resulted in the production of slightly lower A regions in
the piston bowl [187]. This higher degree of stratification increased local in-cylinder
temperatures, advancing the CA50 positions and reducing the COVivep. In
comparison, advanced SOl allowed for more uniform equivalence ratio and ignition

delay distribution [187], yielding opposite effects to later SOI.

The early single diesel injection strategy ensured sufficient mixing time and allowed
an almost linear combustion phasing control with low overall COVivep. A low COVimepr
is important to minimise the combustion instability associated with misfiring cycles and

partial burning of the fuel [188].
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The introduction of the 2IVO strategy in the IEGR mode increased the RGF to 12.7%,
while the combined iIEGR + eEGR strategy in case 3 resulted in an RGF of 10%.
Higher amounts of hot residuals augmented the mean in-cylinder gas temperature
depicted in Figure 4.16, consequently accelerating the evaporation and combustion
processes and diminishing the cycle-to-cycle variability (COViver) relative to the
baseline, as shown in Figure 4.15. As a result, advanced SOls were required to control
charge reactivity. The use of a constant SOI would lead to over-advanced burn rates

triggered by the more reactive mixture with iEGR.

According to Caton [189], shorter burning rates and relatively lower heat losses allow
for more advanced CA50 and considerably higher maximum in-cylinder pressure
(Pmax), as evidenced in Case 2. This is the case of the IEGR mode, where peak
combustion temperatures (i.e. burnt zone) and heat transfer are likely to be reduced
by the dilution and higher heat capacity introduced by higher RGFs [190]. The more

advanced and faster combustion process resulted in higher Pmax.
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Figure 4.16. In-cylinder gas temperatures and RGF for the three dual-fuel cases
obtained from the 1D engine model.

On the other hand, when combined with IEGR, eEGR acts as an additional mechanism
that further reduces the oxygen content in the intake charge, improving combustion

stability, reducing peak mean gas temperatures, and allowing for a higher fraction of
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exhaust gases in the cylinder. This results in lower effective intake oxygen level and

subsequently lowers the RGF when compared to case 2, as observed in Figure 4.16.

The decrease in oxygen content provided by the addition of eEGR helps explaining
the reduction in A noted in Figure 4.15 when compared to other two cases.
Nevertheless, this also contributed to longer ignition delay, consequently leading the
SOC to take place after TDC. As a result, both peak in-cylinder pressure and HRR

decreased when compared with Case 2 (only iEGR), as observed in Figure 4.14.

4.3.5 Engine performance

The impact of the iIEGR on combustion and indicated thermal efficiencies, EGT and
indicated equivalent specific fuel consumption are depicted in Figure 4.17. Earlier
combustion processes resulted in higher compression work and possibly higher heat
losses. Later combustion events lowered the engine efficiency due to higher

combustion losses and decreased expansion work.

The hotter combustion processes provided by the combination of iEGR and eEGR
elevated the EGT to above 400°C, which is sufficiently high to initiate the catalyst light-
off enhance conversion efficiency of the DOC [191] and MOC [171]. Nonetheless,
although yielding higher exhaust gas temperatures than the baseline, dilution of the
in-cylinder charge with residual gases and reduced local in-cylinder gas temperatures

limited the exhaust gas temperatures in the iIEGR mode.

The relatively higher mean combustion temperatures with richer air-fuel mixture
enhanced the oxidation process of NMHC and CO. As a result, combustion efficiencies
increased from 95% in the baseline dual-fuel case to 96% in the iIEGR. The
combination of IEGR with eEGR leads to an improvement to approximately 97.5%,

largely because to the considerable decrease in unburned CHa.

The iIEGR mode provided a similar ITE when compared to the ADF baseline, as the
diesel SOI remained above -40 CAD ATDC, which produced a comparable ISFCeq.
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However, when adding eEGR, this resulted in a more retarded diesel SOI, increasing

the ISFCeq and consequently lowering ITE by 1 percentage point.
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4.3.6 Engine-out emissions

Exhaust emissions in the form of net indicated specific values for the three cases
modes are depicted in Figure 4.18. The use of the IEGR modes to achieve lower A

was shown effective in reducing unburnt NMHC and CHg4, as well as CO emissions.

The higher RGF demonstrated by the iIEGR mode elevated the in-cylinder charge
temperature. The hotter charge and lower relative air-fuel ratio led to peak mean in-
cylinder gas temperature by around 300K when compared to the baseline. Thus, this
warmer combustion process enhanced the oxidation of CO, enabling to reduce it to
under the Euro VI limit of 1.5 g/kWh at more retarded diesel SOIl. However, as a
drawback, this led to a higher CO2 generation, particularly at diesel SOI where CO

oxidation were more noticeable. Similarly to CO, NMHC was considerably decreased.

Considering CO2eq, although its negative impact on CO2, the iIEGR mode can
substantially decrease unburned methane, as shown in Figure 4.18, leading to a 7%
reduction in GHG emissions. The combination of IEGR with eEGR can yield to an even
higher reduction up to 11%, as eEGR further maximises the recirculation of unburned

methane.

Within the same CA50 range as the baseline, NOx emissions were comparably low
with the introduction of the IEGR strategy, nearing Euro VI standards. This
demonstrates that iIEGR mode has no negative impact on NOx levels. Nevertheless,
the addition of eEGR seems to marginally elevate NOx formation, indicating an
unexpected result. The utilisation of eEGR reduces the advantages of fuel combustion
under lean premixed conditions, as promoted by the early diesel injection strategy of
ADF combustion, due to eEGR's enhancement of in-cylinder charge reactivity, which

requires the retardation of the diesel SOI.

Soot emissions were found to be considerably reduced with the use of iEGR. This is
likely due to the longer ignition delay, resulting in improved diesel mixing, as iEGR
enables a more advanced diesel SOl compared to the baseline. The addition of eEGR
apparently did not affect soot emissions, maintaining them at levels similar to the iIEGR

mode.
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Figure 4.18. The effect of iEGR on engine-out emissions at low engine load.

Overall, the combination of internal and external EGR has a greater potential to
maintain NOx emissions under Euro VI standards while achieving higher EGTs, which
is especially important at low engine loads for achieving the minimum light-off
temperature for ATSs such as SCR and MOC for NOx and CH4 reduction, respectively.
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4.4 The effect of external EGR at medium and high

engine loads

In Section 4.2, although ADF indicated a significant reduction in NOx emissions when
compared to CDF and CDC, particularly at low engine loads, medium and high loads
revealed that NOx levels remained significant. As a result, experiments were
conducted to evaluate whether external EGR has the capacity to reduce NOx
emissions at medium and high engine loads without sacrificing efficiency and GHG
levels. The investigation was carried out for medium and high engine loads of 1.2 and
1.8 MPa IMEP, respectively.

4.4.1 Experimental test procedure

Table 4.5 summarises the engine operating conditions. The diesel injection strategy
used was the same as that described in Section 4.2: split injection, with 50% of the
diesel injected during a fixed early injection (SOI_1) at -60 CAD ATDC and 50% during
a late injection (SOI_2). The SOI_2 was swept across multiple timings. The my,ynane
was adjusted in function of the diesel SOI in order to maintain a HEF of 76% constant

throughout the entire experiment.

Table 4.5. Engine operating conditions for the investigation of eEGR.

Parameter Unit Medium load High load
IMEP MPa 1.2 1.8
Engine speed rpm 1200 1200
HEF % 76 £ 1 76 £ 1
ECR - 14.8 14.8
Intake air temperature °C 43 44
Intake air pressure kPa 190 260
Exhaust air pressure kPa 200 270
eEGR % Sweep [0, 10] Sweep [0, 10]
iIEGR % 0 0
Diesel SOI_1 CAD ATDC -60 -60
Diesel SOI_2 CAD ATDC Sweep [0 to 8] Sweep [3 to 10]
Diesel injection pressure MPa 130 160
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The use of external EGR rate of 10% was compared to a baseline ADF without EGR.
The intake and exhaust manifold pressures were held constant. PRR and COVimep

were limited to 2.0 MPa/CAD and 3%, respectively.

4.4.2 Overview of the eEGR and combustion characteristics

Figure 4.19 and Figure 4.20 show the effect of eEGR on the combustion with constant
diesel SOI_1 and SOI_2. Figure 4.21 depicts combustion indicators such as relative
air-fuel ratio, peak in-cylinder pressure, PRR, and combustion stability versus CA50,

allowing for a direct comparison of ADF with and without eEGR at a constant CA50.

The introduction of an EGR rate of 10% with constant diesel SOls shows a similar
trend at medium and high engine loads. It was observed an increased ignition delay,
which resulted in longer combustion duration. This was attributed to lower in-cylinder
gas temperatures introduced by increased specific heat capacity of the in-cylinder
charge (e.g. presence of COz in the recycled gases) and reduced oxygen availability
- dilution effect [192, 190]. Consequently, the peak in-cylinder pressure is also
decreased, especially at high engine load. And this can be a positive aspect to note,
since as described in 4.2, the excessive in-cylinder pressure rise rates caused by the

autoignition of the premixed charge can be mitigated with the application of eEGR.

The lower oxygen available in the in-cylinder charge results in lower relative air-fuel
ratio. This is evident in Figure 4.21 in which the ADF with 10% eEGR tends to present

lower A in both medium and high engine loads at constant CA50.

Nevertheless, unlike at constant diesel SOI, Figure 4.21 demonstrates comparable
Pmax and COVivep with and without 10% eEGR at constant CA50. For that, SOl was
retarded with 10% eEGR in order to increase the charge reactivity and phase the burn

rate closer to the combustion phasing of the 0% eEGR case.
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Figure 4.19. The effect of eEGR on in-cylinder pressure and HRR for constant diesel
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Figure 4.20. The effect of eEGR on in-cylinder pressure and HRR for constant diesel

injection at high engine load.
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Figure 4.21. The effect of eEGR on combustion parameters at medium and high
engine loads.
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4.4.3 Engine-out emissions and performance

The impact of the eEGR on combustion and indicated thermal efficiencies, EGT and
indicated equivalent specific fuel consumption are depicted in Figure 4.22. Exhaust
emissions in the form of net indicated specific values with and without the use of eEGR

are depicted in Figure 4.23.

As seen previously, the addition of eEGR generates a longer ignition delay, resulting
in a delay of the combustion process. This therefore allows the ADF combustion to run
with more retarded CAS50, achieving higher EGTs. The external EGR increased fuel
consumption slightly, likely due to the lower oxygen content in the in-cylinder charge,

leading the engine to inject more fuel to maintain the IMEP output.

The results highlight the CO and NOx emissions’ strong dependence on CA50
position. At a given combustion phasing, the introduction of EGR required relatively
shorter ignition delays via later diesel injection timings. Retarded SOls likely increased
local temperatures, improving the oxidation of CO emissions. In addition, a lower
relative air-fuel ratio achieved with EGR possibly helped minimise overly lean regions,
curbing CO and unburnt HC emissions. However, the increased local rich mixture
contributes to increased soot generation, potentially causing emissions to exceed the

emission standard limits.

On the other hand, lower A can help maintain the air-fuel ratio within a more optimal
range for complete combustion, resulting in a decrease of unburned hydrocarbons
(both NMHC and CH4) and thus enhancing combustion efficiency, as illustrated in
Figure 4.22. Conversely, more complete combustion resulted in an undesirable
increase in CO2 emissions, leading to an approximate 4% increase in GHG due to the

greater quantity of fuel burned.

This experiment shows that the combination of external EGR with the advanced dual-
fuel strategy can mitigate the excessive in-cylinder pressure of the ADF mode at high
engine load, and can potentially improve the total cost of ownership at medium and
high engine loads via reduction of the aqueous urea solution consumption in the SCR

system, but at the expense of higher GHG emissions.
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Figure 4.22. The effect of eEGR on engine performance at medium and high engine
loads.
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4.5 Overview of optimal dual-fuel engine operation

This section presents an overview of optimal engine operation tailored to various
performance and emissions targets. The analysis focuses on maximising the hydrogen
energy fraction achievable in the two dual-fuel modes studied, comparing combustion
strategies based on their GHG reduction potential, and providing a Well-to-Wheel
(WTW) analysis for different hythane fuel sources. Additionally, a performance matrix
is introduced to summarise the key findings and support the selection of the most

suitable strategy for specific objectives.

The investigation was conducted for CDF and ADF combustion modes at a constant
engine speed of 1200 rpm, under low, medium, and high engine loads of 0.6, 1.2, and

1.8 MPa IMEP, respectively. The diesel SOls were optimised for every data point.
4.5.1 Maximisation of hythane energy fraction

Figure 4.24 illustrates the maximum HEF achieved for each dual-fuel combustion
mode across the engine map. The red annotations represent ADF results, while the

blue annotations indicate CDF outcomes.

A clear contrast between the two combustion modes is evident. The ADF regime
achieves the highest HEF at low engine loads, reaching up to 87% diesel replacement
on an energy basis. However, this percentage decreases with increasing load,
reaching 83% at high engine load. This reduction is attributed to the limitations of early
diesel injection at higher loads, where the diesel quantity in the SOI_1 must be reduced

from 100% at low load to approximately 20% at high load, as discussed in Section 4.2.

Conversely, the CDF mode allows for greater diesel replacement at higher loads. At
low loads, the maximum HEF achieved was 78% with 20% eEGR, while at high loads,

the HEF increased to 87%, which is four percentage points higher than ADF.

As a result, the optimal strategy for maximising HEF is to utilise the ADF mode at low

and medium loads and CDF combustion at high engine loads.
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Figure 4.24. Comparison of dual-fuel strategies for HEF maximisation across low,
medium and high engine loads.

4.5.2 Maximisation of GHG reduction potential

Figure 4.25 shows the highest reduction of GHG emissions achieved for each dual-
fuel combustion mode across the engine map. The red annotations indicate ADF

results, whereas the blue annotations represent CDF outcomes.

Overall, the advanced dual-fuel strategy consistently achieved the highest GHG
reduction across all engine loads. It provided a maximum 25% reduction at low load
and 26% at medium and high loads, significantly outperforming the CDF mode. The

underlying reasons for these results were discussed in Section 4.2.

Notably, for both dual-fuel modes at all engine loads, the optimum HEF for maximum

GHG reduction does not correspond to the maximum HEF shown in Figure 4.24. This
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discrepancy arises because, although a higher HEF leads to greater CO2 reduction, it
also increases unburned CHs4 emissions, which negatively impacts overall GHG
performance. Therefore, the HEF values in Figure 4.25 represent the optimal balance

for lowering GHG emissions in diesel-hythane dual-fuel combustion.
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Figure 4.25. Comparison of dual-fuel strategies for maximum GHG emissions
reduction across low, medium and high engine loads.

4.5.3 Well-to-Wheel analysis

A Well-to-Wheel (WTW) analysis was conducted to evaluate the real impact of using
hythane fuel in advanced combustion modes on GHG emissions in the transportation
sector. This holistic approach combines Well-to-Tank (WTT) and Tank-to-Wheel
(TTW) data to estimate the total GHG emissions associated with both the production
and use of a given fuel [193, 194]. The WTT phase accounts for emissions generated
during the extraction or cultivation of raw materials, processing, transportation, and
delivery to the fuel tank, while TTW reflects the emissions during the actual engine
operation. GHG levels were quantified in grams of CO2 equivalent (COzeq) emissions

per MJ of fuel injected.
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The first part of the methodology was to obtain the TTW CO2eq, which consisted in
calculating the ratio of the estimated mass of CO2eq emissions to the total fuel energy

supplied to the engine as

ISCO,, Pina

TTW CO, = - - (4.5)
2eq Myjesel LHVdiesel + mhythane LHVhythane
The WTW CO2e¢q emissions were given by
WTW CO,,, = [WTTgese1(1 = HEF) + WTThyepane (HEF)| + TTW CO,, (4.6)

where WTTyqe; is the WTT CO2e¢q emissions for fossil diesel fuel of 18.9 g/MJ [195];
and WTThythane is the WTT COz2eq emissions for hythane, which varies with the fuel

production process and was obtained by Equation (4.7).

mhydrogen LHVhydrogen
WTThythane COZeq = [WTThyarogen *

mhythane LHVhythane
(4.7)

+ lWTT " mmethane LHVmethane
methane .

mhythane LHVhythane

WTW COz2¢q emissions from the dual-fuel operation were calculated for grey hythane
(WTThythane Of 21.9 g/MJ), representing the majority of the current production,
generated by the combination of grey hydrogen produced from steam methane
reforming (SMR) (WTTpyarogen Of 113.0 g/MJ [195]) and compressed methane filtered
from CNG coming from South West Asian locations with transport distance of 4000
km (WTTpetnane Of 15.1 g/MJ [195]); and green hythane (WTTytpqne Of 2.9 g/MJ),
generated from renewable sources, which was produced by the mixture of green
hydrogen generated by electrolysis using renewable energy from wind and solar
sources (WTThyarogen Of 9.5 9/MJ [195]) and synthetic compressed biomethane (CBM)
obtained from renewable electricity (WTTy,ethane Of 2.4 g/MJ [195]).

Figure 4.26 shows the real TTW COz2eq and WTW COz2eq emissions for both
conventional diesel combustion and dual-fuel operation. For the sake of clarity and
understanding the effect of hythane production pathways, only ADF was used in this
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evaluation, since it was the dual-fuel operation that demonstrated the highest GHG
emission reduction. The advanced premixed dual-fuel combustion with green hythane
provided the best results, cutting WTW COzeq emissions by up to 32.1 g/MJ in
comparison to a conventional diesel baseline operation, a 34% reduction. Likewise,
the use of grey hythane can still generate a decrease of roughly 17 g/MJ, resulting in

a reduction of up to 18%, when compared to CDC operation.

It can be stated with a degree of confidence that the proposed ADF combustion
strategy with hythane fuel can help combat climate change and achieve a more
sustainable energy source for the transportation sector, regardless of whether hythane

is derived from renewable or fossil sources.
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Figure 4.26. Theoretical TTW and WTW CO2eq emissions for CDC and ADF modes,
simulating different hythane production sources.
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4.5.4 Summary matrix of strategies for optimal engine efficiency and emissions

After conducting extensive experiments on hythane dual-fuel combustion and
implementing emissions control technologies, the matrix in Table 4.6 was developed
to illustrate the influence of different strategies on efficiency and emissions
optimisation. Red circles indicate a negative effect on the analysed parameters, while
other circles represent varying degrees of positive impact — with white indicating
no/negligible impact, and dark green, light green and yellow signifying high, moderate,

and low positive effects, respectively.

Table 4.6. Matrix representative of optimal strategy for efficiency and emissions.

Soramater | PTEMXEC ECR Diesel SO EGR
combustion | Higher Lower | Advancing Retarding | external internal
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No impact

Negative impact

@0000

Advancing SOl emerged as the most effective strategy for improving indicated thermal
efficiency, leading to lower CO2 emissions. Additionally, the premixed combustion

obtained by ADF mode, combined with a lower ECR, proved to be another efficient
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approach for increasing ITE and reducing CO2 emissions. Conversely, eEGR above

20% significantly compromised both CO2 emissions and efficiency.

Unburned methane emissions were primarily mitigated through premixed combustion
with lower ECR. Both internal and external EGR strategies also contributed to CH,
reduction by recirculating unburned fuel. Unlike other emissions metrics, retarding
diesel SOI was found to help reduce CH,, though it was less effective than premixed

combustion and EGR strategies.

NOx emissions were dramatically reduced through ADF-mode premixed combustion
and eEGR implementation, consistent with findings from previous studies. However,

lowering ECR slightly increased NOx emissions.

The iIEGR demonstrated to be an effective tool for significantly reducing CO and
NMHC, especially when combined with premixed combustion. eEGR also had the

potential to lower these emissions, though its effectiveness varied with engine load.

Lastly, soot emissions were minimised through premixed combustion, lower ECR, and
advanced diesel SOI timing during diesel injection optimisation. However, eEGR

negatively impacted soot emissions under certain conditions.

4.6 Summary

In this chapter, advanced engine control and fuel injection strategies were investigated
in order to reduce overall GHG emissions and improve the fuel conversion efficiency.
Experiments were performed at a constant engine speed of 1200 rpm, with loads
varying from 0.6 to 1.8 MPa IMEP, representing a sweep from low to high loads. A 1D
engine model was used to estimate the in-cylinder residual gas fraction and the mean
in-cylinder gas temperature in order to understand how internal EGR influences dual-
fuel combustion optimisation at low load. At medium and high engine loads, the

addition of external cooled EGR was evaluated.
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The main findings of the diesel-hythane dual-fuel operation with different diesel

injection strategies can be summarised as follow:

The maximum hythane percentage changes according to the diesel injection
strategy selected. Hence, the highest diesel replacement with hythane for full
combustion optimisation is 87% at low and high engine loads, and 85% at

medium load.

Dual-fuel combustion with a single diesel injection near TDC (CDF mode) has

a limited operating range due to high PRRs and low net indicated efficiency.

The use of an early single diesel injection strategy combined with Miller cycle
(lower ECR), also called as ADF, is an effective strategy for low load dual-fuel
operation. It ensured sufficient air-fuel mixing time while enabling linear
combustion phasing control. At higher loads, excessive PRRs and knock

tendency limit the early injection quantity, necessitating split diesel injection.

The ADF mode can significantly reduce CO2 emissions by up to 40% and GHG
emissions by 25%. Using green hythane in this combustion strategy could
achieve a global GHG emissions reduction of up to 34% over a WTW cycle.

Additionally, indicated thermal efficiency is optimised, particularly at low loads.

ADF combustion burns most of the fuel under lean premixed conditions, thanks
to early diesel injection, which lowers local combustion temperatures and
results in a significant NOx reduction. At low loads, ADF mode can achieve
ultra-low NOx emissions, potentially meeting regulatory standards without

requiring ATSs.

The key findings regarding dual-fuel operation with iEGR and eEGR were as follow:

Combining external EGR with ADF mode can mitigate excessive in-cylinder
pressure at high engine loads. This approach may also improve the total cost
of ownership at medium and high loads by reducing aqueous urea solution
consumption in the SCR system, though it comes at the cost of higher GHG

emissions.
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The iIEGR mode resulted in a hotter combustion process, leading to lower CO,
NMHC, and unburned methane emissions, as well as higher exhaust gas
temperatures. However, iEGR needed to be deactivated at higher loads to

prevent a drop in net indicated efficiency and increased knock risk.
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Chapter 5
Characterisation of diesel-hydrogen dual-

fuel combustion

5.1 Introduction

This chapter presents and discusses the performance and emissions of a diesel-
hydrogen dual-fuel combustion system across a range of engine loads. Unlike the
diesel-hythane dual-fuel study discussed in the previous chapter, this study focuses
on a single diesel injection strategy to optimise engine efficiency and minimise
emissions at each load condition. This approach was dictated by project timeline

constraints and safety concerns associated with premixed hydrogen combustion.

The study provides a detailed analysis of engine performance and engine-out
emissions, with particular emphasis on GHG emissions across two different
combustion modes based on effective compression ratio — conventional and advanced

— throughout a broad range of hydrogen energy fractions.

Moreover, further optimisation on the advanced mode focused on efficiency and
emissions at low, medium, and high engine loads were carried out using various
alternative emission control strategies. These included a wide relative air-fuel ratio
sweep, achieved by varying intake air pressure; the employment of eEGR; and the
addition water injection in the intake line to improve combustion stability and mitigate
emissions at high load. The potential benefits of these strategies were carefully

assessed to enhance fuel conversion efficiency while maintaining emission standards.

Finally, an overview on the optimal dual-fuel engine operation is provided, highlighting:
the highest achievable energy fraction for both dual-fuel combustion modes
(conventional and advanced), the strategy for greatest reduction in GHG emissions
across engine loads, a Well-to-Wheel assessment to evaluate the environmental
impact of this dual-fuel solution in both engine operation and fuel production pathways,

and finally a summary of the advanced mode optimisation for NOx mitigation.
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5.2 Evaluation of effective compression ratio

Experiments were conducted to demonstrate the effect of lower effective compression
ratio (ECR) by implementing the Miller cycle via LIVC events on the diesel-hydrogen

dual-fuel operations.
5.2.1 Experimental test procedure

The study was performed at a constant engine speed of 1200 rpom and three engine
loads — 0.6, 1.2 and 1.8 MPa IMEP, representing low, medium, and high loads,
respectively. The limits of the peak in-cylinder pressure and the maximum PRR were
set to 18 MPa and 2.0 MPa/CAD, respectively, while COVimer of 3% was used to
determine stable engine operation. Table 5.3 summarises the overall engine operating

conditions used for this study.

Table 5.1. Engine operating conditions for the ECR sweep.

Parameter Unit Lowload Mediumload High load
IMEP MPa 0.6 1.2 1.8
Engine speed rpm 1200 1200 1200
Hydrogen energy fraction target % 30 20 20
ECR - 16.8, 14.8 16.8, 14.8 16.8, 14.8
Intake air temperature °C 40 42 43
Intake air pressure kPa 125 190 260
Exhaust pressure kPa 135 200 270
eEGR % 0 0 0
iIEGR % 0 0 0
Diesel injection pressure MPa 100 130 160
Hydrogen injection pressure MPa 0.8 0.8 0.8

Similar to Section 4.2.1, The intake and exhaust air pressure set-points from Euro V
compliant multi-cylinder HD diesel engine were used in order to provide a sensible
starting point, since an external boosting system was used in place of a turbocharger.
The exhaust pressures were adjusted to maintain a constant 10 kPa pressure
difference over intake pressure, simulating pumping losses typically associated with a

turbocharger. Intake air temperatures were maintained constant at 40°C, 42°C and
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43°C for low, medium and high loads, respectively, using an air-to-water cooler and

intake air heater. To simplify the experimental investigation, eEGR was not used.

Unlike the previous chapter, where multiple diesel injection strategies were explored,
only one diesel injection strategy was used across all combustion modes in this
section, due to safety and time constrain reasons. The details of this strategy are
provided in Table 5.2. All combustion modes — conventional diesel combustion (CDC),
conventional dual-fuel combustion (CDF), and advanced dual-fuel combustion (ADF)

— were categorised as non-premixed combustion due to a late split injection near TDC.

Table 5.2. Diesel injection strategy employed for conventional diesel and both dual-

fuel combustions.

Mode Type ECR Low load Medium load High load
Non-
CbC premixed 16.8
combustion

Late split (pilot and main injection): 1/99

Non-
combustion SOl 1@ -15 SOl_1@-9 SOl 1@ -9
CAD ATDC CAD ATDC CAD ATDC
SOl 2@ -8 SOl 2@ -2 SOl 2@ -2
Non-
AD ATD AD ATD AD ATD
ADF premixed 14.8 C C C C C C
combustion

The diesel injection strategy consisted of a first (pilot) injection (SOI_1) and a second
(main) injection (SOI_2). The pilot injection accounted for 1% of the total diesel
injected in CDC and CDF modes, respectively, and was set 1ms (7.2 CAD at 1200
rpom) before SOI_2. This split injection approach was implemented to reduce PRRs
and is a common practice in commercial diesel engines [166]. The SOI_2 for both
dual-fuel modes was selected following an injection timing optimisation process, with
the primary goal of achieving the highest ITE. This optimisation ensured the timing

was set to improve engine efficiency while maintaining combustion stability.
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For ADF mode, the LIVC strategy was applied to adjust the in-cylinder pressure and
charge reactivity, aiming to increase combustion efficiency and reduce peak in-
cylinder pressure. The ECR was reduced to 14.8, representing the latest LIVC setting
that could be used without compromising combustion stability. In contrast, CDC and
CDF modes operated at a baseline ECR of 16.8.

It is important to note that, in this experiment, the hydrogen energy fraction (H2EF)
was constrained by the maximum percentage achieved in the CDF and maintained at
the same level in the ADF to ensure a fair and consistent comparison between dual-

fuel modes.

5.2.2 Overview of the dual-fuel operation and combustion characteristics

Figure 5.1, Figure 5.2, and Figure 5.3 compare the measured in-cylinder average
pressure and heat release rate at constant diesel SOl for CDC, CDF, and ADF modes
at low, medium, and high engine loads, respectively. Figure 5.4 presents combustion
characteristics, including ignition delay (CA10-SOI_2), CA10, CA50, combustion
duration, and additional combustion stability metrics as a function of engine load, also

at constant diesel SOI.

In Figure 5.1, Figure 5.2, and Figure 5.3, an initial heat release peak is observed while
the in-cylinder pressure is still increasing, which aligns with the findings from [166].
This pattern is consistent across all engine loads and can be attributed to the
autoignition of the hydrogen-premixed charge triggered by the diesel pilot injection
(SOIL_1). The resulting heat release occurs around the diesel jet flame, which entrains
the surrounding air-hydrogen mixture, leading to localised hydrogen combustion.
While hydrogen burns alongside diesel, only the portion near the diesel jet flame
ignites initially. This ignition front then propagates through the hydrogen-air mixture.
As this flame propagation progresses, the SOI_2 is introduced into the burnt gases of

diesel fuel and hydrogen, further influencing the combustion process.

The influence of hydrogen addition on peak in-cylinder pressure is highly dependent
on the selected effective compression ratio. Although the diesel replacement
percentage achieved in this experiment was relatively low, in CDF mode — where the
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ECR remains the same as in CDC - the addition of hydrogen consistently increased
peak in-cylinder pressure across all engine load conditions, also leading to higher peak
HRR. Specifically, CDF mode increased peak in-cylinder pressure by 1-3% across the
engine loads analysed; nonetheless, this increase would likely have been more
pronounced in case higher H2EF percentages had been reached. This enhancement
can be attributed to the unique properties of hydrogen, including its high flame
temperature, rapid burn propagation, and superior diffusion rate, all of which contribute
to faster and more intense combustion. This effect is particularly evident in the more
advanced combustion phasing than CDC, especially at medium and high engine

loads.

However, this also introduced a significant drawback in CDF mode: poor combustion
stability, as indicated by the elevated COVimer values in Figure 5.4. At low engine load,
COVivep reached approximately 8% when achieving 32% H2EF, while at medium and
high loads, it remained consistently above 3% for H2EF levels exceeding 20%. This
instability severely limited the potential for higher diesel replacement through

increased hydrogen addition.

Conversely, in ADF mode, where a lower ECR was applied via the Miller cycle strategy
using LIVC approach, a different trend was observed. The lower ECR delayed
hydrogen autoignition and slowed reaction rates at equivalent H2EF levels across all
engine loads. This was particularly noticeable in the CA50 trends shown in Figure 5.4,
which indicates a retardation in combustion phasing compared to CDF, particularly at
medium and high loads. This effect primarily stemmed from the reduced in-cylinder
pressure during the compression stroke, as depicted in Figure 5.1, Figure 5.2, and
Figure 5.3. Additionally, the lower ECR led to a slight extension in diesel injection
duration, suggesting a drop in indicated thermal efficiency. This was likely due to richer
dual-fuel mixtures (lower A) and increased heat transfer losses [196] associated with

the Miller cycle strategy at constant boost pressure.

Another advantage of the Miller cycle observed during the tests — though not reflected
in the data shown in the figures — is its potential to optimise the combustion process

further. In particular, the Miller cycle strategy enabled the use of more advanced diesel
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SOIl, which can improve overall engine efficiency by ensuring better combustion

phasing and reduced fuel consumption.

The impact of the Miller cycle on combustion characteristics is further reflected in the
peak pressure trends shown in Figure 5.4. At all engine loads, ADF mode exhibited
lower peak compression pressures for a given H2EF compared to CDF, with peak in-
cylinder pressure reduced by 10-15%. This reduction in peak in-cylinder pressure and
temperature influenced the air-fuel ratio, increased the combustion duration, and

consequently improved combustion stability, as indicated by lower COV imep values.

Thus, considering combustion stability, the CDF mode with a higher ECR, while
producing higher peak in-cylinder pressures, was limited to a maximum H2EF of 32%
at low load and 20% at higher engine loads. In contrast, the ADF combustion, with
lower ECR, demonstrated the potential for considerably higher hydrogen energy
fractions when compared to CDF, regardless of the engine load. This will therefore be
explored in more detail in Section 5.3. These conclusions are consistent with findings

from previous studies [153, 137].
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Figure 5.4. The effect of ECR on combustion characteristics and stability.

5.2.3 Engine performance

The effect of ECR on combustion and indicated thermal efficiencies, EGT and
indicated equivalent specific fuel consumption are depicted in Figure 5.5, while Figure

5.6 presents the hydrogen slip in the crankcase and exhaust line.

It can be seen from Figure 5.5 that EGT increased linearly with the increase in engine
load, regardless of the combustion mode. Moreover, both dual-fuel modes depicted
higher EGT than CDC, which can be explained in part by the presence of hydrogen,
which has higher flame temperature than diesel fuel [170, 197]. Additionally, this
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increase in EGT can also be related to a decrease in the relative air-fuel ratio due to

the lower ECR resulting from the application of LIVC.

Further analysis in Figure 5.5 reveals that to achieve the same indicated output power
as CDC, both dual-fuel modes required higher ISFCeq. This indicates that dual-fuel
modes generally exhibit poorer fuel conversion efficiency compared to CDC, leading
to more incomplete combustion and lower indicated thermal efficiency. Despite
hydrogen fuel's higher energy content per mass unit, its low density in gaseous form

requires a greater overall energy input to match the engine conditions of CDC.

On the other hand, when comparing the dual-fuel modes, the mode with the higher
ECR (CDF) provided better overall engine performance in most of the conditions
analysed. In particular, although CDF exhibited lower ITE at low engine load (a 3%
decrease relative to CDC) due to substantially higher unburned hydrogen in the
exhaust (as shown in Figure 5.6) — resulting in poorer fuel conversion efficiency — its
ITE reduction was 3% at medium and higher loads, when compared to CDC. This was
still better than ADF with lower ECR, where the reduction in thermal efficiency was
approximately 10% at medium load and 4% at high load, relative to CDC. This
difference is mainly due to higher in-cylinder pressures in CDF, which aligns with

findings from the literature review.
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Figure 5.5. The effect of ECR on engine performance.
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Figure 5.6. The effect of ECR on hydrogen slip in the exhaust line.

Overall, dual-fuel combustion with a higher ECR resulted in a smaller loss of thermal
efficiency at medium and high loads. However, the lower ECR provided better fuel
conversion efficiency (higher combustion efficiency) across all engine loads, which

resulted in considerably lower hydrogen slip.

5.2.4 Engine-out emissions

The effect of ECR on exhaust emissions for the different combustion modes are
depicted in Figure 5.7 in the form of net indicated specific values. It is important to note
that, unlike diesel-hythane dual-fuel operation, this chapter will focus on total unburned
hydrocarbons (THC) rather than separate NMHC and CH4 emissions, since methane
emissions are negligible in diesel-hydrogen dual-fuel combustion. On the other hand,
nitrous oxides (N20) will be presented and discussed on every experimental study

presented across this chapter.

The expected CO2 reduction achieved by both dual-fuel strategies is evident in Figure
5.7 across all engine load conditions. However, the dual-fuel mode with a higher ECR
exhibited a greater reduction, achieving a 21% decrease at low load and 15% at higher
loads. While ADF also attained a 21% CO: reduction at low load, its reduction was
limited to 6% at medium load and 11% at high load. This discrepancy may be attributed
to ADF’s higher combustion efficiency, especially at medium and high loads, where it
exceeded 95% (Figure 5.5). This higher combustion efficiency resulted in more fuel
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being burned, which led to more complete oxidation of carbon to COz, thus increasing

the overall CO, emissions despite improved fuel conversion efficiency.

Other carbon emissions also showed an overall reduction across different engine
loads with the employment of both dual-fuel combustion modes. Although dual-fuel
operation generally resulted in more incomplete combustion — and therefore more
unburned fuel — the total unburned hydrocarbons were consistently reduced across all
load conditions. This is due to the replacement of diesel with a zero-carbon fuel,
leading to a decrease in the total carbon content of the fuel mixture. Notably, ADF
provided the greatest reduction in unburned hydrocarbons, ranging from 16% to 23%,

while CDF achieved reductions between 7% and 21%.

NOx emissions increased by 2—-8% in dual-fuel operation with a higher ECR, likely due
to the rise in peak in-cylinder pressure and temperature caused by hydrogen’s
chemical properties, which favour NOx formation. In contrast, the lower ECR mitigated
NOx emissions by 16—21% relative to CDC, primarily due to the reduced in-cylinder
pressure and lower gas temperature at the end of the compression stroke [91].

However, at higher H2EF percentages in ADF mode, NOx emissions may increase.

CO and soot emissions were notably reduced, particularly at low engine loads, for both
dual-fuel combustion modes. That reduction reached up to 47% for CO and 60% for
soot emissions. This can be attributed to the lower diesel injection, which reduces
carbon content and promotes a more homogeneous mixture. Regarding N20
emissions, no consistent trend was observed across engine loads to establish a clear

conclusion, at least at this specific H2EF percentage.

That being said, dual-fuel combustion reduced CO, emissions across all loads, with
higher ECR achieving the greatest reduction — up to 21% at low load and 15% at
higher loads. Although ADF was slightly less effective in CO, reduction, it improved
combustion efficiency, which in turn led to a greater reduction in unburned
hydrocarbons. Both combustion modes also resulted in significant reductions in
carbon monoxide and soot emissions, particularly at low engine load. On a final note,
while NOx emissions increased by 2—8% with higher ECR, ADF mitigated this increase
by up to 21%.
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5.3 The exploration of hydrogen energy fraction

Experiments were conducted to demonstrate the effect of increasing hydrogen energy
fraction for different engine loads. In this section, only advanced dual-fuel combustion
is explored, since Section 5.2 demonstrated that CDF has limited operation range for

good stability.
5.3.1 Experimental test procedure

The experimental setup and test methodology for this section were identical to those
described in Section 5.2, including engine speed, load conditions, and combustion
strategies. However, this study focused solely on advanced ADF, as Section 5.2

demonstrated the operational limitations of CDF.

Unlike Section 5.2, where a fixed H2EF was used, this section explores the effect of
increasing H2EF in ADF mode across different engine loads. The H2EF was
systematically swept, reaching a maximum of 70% at low and medium loads and 36%
at high load. These upper limits were constrained by combustion stability criteria,
ensuring safe and reliable operation. Specifically, the peak in-cylinder pressure and
maximum PRR were limited to 18 MPa and 2.0 MPa/CAD, respectively, while a
COVivep threshold of 3% was used to determine stable engine operation. Table 5.3

summarises the engine operating conditions used in this analysis.

Table 5.3. Engine operating conditions for the energy fraction sweep.

Parameter Unit Low load Medium load  High load

IMEP MPa 0.6 1.2 1.8
Engine speed rpm 1200 1200 1200
H2EF % 0-70 0-70 0-36
ECR - 14.8 14.8 14.8
Intake air temperature °C 40 42 43
Intake air pressure kPa 125 190 260
Exhaust pressure kPa 135 200 270
eEGR % 0 0 0
Diesel injection pressure MPa 100 130 160

Hydrogen injection pressure MPa 0.8 0.8 0.8
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The intake and exhaust conditions were controlled as described in Section 5.2, with
exhaust pressures adjusted to maintain a 10 kPa difference to the intake pressure.
The same late split-injection strategy was used for diesel fuel delivery. The reduced
ECR (14.8) remained unchanged from Section 5.2 to enhance combustion stability

and efficiency in ADF mode.

By allowing higher H2EF values in ADF while adhering to combustion stability
constraints, this study aims to investigate the impact of hydrogen enrichment on

combustion performance, efficiency, and emissions at different loads.

5.3.2 Overview of the dual-fuel operation and combustion characteristics

Figure 5.8, Figure 5.9, and Figure 5.10 compare the measured in-cylinder average
pressure and heat release rate at constant diesel SOl for CDC and the highest H2EF
achieved in the advanced dual-fuel mode at low, medium, and high engine loads,
respectively. Figure 5.11 presents combustion characteristics, including ignition delay,
CA10, CA50, combustion duration, and additional combustion stability metrics as a

function of hydrogen energy fraction, also at constant diesel SOI.

The increase in hydrogen energy fraction leads to slightly lower peak in-cylinder
pressure and heat released at low engine loads, as engine performance in this
operating condition depends largely on the quantity of diesel fuel supplied [138]. The
premixed hydrogen-air ratio (®) is relatively lower at low engine load, as can be seen
in Figure 5.11, which results in significantly slower burning and thus contributes to the
lower peak in-cylinder pressure. As a result, the ignition delay increases considerably
with the addition of hydrogen when compared to CDC, as shown in Figure 5.11. This
delay can also result in a significant portion of the fuel not burning completely.
Additionally, another potential explanation for the lower peak in-cylinder pressure is

the use of lower ECR, as discussed in Section 5.2.

In contrast, at medium and high engine loads, these trends differ significantly from
those observed at lower loads. The high burning velocity of hydrogen facilitates the

rapid and complete oxidation of the air-fuel mixture, which considerably advances
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combustion phasing, enhancing in-cylinder pressure. This aligns with findings from the
literature [141, 137].

At higher engine loads, the addition of a relatively large amount of hydrogen notably
reduces combustion duration (Figure 5.11) and increases the peak HRR, particularly
during the middle phase of diffusion combustion. As seen in Figure 5.9 and Figure
5.10, the high peak HRR results from combined effect of rapid turbulent combustion

of hydrogen and the diffusion combustion of diesel at overall rich conditions.

From Figure 5.11, it is also visible a linear increase in the PRR was observed across
all engine loads as the H2EF increased, revealing that combustion became

progressively stronger with higher hydrogen fractions.

Thus, considering combustion stability, the highest achievable H2EF was 70% at low
and medium loads, and 36% at high load. In all cases, further increases were
prevented by rising peak in-cylinder pressure and PRR, which could not be recorded
due to safety and mechanical durability constraints. The lower threshold at high load

reflects a reduced margin before reaching these constraints.
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5.3.3 Engine performance

The effect of hydrogen energy fraction on combustion and indicated thermal
efficiencies, EGT and indicated equivalent specific fuel consumption are depicted in
Figure 5.13, while Figure 5.12 presents the hydrogen slip in the crankcase and

exhaust line.

As concluded in Section 5.2.3, the use of ADF (lower ECR) with hydrogen consistently
resulted in higher EGT compared to CDC. However, in this section, it is observed that
while hydrogen addition increases EGT across all engine loads, the sensitivity of EGT
to changes in H2EF is relatively low. In other words, while ADF mode leads to an
increase in EGT, further increases in the H2EF percentage do not lead to a significant

or proportionate rise in EGT.

Combustion efficiency, especially at low engine condition, decreased considerably
with the increase in H2EF compared to CDC. This is primarily explained by the high
amount of unburned hydrogen measured in the exhaust, as shown in Figure 5.12.
Hydrogen slip was more predominant at low engine load likely due to the lower
premixed hydrogen-air fuel ratio observed in Figure 5.11, which limited the oxidation

of the fuel mixture.

However, hydrogen slip tended to decrease substantially for energy fraction above
40%. A possible explanation for this is the shorter combustion duration observed at
H2EF above this range, as depicted in Figure 5.11, which may have improved the burn

conditions of the in-cylinder mixture.

On the other hand, per Arrhenius equation [198], fuel oxidation rate is directly
proportional to combustion temperature. This reaction rate increases exponentially
with increasing in-cylinder temperature and pressure during combustion. As
thermodynamics conditions improve with increasing hydrogen energy fraction,
reaction rate increases exponentially resulting to significant improvement in

combustion efficiency at higher H2EF.

It is important to note that, as presented in Equation (3.48) from Chapter 3, only

unburned hydrogen measured in the exhaust was considered in the combustion
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efficiency calculation, as it is the only unburned fuel effectively lost from the
combustion process. The hydrogen slip detected in the crankcase was not measured
for efficiency purposes, but rather for safety reasons. However, this measurement still

provides a linear indication that hydrogen slip increases as the H2EF is raised.

The addition of hydrogen resulted in an overall decrease in thermal efficiency. More
specifically, the highest H2EF led to a 5% reduction in ITE at low and medium engine
loads, and a 4% reduction at high loads, with absolute values ranging between 42.4%
and 44.4%. The low load results are consistent with the literature presented in Chapter
2, and can be attributed to a lower charge temperature at the end of the compression
process, the low flame velocity of the lean gaseous fuel-air mixture, and the sufficient
time available for heat transfer to the cylinder walls. Nonetheless, both medium and
high engine loads also showed a decrease in ITE with the addition of hydrogen, which
in not aligned with other studies [197, 199]. Potential explanations for this discrepancy
could include the lower ECR strategy in the ADF mode, which decreases the
volumetric efficiency, as well as the lower energy density associated with hydrogen

fuel.
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Figure 5.13. The effect of H2EF on engine performance.

Overall, hydrogen addition reduced thermal efficiency compared to CDC, with the
highest H2EF causing a 5% drop at low and medium loads and 4% at high loads.
However, combustion efficiency improved above 40% HZ2EF due to shorter
combustion duration. While ADF mode consistently increased EGT, further H2EF

increases had little impact on exhaust temperature.
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5.3.4 Engine-out emissions

Exhaust emissions in the form of net indicated specific values for ADF mode adding

hydrogen at different engine load conditions are depicted in Figure 5.14.

As expected, a gradual reduction in CO2 emissions was observed as the H2EF
increased. At low and medium engine loads, a 70% diesel replacement enabled a cut
in CO2 emissions by 363.2 g/kWh and 330.4 g/kWh, respectively, representing a
reduction of approximately 56-57%. However, due to the limitation of hydrogen energy
fraction of 36% at high load operation, the CO2 reduction was less pronounced,
reaching a total cut of 168.8 g/kWh, which corresponds to a 28% decrease compared
to CDC.

Similarly, other carbon emissions, such as CO and THC, also demonstrated significant
reductions, particularly at low and medium loads, where the diesel replacement was
higher. At these engine loads, a 70% H2EF resulted in reductions of 80% and 59% in
CO emissions, with absolute values ranging from 0.09-0.13 g/kWh, and reduction of
47% and 31% in THC emissions, with absolute values comprises between 0.08-0.16
g/kWh. In contrast, high load conditions showed low sensitivity to changes in CO and

HC emissions, primarily due to the limited diesel replacement percentage.

Although NOx emissions initially drop with the addition of up to 10% H2EF, they
progressively increase as the hydrogen content rises further, regardless of the engine
load. This initial decrease can be attributed to the reduction in peak in-cylinder
pressure observed between 10% and 20% H2EF, as shown in Figure 5.11. However,
as the hydrogen fraction increases, the combustion characteristics of hydrogen — such
as its high flame speed and shorter combustion duration — become more pronounced.
These characteristics lead to higher in-cylinder temperatures and pressures, creating
ideal conditions for NOx formation. At low and medium engine loads, a 70% H2EF
resulted in a 1.6-1.7 g/kWh increase in NOx emissions, representing a 16% rise. A
similar trend was observed at 75% engine load: while NOx emissions at 36% H2EF
were comparable to the CDC, higher H2EF percentages would have led to significantly
higher NOx emissions. As a result, NOx emissions ranged between 11.1-13.1 g/kWh
across the different operating conditions.
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Figure 5.14. The effect of H2EF on engine-out emissions.

Another benefit of the diesel-hydrogen dual-fuel operation is the overall reduction in

soot emissions, regardless of engine load conditions. Soot levels were observed to
decrease by 65%, 51%, and 68% at low, medium, and high loads, respectively, with

absolute values ranging between 1.1-4.6 mg/kWh. This reduction can be attributed to

the decrease in diesel fuel usage, which lowers the carbon-to-hydrogen ratio.

Additionally, hydrogen’s low density and high diffusivity, combined with its injection

into the intake, create ideal conditions and provide sufficient time for a well-premixed

charge to form before combustion.
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Finally, N2O emissions showed a clear reduction trend with the addition of hydrogen
at all engine loads analysed, reaching 6 mg/kWh representing a 75% reduction at both
low and medium loads. Nonetheless, at high engine load, the reduction was lower,

only 30%, reaching approximately 16 mg/kWh.

This decrease can likely be attributed to the decrease in the relative air-fuel ratio
observed in Figure 5.11, as N20 tends to be lower for richer mixtures [145].
Additionally, this trend can be linked to the formation of NOXx, since the oxidation of
N,O is inversely proportional to NOx oxidation. In other words, as NOx levels increase,

the oxidation of N20 decreases, contributing to the observed reduction in N20 levels.

In summary, the maximum hydrogen energy fraction in ADF mode reduced CO2
emissions by up to 56% at low and medium loads, surpassing the 45% reduction target
set for 2030 in the updated EU COz2 regulation, allowing this solution to operate until
end of 2034. However, at high engine loads, the CO2 reduction was limited to 28%,
falling short of the 2030 target, indicating the need for further improvement. It also
lowered THC, CO, N20, and soot emissions, with the latter three meeting the new
Euro 7 emission standards. However, NOx emissions increased with higher hydrogen
fractions due to higher in-cylinder temperatures, which remains the main challenge of
this solution. Overall, diesel-hydrogen dual-fuel operation offers significant reductions

in carbon-based pollutants, highlighting its short-term potential.

5.3.5 GHG emissions estimation

Hydrogen is considered a zero-carbon fuel for ICEs, since it contains no carbon in its
chemical composition. As discussed previously, hydrogen can significantly reduce
CO2 emissions, with the reduction directly dependent on the hydrogen energy fraction
added to the combustion process. Nevertheless, although hydrogen is not a GHG
itself, some research [177, 178, 179] consider that hydrogen leakage may influence
the atmospheric concentrations of other GHGs, such as methane and ozone. In
particular, higher hydrogen emissions lead to a longer lifetime and higher abundance
of methane. As a result, hydrogen may be assigned a GWP to account for these

indirect effects. However, there is currently no clear consensus on the appropriate
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GWP value: some studies suggest a value around 3-5 times [178, 179] that of CO2
over a 100-year lifetime, whereas a policy paper published in the United Kingdom
Government official online platform [177] shows an estimation around 11 times that of
COz2 over a 100-year lifetime. In light of this uncertainty regarding hydrogen’s GWP,
this thesis considered a hydrogen GWP equal to 11.

On the other hand, it is important to note that hydrogen combustion also generates
N20 emissions. Furthermore, N20 is recognised have high GWP of 273 that of CO2
over a 100-year lifetime [28]. Hence, a small amount of nitrous oxides emission could

offset the benefits of reduced CO: in the diesel-hydrogen DF engine.

Therefore, it is essential to estimate the total CO2-equivalent (CO2eq) of both GHGs
investigated. In order to find a single value of COz2eq, the level of emissions of a GHG

have to be multiplied by its GWP and combine all GHG together, as shown below.

ISCO,,, = ISCO, * 1+ ISH, * 11 + ISN,0 * 273 (5.1)

Figure 5.15 depicts the comparison of GHG emissions between CDC and ADF at low,
medium, and high engine loads, expressed in grams of CO2eq per kWh of power

generated.

The addition of hydrogen results in a substantial GHG reduction of 55-57% at low and
medium engine load operation when compared to the conventional diesel baseline.
That reduction is less effective at high load, with a GHG emission reduction of 28%,
limited by the restriction on diesel replacement, as discussed earlier. This indicates
remaining potential for further GHG mitigation under the ADF regime, particularly

through enhanced combustion stability at higher engine loads.

It is also worth noting that Hz2 and N20 emissions were found to have a marginal
influence on the total GHG estimation, contributing less than 1% of the overall GHG —
ranging from 1.5 to 4.5 g/kWh when converted to COz2eq. Furthermore, N20 levels were
observed to decrease with increasing H2EF, generating thus less N20O than CDC, as
seen earlier. Hence, the impact of N20 on the GHG remains negligible in the context

of this analysis.
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Figure 5.15. The effect of H2EF on combined GHG emissions.

As a result of this section, one key conclusion is that reducing GHG emissions is highly
dependent on the control and stability of the combustion process. Effectively managing
combustion allows for an increase in hydrogen fraction, which can reduce CO:

emissions, while the impact of N2O remains relatively low.
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5.4 The effect of relative air-fuel ratio

Building on the challenges identified in Section 5.3, namely the need for more effective
NOx control at high H2EF and the challenge of increasing the H2EF percentage at
high engine loads, further optimisation was conducted. This includes experiments
designed to explore the impact of increasing the relative air-fuel ratio across different
engine loads. This section focuses exclusively on advanced dual-fuel combustion with

the maximum H2EF obtained in Section 5.3.

5.4.1 Experimental test procedure

The experimental setup for this section were identical to those described in Section
5.2, including engine speed, load conditions, and combustion strategies. However, this
study specifically focused on ADF with highest H2EF percentage, which was set to

70% at low and medium loads, and 36% at high load condition.

Relative air-fuel ratios were increased by gradually raising intake air pressures from
the baseline values used in previous sections, which were 125, 190, and 260 kPa for
low, medium, and high engine loads, respectively. Exhaust pressures were adjusted
to maintain a 10 kPa difference to the intake pressure. The same late split-injection
strategy was used for diesel fuel delivery. The reduced ECR of 14.8 remained

unchanged to enhance combustion stability and efficiency in ADF mode.

Combustion stability criteria followed the same parameters as in previous sections:
peak in-cylinder pressure and maximum PRR were limited to 18 MPa and 2.0
MPa/CAD, respectively, while a COVivep threshold of 3% was used to determine
stable engine operation. Table 5.4 summarises the engine operating conditions used

in this analysis.

By allowing higher relative air-fuel ratios in ADF mode, while maintaining to
combustion stability constraints, this study seeks to mitigate NOx emissions and

improve the diesel replacement percentage at high engine loads.



142

Table 5.4. Engine operating conditions for the relative air-fuel ratio sweep.

Parameter Unit Low load Medium load  High load
IMEP MPa 0.6 1.2 1.8
Engine speed rpm 1200 1200 1200
H2EF % 70 70 36
ECR - 14.8 14.8 14.8
Intake air temperature °C 40 42 43
Intake air pressure kPa 125 — 145 190 — 290 260 — 290
Exhaust pressure kPa 135 - 155 200 - 300 270 - 300
eEGR % 0 0 0
iIEGR % 0 0 0
Diesel injection pressure MPa 100 130 160
Hydrogen injection pressure MPa 0.8 0.8 0.8

5.4.2 Overview of the dual-fuel operation and combustion characteristics

Figure 5.16, Figure 5.17, and Figure 5.18 compare the measured in-cylinder pressure
and heat release rate at constant diesel SOI for different relative air-fuel ratios in the
advanced dual-fuel mode across low, medium, and high engine loads, respectively.
Figure 5.19 presents combustion characteristics, including ignition delay, CA10,
CA50, combustion duration, and additional combustion stability metrics as a function

of relative air-fuel ratio, also at constant diesel SOI.

Increasing the relative air-fuel ratio by boosting the intake pressure leads to a greater
mass of the air-fuel mixture within the cylinder. This results in higher initial in-cylinder
pressure and temperature, particularly near TDC, as well as an increase in peak in-

cylinder pressure, as observed in Figure 5.16, Figure 5.17, and Figure 5.18.

In contrast, HRR shows an opposite trend — higher A values result in lower and delayed
peak HRR, especially at medium and high loads. This is attributed to the reduced
reactivity of the mixture at higher A, which delays ignition despite the increased initial
in-cylinder pressure and slows down the combustion process. This effect is reflected

in the retarded CA50 and longer combustion duration shown in Figure 5.19.
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The slower combustion also leads to a lower maximum PRR, which could potentially
provide a margin for an increase in H2EF at high engine load. This can be seen in
Figure 5.19, and is further evidenced by the less steep slope of the pressure trace just

before peak pressure, consistently observed across all loads.

It is important to mention that at medium and high loads, the relative air-fuel ratio could
not be increased further due to the limitation imposed by the maximum pressure

capability of the boosting system used in this experiment.

Overall, increasing A by boosting intake pressure raises in-cylinder pressure and
temperature. However, higher A values lead to lower PRR, resulting in delayed and
lower peak HRR, especially at higher loads. This could potentially provide a margin
for higher H2EF. Additionally, at medium and high loads, A could not be further

increased due to the limitations of the boosting system's maximum pressure capability
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Figure 5.16. The effect of relative air-fuel ratio on in-cylinder pressure and HRR for
constant diesel injection at low engine load.
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Figure 5.19. The effect of relative air-fuel ratio on combustion characteristics and
stability.

5.4.3 Engine-out emissions and performance

The effect of relative air-fuel ratio on combustion and indicated thermal efficiencies,

EGT and indicated equivalent specific fuel consumption are depicted in Figure 5.20.
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Exhaust emissions in the form of net indicated specific values for ADF mode with

increased A values at different engine load conditions are depicted in Figure 5.21.

The decrease in EGTs with an increase in relative air-fuel ratio can be attributed to
several factors. As A increases, the mixture becomes leaner, leading to a reduced
adiabatic flame temperature because the excess air dilutes the combustion process,
absorbing heat without contributing to the chemical reaction. Additionally, the lower
PRR, resulting from reduced mixture reactivity, causes a decrease in peak HRR,

further reducing combustion intensity.

These factors collectively contribute to the observed decrease in EGTs. Specifically,
at low and high loads, EGTs decreased by approximately 11%, while at medium load,
the decrease was more pronounced at 27%. As a result, at low load, EGTs reduced
to 352°C, still remaining within the range that supports high SCR conversion efficiency
[65, 103].

The increase in relative air-fuel ratio also leads to a considerable decrease in
combustion efficiency, particularly at A above 2, as can be seen in Figure 5.20. With
higher A, the leaner mixture reduces the available fuel for combustion, causing the
remaining air to have a less optimal ratio for complete combustion. Consequently,
there is a slight increase in unburned hydrocarbons across all loads, and a significant
rise in hydrogen slip observed in Figure 5.21 — particularly at low and medium engine
loads, where A values exceeded 2. At high engine load, however, this A region was not

reached, and hydrogen slip remained considerably lower.

ITE exhibited varying trends with an increase in relative air-fuel ratio (A), dependent
on the engine load. At low load, ITE showed a 1% increase within the A range of 2.23—
2.70. In contrast, at medium load, ITE consistently decreased as A increased from 1.58
to 2.92, resulting in a 2% reduction. At high load, ITE notably increased by 3.4% within
the A range of 1.35-1.64.
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Figure 5.20. The effect of relative air-fuel ratio on engine performance.
These differing trends suggest that the effect of A on ITE is not only nonlinear, primarily

due to increased combustion duration at low and medium loads when A exceeds 2,

while at high load, where A remains well below 2, combustion becomes shorter with
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increasing A. This indicates the need for load-specific optimisation rather than applying

a fixed A target across all operating conditions.

The increase in relative air-fuel ratio demonstrated low sensitivity on most emissions.
However, there were notable exceptions — particularly unburned hydrogen and

unburned hydrocarbons, as discussed earlier, as well as NOx emissions.

NOx emission generally reduced at low and medium loads with increasing A, with
reductions in the range of 15-17%. This is attributed to the leaner mixture lowering
combustion temperature, which limits thermal NOx formation. In contrast, at high load,
increasing A from the baseline (A = 1.35) to A = 1.65 led to a 10% increase in NOXx

emissions. This unexpected behaviour can be explained by two factors:

e The increase in in-cylinder pressure and temperature due to higher intake
charge mass and shorter combustion duration at higher A promotes NOXx

formation, even under leaner conditions.

e The overall mixture remained within the high-sensitivity region for NOx
formation. When A is below 2, NOx emissions appear to be less sensitive to
further increases in A. Thus, moving from 1.35 to 1.65 does not substantially
reduce NOx and may in fact enhance it due to the elevated combustion

temperature.

These effects help explain why increased A reduces NOx at lower loads but increases
it at higher loads. Generally, high engine load demonstrated different trends in
emissions, which is associated at the different A operational range, as already

explained.

Similarly to the ITE trends, CO2 emissions did not exhibit a consistent pattern across
the evaluated engine loads. A slight reduction of 1% was observed at low and high
loads, while medium load showed a gradual increase.
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Figure 5.21. The effect of relative air-fuel ratio on engine-out emissions.

Overall, increasing the relative air-fuel ratio revealed load-dependent effects on
efficiency and emissions. ITE improved slightly at low and high loads but decreased
at medium load, highlighting the need for load-specific A optimisation to maximise

efficiency. Emissions were generally insensitive to A variation, with some exceptions:
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NOx decreased at low and medium loads by 15-17% (compared to ADF baseline) but
increased at high load due to elevated in-cylinder temperatures and the operating A
range — indicating that relative air-fuel ratio is not a consistently effective strategy for
NOx control below a certain A threshold. Additionally, a slight increase in unburned
THC and a substantial rise in hydrogen slip were observed at A values above 2. COz2
emissions followed no consistent trend across loads. Lastly, EGTs consistently

decreased with increasing A.

5.4.4 Enhancement of H2EF at high engine load

The lower PRR observed in Figure 5.19 with increased A provided a margin for
optimising H2EF, especially at high engine load, where only 36% had been previously
achieved. Therefore, additional experiments were conducted at high engine load with
an intake air pressure of 2.90 kPa (A = 1.65), optimising H2EF up to the peak in-

cylinder pressure and PRR constraints.

Figure 5.22 compares the highest relative air-fuel ratio achieved at high engine load,
baseline H2EF (36%), and maximum H2EF (43%) for engine performance and
combustion stability metrics. Figure 5.23 illustrate the impact of this comparison on
exhaust emissions, while Figure 5.24 shows the GHG emissions comparison between
CDC and ADF using highest A and maximum 43% H2EF at high engine load only.

The further optimisation increased the H2EF to 43%, a 7-percentage point
improvement over the previous 36%. This led to a reduction in CO2 emissions to 382
g/kWh, representing an additional 48 g/kWh decrease. When considering total GHG
emissions (COz, H2, N20), the overall reduction reached 35% compared to the CDC,
which is 7% greater than the 28% reduction achieved with a baseline intake air
pressure of 2.60 kPa (A = 1.35) as presented in Section 5.3.5. It was also noted a

slightly improvement on combustion efficiency.

On the other hand, the increase in H2EF led to a 5% increase in NOx emissions. This
rise is explained by the higher PRR and peak in-cylinder pressure observed in Figure
5.22.
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In conclusion, increasing intake air pressure to create a leaner mixture (higher A)

effectively enhanced diesel replacement with another 7% at high engine load, further

reducing GHG emissions, albeit with a trade-off in higher NOx levels.
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5.5 The employment of external EGR at low and

medium engine loads

Following the analysis of relative air-fuel ratio as a NOx control strategy in Section 5.4,
external exhaust gas recirculation (eEGR) was also investigated to further mitigate
NOx emissions. This set of experiments was conducted at various engine loads using

ADF mode with the maximum H2EF obtained in Section 5.3 as a baseline.

5.5.1 Experimental test procedure

In line with the previous sections, most of the conditions remain the same. The
methodology of this experiment was focused on an eEGR sweep from 0 to 20% at 0.6
and 1.2 MPa IMEP, representing low and medium loads, respectively. The ADF
regime with 70% H2EF, as established in Section 5.3, was used as the baseline. To
determine stable engine operation, maximum PRR was set to 2.0 MPa/CAD, while
COVivep was set to 3%. Table 5.3 summarises the overall engine operating conditions

used for this study.

Table 5.5. Engine operating conditions for the eEGR sweep.

Parameter Unit Low load Medium load

IMEP MPa 0.6 1.2
Engine speed rpm 1200 1200
H2EF % 70 70
ECR - 14.8 14.8
Intake air temperature °C 40 42
Intake air pressure kPa 125 190
Exhaust pressure kPa 135 200
eEGR % 0-20 0-20
iIEGR % 0 0
Diesel injection pressure MPa 100 130

To maintain consistency between results and allow for valid comparisons, intake and
exhaust pressures, as well as diesel injection timing and pressure, were kept the same
as in Section 5.3. This approach enabled the isolation of the effect of eEGR addition.
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5.5.2 Operation overview and combustion characteristics

Figure 5.25 and Figure 5.26 compare the measured in-cylinder pressure and heat
release rate at constant diesel SOI for different eEGR percentages in the advanced
dual-fuel mode for low and medium engine loads, respectively. Figure 5.27 presents
combustion characteristics, including ignition delay, CA10, CAS50, combustion
duration, and additional combustion stability metrics as a function of eEGR

percentage, also at constant diesel SOI.

The employment of eEGR up to 20% showed a marginal impact on peak in-cylinder
pressure and HRR at low engine load, and no measurable effect at medium load.
Typically, eEGR is expected to retard the combustion ignition and reduce and delay
the peak heat release rate due to lower combustion temperatures, thus lowering both
peak pressure and PRR [192, 190]. However, in this experiment, a slight increase in

HRR was observed at low load despite a minor reduction in peak in-cylinder pressure.

This behaviour may be attributed to the significant amount of unburned hydrogen
recirculated into the intake system via the EGR loop, which primarily enhanced the
combustion process after the ignition phase. The start of combustion (CA10) was still
retarded due to the expected dilution effect of eEGR on in-cylinder temperature. As a
result, combustion phasing was only slightly delayed — by 0.2 CAD at 20% eEGR, and
the total combustion duration was shorter by 0.25 CAD. The reduction in hydrogen
slip, as will be discussed in more detail in Section 5.5.3, supports this explanation.
However, the reintroduction of unburned fuel also led to an increase in maximum PRR,

which ultimately limited the potential for further increases in H2EF.

In contrast, this unexpected HRR trend was not observed at medium load, as the
baseline ADF with 70% H2EF produced minimal unburned hydrogen, leading to a
negligible impact from its recirculation via the EGR system. Therefore, while the EGR
dilution effect did not affect the in-cylinder pressure trace, the expected retardation in

CA50 and a longer combustion duration were still observed.

Additionally, the reduction in A for higher eEGR percentage observed in Figure 5.27 is
mainly caused by the lower oxygen available in the in-cylinder charge. The resulting

decrease in relative air-fuel ratio also promotes faster combustion.
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Figure 5.25. The effect of external EGR on in-cylinder pressure and HRR for
constant diesel injection at low engine load.
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Figure 5.26. The effect of external EGR on in-cylinder pressure and HRR for
constant diesel injection at medium engine load.
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Figure 5.27. The effect of external EGR on combustion characteristics and stability.

5.5.3 Engine-out emissions and performance

The impact of the eEGR on combustion and indicated thermal efficiencies, EGT and
indicated equivalent specific fuel consumption are depicted in Figure 5.28. Exhaust
emissions in the form of net indicated specific values with and without the use of eEGR

are depicted in Figure 5.29.
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The introduction of eEGR did not negatively affect engine performance. A slight
increase in ITE of 0.7% was observed at low load, primarily attributed to a 0.2
percentage points improvement in combustion efficiency, resulting from a 21%
reduction in hydrogen slip with 20% eEGR. At medium load, ITE was insensitive to the
increase eEGR percentage increase, mainly due to the fact that hydrogen slip was

already nearly zero at the baseline.

EGTs were minimally impacted by the increase in eEGR, with only a slight increase
observed at medium load due to the combustion occurring later and lasting longer in

the cycle.

Regarding emissions, a significant reduction in NOx emissions, around 57-62% at
20% eEGR, was observed at both engine loads when compared to the baseline ADF.
This reduction aligns with the range reported in the literature [200, 201, 91]. However,
this reduction came at the expense of an increase in soot and CO emissions, following
a similar trend to that observed by Verschaeren et al. [89]. Specifically, the increase
in soot, reaching up to 9 and 14 mg/kWh at low and medium loads, respectively, is

relevant, as it exceeds the limits set by Euro 7 regulation at both loads.
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Figure 5.28. The effect of external EGR on engine performance.
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Overall, the use of eEGR combined with a high hydrogen energy fraction proves to be
an effective solution for NOx control (around 60% reduction when compared to 70%

H2EF baseline) without compromising engine performance, in contrast to the findings

in Section 4.4, where eEGR in diesel-hythane dual-fuel operation led to performance

compromises. Nonetheless, there is a deterioration in soot and CO emissions.
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5.6 The impact of water injection at high engine

load

Given the limited research on the effect of water (H20) injection combined with
hydrogen dual-fuel engines and its potential benefits for NOx reduction, the final step
in the optimisation of diesel-hydrogen dual-fuel combustion involved introducing water

injection into the intake manifold.
5.6.1 Experimental test procedure

The methodology of this experiment involved a water injection flow rate (mmy,,) sweep
from O to 0.6 kg/h at 1.8 MPa IMEP, representing high engine load. The ADF
combustion with 36% H2EF, as established in Section 5.3, was used as the baseline.

Table 5.6 summarises the overall engine operating conditions used for this study.

Table 5.6. Engine operating conditions for the water injection sweep.

Parameter Unit High load

IMEP MPa 1.8
Engine speed rom 1200
H2EF % 36
ECR - 14.8
Intake air temperature °C 43
Intake air pressure kPa 260
Exhaust pressure kPa 270
eEGR % 0
iIEGR % 0
Diesel SOI_2 CAD ATDC +1
Diesel injection pressure MPa 160
Hydrogen injection pressure MPa 0.8
H20 injection pressure MPa 0.6
M50 kg/h 0-0.6

To ensure stable engine operation, the maximum PRR was limited to 2.0 MPa/CAD,

while COVivep threshold was set to 3%. In-cylinder pressure was constrained to a
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peak below 18 MPa to preserve engine reliability. In order to comply with these
boundary conditions throughout the sweep and ensure consistent comparisons, the
diesel main injection timing was retarded to 1 CAD ATDC - corresponding to a 3 CAD

delay relative to previous experiments.

To preserve consistency between results and allow for valid comparisons, intake and
exhaust pressures, as well as diesel injection pressure, were kept the same as in

Section 5.3. This approach enabled the isolation of the effect of water injection.

5.6.2 Overview of the dual-fuel operation

The comparison of measured in-cylinder pressure and heat release rate at constant
diesel SOI with and without water injection is depicted in Figure 5.30. On the other
hand, Figure 5.31 displays combustion characteristics, combustion stability metrics,
and indicated thermal efficiency as a function of water injection flow rate, also at
constant diesel SOIl. Finally, Figure 5.32 illustrates the variation in engine-out

emissions with increasing water injection flow rates.

As can be seen in Figure 5.30, the injection of 0.6 kg/h of water generated a significant
impact on the combustion process. Contrary to findings in the literature [155], the peak
in-cylinder pressure increased by 9% (0.12 MPa) and occurred approximately 7 CAD
earlier. Although the absolute peak of the heat release rate was reduced, it occurred
much closer to TDC compared to the baseline, indicating an earlier start of
combustion. This observation is confirmed by the more advanced CA10 and shorter

ignition delay shown in Figure 5.31.

The increased reactivity during the initial stage of combustion is likely explained by the
dissociation of water molecules during evaporation, which releases hydrogen and
oxygen atoms. These contribute to enhanced fuel reactivity and increased oxygen
availability, effectively resulting in leaner premixed charge. This is supported by the

observed increase in the relative air-fuel ratio depicted also in Figure 5.31.



161

At the same time, water injection reduces combustion temperature due to the cooling
effect of evaporation, which absorbs thermal energy from the in-cylinder gases. This
cooling effect is evident from the 35°C reduction in EGT and the progressive slowdown
in combustion, as seen in the more modest CA50 advancement (only 3 CAD) and the
increase in combustion duration from 24 to 28 CAD. The combination of an aggressive
initial combustion phase and an overall more controlled burn rate contributes to

improved combustion stability, as shown by COVimep values remaining well below 1%.

As a result, indicated thermal efficiency improved by more than 2% relative to the ADF
baseline, indicating that this strategy enables greater flexibility in engine operation.

Specifically, it allows further diesel SOl retardation without compromising

performance.
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Figure 5.30. The impact of water injection on in-cylinder pressure and heat release
rate for constant diesel injection timing at high engine load.
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Figure 5.31. The impact of water injection on combustion characteristics and
stability.

Another advantage of the reduced combustion temperature achieved through the
addition of water at high load is the effective reduction in NOx emissions as seen in
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Figure 5.32. A decrease of 22% was observed with only 0.6 kg/h of water — significantly

lower than injection rates commonly reported in the literature.

Carbon emissions also benefited, with CO2 reduced by 5% and CO by 21%. This
reduction in CO2 can be partially attributed to the slight decrease in diesel fuel quantity
as water injection increased. Notably, this suggests that if the same amount of diesel
had been maintained, the additional energy made available through water-enhanced
combustion would have resulted in higher torque output. Therefore, water injection not
only improves combustion characteristics but also opens the potential for increased
power without additional fuel input. However, THC appeared largely unaffected by

water injection.

It is important to note that further increases in water injection at a constant diesel SOI
of 1 CAD ATDC were limited by a sharp rise in peak in-cylinder pressure and PRR,
exceeding acceptable operational limits. This is attributed to the combustion process
initiating near TDC. To allow for higher water content without violating boundary
conditions, strategies such as further retarding diesel SOI or reducing diesel injection

pressure could be considered.
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Figure 5.32. The impact of water injection on exhaust emissions.
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Overall, water injection at high load increased peak in-cylinder pressure and advanced
the heat release, indicating earlier combustion phasing. The resulting lower
combustion temperatures slowed the burn rate as combustion progressed, which
contributed to improved combustion stability. ITE improved by over 2% compared to
the ADF baseline. Emission-wise, NOx was reduced by 22%, while CO, and CO

decreased by 5% and 21%, respectively.

5.7 Overview of optimal dual-fuel engine operation

This last section presents an overview of optimal engine operation for diesel-hydrogen
dual-fuel combustion, structured according to key performance and emissions
objectives. The assessment was focused on both conventional and advanced dual-
fuel modes at a constant engine speed of 1200 rpm, across three engine loads: 25%,
50%, and 75% of the full load. The section begins by summarising the strategy used
to maximise the hydrogen energy fraction in both dual-fuel modes. This is followed by
an evaluation of the approach that delivers the greatest GHG reduction potential. A
Well-to-Wheel analysis is then introduced to quantify the environmental impact of
hydrogen fuel derived from both grey and green production pathways. Finally, the
section concludes with a summary of the ADF optimisation work carried out on this

chapter focused on NOx mitigation.
5.7.1 Maximisation of hydrogen energy fraction

The maximisation of hydrogen in the dual-fuel operation plays a critical role in
achieving greater carbon reduction and ensuring compliance with CO2 emissions
regulations. Figure 5.33 illustrates the maximum H2EF achieved for each dual-fuel
combustion mode across the engine map. The red annotations represent ADF results,

while the blue annotations indicate CDF outcomes.

It is evident that ADF combustion enables significantly higher diesel replacement on
an energy basis compared to the conventional dual-fuel mode, as combustion stability

issues prevented CDF to reach higher H2EF percentages. This advantage is
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particularly pronounced at low and medium loads, where the baseline advanced mode
obtained in Section 5.3 achieved up to 70% H2EF — representing a 38% and 50%
higher than the mode CDF at low and mid loads, respectively. At high load, hydrogen
substitution was limited by engine boundary conditions, yet ADF with increased
relative air-fuel ratio still reached 43% H2EF, more than twice the level achieved by
CDF.
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Figure 5.33. Comparison of dual-fuel strategies for H2EF maximisation across low,
medium and high engine loads.

5.7.2 Maximisation of GHG reduction potential

The quantification of GHG emissions from the dual-fuel engine operations is essential
to understanding the environmental impact of each combustion mode. This analysis
includes the summation of greenhouse gases measured at the exhaust line, namely

carbon dioxide, nitrous oxide, and methane.
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In diesel-hydrogen dual-fuel combustion, methane has no significant influence, as
there is no direct CH4 involvement in the process, and the amount formed during
premixed charge combustion was negligible. Nitrous oxide is a relevant greenhouse
gas to consider due to its high GWP — 273 times that of CO2 over a 100-year period
[28] — which could, in theory, substantially increase CO:2 equivalent emissions.
However, as discussed in Section 5.3.5, N20 was not included in this analysis due to
its negligible concentration in the exhaust. Consequently, CO2 remains the dominant

contributor to GHG emissions in diesel-hydrogen operation.

Figure 5.34 shows the highest reduction of GHG emissions achieved for each dual-
fuel combustion mode across the engine map, along with their respective strategy.

Red annotations indicate ADF results, while blue annotations represent CDF outcome.

Overall, the advanced dual-fuel strategy consistently delivered the greatest GHG
reductions across all engine loads, significantly outperforming the CDF mode. At low
and high loads, ADF combined with an increased relative air—fuel ratio achieved
maximum reductions of 58% and 36%, respectively. At medium load, ADF with 20%
eEGR let to a 58% reduction. The underlying reasons for these trends were discussed

in Section 5.3.
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Figure 5.34. Comparison of dual-fuel modes in terms of maximum GHG emissions
reduction across low, medium and high engine loads, relative to CDC, with
identification of the most effective strategy for each case.
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5.7.3 Well-to-Wheel analysis

The WTW analysis of diesel-hydrogen dual-fuel operation, was conducted to assess
the actual impact of hydrogen use in advanced dual-fuel combustion mode on GHG
emissions within the transportation sector. This comprehensive approach integrates
both Well-to-Tank and Tank-to-Wheel components to quantify the total GHG

emissions associated with the production and utilisation of a specific fuel [193, 194].

The WTT phase accounts for emissions generated during raw material extraction or
cultivation, processing, transportation, and delivery to the vehicle’s fuel tank. In
contrast, the TTW phase accounts for emissions released during engine operation.

GHG emissions were expressed in grams of CO2eq per MJ of fuel energy injected.

The same methodology used in the WTW assessment of diesel-hythane dual-fuel
combustion in Chapter 4 was adopted here. Specifically, Equations (4.5) and (4.7)
were applied to calculate the TTW and WTT contributions, respectively, while Equation
(4.6) was used to estimate the overall WTW values. Table 5.7 summarises the

estimated WTT COzeq values gathered from the literature.

Table 5.7. Estimated Well-to-Tank COzeq emissions for diesel and various hydrogen

production pathways.

Fuel Unit WTT Source

Diesel gCO2eq/MJ 18.9 Current fossil fuel [195]

Grey hydrogen gCO2¢/MJ  113.0 SMR, natural gas feedstock [195]

Blue hydrogen gCO2eq/MJ 50.0 SMR with retrofit CCS, natural gas
feedstock [202]

Green hydrogen  gCOz2eq/MJ 9.5 Electrolysis using renewable energy
from wind and solar sources [195]

Figure 5.35 presents the theoretical CO2eq emissions for both conventional diesel and
advanced dual-fuel operations as a function of engine load. The upper graph illustrates
the Tank-to-Wheel CO2¢q emissions, while the lower graph displays the Well-to-Wheel
values. To isolate the influence of hydrogen production pathways, only the ADF mode
was considered for this evaluation, as it consistently demonstrated the greatest
potential for GHG emissions reduction. Furthermore, the TTW analysis shows
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overlapped data points for ADF at each engine load, representing all three hydrogen

sources, since emissions from this phase are independent of the fuel production route.

The TTW COzeq emissions, representing the GHG released during engine operation,

are consistent with the results discussed in the previous section.

In terms of WTW performance, the use of green hydrogen produced via electrolysis
using renewable energy sources led to the most favourable outcome — reducing WTW
COz2¢q emissions by up to 57 g/MJ compared to the CDC baseline, which corresponds
to a 56% reduction. Blue hydrogen, derived from steam methane reforming (SMR)
with integrated carbon capture and storage (CCS), also contributed to a considerable
reduction of 29 g/MJ, equivalent to a 28% decrease. In contrast, grey hydrogen
produced from conventional SMR without CCS resulted in a 19% increase in WTW

GHG emissions, despite the reduction achieved during engine operation.
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Figure 5.35. Theoretical TTW and WTW CO2eq emissions for CDC and ADF modes,
simulating different hydrogen production pathways.
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Overall, this analysis highlights that, while engine operation optimisation plays a
significant role in reducing GHG emissions, the fuel production pathway remains a
critical factor in determining the overall environmental impact. Consequently, it can be
concluded with a reasonable degree of confidence that the proposed ADF combustion
strategy, when applied with blue or green hydrogen, presents a viable pathway to
support climate change mitigation efforts and promote a more sustainable energy

solution for the transportation sector.

5.7.4 Advanced dual-fuel optimisation for NOx reduction

The mitigation of NOx emissions is another key factor in the viability of diesel-hydrogen
dual-fuel combustion. This section provides a summary of the ADF optimisation work
presented in Sections 5.4 to 5.6, building upon the baseline ADF results introduced in
Section 5.3. Further technical details concerning combustion characteristics,
performance, and emissions associated with each strategy can be found in the

corresponding sections referenced above.

Figure 5.36 provides a comparative summary of the impact of each NOx control
optimisation strategy — namely increased A, eEGR, and water injection — relative to the
ADF baseline. The results are expressed as percentage changes in NOx emissions
(bottom graph) and ITE (top graph). Each strategy is represented by three bars
corresponding to the engine loads tested: black for low load, blue for medium load,
and red for high load. It is worth noting that some data points are absent — specifically,
eEGR at high load, and water injection at low and medium loads — as these conditions
were not evaluated in this experimental optimisation due to the lack of time available

to complete such tests during the PhD project.

Therefore, it can be observed that the employment of eEGR was the most effective
strategy for reducing NOx emissions from the ADF baseline, while also providing a
small ITE enhancement (0.1-0.7%). This approach resulted in NOx reductions well
above 50% at low and medium loads — substantially greater than the 15-17%

reductions achieved through increased relative air-fuel ratio. The latter did not show a
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consistent effect on ITE: a 0.9% improvement at low load contrasted with a 1.7%

reduction at medium load. Nonetheless, there is a deterioration in soot and CO levels.

At high load, water injection was proved to be the more effective of the two strategies
evaluated under this condition, demonstrating potential for simultaneous NOx
reduction and ITE improvement. A relatively modest water injection rate of 0.6 kg/h —
low by comparison with literature benchmarks — yielded a 22% reduction in NOx and
a 2.2% increase in thermal efficiency. Conversely, although increasing the relative air-
fuel ratio led to a notable ITE improvement of 3.3%, it also caused a 10% rise in NOx

emissions.
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In conclusion, the most effective strategies identified through this optimisation process
were the application of 20% eEGR at low and medium engine loads, and the use of

water injection at high engine load.

To place this optimisation in context with conventional diesel combustion, Figure 5.37
depicts the achieved ADF optimised setup for maximum NOXx reduction in the left-hand
graph, while the right-hand graph provides a comparative analysis of NOx emissions
per engine load between the ADF baseline and the optimised ADF configuration, both
shown relative to the CDC operation. The results are presented as percentage

changes in NOx emissions.

As discussed in Section 5.3, the ADF baseline — defined by increasing the H2EF up
to 70% at low and medium engine loads and 36% at high load — led to a 15-17% rise
in NOx emissions at low and medium loads. At high load, however, NOx emissions
decreased slightly (by about 5%), likely due to the lower hydrogen substitution
achievable under those conditions. Figure 5.37 reinforces the need for further
optimisation of the ADF baseline to effectively control NOx emissions. In this context,
the optimised configuration of ADF demonstrates significant potential relative to CDC,
achieving NOx reductions exceeding 50% at low and medium loads, and
approximately 25% at high load.
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Overall, controlling NOx emissions is a critical aspect of diesel-hydrogen dual-fuel
operation, as increasing the hydrogen content in the mixture has been demonstrated
to elevate NOx formation. Therefore, implementing mitigation strategies — such as
external EGR at low and medium engine loads, and water injection at high load —
proved to be effective in optimising combustion. These approaches enabled NOx
reductions of up to 56% compared to conventional diesel operation, highlighting their

potential for improving the environmental viability of this advanced dual-fuel system.

5.8 Summary

In this chapter, experiments were conducted to characterise and optimise diesel-
hydrogen dual-fuel combustion at a constant engine speed of 1200 rpm, with loads
varying from 0.6 to 1.8 MPa IMEP, covering low to high load conditions. The primary
objective of this study was to reduce overall GHG emissions while maintaining high
engine efficiency. A comparative evaluation between conventional (CDF) and
advanced dual-fuel (ADF) combustion strategies — based on effective compression
ratio variation — was undertaken to assess the influence on hydrogen energy fraction.
The focus then shifted to exploring the ADF baseline’s potential for maximising the
use of hydrogen. Further optimisation targeting both increased hydrogen substitution
and NOx emissions reduction was carried out through three strategies: increasing the
relative air—fuel ratio, employing external EGR, and introducing water injection in the
intake line. Finally, an overview assessment of optimal dual-fuel operation relative to
conventional diesel combustion was presented, highlighting strategies for maximising
hydrogen use, minimising NOx formation, and reducing GHG emissions. The latter
included a Well-to-Wheel analysis to evaluate the broader environmental viability of

the proposed solution under various hydrogen production pathways.

The primary findings of the diesel-hydrogen dual-fuel operation using different ECRs

and exploring hydrogen substitution are as follow:

- CDF (Conventional Dual Fuel) mode at a higher ECR produced 1-3% higher

peak in-cylinder pressures than CDC (Conventional Diesel Combustion), and
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considerably higher ADF (Advanced Dual Fuel) operation with a similar H2EF,
which resulted in smaller loss of thermal efficiency than ADF relative to CDC.
The maximum H2EF was limited 32% at low load and 20% at higher engine
loads. This limitation was caused by the poor combustion stability. At low
engine load, COVimep reached approximately 8% when achieving 32% H2EF,
while at medium and high loads, it remained consistently above 3% for H2EF
levels exceeding 20%. This instability severely limited the potential for higher

diesel replacement, which resulted in limited CO2 reduction.

ADF combustion achieved with a lower ECR via the Miller cycle strategy using
LIVC approach, demonstrated the potential for considerably higher hydrogen
energy fractions than CDF, regardless of the engine load. Thus, the highest
achievable H2EF was 70% at low and medium loads, and 36% at high load.
The lower threshold at high load reflects a reduced margin before reaching

safety and mechanical durability constraints.

ADF provided better hydrogen fuel conversion efficiency across all engine loads
than CDF, due to considerably lower hydrogen slip. However, the high
hydrogen substitution reduced ITE compared to CDC, with the highest H2EF
causing a 5% drop in ITE at low and medium loads and 4% at high loads. While
ADF mode consistently increased EGT compared to CDF, further H2EF

increases had little impact on exhaust temperature.

When compared to CDC, ADF reduced CO2 emissions by up to 56% at low and
medium loads. At high load, the CO2 reduction was limited to 28%. At low and
medium loads, CO emissions were cut by 80% and 59%, while THC were
lowered by 47% and 31%, due to higher diesel substitution. In contrast, high

load conditions showed low sensitivity to changes in CO and HC emissions.

Another benefit of ADF is the overall reduction in soot emissions relative to
CDC, regardless of engine load conditions. Soot levels were observed to
decrease by 65%, 51%, and 68% at low, medium, and high loads, respectively,

with absolute values ranging between 1.1—-4.6 mg/kWh.
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N20 emissions showed a clear reduction trend with the addition of hydrogen at
all engine loads analysed, reaching 6 mg/kWh representing a 75% reduction at
both low and medium loads. Nonetheless, at high engine load, the reduction

was lower, only 30%, reaching approximately 16 mg/kWh.

Reducing GHG emissions is primarily determined by CO2 mitigation, as the
contribution of N20 remains relatively low. Therefore, effective combustion

control enables higher H2EF, which in turn enhances CO2 emissions reduction.

On the other hand, NOx emissions increased by 1.6-1.7 g/kWh, representing a
16% rise. As a result, NOx emissions ranged between 11.1-13.1 g/kWh across

the different operating conditions

The primary findings of the optimisation of ADF using increased relative-air fuel ratio,

external EGR, and water injection were as follow:

Increasing A by boosting intake pressure led to higher in-cylinder pressure and
temperature during the compression stroke. However, the increase cylinder
mass and heat capacity resulted in lower PRR, delaying and reducing peak
HRR, particularly at high loads. This provided a margin to increase the H2EF
by an additional 7% at high load — reaching 43% diesel replacement, resulting

in a total COz2 reduction of 36%, 8% more than the ADF baseline offered.

The impact of A variation was found to be load-dependent, with ITE slightly
improving at low and high loads but decreasing at medium load. NOXx
decreased at low and medium loads (by 15-17% relative to the ADF baseline)
but rose at high load. CO, emissions showed no consistent trend across the
load range. Furthermore, higher A values (above 2) led to a slight increase in
unburned THC and a substantial rise in hydrogen slip, while EGTs consistently

declined with increasing A.

The use of eEGR combined with a high hydrogen energy fraction proved to be
an effective solution for NOx control — above 50% reduction when compared to
CDC - without compromising engine performance. Nonetheless, there is a

deterioration in soot and CO emissions.
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- Water injection at high load increased peak in-cylinder pressure and advanced
the heat release, indicating earlier combustion phasing. The resulting lower
combustion temperatures slowed the burn rate as combustion progressed,
which contributed to improved combustion stability. ITE was improved by over
2% compared to the ADF baseline. Emission-wise, NOx was reduced by 22%,

while CO2 and CO decreased by 5% and 21%, respectively.

Overall, the advanced diesel-hydrogen dual-fuel combustion demonstrated that it can
effectively reduce CO2 emissions by up to 58%, exceeding the 45% reduction target
of COz2 set for 2030 in the updated EU COz2 regulation [31] — potentially enabling this
solution to operate until end of 2034. It also offers significant reductions in other
carbon-based pollutants, highlighting its short-term potential. Furthermore, the WTW
analysis revealed that when fuelled with blue or green hydrogen, the ADF strategy
presents a viable pathway to support climate change mitigation efforts and promote a

more sustainable energy solution for the transportation sector.
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Chapter 6
Multi-fuel comparison in dual-fuel operation

from low to high engine load

This chapter presents a comparative assessment of various dual-fuel strategies tested
on the same single-cylinder heavy-duty research engine across a wide range of engine
loads — 0.6, 1.2, and 1.8 MPa IMEP - corresponding to 25%, 50%, and 75% of the
total engine load, respectively. The analysis focuses on four combustion systems
configurations: diesel-only, diesel-CNG, diesel-hythane, and diesel-hydrogen, thereby

enabling a clear evaluation of the influence of each gaseous fuel.

The dual-fuel configurations using hythane and hydrogen were experimentally
investigated as part of this research project, and their detailed analysis was presented
in the preceding chapters. In contrast, the CNG data were sourced from a separate
study conducted by another researcher using the same experimental engine setup.
Although not part of the current project’s test campaign, the CNG results, which were
published in a peer-reviewed study [120], and are incorporated here to enable a
broader and more complete fuel comparison under consistent engine hardware and

test boundary conditions.

The objective is to evaluate and contrast the performance and emissions
characteristics of each fuel — specifically indicated thermal efficiency, CO2 and total
GHG emissions, and NOx emissions — when used as the gaseous component in
diesel-based dual-fuel operation. This comparison aims to assess the viability of these
low-carbon alternatives in replacing conventional diesel systems for future heavy-duty
applications, particularly in terms of their GHG mitigation potential. The sequence of
this analysis intentionally follows a progression from lower-carbon to zero-carbon
fuels, enabling a systematic evaluation of how incremental shifts toward decarbonised
gaseous fuels influence engine performance and environmental outcomes in dual-fuel

operation.
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To complement the GHG emissions data, a Well-to-Wheel (WTW) analysis is included
to evaluate the environmental impact of each fuel, taking into account not only engine
operation but also upstream emissions associated with fuel production and delivery.
This provides a more holistic view of the GHG reduction potential for each fuel
pathway. The WTW results presented in this chapter are a consolidated comparison,
combining the analyses previously discussed in Chapter 4 for hythane and Chapter 5

for hydrogen, along with data compiled for CNG fuel [120].

The first key aspect when assessing dual-fuel performance is determining the
maximum diesel replacement that can be achieved, as this directly impacts the range
of GHG emissions reductions. Figure 6.1 illustrates the maximum energy fraction
achievable by each dual-fuel system operating in advanced dual-fuel mode with lower
ECR via the LIVC strategy.

It is clear that increasing the hydrogen content in the dual-fuel combustion leads to a
reduction in total energy substitution rate by the port injected gaseous fuel. This trend
is tied to the faster combustion of hydrogen and hence greater heat release rate,
causing engine hardware limitations to be reached sooner as more energy is supplied
by the premixed fuel in place of the directly injected diesel. This effect becomes more

pronounced at higher engine loads, where the energy fraction decreases further.

N diesel-CNG
diesel-hythane
N diesel-hydrogen
88 g7

91
85 85 83
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Figure 6.1. Maximum achievable energy fraction for each dual-fuel system at
different engine loads.
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Building on the maximisation of diesel replacement, it is noteworthy that the baseline
energy substitution selected by Pedrozo et al. [120] was 80% on an energy basis. In
contrast, the current study selected 76% energy substitution for the baseline diesel-
hythane system, while the baseline diesel-hydrogen systems ranged between 36-70%

energy substitution.

Table 6.1 summarises the engine operating conditions for the different combustion
configurations investigated in this chapter. All dual-fuel cases are baseline
configurations without additional optimisation, allowing a clearer isolation of fuel
effects in the comparison. Moreover, it is important to note that only advanced dual-
fuel combustion strategies were used for dual-fuel systems in this assessment, which

fundamentally consists in the reduction of ECR via LIVC strategy.

Table 6.1. Engine operating conditions for the different dual-fuel systems.

diesel- diesel- diesel- diesel-
Parameter Unit
only CNG hythane  hydrogen
IMEP MPa 06-18 06-18 06-18 06-1.8
Engine speed rom 1200 1200 1200 1200
Energy fraction % 0 80 76 36-70
ECR - 16.8 14.8 14.8 14.8
Intake air temperature °C 40 - 43 42 - 44 40 - 43 40 - 43
Intake air pressure kPa 125-260 125-260 125-260 125 -260
Exhaust pressure kPa 135-270 135-270 135-270 135-270
eEGR % 0 0 0 0
iIEGR % 0 0 0 0
Water injection - No No No No
Gas injection pressure MPa - 0.8 0.8 0.8
Diesel injection pressure MPa 100-160 100-160 100-160 100 - 160
Diesel injection type - Non- Premixed Premixed Non-
premixed premixed

An additional key aspect to highlight is the variation in the diesel injection strategy
employed across the different dual-fuel systems. The diesel-CNG and diesel-hythane

configurations utilised a premixed combustion strategy, commonly referred to as
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Reactivity-Controlled Compression Ignition (RCCI), which was achieved through an
early split diesel injection. In contrast, due to safety concerns and timeframe limitation
as approached in Chapter 5, the diesel-hydrogen configuration employed a non-
premixed, conventional late diesel injection strategy near TDC. This difference in
injection strategies could potentially influence the NOx emissions, as the combustion

characteristics for each system are distinct.

To ensure a reasonable comparison, the general test conditions — including engine
load and speed, intake air temperatures, and fuel injection pressures — were strictly

maintained the same between all dual-fuel systems.

The first metric compared across the different combustion systems is the indicated

thermal efficiency at various engine loads, as shown in Figure 6.2.

Diesel-hythane operation generally exhibited the highest efficiency among the dual-
fuel systems at low and medium loads, with an improvement of approximately 3%
(absolute) at low load relative to CDC. At high load, the diesel-CNG dual-fuel
configuration demonstrated the closest efficiency to CDC. In contrast, diesel-hydrogen
showed the lowest efficiency across all loads, with reductions of 6%, 5%, and 4% at

low, medium, and high loads, respectively, relative to diesel-only operation.

This performance gap can be attributed to differences in diesel injection strategies
between diesel-hydrogen and the other two dual-fuel systems. While all dual-fuel
configurations employed an advanced combustion approach through reduced
effective compression ratio, only diesel-CNG and diesel-hythane utilised an early split
diesel injection strategy. This approach is more effective at promoting a more
homogeneous in-cylinder charge, thereby improving fuel conversion efficiency. In the
case of diesel-hydrogen, a split late injection strategy near TDC was used due to safety

concerns and time constraints in the current project.

Implementing a similar early injection approach could potentially narrow the efficiency
gap between diesel-hydrogen and the other dual-fuel systems.
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Figure 6.2. Indicated thermal efficiency of the combustion systems (diesel-only,
diesel-CNG, diesel-hythane, and diesel-hydrogen) at low (top), medium (middle),
and high (bottom) engine loads.

With regard to carbon emissions, Figure 6.3 illustrates the evolution of indicated
specific CO2 and total GHG emissions when replacing diesel with low- and zero-
carbon fuels across the tested engine loads.

A clear trend is observed: diesel substitution with alternative gaseous fuels containing

progressively lower carbon content leads to a gradual and effective reduction in CO2
emissions.
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The dual-fuel configuration using CNG achieved a total CO2 reduction between 5%
and 18%, depending on engine load. Diesel-hythane in-cylinder charge which included
approximately 16% hydrogen on an energy basis, further enhanced this reduction,
yielding CO2 decreases ranging from 28% to 37%. This result demonstrates the

decarbonisation potential of hythane for short-term applications.

Notably, the baseline diesel-hydrogen system — despite exhibiting the lowest diesel
replacement among the dual-fuel configurations — achieved the greatest CO:2
reduction, ranging from 28% to 56%. This highlights the significant decarbonisation
potential of hydrogen, even at moderate substitution levels. Importantly, this makes
diesel-hydrogen the only configuration capable of meeting the 45% COz2 reduction
target set for 2030 under the updated EU CO2 regulation [31], potentially allowing this
solution to remain in operation until the end of 2034. However, further optimisation is

still needed, particularly at high engine loads, as discussed in detail in Chapter 5.

However, a substantial reduction in CO2 emissions does not always correspond to a
reduction in overall GHG levels. This is particularly evident in dual-fuel configurations
involving methane. In the diesel-CNG case, for example, a COz2 reduction of 18% at

low load resulted in a 10% increase in total GHG emissions compared to CDC.

This counterproductive effect is primarily due to methane slip — a known issue with
methane-based systems — as CH4’'s GWP is 27 times greater than that of CO, over a
100-year period [28]. Therefore, strict control of methane slip is essential for CNG and
hythane systems to ensure that their CO2 benefits are not offset by elevated GHG

emissions.

Nevertheless, despite the impact of methane slip, the hythane configuration still
demonstrated an effective GHG reduction of approximately 25% relative to diesel-only

operation, proving to be a viable solution for short-term implementation.

It is important to note, however, that this GHG reduction may be slightly overestimated,
since hydrogen’s GWP — estimated to be 11 times greater than that of CO2 over a 100-
year lifetime [177] — has not been included in this calculation. This is because

hydrogen slip was not measured during the diesel-hythane dual-fuel experiments.
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On the other hand, hydrogen combustion is often associated with the formation of N20,
a potent greenhouse gas with a GWP 273 times greater than that of CO2 over a 100-
year period [28]. However, as discussed in Chapter 5, the diesel-hydrogen

configuration demonstrated residual levels of N2O emissions.

Moreover, the low hydrogen slip measured during the diesel-hydrogen dual-fuel
experiments resulted in negligible impact on GHGs. This outcome allowed GHG
reduction potential to closely align with the observed CO:2 reduction, effectively
maximising the climate benefits of hydrogen dual-fuel combustion and reinforcing its

viability as a solution for short- and medium-term carbon footprint reduction.

Finally, it is relevant to note that CO2 reductions tend to diminish as engine load
increases. This occurs because higher loads improve thermodynamic conditions,
leading to more efficient fuel conversion and more complete combustion, which in turn

results in higher absolute CO2 emissions from fuel oxidation.
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Figure 6.3. Comparison of indicated specific CO2 and total GHG emissions for the
combustion systems (diesel-only, diesel-CNG, diesel-hythane, and diesel-hydrogen)
at low (top), medium (middle), and high (bottom) engine loads.

To provide a broader perspective on the impact of alternative fuels, a WTW analysis
is presented, encompassing diesel, CNG, hythane, and hydrogen. This analysis
includes both the Well-to-Tank (fuel production) and Tank-to-Wheel (engine operation)

stages, following the methodology outlined in Section 4.5.3 of Chapter 4.
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WTW emissions are expressed in grams of CO2eq per MJ of fuel energy injected.
Figure 6.4 presents the results for conventional diesel and dual-fuel combustion
configurations based on fossil fuel pathways (grey and blue), including percentage
differences relative to the diesel-only baseline. In contrast, Figure 6.5 illustrates the
results for dual-fuel combustion systems utilising renewable fuel pathways (green),
also showing percentage reductions compared to diesel-only mode to better highlight

the potential impact of each decarbonisation strategy.

To provide a clearer understanding of each alternative fuel considered, Table 6.2
presents the estimated WTT COzeq emissions and associated sources for diesel and

the various low-carbon fuel pathways.

Table 6.2. Estimated Well-to-Tank CO2eq emissions for diesel and multiple alternative

low-carbon fuel production pathways.

Fuel Unit WTT Source
Diesel gCO2eq/MJ 18.9 Current fossil fuel [195]
Grey CNG gCO2eq/MJ 15.1 CNG coming from South West Asian

locations with transport distance of
4000 km [195]

Green CNG gCO2eq/MJ 24 Synthetic CBM obtained from
renewable electricity [195]

Grey hydrogen gCO2e¢/MJ  113.0 SMR, natural gas feedstock [195]

Blue hydrogen gCO2eq/MJ 50.0 SMR with retrofit CCS, natural gas
feedstock [202]

Green hydrogen  gCO2eq/MJ 9.5 Electrolysis using renewable energy
from wind and solar sources [195]

Grey hythane gCO2eq/MJ 21.9 Grey CNG and hydrogen
Green hythane gCO2eq/MJ 29 Green CNG and hydrogen

Figure 6.4 illustrates that among fossil-derived fuel combinations, the diesel-blue
hydrogen configuration achieved the most significant GHG emissions reductions at
low and medium loads, with decreases of 28% and 26%, respectively, compared to

conventional diesel operation. At high load, the diesel-grey hythane setup offers the
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highest reduction, reaching an 18% decrease in GHG emissions. The diminished
effectiveness of blue hydrogen at high load may be attributed to a reduced gas energy

fraction, constrained by the engine's operational limits.

Conversely, grey hydrogen produced via conventional SMR without CCS led to an
increase in WTW GHG emissions at all loads of up to 19%, despite reductions

observed during engine operation.

The diesel-CNG configuration provided only modest GHG mitigation, with reductions
up to 9% across the cycle. Notably, at low engine load, this configuration leads to an
increase in GHG emissions at low load, primarily due to low fuel conversion efficiency
at these engine conditions. This outcome highlights the importance of considering the
full fuel lifecycle as well as controlling methane slip control on decline these emissions,
since high gas energy substitution does not necessarily translate to substantial GHG

reductions.

Figure 6.5 depicts the WTW assessment for the conventional diesel baseline
compared to renewable-derided fuel combinations, namely green CNG, green

hythane, and green hydrogen, as outlined in Table 6.2.

The diesel-green hydrogen configuration proved to be the most effective in
significantly reducing GHG emissions across all engine loads. The greatest reductions
were observed at low and medium loads, reaching up to 56% relative to conventional
diesel-only operation. At high load (75% of full engine capacity), the GHG reduction
was less pronounced, reaching 35% reduction, primarily due to limited gas energy
fraction obtained at such conditions. Nevertheless, this still marginally outperformed

the hythane dual-fuel configuration.

The green CNG configuration, represented in this study as synthetic CBM, resulted in
more modest GHG reductions — up to 20% compared to diesel-only operation — which
is less than half of the potential offered by the diesel-green hydrogen system.
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Figure 6.4. Well-to-Wheel assessment involving diesel and multiple alternative fuel
production pathways from fossil sources.
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The last topic of this chapter is the evaluation of NOx emissions for the different
combustion systems at various engine loads. Figure 6.6 illustrates the evolution of
indicated specific NOx emissions when replacing diesel with low- and zero-carbon

fuels across the tested engine loads.

A clear trend was observed: the addition of hydrogen had a negative impact on NOx
emissions. The diesel-hydrogen dual-fuel configuration produced the highest NOx
levels among the dual-fuel systems, often matching or exceeding the NOx output of
the diesel-only baseline. Compared to CDC, the diesel-hydrogen dual-fuel combustion
produced 15-16% higher NOx emissions at low and medium loads, while similar

concentrations at high load.

In contrast, both diesel-CNG and diesel-hythane operations exhibited significantly
lower NOx emissions compared to conventional diesel, achieving reductions of over

80% at low load and above 40% at other loads.

While methane — the primary component in both operations — has a lower flame speed
and leads to lower combustion temperatures compared to diesel and hydrogen, the
primary reason behind these reductions was likely the alternative diesel injection
strategy employed. Specifically, the early split injection used in these configurations
promoted better premixing of the in-cylinder charge, leading to a more homogeneous

mixture and, consequently, lower combustion temperatures and NOx formation.

Therefore, the diesel-hydrogen system could potentially benefit from adopting a similar
diesel injection strategy to mitigate NOx emissions. Additional strategies for NOx
reduction, such as the use of external EGR or water injection — discussed in Chapter

5 — also present promising option for in-cylinder NOx control.
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This chapter provides a comprehensive comparison between conventional diesel
operation and three dual-fuel configurations (diesel-CNG, diesel-hythane, and diesel-
hydrogen), all tested on a single-cylinder heavy-duty engine across multiple engine
loads. The analysis covers key performance metrics, including indicated thermal

efficiency, CO2 and total GHG emissions, and NOx emissions.

The primary findings from comparing conventional diesel combustion and dual-fuel

operations in terms of engine efficiency and emissions are as follow:

- Diesel-CNG, although allowing the highest gas energy fraction among the dual-
fuel configurations evaluated, delivered the least CO2 reduction potential.
Moreover, its CO2 benefits were easily offset by elevated methane slip, limiting

its overall effectiveness as a decarbonisation strategy.

- Diesel-hythane configuration demonstrated the best thermal efficiency and
significant COz2 reductions (28% to 37%). Total GHG emissions are, however
lower due to the offset of methane slip, but still proving a GHG reduction of
around 25% compared to diesel-only operation, showcasing its potential for

decarbonisation in short-term applications.

- Diesel-hydrogen, despite lower diesel replacement levels, achieved the highest
CO2 reduction (28% to 56%). Additionally, the overall GHG reduction potential
closely matched COz2 reduction, since this solution produced residual N20
emissions. This reinforces the viability of diesel-hydrogen as a promising

solution for medium-term carbon footprint reduction.

- The WTW assessment highlighted the importance of considering both fuel
production and engine operation stages, with green hydrogen showing the most
significant GHG reductions among renewable pathways, cutting full life-cycle

GHG emissions by more than half compared to the conventional diesel solution.

- CHas-based configurations (diesel-CNG and diesel-hythane) showed substantial
reductions in NOx emissions — over 80% at low 40% at other loads — with a
more advanced diesel injection strategy primarily contributing to the reduction.

In contrast, the addition of hydrogen had a negative impact on NOx emissions.
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In conclusion, while each alternative fuel demonstrated unique strengths and
limitations, hythane and hydrogen configurations offer substantial potential in short-
and medium-term decarbonisation, respectively, without considerably compromising

engine performance.
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Chapter 7

Conclusions and future work

Following a review of both experimental and modelling research on high-efficiency
compression ignition engines, a single-cylinder heavy-duty engine and its fuelling
systems were updated to achieve diesel-only, and diesel-hythane and diesel-
hydrogen dual-fuel combustion modes. The experiments were carried out at a
constant engine speed of 1200 rpm, across three load conditions: 0.6, 1.2, and 1.8
MPa IMEP, representing 25%, 50%, and 75% of the total engine load, respectively.
Conventional and advanced combustion modes—based on variation of the effective
compression ratio and multiple diesel injection strategies—were explored to achieve
high efficiency and minimise exhaust emissions during dual-fuel operation. Alternative
strategies were also proposed to address the challenges associated with fuel
characteristics and to expand the operating range of dual-fuel systems. The findings

and recommendations from this study are outlined below.
7.1 Conclusions

7.1.1 Diesel-hythane dual-fuel combustion

The diesel-hythane dual-fuel combustion study demonstrated that advanced dual-fuel
(ADF) operation, combining early diesel injection with lower effective compression
ratio (ECR) via employment of a late intake valve closure (LIVC), significantly
enhanced combustion efficiency and reduced emissions compared to both
conventional diesel combustion (CDC) and conventional dual-fuel (CDF) strategies,
which employed a conventional diesel injection near top dead centre (TDC) and higher
ECR. The ADF strategy enabled up to 87% diesel replacement with hythane at low
loads, 85% at medium load, and 83% at high load, while improving indicated thermal
efficiency (ITE) — by 17% at low load and up to 2.5% at medium load — over CDF
mode. These gains were attributed to faster and more complete combustion near TDC,

particularly at low and medium loads.
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The ADF mode also delivered considerable emissions reductions. It reduced CO:2
emissions by up to 40% and total GHG emissions by 25% compared to CDC, with
Well-to-Wheel (WTW) reductions reaching 34% when green hythane was used. NOx
emissions were dropped by up to 89% at low load and remained significantly lower
than CDC and CDF at all load conditions. Soot emissions were also reduced by up to
69%, and CO emissions by 72%, thanks to leaner, more homogeneous combustion.
However, methane slip, particularly at low loads, remained a key challenge, limiting
the full GHG benefit. Even so, ADF consistently outperformed CDF in GHG terms

across all operating conditions.

To further optimise the ADF strategy, internal exhaust gas recirculation (iEGR) and
external exhaust gas recirculation (eEGR) were explored. At low loads, IEGR
improved combustion efficiency by increasing in-cylinder temperatures and promoting
CO and CH4 oxidation, while also raising EGTs above the catalysts light-off
temperature threshold. When combined with eEGR, even greater reductions in
methane slip and CO were achieved, resulting in an 11% total GHG reduction at low
load compared to baseline ADF. Meanwhile, eEGR at medium and high loads helped
to reduce NOx emissions and control excessive pressure rise rates — without
compromising combustion stability — though this came at the cost of slightly higher

GHG emissions due to increased CO:2 output.

From a practical standpoint, the ADF strategy — with high hythane energy fraction and
optimised diesel injection — offers lower total fluid consumption of fuel and urea and
reduced reliance on aftertreatment systems (ATS), especially at low loads where NOx
targets may be met without SCR. This translates into lower operational costs, making
diesel-hythane ADF an effective pathway for decarbonising heavy-duty transport when

clean hythane is available.

7.1.2 Diesel-hydrogen dual-fuel combustion

The diesel-hydrogen dual-fuel combustion study showed that the ADF strategy, which
used a lower ECR via a Miller cycle, allowed for significantly higher hydrogen

substitution compared to the CDF mode. In ADF operation, the hydrogen energy
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fraction (H2EF) reached up to 70% at low and medium loads, and up to 43% at high
load after optimising the relative air-fuel ratio (A). By contrast, CDF was limited to a
maximum of 32% at low load and 20% at medium and high loads due to combustion
instability. Although ADF resulted in a 4-5% reduction in thermal efficiency relative to
CDC, it delivered better combustion efficiency than CDF, primarily due to significantly

lower hydrogen slip.

The ADF mode resulted in substantial reductions in carbon-based emissions. CO:2
emissions decreased by up to 56% at low and medium loads — exceeding the 45%
reduction target set for 2030 in the updated EU COz2 regulation — and by 36% at high
load after optimisation. Significant reductions were also achieved in carbon monoxide
(up to 80%), total hydrocarbons (up to 47%), and soot (up to 68%) due to the reduced
diesel input and enhanced mixture homogeneity. Nitrous oxide (N20) emissions
dropped by as much as 75% at low and medium loads, with only moderate reductions
observed at high load. In contrast, NOx emissions increased by 16% in the ADF
baseline as a result of higher in-cylinder temperatures associated with greater

hydrogen content.

To mitigate NOx emissions while preserving performance, three optimisation
strategies were evaluated. eEGR proved most effective at low and medium loads,
reducing NOx by over 50% without compromising indicated efficiency. At high load,
water injection reduced NOx by 22% and improved thermal efficiency by 2.2%.
Increasing A also contributed to NOx reduction at low and medium loads (by 15-17%)

and allowed for an additional 7% increase in H2EF at high load.

A WTW analysis confirmed that the climate benefit of this dual-fuel strategy depends
strongly on hydrogen sourcing: green hydrogen enabled up to a 56% reduction in total
GHG emissions relative to CDC, whereas grey hydrogen increased them. Overall,
diesel-hydrogen dual-fuel combustion — especially under advanced operating
strategies — offers strong potential for decarbonising heavy-duty transport, provided
emissions control and hydrogen production pathways are carefully managed.
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7.1.3 Multi-fuel comparison in dual-fuel operation

This final comparison chapter assessed diesel-only operation against three baseline
dual-fuel configurations — diesel-CNG, diesel-hythane, and diesel-hydrogen — under
identical engine conditions to evaluate their relative performance and emissions

characteristics.

Among the options, diesel-hythane offered the best balance between efficiency and
emissions. It delivered the highest thermal efficiency at low and medium loads and
achieved notable CO2 reductions (28-37%) with moderate GHG mitigation (~25%),
despite some methane slip. Its NOx emissions were also significantly lower than

diesel-only operation across all loads.

Diesel-hydrogen showed the highest potential for CO2 and GHG reduction (up to
56%), successfully exceeding the EU’s 2030 CO:2 reduction target. However, its
thermal efficiency was lower due to the conventional late injection strategy employed,
and NOx emissions increased, especially at low and medium loads. These trade-offs

could be managed with further optimisation using eEGR and water injection.

Diesel-CNG, while allowing the highest diesel replacement, offered the least
favourable results overall. Methane slip limited its GHG reduction potential, and at low
load, it even increased total GHG emissions. However, it still achieved meaningful

NOx reductions due to its early injection strategy.

In summary, diesel-hythane stands out as a strong short-term solution, offering a solid
balance of efficiency and emissions benefits, while diesel-hydrogen holds the greatest
promise for medium-term decarbonisation, provided NOx control and combustion

strategies are further refined.
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7.2 Recommendations for future work

From the present research, it is concluded that there is still room for further
improvements, particularly in the diesel-hydrogen dual-fuel system. The following

areas are recommended for future investigation:

- Exploration of early diesel injection strategies within diesel-hydrogen operation
to enable reactivity-controlled compression ignition, with the aim of lowering

NOx emissions while maintaining combustion stability.

- Modelling of the diesel-hythane and diesel-hydrogen dual-fuel combustions in
order to capture the underlying thermodynamic and chemical kinetic
mechanisms, and to provide clear insight into the combustion behaviour

observed with the advanced dual-fuel strategies presented in this thesis.

- Experimental validation on a multi-cylinder turbocharged engine, across a wider
range of engine speeds and loads, to assess the real-world efficiency and
emissions performance of the dual-fuel concept under more representative

conditions.

- Implementation of a gas fuel direct injection system to minimise diesel as a pilot
fuel to ignite the hydrogen and other zero-carbon and carbon neutral fuels, in
order to achieve simultaneous improvement in performance, efficiency and COz2
emission by mitigate the risk of abnormal combustion at high load and

incomplete combustion at low.

- Conduct a lifecycle cost and emissions assessment comparing diesel-hydrogen
dual-fuel systems using bio-diesel with other decarbonisation pathways such
as battery electric or fuel cell electric vehicles, especially in the heavy-duty

transport sector.
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Appendix A — Diesel fuel specifications

. SPEEDY
FUELS

LUBRICANTS
Gas Qil - EN590

Description

Zas Oil meets BE 2847 - 2017 : Class A2 and the BMNSF] specification. Gas oil = a dyed and marked
product, and, from 150 Aprl 2022, can only be used for HMRC permitied purposes, agriculture,
horticulture, fish farming, foresiry, rail, certain marine craft and ron-commercial heating.

Specificaton
Parameter Unit Minimum Maximum | Typical
Appearance - Clear & bright, Pass
Red.
Free from visible
sediment.
Density at 15°C kg/m? 0.520 0.845 0.830
Kinematic viscosity at 40°C mm3/s 20 45 2.90
Carbon residus % (mim) - 0.30y2) =0.10
{Ramsbottom on 10% residue)
Distillation recovery
at 250°C % (viv) - 65 37
at 350°C % (viv) 85 - 93
95% vol. recovered L 360 - 355
Flash point (PMCC) “C =55 - 64
Water content mg/kg - 200 70
Particulate content mg/kg - 24 <12
Ash content % (mJ/mn) - 0.01 =0 001
Sulphur mg/kg - 10.0 9
Copper comosion Class - 1 1
{3 hrs at 50°C)
Cold filter plugging point{1)
Summer = - -3 -8
Winter °C - -15 -20
Oxidation stability gim?® - 25 5
Fatty acid methyl ester (FAME) % (viv) - 70 6.5




SPEEDY

LIFBRICANTS

Parameter Unit Minimum Maximum | Typical
Cloud point{1)
Summer C - 3 -2
Winter = - -5 -10
Lubricity (HFRR) pm - 460 390
Cetane number 21 - 23
Cetane index 46 - 55
Polyeyelic aromatic % (mim) - 8 25
hydrocarbons
Carbon % (mim) - - ar
Hydrogen % {mim) - - 12.75
Mitrogen % (mim) - - 0.01 -0.05
Gross specific energy Mkg - - 454

MJflitre - - 377

Mean specific heat capacity Klikg"C - - 205

over 0 -100°C

Motes:

1. Unless ptherwise advised the following seasonal dates apply at pont of sale:-

Summer: 18" March - 15° Nowember /'Winter: 16~ November — 15 March
2 May contain an ignition improver in which case the MCR test in not valid.
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Appendix B — Hythane fuel specifications
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Appendix C — Hydrogen fuel specifications

&7 BOC

A Linde company

Specification

Part number

Qutlet connection

Key contact numbers

+ Faclsheel

Hydrogen

=+ 99.99% minimum

<+ 54-K (where X' indicates the relevant cylinder size)

Apprax. dimensions
incl. valve and guard

Approw. gross

Cylinder contents Maximum filled cylinder weight

Cylinder size volume (m?) pressure 15°C (bar)  where supplied (mm)  {ka)
WE 108.15 175 1290 x 1810 x 840 1500
K 7.21 175 1460 x 230 65
G20 4.93 300 B60 x 320 26

=+ Please contacl BOC

For further product and safety infermation (including Safety Data Sheets)
Visil: bocgases.co.uk or bocgases.ie
Telephone- UK - 0800 111 333, Republic of Ireland - 1800 355 255 (24hr service)

BOC Limited
Custome
LK Tel

ce Centie, Priestley Road, Worsley, Manchester M28 2UT, United Kingdom
0 111 555, ROl Tel 01 409 1800, Fax 01 409 1801, bocgases.co.uk, bocgases.ie

BOC Limitedreghl
Fnancial Condact As
sy of Lnde

rent Wiril, Wakisg, Surmey B2 &NT, England, Ca
T8 B0 s i comparyy nams wed by Linde ple a
st Coppright © 2017-200%. BOC 1d

pary nembe S576ET - Crgl
3 affslati The BOC loga o

Epiue. Authoair
the BOL wasd arw

Making our world more productive

TS

B ST, H TPy,
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Hydrogen, compressed
Safety Data Sheet

according tothe REACH Regulation (EC) 1907/2008 amended by Regulation (EU) 2015/830

8.2.3. Environmental exposure controls

Environmental exposure contrals:

Refer to local regulations for restriction of emissions to the atmosphere. See section 13 for specific methods for waste gas treatment.

SECTION 9: Physical and chemical properties

9.1. Information on basic physical and chemical properties

Appearance

Molecular mass

Physical state

Farm

Colour

Odour

Odour threshold

pH

Relative evaporation rate (butylacetate=1)
Melting point

Freezing point

Boiling point

Flash point

Critical temperature
Auto-ignition temperature
Decomposition temperature
Flammability (solid, gas)
Vapour pressure

Vapour pressure at 50°C
Critical pressure

Relative vapour density at 20°C
Relative density

Density

Relative gas density

Solubility in water

Partition coefficient n-octanol/water (Log Pow)
Partition coefficient n-octanol/water (Log Kow)
Viscosity, kinematic

Viscosity, dynamic

Explosive properties

Oxidising properties

Explosive limits

Lower explosive Limit {LEL}
Upper explosive imit (UEL)
Particle characteristics

9.2. Other information

Gas group
Additional information

- 2g/mol

: Gas

- Compressedgas

. Colourless.

: Odourless.

- Odour threshold is subjective and inadequate to warn of overexposure.
. Mot applicable for gases and gas mixtures.
. Modata available

. -25%°C

: Modata available

. -253°%C

. Mot applicable for gases and gas mixtures.
. -2A0°C

: B&0°C

- Mot applicable.

. Extremely flammable gas.

- Mot applicable.

. Mot applicable.

© 1293 KPa

. Not applicable.

;007

- Mot applicable for gases and gas mixtures.
;007

- 1émafl

- Mot applicable for gas mixtures.

. Mot applicable for inorganic products.

. Moreliable dataavailable.

. Noreliable data available.

. Modata available

- No oxidising properties.

. Mot known.

» hval%

: TTvol%

- Mot applicable for gases and gas mixtures.

Manoforms are not relevant for gases and gas mixtures.

- Compressed gas
. Burns with an invisible flame.
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specification
Measurement Device Manufacturer Measurement  Linearity/
range Accuracy
Engine speed AG 150 Froude Hofmann  0-8000 rpm 1 rpm
dynamometer
(o)
Engine torque AG 150 Froude Hofmann  0-500 Nm £0.25% of
dynamometer FS
Clock Signal  EB58 Eggﬁgg{ogy 0-25000 rpm  0.25 CAD
Diesel flow Proline Promass 10.10% of
rate (supply) 83A02 Endress+Hauser 0-20 kg/h reading
Diesel flow Proline Promass 10.10% of
rate (return) 83A01 Endress+Hauser  0-100 kg/h reading
Hythane flow Proline Promass 10.15% of
rate 80A02 Endress+Hauser 0-20 kg/h reading
Hydrogen flow  Coriolis flowmeter , e +0.20% of
rate K000000453 Alicat Scientific 0-10 kg/h reading
i 0,
Intake air Proline T-mass 65F Endress+Hauser 0-910 kg/h 11 '5.A’ of
mass flow rate reading
: Piezoelectric 0
Irl-ecgsllgrdeer pressure sensor Kistler 0-30 MPa IS:;- 0.4% of
P Type 6125C
Intake and Piezoresistive o
exhaust pressure sensor Kistler 0-1 MPa §§0'5 % of
pressures Type 4049A
. Pressure transducer < 10.2% of
Oil pressure UNIK 5000 GE 0-1 MPa ES
Temperature ihermocouple K RS 233-1473 K <1+25K
ype
Fuelinjector it brobe PR30 LEM 0-20 A £2 mA
current signal
Smoke 415SE AVL 0-10 FSN i
number
(o)
MEXA-7170-DEGR fzéﬂof % of
. N . , ] o
CO emission (Non-Dispersive Horiba 0-12 vol% +2 0% of

Infrared Detector)

readings
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(0]
MEXA-7170-DEGR = 210%of
CO2 emission (Non-Dispersive Horiba 0-20 vol% +2 0% of
Infrared Detector) —e= 70
readings
< 11.0% of
THC MEXA-7170-DEGR . 0-500 ppm or FS or
o (Heated Flame Horiba o
emission A 0-50k ppm 12.0% of
lonization Detector) .
readings
MEXA-7170-DEGR <+1.0% of
CH. emission (Non-Methane Cultter Horiba 0-0.25k ppm FSor
4 + Heated Flame or 0-25k ppm  +2.0% of
lonization Detector) readings
MEXA-7170-DEGR <+1.0% of
NO/NOx (Heated Horiba 0-500 ppmor FSor
emission Chemiluminescence 0-10k ppm 12.0% of
Detector) readings
Hydrogen , 0-5000 ppm  0.5% of fs
emissions Air sens500 V&F or 0-100%vol or 1%vol
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